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Abstract
Previous experimental data for the wave profiles behind a series of transom-stern ship models
has been re-analyzed in this paper. Convenient and accurate regression formulas for the
ventilation of the stern and the length of the transom hollow are provided here.
Predictions of the wave resistance and, hence, the total resistance can now be improved by
using this approach, together with the traditional thin-ship formulation for resistance. However,
the accuracy of these predictions is improved further if one also considers that there must
be a minimal effective hollow length based on the flow behind the well-known backward-facing step.
These theories, together with the use of form factors, are applied to a series of fourteen high-speed
monohull vessels. It is shown that these methods provide a high degree of predictive accuracy.
1 Introduction

1.1 Previous Work

A large proportion of the high-speed vessels currently being constructed or being used in
passenger service share the characteristic of possessing a cut-off, or transom, stern. This feature
of the vessel defies simple hydrodynamic analysis because the extent and detailed shape of the
hollow cavity in the free surface created behind the vessel are unknown. They must be part of
the mathematical solution to the problem. In principle, it is known that the pressure acting
on the surface of the hollow must be atmospheric, and that the flow must separate from the
transom tangentially. A proper analysis of the problem would require a fully three-dimensional
treatment in which it would be necessary to iterate the geometric shape of this hollow, until the
relevant kinematic and dynamic conditions were satisfied.
This is no easy task, given that some aspects of the geometry are highly nonlinear (and
perhaps even intractable) within the framework of potential-flow theory. In particular, the
closure of the hollow, which seems always to be accompanied by a considerable amount of spray
and unsteadiness in the flow, appears to be a formidable problem in fluid mechanics. This region
of the flow is usually referred to as a rooster tail because of the shape of the spray thrown into
the air.
A small number of researchers has addressed this question in an attempt to gain some
understanding of the flow. An early paper was written by Milgram (1969), in which the wake
behind a vessel was modelled as a region filled with deadwater. The flow was assumed to separate
in various ways near the stern and, in the more refined version of his approach, the separation
was taken to occur tangentially to the hull surface. The traditional thin-ship theory of Michell
(1898) was applied to the resulting hypothetical “body” encompassing both the hull itself and
the wake region. A similar approach was taken by Doctors and Day (1997) for the prediction of
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Figure 1: Definition of the Problem
(a) Principal Features

Figure 1: Definition of the Problem
(b) Fitting Mesh to the Vessel

the resistance of transom-stern vessels at high speeds, in which it was assumed that the hollow
extended to infinity, and a hydrostatic correction was employed to the total resistance.
Another study, published by Tulin and Hsu (1986), specifically addressed the stern flow
and the appropriate method of applying the abovementioned condition of constant atmospheric
pressure on the surface of the hollow. The comment was made that the traditional waveresistance problem may not be properly posed and that the resulting computed wave resistance
may not be unique in value! In their theory, the Kutta condition was essentially applied at
the girth of the transom stern. The dilemma of the analysis of the rooster
√ tail was apparently
side-stepped by limiting the theory to a very high Froude number F = U/ gL, in which U is the
speed of the vessel, g is the acceleration due to gravity, and L is the wetted length of the vessel
when at rest. In this limiting case, the rooster tail would be located far behind the vessel. Good
agreement with experimental measurements of resistance of Series 64 vessels was demonstrated.
Molland, Wellicome, and Couser (1994b) tested different types of sink models in order
to close the water flow behind the vessel. In this approach, one must ensure that the total
source strength, for both the vessel itself and the hollow region, should be zero. They felt that
their results were not as promising as they had hoped. In particular, they wished to be able
to predict the resistance at lower Froude numbers. Consequently, they next employed in their
research what one might call an engineering model of the transom hollow. In this approach, an
experimentally determined length-to-width ratio for the hollow was assumed and the hollow was
then incorporated into the stern of the vessel. Further results on this and related research have
been presented by Insel and Molland (1991), Molland, Wellicome, and Couser (1994a and 1995),
and Couser (1996).
The empirical correction of linearized wave-resistance theory was studied in a series of
collaborative papers by Doctors, Renilson, Parker, and Hornsby (1991), Doctors and Renilson (1992 and 1993), and Doctors (1995a and 1995b). In these studies, both catamarans and
monohulls were tested in a towing tank in water of various depths. Attempts to correlate the
experimental results for the resistance with the linearized theory were then made. It was found
that the theory could be used quite accurately to predict the effects of changes in the water
depth or the spacing between the demihulls of a catamaran. In addition, the influences of sloping
river banks could also be included in an approximate manner. However, a different correction
factor was required at each speed, limiting the utility of the approach to some extent.
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Table 1: Coefficients of Transom-Ventilation Equation
Type of
Analysis

Static

Dynamic

Number of
Coefficients
Nfit
2
3
4
2
3
4

Regression Coefficients
C1
0.1570
0.1559
0.002472
0.1767
0.1795
0.004856

C2
1.835
1.830
1.862
1.774
1.786
1.821

C3

C4

0.01580
0.2859

0.3588

−0.03566
0.1990

0.3126

Table 2: Coefficients of Hollow-Length Equation
Type of
Analysis

Static

Dynamic

Number of
Coefficients
Nfit
2
3
4
2
3
4

Regression Coefficients
C1
0.1135
0.09409
0.6095
0.06209
0.05598
0.2491

C2
3.025
2.839
2.733
3.276
3.179
3.107

C3

C4

0.4603
0.3468

−0.1514

0.2507
0.1598

−0.1225

Mention should be made here of the work of Hanhirova, Rintala, and Karppinen (1995).
These authors also fitted a Michell-type formula to a set of experimental results. They performed
a regression analysis on the difference between such a prediction and the measurements.
A more sophisticated approach to estimating the length of the transom-stern hollow was
proposed by Doctors and Day (1997) using their “fire-hose” model. In this approach, the length
of the hollow was computed by a technique which allowed it to increase in a realistic manner
with the speed, unlike the fixed-length concept of Molland and his coworkers cited above.
However, there was no confirmation that the length of the hollow was indeed correct —
despite the fact that the predictions of resistance were in very good agreement with model
experimental data. The transom was assumed to be fully ventilated at all speeds, which meant
that the transom-stern drag, associated with the missing hydrostatic pressure on the stern, was
too high at low speeds.

1.2 Current Work

Subsequent to this initial effort, Robards and Doctors (2003) presented the outcome of
a very extensive set of tests on a series of five ship models possessing a rectangular transom,
and ballasted to five different drafts. This led to 25 combinations of geometry. The transom
ventilation and the centreplane profile of the wave elevation were both measured for a range of
speeds. This permitted a more scientific estimate of the desired parameters — the degree of
transom ventilation and the transom-hollow length. This data has been reanalyzed a number of
times; by Doctors (2003), Doctors and Beck (2005), and Doctors (2006a and 2006b).
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Figure 2: Pictorial View of Ship Models
(a) Model 1

Figure 2: Pictorial View of Ship Models
(b) Model 2

Figure 2: Pictorial View of Ship Models
(c) Model 3

Figure 2: Pictorial View of Ship Models
(d) Model 4

The last publication forms the basis of the current project. In that paper, the analysis of
the transom-stern data yielded two regression formulas. The first formula is for the ventilated
or “dry” proportion of the transom, which is expressed as follows:
ηdry = −ζ ∗ /T
C4
= C1 FTC2 (B/T )C3 RN
T .

(1)

√
Here, FTp= U/ gT is the transom-draft Froude number, B/T is the beam-to-draft ratio, and
RN T = gT 3 /ν is the Reynolds number. The other symbols are the transom draft T and the
kinematic viscosity of the water ν.
A second regression formula, of the same type, was derived for the “apparent” dimensionless hollow length, as follows:
L∗ /T

C4
= C1 FTC2 (B/T )C3 RN
T .

(2)

The supposed geometry of the flow is presented in Figure 1(a), in which the symbols are
also indicated. The adjective “apparent” is emphasized above, because the formula is only suited
to the shape of the measured free surface. Because of the presence of the stagnant water in the
4
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Figure 2: Pictorial View of Ship Models
(e) Model 5

Figure 2: Pictorial View of Ship Models
(f ) Model 6

hollow at low speeds, it is reasonable to assume that a minimum effective wavemaking length
should be based on including the entire stagnant-water region.
The derived coefficients in Equation (1) and Equation (2) are presented in Table 1 and
Table 2, respectively. In both cases, two sets of coefficients are listed, based on two methods
of analysis. The first method, referred to as Static uses the at-rest value of the transom-stern
draft in order to effect the calculations and the subsequent prediction of the resistance. The
second method, referred to as Dynamic, employs the underway transom draft instead. It can
be observed that the ventilation varies approximately with the square of the speed while the
apparent hollow length varies approximately with the cube of the speed.
The purpose of the present research is to apply this approach to a practical series of
ship hulls. In this way, we are continuing the work of Sahoo, Doctors, and Renilson (1999) for
monohulls, Sahoo and Doctors (2003) for the effects of restricted depth, and Sahoo, Doctors,
and Pretlove (2006) for a staggered-demihull catamaran.
2 Experiments in Towing Tank
2.1 AMECRC High-Speed Monohulls
The models were tested in the towing tank at the Australian Maritime College (AMC) in
Launceston, Tasmania. The principal dimensions of the towing tank are presented in Table
√ 3.
The depth of the water, namely 1.500 m, was sufficient for the depth Froude number Fd = U/ gd
to be less than unity over most of the speed range of interest.
The principal geometric characteristics of the fourteen ship models, constituting the
AMECRC high-speed monohull series, appear in Table 4. The table lists the displacement
∆, the length-to-beam ratio L/B, the beam-to-draft ratio B/T , the block coefficient CB , the
prismatic coefficient CP , and the slenderness coefficient L/∇1/3 . The models have been described in some detail by Bojovic (1995a and 1995b) and Bojovic and Goetz (1996). The models
all possess a waterline length L of 1.6 m. Six of the fourteen models are presented in the six
parts of Figure 2.
These hulls were chosen as being representative of high-speed patrol vessels. However, it
5
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Table 3: Particulars of Towing Tank
Particular
Overall length
Width
Water depth

Symbol
l
w
d

Value
60.0 m
3.550 m
1.500 m

Table 4: AMECRC Systematic Series
Model
1
2
3
4
5
6
7
8
9
10
11
12
13
14

∆ (kg)
6.321
11.455
11.454
7.158
25.344
10.122
40.523
51.197
12.801
8.003
32.006
9.846
15.784
14.204

L/B
7.990
6.488
7.970
7.970
3.992
7.997
3.992
3.990
7.971
7.984
3.991
7.970
5.983
5.990

B/T
3.995
3.425
2.490
3.985
3.998
2.494
2.497
2.495
2.488
3.976
3.987
3.237
3.241
3.979

CB
0.3941
0.4028
0.4468
0.4468
0.3948
0.3946
0.3960
0.4997
0.4990
0.4968
0.4988
0.4989
0.4505
0.4982

CP
0.6200
0.6272
0.6241
0.6241
0.6206
0.6205
0.6218
0.6223
0.6240
0.6233
0.6224
0.6232
0.6228
0.6228

L/∇1/3
8.649
7.100
7.074
8.274
5.444
7.393
4.649
4.300
6.817
7.990
5.031
7.442
6.362
6.593

may be noted that some of the dimensions, such as the beam-to-length ratio are rather large for
this application.
2.2 Series of Investigations
The fourteen model vessels were all tested in relatively deep water up to a length Froude
number of unity. Additionally, some finite-water-depth tests were conducted. As reported by
Bojovic (1996), some variations in the displacement ∆ and the longitudinal centre of gravity
LCG were also studied.
The tests were conducted in the towing tank at the Australian Maritime College during
the period 1994 to 1996.
3 Numerical Approach
3.1 Mesh Refinement
Figure 3 is employed here to illustrate the relevance of the appropriate computational
mesh to be used in the evaluation of the wave-resistance component. As seen in Figure 1(b), the
hull is gridded longitudinally with Nx panels and the hull is gridded vertically with Nz panels.
For the six vessels presented here, it can be observed from the plots that a mesh of 60 × 20 is
more than adequate to represent the hull accurately.
6

5th International Conference
on High-Performance Marine Vehicles
8–10 November, 2006, Australia

Figure 3: Refinement of Mesh
(a) Model 1

Figure 3: Refinement of Mesh
(b) Model 2

Figure 3: Refinement of Mesh
(c) Model 3

Figure 3: Refinement of Mesh
(d) Model 4

While there are some relatively large differences at low Froude numbers, when a coarser
mesh is employed, it must be borne in mind that these are plots of the coefficient of wave
resistance, defined by CW = RW / 12 ρU 2 S, in which RW is the wave resistance, ρ is the water
density, and S is the wetted surface of the vessel. Thus, the absolute error in the wave resistance
is seen to be unimportant at these low Froude numbers.
The theoretical curves in the plots of Figure 3 all display a step reduction in resistance
at a Froude number of 0.9682. This point in the speed range corresponds to a depth Froude
number of unity. This drop is related to the loss of the transverse-wave component at this speed.
The phenomenon is less significant as the width of the channel is increased.
3.2 Resistance Components
The resistance components for the six chosen vessels are given in Figure 4. The total
resistance RT , the wave resistance RW , the hydrostatic (or transom-stern) resistance RH , and the
frictional resistance RF are all rendered dimensionless by the vessel weight W . The experimental
data appears as a series of symbols.
The wave resistance was computed using a Michell (1898) approach, in which the effective
7
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Figure 3: Refinement of Mesh
(e) Model 5

Figure 3: Refinement of Mesh
(f ) Model 6

ship includes the physical ship itself, as well as the virtual extension behind the transom. The
length of the virtual extension is L∗ , as defined by Equation (2). The computation was implemented by approximating the hull as a series of overlapping tent functions, whose influence can
be derived analytically. This efficient approach typically requires only about 60 tents (or panels)
longitudinally and 20 tents vertically.
The hydrostatic resistance was computed on the basis of Archimedes’ principle, making
use of the level of water at the transom, given by Equation (1). The frictional resistance was
computed using the ITTC 1957 correlation line described by Lewis (1988). In this case, the
wetted surface employed in the calculation was that pertaining to the static case. Previous
experience with this problem has demonstrated that little or no improvement in accuracy of the
final result for the total resistance can be achieved by using the dynamic (or running) wetted
surface. More details were provided by Doctors and day (1997).
It is most encouraging to see the excellent correlation between the predictions for the total
resistance, which is effected as a simple sum of the components, with the experimental data.
This is true, even for the relatively fat Model 5.

4 Theoretical Model for Transom-Stern Flow

We now turn to Figure 5, in which different theoretical models for the transom-stern
flow are compared for accuracy. Table 5 should be consulted for the explanation of the two
codes describing the theory for the transom-water-level drop and the transom-hollow length,
respectively.
In all the cases depicted here, there is an improvement in predictive accuracy, if (a) one
uses a fitted regression curve to model the water drop rather than assuming the transom is fully
ventilated, (b) the regression is based on coefficients using the static transom dimensions rather
than the dynamic transom dimensions, and (c) the backward-facing-step reattachment length is
used to place a lower limit on the effective transom-hollow length.
In addition to these comments, the application of a wave-resistance form factor fW of
0.8928 and a frictional-resistance form factor of 1.192, in the equation for total resistance,
8
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Table 5: Theories for the Transom-Stern Hollow
Transom Water Level
Code
Method
Full Transom is fully ventilated
Fit,D Fitted regression curve using coefficients based on dynamic draft
Fit,S Fitted regression curve using
coefficients based on static
draft

Transom Hollow Length
Code
Method
Fit,D

Fit,S

Fit,S,B

Fitted regression curve using coefficients based on dynamic draft
Fitted regression curve using
coefficients based on static
draft
As for Fit,S but assuming a
minimal value based on flow
past a backward-facing step

namely:
RT

= fW RW + RH + fF RF ,

(3)

generally increases the accuracy of the prediction. These two factors were obtained through a
root-mean-square regression analysis of all the 28 test conditions for the AMECRC series.
5 Variation of Test Conditions
5.1 Change in Displacement
As an additional challenge, we consider the effect of changing the displacement, with zero
trim, of two of the vessels (Model 6 and Model 9), in the two parts of Figure 6. In these and the
subsequent graphs, the difference in specific total resistance ∆RT /W is plotted. The difference
is calculated relative to the 100% load case at zero trim.
In a general sense, it can be argued that the methodology works to predict these changes in
Figure 6(a). The estimates for the effect of load change are slightly overpredicted when the load
is increased beyond 100%. Of course, it must be remembered that the main effect of change in
displacement (either −10%, +10%, or +20%) is accounted for by the form of the chosen plotted
parameter. That is, the method of plotting greatly exaggerates any errors. In truth, all of the
predictions for the total resistance are accurate to within one or two percent in an absolute
sense.
The predictions for these small relative changes is slightly worse for Model 9 in Figure 6(b).
5.2 Change in Trim
Finally, the influence of change in the bow-down trim angle β is depicted in the two parts
of Figure 7, for the same two models. This exercise poses an even greater challenge than the
previous exercise in which the displacement was changed.
Nevertheless, the numerical values of the predictions are more than acceptable for a Froude
number less than about 0.35. Also, in a general sense, the ordering of the predictions matches
that of the experimental data at high values of the Froude number.
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Figure 4: Resistance Components
(a) Model 1

Figure 4: Resistance Components
(b) Model 2

Figure 4: Resistance Components
(c) Model 3

Figure 4: Resistance Components
(d) Model 4

6 Conclusions

This research has demonstrated that the enhanced models for the water flow behind the
transom lead to much more accurate estimates of the transom hydrostatic drag and the wave
resistance. As a consequence, the total resistance is predicted with much better accuracy. In
particular, it can be noted that the correlation of theory and experiment is now exceptionally
good for the difficult low-speed region of the resistance curve.
A start to determining suitable form factors for the resistance components demonstrates
that even further improvements to the accuracy of the theory are achievable. It is seen that it
is advisable to choose a wave-resistance form factor less than unity and a frictional-resistance
form factor greater than unity. These statements are in accord with previous, preliminary, work
on this matter. The need for a frictional-resistance form factor greater than unity has also been
reported by other researchers.
It is recommended that further effort be invested in clarifying the proper values for the
two form factors. It is suggested that these factors should depend on the actual vessel geometry.
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Figure 4: Resistance Components
(e) Model 5

Figure 4: Resistance Components
(f ) Model 6
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SWATH Ship Design Formulae Based on Artifical Neural Nets
Volker Bertram, ENSIETA, Brest/France, volker.bertram@ensieta.fr
Ehsan Mesbahi, University of Newcastle, Newcastle/UK, ehsan.mesbahi@newcastle.ac.uk
Abstract

Simple design formulae for resistance and power prediction for SWATH ships are derived
using Artificial Neural Nets. These formulae can be programmed easily in spreadsheets or
optimization routines. The formulae were derived from a database compiled at ENSIETA and
are supplemented by previous work. The experience with the presented applications shows
that artificial neural nets allow often a better approximation of data than classic regression
analysis, but this is largely due to the more adaptable functional relations.
1. Introduction
Experienced model basins have a long tradition of simple and fast power prediction of ships in initial
design based on very few parameters like main dimensions and speed. These traditional methods work
well for conventional ships. For unconventional ship types like SWATHs (small-waterplane area twin
hulls), Gore (1985), Lang and Slogett (1985), Bertram and Seif (2004), Figure 1, new simple estimates must be developed and updated as more experience is gathered.

Figure1: SWATH
Conventional regression has been extensively used in naval architecture in system identification to
provide required factors and coefficients. Based on databases of existing designs, coefficients are then
interpolated or even extrapolated to calculate coefficients for a new application. This procedure requires the engineer to specify not only which input parameters mainly influence the output parameter(s), but also to specify the type of functional relation between input and output parameters. Designers plotted data and by visual inspection sometimes chose simple relations, often based on polynomials.
This approach is cumbersome and unsuitable for many nonlinear relations. Shortcomings are especially apparent for multi-dimensional input/output data sets. Here we apply a more versatile and userfriendly approach to system identification: Artificial Neural Networks (ANNs) may be used to find
functional relationship for certain ship data, Mesbahi (2003). ANNs are increasingly used in naval
architecture and marine engineering for system identification. Hess and Faller (2000) give an overview of ANN application in naval architecture, Bertram and Mesbahi (2000,2004), Mesbahi and Bertram (2000), Hess et al. (2004) further applications to ship design. We present here work for SWATH
ships based on previous work, Bertram and MacGregor (1992), and updating a SWATH database of
Papanikolaou (1996).
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2. Artificial Neural Nets
ANNs have the capability of storing data during a learning process and then reproducing these data
during a recall process. ANNs can generally represent the mapping of multi-dimensional input/output
data sets as:
f: X →Y
f is a non-linear function, X=(x1,x2,…,xn) is real input vector, Y=(y1,y2,…,ym) is real output vector,
Figure 2. ANNs are best used for interpolation, extrapolations can be problematic.
An ANN structure consists of several layers. Each layer consists of several nodes. In the example
shown in Figure 2 we have input layer, output layer, and one hidden layer. The values of the previous
layer are weighted, reach a node, summed up and are transformed by a function F, before passed on to
the next layer. Typically, this function is a sigmoid function of the form:
sig (x) = 1/(1+e-x)
In this study, we have used fully-connected feed-forward ANNs with one hidden layer. Hidden layer
and output layer use sigmoidal activation functions. The hidden layer may have different number of
processing elements (neurons), which depend on the number of patterns and complexity of the relationship to be approximated. The standard choice is one hidden layer. Conventional back-propagation
is used for network training. Momentum terms are added to the learning algorithm to achieve a higher
convergence rate, Rumelhart and McClelland (1986).
xi and yi are input and output data respectively, which are normalised between 0 and 1:
Normalised value = (Real value -Min. Value)/(Max. value - Min. value)
Therefore, as far as ANN training is concerned, the units of the input and output data sets are irrelevant; they are only used when the out put data is to be de-normalised to its real value.
The following equation shows the mathematical relationship between x and y the single-input/singleoutput (SISO) ANN used here:
y = c0+c1⋅sig [b0+b1⋅sig(a10+a11⋅x1+a12⋅x2+…) +b2⋅sig(a20+a21⋅x1+a22⋅x2+…) +…]
After sufficient training, adjusted values for the coefficients a, b, and c are derived and the non-linear
relationship is determined.
+1
F

+1

F
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F

x2
.
.
.
.
.
xn

F

y1
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.
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F
F
F
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F
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Figure 2: General structure of an Artificial Neural Network
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3. Simple power prediction
We follow the ITTC standard notation here. The break power may be estimated in a most simple early
estimate by considering only speed and displacement as input variables. Conventional regression
analysis gave more than a decade ago, Bertram and MacGregor (1992):
PB = 0.0026 ∆0.598 V2.691
and
PB = 0.077 (∆/LOA)0.928 V2.784
The speed V is to be taken in knots, the displacement ∆ in tons, length overall LOA in m, giving the
power in kW. In analogy, we expressed PB= f(∆,V)
PB = -1562.3 +33333.33⋅sig [1.082914 +2.848013⋅sig(-2.509744+6.448005⋅sig(∆*)+4.113247⋅sig(V*))
– 4.638891⋅sig(12.526969-7.726960⋅sig(∆*)-12.093710⋅sig(V*))]
with ∆* = 0.000075⋅∆+0.049024 and V* = 0.035928⋅V-0.223054
The ANN structure representing this formula has 2 inputs (∆, V), 2 neurons in the hidden layer and
one output. PB results are shown in Figure 3 for 45 SWATHS:
Shaft power (KW)

35000

Shaft power (KW) ANN

30000

Pb (Bertram and
McGregor,1992)

25000
20000
15000
10000
5000
0

1 3 5 7 9 11 13 15 17 19 21 23 25 27 29 31 33 35 37 39 41 43 45 47 49 51 53

Figure 3: Comparison between real and calculated shaft power using different equations
or even simpler PB/∆ =f(Fn) and PB/∆ =f(V):
PB/∆ = -0.88918 +3.1416⋅sig [0.24729+1.0533⋅sig(-1.7707+3.6916⋅x1)-3.8069⋅sig(2.3202-9.0464⋅x1)]
with x1 = 0.929796Fn-0.127229
PB/∆ = -0.88918+3.1416⋅sig[0.83637–0.5291⋅sig(6.5743-12.114⋅x1)-2.70668⋅sig(9.7109-30.404⋅x1)]
with x1 = 0.035928⋅V-0.223054
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While such a simple approach may still give reasonable estimates for a narrow class of geometries, we
may alternatively use a classical decomposition of power and resistance, focusing essentially on an
approximation of the residual resistance as in traditional ship model testing. This is described in the
following section.
4. Power prediction per resistance decomposition
We express then the installed engine power as:
PB = (RT⋅V)(SM+1)/(ηsηD) = ((RF+RR+RAP+RAA)⋅V)(SM+1)/(ηsηD)
SM is the service margin, typically taken at 10% to 15%. We take typical values for shafting efficiency
ηs=97% and the propulsive efficiency ηD= 72%. The resistance components of the total resistance RT
are frictional resistance RF, residual resistance RR, appendage resistance RAP, and air resistance RAA.
RF is predicted following ITTC’57:
RF = ½ ρ⋅(CF+CA)⋅S⋅V2
If the wetted surface S is not yet known, we may estimate, Numata (1981):
S = ∇2/3 (7.4+0.31⋅L/D)
Where L/D is the slenderness of the submerged hull, L its length, D its diameter. Typically L/D < 14
for modern SWATHs. The correlation allowance CA is estimated to 0.0005 as in Numata (1981). CF
follows ITTC’57:
CF = 0.075/(log10 Rn – 2)2
The Reynolds number is here defined as Rn = V⋅LOA/ν and ν=1.19⋅10-6 m2/s.
There is not much information on the appendage resistance of SWATH ships in the open literature.
Nethercote and Schmitke (1982) estimate RAP to 10% RF, Bertram and MacGergeor (1992) to 28%
RF. These global estimates are always plagued by considerable scatter and it is recommended to estimated the appendage resistance for all appendages separately using simple resistance coefficients, but
actual appendage geometry, e.g. following Salvesen et al. (1985).
The air resistance RAA is estimated using a force coefficient:
RAA = ½ CAA ρ AF V2
AF is the front area above water of the SWATH, which may be estimated initially to AF =0.04 LOA2,
Devine (1987). Chapman (1972a) sets the air resistance coefficient CAA =0.5, Mulligan and Etkins
(1985) to 0.7. Blendermann (2003) gives a more detailed approach based on wind tunnel test data.
This leaves the residual resistance, encompassing wave resistance RW, viscous pressure resistance RFF
and spray resistance RSP. The wave resistance can be computed quite accurately using more or less
sophisticated computational methods, e.g. Bertram (1993). The viscous pressure resistance is typically
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estimated separately for strut and lower displacement hull. Hoerner (1965) gives form factors for the
strut, where ts/Ls is the thickness/length ratio of the strut:
RVP,strut = RF,strut [1+(ts/Ls)+30(ts/Ls)4]
The viscous pressure resistance of the lower hull is typically 10% to17% of its frictional resistance,
Chapman (1972a), Nethercote and Schmitke (1982). Zou and Luo (2004) estimate following Hoerner
(1965):
RVP,hull = RF,hull [1+1.5 (Dh/Lh)1.5+7(Dh/Lh)3]
Dh = 2(A0/π)0.5 is the equivalent diameter of the lower hull, where A0 is its maximum section area, Lh
its length.
Spray resistance becomes significant only at higher Froude numbers. Papanikolaou (1988) gives:
RSP = 0.12 λ ρ ts2 V2

with

λ=

1.0
2.30 ≤ Fn,s
0.694 Fn,s-0.597 for 0.86 ≤ Fn,s < 2.3
0.0
Fn,s< 0.86

Fn,s is the Froude number based on strut length Ls. Savitsky and Breslin (1966) and Chapman (1972b)
give formulae which yields generally higher values than the one of Papanikolaou (1988), possibly due
to scaling effects, as these formulae are intended for surface-piercing struts of hydrofoil boats rather
than big struts of SWATH ships. These formulae require already a certain knowledge of the main
dimensions. Bertram and MacGregor (1992) give a global estimate for the residual resistance coefficient, where Fn∇ is the Froude number based on the cubic root of the displacement ∇1/3:

CR =

0.00436 Fn∇
0.0108-0.0113 Fn∇
-0.007+0.0092 Fn∇
0.0127-0.0059 Fn∇
0.002

for 0.000 < Fn∇ < 0.688
for 0.688 ≤ Fn∇ < 0.865
for 0.865 ≤ Fn∇ < 1.300
for 1.300 ≤ Fn∇ < 1.808
for 1.808 ≤ Fn∇

Using our new database, we derived now a simple estimate based on ANN for the residual resistance
coefficient:
CR = -0.001005 +0.047712⋅sig [5.08580 +7.04224⋅sig(3.05889-7.98939⋅x1-29.84767⋅x2)
-7.34271⋅sig(13.24880-21.75015⋅x1-44.57205⋅x2)
-6.33253⋅sig(-6.75647+12.86496⋅x1+10.95574⋅x2)
-0.67298⋅sig(-0.29977-15.27102⋅x1+13.36564⋅x2)]
1/3
x1 = 0.29347⋅(L/∇ )-1.03073
x2 = 0.9298⋅Fn-0.12723
The ANN structure representing this formula has 2 inputs (L/∇1/3, Fn), 4 neurons in the hidden layer
and one output CR results for 45 SWATHS are shown in Figure 4.
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Figure 4: Comparison between real and calculated CR using different equations
5. Conclusions
The user-friendly ANN approach allows more general curve fitting than classical regression analysis
based on simple polynomial expressions. However, the general problem remains that depending on
how well the input parameters are chosen, more or less scatter appears and extrapolation of experience remains in principle risky. For the particular application chosen here, the ANN formulae appear
to be an excellent first estimate aiding preliminary SWATH design.
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Appendix: Database SWATH
Ship
Pursuit
Ali
Marine Ace
Marine Wave
Sun Marina
Diana
Bay Queen
Suave Lino
Betsy
Halycon
Alison
Chubasco
Houston Pilot Cutter
NN
F.G.Creed
Exlorer
RDC 400
Charwin
SSP Kaimalino
Kotozaki
Ohtori
Seagull 1
Cloud X
Seagull 2
Navatek 1
Patria
Simicat
SMURV
Thrileon
Aegean Queen

Built by
Swath Ocean
MacGregor Bros
Mitsui
Mitsui
Mitsui
Mitsui
Mitsui
Pool Boat Yard
Swath Ocean
RMI
Metal Boat Inc
James Betts
Swath Ocean
Swath Ocean
Swath Ocean
A&R
St Augustine
USCG
Mitsui
Mitsui
Mitsui
Nichols Bros
Mitsui
Thompson
FBM Marine
Alpha Marine
NTUA
NTUA
NTUA

Type
Prototype
Prototype
Pleasure
Pleasure
Pleasure
Pleasure
Fishing
Workboat
Research
Pilotboat
workboat
Prototype
Research
Research
Pax
Pax
Pax
Pax
Pax
Ferry
Research
Patrol
Ferry

Hull
Alu
Steel
Alu
FRP
FRP
Alu
Alu
Alu
Alu
Alu
Alu
Alu
Alu
Alu
Alu
Steel
Steel+alu
Steel+alu
Steel
Alu
Alu
Alu
Steel+alu
Alu
Steel
Steel+alu
Steel
Steel+alu

∆[t]

13
21
22
25
25
30
35
40
53
62
67
76
79
80
80
130
180
193
220
236
240
338
340
350
365
400
446
610
900
1060
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Loa [m]
10.90
11.27
12.30
15.10
15.05
20.80
18.00
21.34
19.30
18.30
26.50
21.94
20.40
21.90
20.40
36.40
24.40
26.27
27.00
27.00
35.90
37.52
39.30
43.00
36.50
41.00
39.00
48.00
51.50

Lpp [m]
9.14
11.00
11.95
11.93
15.90
15.90
16.76
17.70
18.89
18.40
16.80
25.65
22.90
22.23
25.00
24.08
31.50
32.40
33.70
34.14
31.70
35.00
33.00
43.00
50.00

B [m]
5.00
5.00
6.50
6.20
6.20
6.80
6.80
9.14
9.10
9.20
11.00
9.45
11.30
9.40
9.75
14.26
13.00
12.20
13.70
12.50
12.50
17.10
18.07
15.60
16.20
13.00
12.50
18.00
20.20
25.00

T [m]
1.00
1.60
1.60
1.60
1.60
1.60
1.60
1.46
2.10
2.29
2.10
3.05
2.44
2.10
2.40
2.70
2.74
4.60
3.20
3.41
3.15
3.44
3.50
3.65
2.70
3.80
4.50
4.50
5.00

PB [kW]
242
104
298
405
442
545
700
626
634
760
672
1104
1501
1119
1590
1576
4080
714
3239
2797
2797
5962
5748
7890
1914
4026
5888
6992
11040
14720

V [kn]
22.0
7.6
18.0
18.0
20.5
19.0
21.6
20.0
17.0
21.0
14.8
20.0
23.0
20.0
24.0
18.0
26.1
10.0
25.1
20.5
20.0
25.0
27.0
27.5
15.0
30.0
22.0
22.0
30.0
30.0

Year
1988
1976
1985
1987
1990
1989
1981
1985
1987
1990
2004
1984
1973
1980
1981
1979
1995
1989
1989
1990
1992
1995
1989
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SMUCC

NTUA

container

Steel

Ship
Twin Drill
Duplus
Regency
Goutcat Haroula
Able (T-Agos 20)
Effective (T-Agos 21)
Loyal (T-Agos 22)
Victorious (T-Agos 19)
Kaiyo
Planet
Harima (AOS 5202)
Hibiki (AOS 5202)
Impeccable (T-Agos 23)
Radisson Diamond

Built by
Boele
Boele

Type
Workboat
workboat

Alpha Marine
McDermott
McDermott
McDermott
McDermott
Mitsui
TNSW
Mitsui
Mitsui
Tampa
Finnyards

Ferry
Navy
Navy
Navy
Navy
Research
navy
Tow ship
Surveillance
Surveillance
Pax

Hull
steel
Steel
Steel
Steel
Steel
Steel
Steel
Steel
Steel
Steel
Steel
Steel
Steel
Steel

1060 51.50

∆[t]
1200
1450
1532
2180
3360
3360
3360
3360
3500
3500
3750
3750
5460
12000
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Loa [m]
40.00
47.00
69.40
77.87
70.70
70.70
70.70
71.32
60.00
67.00
67.00
85.80
130.10

50.00

25.00

5.00

10893

26.0

1994

Lpp [m]
17.10
40.00

B [m]
5.20
17.10
24.40
22.00
28.70
28.70
28.70
28.70
28.00
25.00
29.90
29.90
29.90
32.00

T [m]

PB [kW]
1269
1251
30000
8979
1194
1194
1194
1194
3444
4160
2239
2208
3730
11253

V [kn]
9.0
8.0
32.7
21.0
9.6
9.6
9.6
10.4
14.1
15.0
11.0
11.0
12.0
12.5

Year
1968
1969

65.00

57.91
53.00
61.00
61.87
116.00

5.49
5.10
5.00
7.50
7.50
7.50
7.56
6.30
6.80
7.50
7.62
7.90
8.00

1996
1992
1993
1993
1991
1984
2005
1991
1991
1992
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Abstract
The paper describes the development and validation of a compact waterjet propulsion system for
high-speed vessels. The development was conducted in four discrete phases over a period of 4 years:
Phase 1 studied pump-type options for compact units, Phase 2 used advanced Computational Fluid
Dynamics (CFD) to design the preferred pump type for a high-speed ship design, Phase 3 involved
the manufacture and performance/cavitation testing of a model of the pump designed in Phase 2, and
Phase 4 involved the construction and testing, in a towing tank, of a self-propelled model to
determine the critical interaction effects between the hull and the waterjet inlet.
Following an introduction that serves to define the challenge, the paper discusses what is good and
not so good about marine waterjet propulsion. The paper then describes the design approach, the
design tools used, the testing procedures and the validation comparison of CFD predicted and model
test results. The paper also describes the whole-ship impact of using these advanced pumps in terms
of the significant improvements possible in ship speed, range or payload.
The overall program was considered to be an outstanding success with the potential of having major
benefits to future high-speed ships.

19.8-foot self-propelled model
Key Words
Waterjet; Propulsion; High-Speed Vessels; Computational Fluid Dynamics; Cavitation; Model Tests
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1. Introduction
To first put the ship propulsion challenge into context, Figure1 has been included to define the overall
propulsion powering demand for surface ships. It is based on the Circle Q and K relationships made
famous by Froude in the mid to late 1800’s. It compares Transport Factor (WV/P = 1/CircleQ) versus
non-dimensional ship speed and shows this for a very wide range of vessel types from monohulls to
multihulls, SWATH, hydrofoils, SES, ACV'
s and hydroplanes. The challenge is that as speed
increases, the Transport Factor falls off rapidly. This is due to a number of reasons. The main reason,
of course, is the rapid increase in drag. Over the years, this has been overcome primarily by
disconnecting the vessel from the water. As we see in Figure1, these attempts have been reasonably
successful, with hydrofoils, SES, ACV’s and hydroplanes occupying the best positions on the righthand side of the chart.
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InC at J ervis
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VOLUMETRIC FROUDE NUMBER
Figure 1: The overall powering challenge for surface ships
(Based on an expansion of data from Hoyt (2002))

However, as we decouple from the water, so we find it harder to find efficient propulsion devices to
do an adequate job. Thus, Figure 1 represents the various attempts to head off this challenge of the
huge increase in power with increasing speed and decreasing Transport Factor. For large high-speed
ships, there is not much chance to fly, so the current push is to reduce drag using slender hulls and to
eliminate appendage drag by using surface drives or waterjets with flush inlets. However, the more
slender the hull, the tougher it is to accommodate the propulsion units, which is the challenge and
subject of the work described in this paper.
1.1. So Why Marine Waterjet Propulsion?
It is evident that today there is a growing worldwide interest in high-speed ships for which waterjet
propulsion is the popular choice. Within the U.S. Armed Forces, the Navy, the Marines and the Army
are now all interested in fast waterjet-propelled vessels. This is because by comparison to marine
screws, waterjet propulsion systems, with inlets mounted flush with the hull, have no appendage drag
and have low navigational draft and low vulnerability to damage from grounding, collision or weapon
effects.
They also have good efficiency over the required speed range because they are effective in recovering
a good part of the ship’s frictional drag by ingesting the low momentum boundary layer at the waterjet
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inlet and have been shown to produce a negative thrust deduction with the use of flush-mounted
inlets. In addition, they offer improved maneuverability because they can vector gross thrust rather
than net thrust to great advantage and can use buckets out of the slip stream for reverse thrust to
reduce stopping distance and avoid the need to reverse shaft rotation or have the complication and
expense of reversible pitch blades. Also, waterjet impeller speeds of rotation are generally higher than
with marine screws which leads to lower power transmission weight. The only possible issues for
some applications are (1) the signal left behind by the jet wake compared to the wake from submerged
marine screws, and (2) the periodic change in engine torque loading if air ingestion were to occur in
very rough water.
1.2. So Why Axial-Flow Waterjet Pumps?
As mentioned earlier, high ship speeds generally require the use of slender hullforms (to reduce the
ship’s wave drag) and efficient, but compact, propulsion systems (to minimize the total installed
power and installation space required). However, today’s commercially available large waterjets
above 10,000 horsepower are large mixed-flow pumps. Figure 2 is a simple illustration of the size
comparison. It shows that, for the same inlet diameter and thus the same unit thrust, the transom
flange of the axial-flow pump can be at least 33% smaller and thus allows 3 axial-flow pumps to
occupy the space needed by 2 mixed-flow pumps. Therefore, the use of 3 axial-flow pumps instead of
2 mixed-flow pumps can provide up to 50% more thrust from the same transom or, conversely, for the
same total thrust, the use of axial-flow pumps can allow for a significantly reduced transom size and
thus a significant reduction in wave drag for a high-speed ship.

D

1.7D/1.8D

Present Available Large W aterjet Technology - Mixed Flow

D

1.2D/1.25D
Axial Flow

Figure 2: Pump size comparison
2. The Development Program
Axial-flow waterjet pumps are not new. They have been in serious use in various forms for several
hundred years, Allison (1992). The type of axial-flow pump selected for this current application has its
roots in separate work performed originally by Aerojet General Corporation and by Rocketdyne in the
U.S. when ship speed was once before popular with the U.S. military. This occurred in the 1960’s and
70’s, but was subsequently discontinued. The largest axial-flow pumps then built were the 19,000 hp
Aerojet pumps for the PHM hydrofoil and the 40,000 hp Rocketdyne axial-flow pumps for the 3K
SES which were under construction when the program was cancelled in 1978.
However, starting in 1987, Band, Lavis & Associates (BLA, now CDI Marine Systems Development
Division (CDIM-SDD)) picked up the thread and began further development that has now resulted,
over the last 18 years, in numerous pump model tests for the world’s leading waterjet manufacturers
and installation on several craft, including the U.S. Marine Corps Expeditionary Fighting Vehicle
(EFV, formerly the AAAV) high-speed tracked amphibian. Also, starting in 1996, BLA received a
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major boost in funding from DARPA and later significant research funding from the University of
New Orleans to investigate hull-inlet interactions. This was followed by major funding from CCDoTT
(The Center for Commercial Deployment of Transportation Technologies) out of California State
University at Long Beach for the work which is the major subject of this paper. Significant support
was also provided to the U.S. Navy’s High-Speed Sealift Program for which BLA recommended
compact axial-flow waterjet development and prepared a comprehensive Technology Development
Plan (NSWCCD 2002). Based on these recommendations and separate recommendations made to
NAVSEA PEO Ships, the Office of Naval Research (ONR) launched a new program in 2006 for
industry to develop high-power compact waterjet propulsion systems for current and future military
applications.
The work reported in this current paper is the most recent effort in this evolution. It started in 2002
when CCDoTT funded BLA (CDIM-SDD) for a 4-year, 4-phase program to examine technology
options and eventually perform RDT&E to develop and validate compact axial-flow pumps for
waterjets. The paper focuses on describing Phases 3 & 4, while Phases 1 & 2 are described in more
detail on the CCDoTT Website at www.ccdott.org and in Lavis et al. (2006). The 4 phases of the
project were as follows:
Phase 1, completed in August 2002, studied options for compact units, including the following: 1)
Pumps with Contra-Rotating Blade Rows, 2) Pumps with Inlet Pre-Swirl Vanes, 3) Ventilated Pumps,
4) Super-Cavitating Pumps, and 5) Axial-Flow Pumps. The latter was chosen for further work.
Phase 2, completed in September 2003, developed the concept design of a waterjet-propelled, 50knot, 600-ft long RO/RO ship for commercial coastal short-sea shipping. This design was developed
with help from the CDIM-SDD whole-ship design synthesis model ComPASS™, which helped to
confirm the choice of axial waterjet pumps as having the most favorable ship impact to minimize ship
fuel consumption and maximize overall ship economy of operation. We then developed the detailed
hydrodynamic design of the pump for this ship using the inverse potential-flow code TURBOdesign-1
and the Navier Stokes solver CFX.
Phase 3, completed in July 2005, involved the Computational Fluid Dynamic (CFD) analysis,
manufacture, and tunnel testing of a model waterjet pump that was required to adequately validate the
pump’s critical powering characteristics and cavitation limits.
Phase 4, to be completed in October 2006, involved the construction and testing in a towing tank of a
suitable high-speed model for, among other things, the critical interaction effects between the hull and
the waterjet inlet. It determined the pump’s powering characteristics at design point and off-design
operating conditions. The whole-ship and ship interaction data, combined with pump model tests of
Phase 3, provided the critical information necessary to validate the design process and the CFD
modeling process. This enabled realization of the Overall Project Goal: To enable the realistic design
and prediction of overall full-scale performance of large (>40 MW) axial-flow pumps in a high-speed
ship application using the proper and appropriate model testing and data scaling procedures such as
those defined by the International Towing Tank Conference (ITTC 2002).
3. Phase-2, Ship Design and Waterjet Pump Requirements
In developing a ship concept design and the detail hydrodynamic design of a pump in Phase 2 of the
CCDoTT work, we chose as a mission one of 15 missions explored by the Fast Sea Lift Innovation
Cell at NSWC Carderock (NSWCCD May 2002). This mission was one recommended by MARAD
as a Short-Sea Shipping Mission having both commercial and military application. For the design of
the ship, we used our whole-ship design synthesis tool ComPASS™ that not only allowed us to select
the least cost choice of hull type, but also helped us to select between mixed-flow and axial-flow
pumps and an initial characterization of performance and size required.
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The selected vessel is shown in Figure 3 relative to the rest of the 4-dimensional design space. Here,
displacement is shown plotted as a function of ship length and ship length-to-beam ratio with the
shading on the chart showing ship life-cycle cost per hour of operation. A beam-to-draft ratio above
2.5 was desired to achieve a reasonably low draft, so a least cost solution was found having a length
of 600 ft and a displacement of 8376 LT. This ship was propelled by four 90-inch diameter axial-flow
waterjets, each absorbing 57,330 hp. This ship design was then used as the basis for setting the
requirements for, and design of, the axial-flow pump described in the paper. This pump could easily
be scaled to meet other powers and ship speed requirements currently being explored by the U.S.
military.

B/D > 2.5

B/D = 2.5
B/D < 2.5
Life Cycle Cost, $/hr
30488.1+
29249.6 to 30488.1
28011.2 to 29249.6
26772.7 to 28011.2
25534.2 to 26772.7
24295.7 to 25534.2
23057.2 to 24295.7
21818.7 to 23057.2
20580.3 to 21818.7
19341.8 to 20580.3
18103.3 to 19341.8
16864.8 to 18103.3
B/D = 2.5

Selected Design Point

Figure 3: ComPASS™ results for propulsion with axial-flow waterjets
4. Waterjet Propulsion System Design
4.1. Pump Geometry
TURBOdesign-1 was used to develop the detailed geometry of the rotor blades using the meridional
geometry, radial loading distribution, and blade numbers based on initial development using a
streamline curvature method. TURBOdesign-1 is a potential-flow inverse method where the
requirements for the rotor are inputs and the blade geometry is the output. TURBOdesign-1 does not
take into account the viscous effects, but these effects were modeled using the CFD Navier-Stokes
solver ANSYS CFX. TURBOdesign-1 and ANSYS CFX were used iteratively to arrive at the final
optimized rotor blade geometry. The blade profile used for the resulting 90-inch diameter, 5-bladed
impeller rotor was a modified C4 section with a 6.67 percent trailing edge thickness. The rotor hub
axial length was 58.5 inches with a maximum normal blade thickness of 3.937 inches, and the tip
axial length, which was leaned forward 1.75 inches, was 60.25 inches with a maximum normal blade
thickness of 2 inches. Figure 4 shows the 3-dimensional geometry with the blade surface static
pressure distribution on the leading edge suction side where the pressure would be the lowest. This
shows that the minimum pressure is 21.56 kPa, or 7 feet of seawater margin above vapor pressure at
the 41-knot minimum full-power speed of the 50-knot design top speed application.
Structural Finite Element Analysis was next carried out to check blade strength to resist the loadings
defined by TURBOdesign-1 and the centrifugal loads for a speed in excess of the design speed (Figure
5). Deflections were also checked to ensure that the blades would not contact the housing under load.
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Figure 4: Blade surface static pressure
distribution for pump rotor

Figure 5: Contour plot of stress for
the waterjet rotor blade

4.2. Inlet Geometry
Another challenge is good waterjet inlet design. Here, the objective is to design to capture as much of
the ship’s lower momentum boundary layer as possible with minimum inlet loss, favorable pressure
gradients, and no areas of very low pressure particularly over the upper suction surface of the inlet
that could cause separation and vapor cavities that block flow. For this, we again used ANSYS CFX
and proceeded through a range of design geometries to seek a preferred solution. Figure 6 illustrates
some of the results in which inlet ramp angles varied from 32 to 26 degrees with progressive
reduction in the extent of lower pressure indicated by the color blue. Further detail on inlet design as
well as nozzle design can be found in Lavis et al. (2006).

Figure 6: Ramp tangency static pressure distribution with ramp angles of 32, 28 & 26 degrees
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5. Prediction of Performance and Cavitation Limits
The cavitation margin was set at 1.2 for a craft speed of 41 knots, which is 1.2 times the net positive
suction head (NPSH) at complete pump head breakdown. This cavitation margin allows the waterjet
to absorb full installed power at 41 knots for acceleration to full speed and enhances off-design
performance. The inlet ram recovery is the percentage of the dynamic pressure at the pump face that
remains from the amount that was in the inlet capture stream tube. The ram recovery is calculated
from an empirical relationship that is a function of inlet velocity ratio, IVR, which is the ratio of
average velocity at the pump face to the average velocity in the inlet capture stream tube. The ratio of
the jet velocity from the nozzle to the ship speed is known as the jet velocity ratio (JVR). For a sealifttype case, it was determined that a pump diameter of 90 inches would best meet cavitation and
performance requirements for the 57,330 shaft horsepower. The jet velocity ratio (JVR) for this
requirement is 1.56. A JVR in this range tends to provide the optimum balance between propulsive
efficiency and unit size and weight.
The waterjet pump performance can be calculated from the ANSYS CFX calculations by summing up
the tangential force on the rotor blade surface times their radius to calculate the required torque of the
pump at the design RPM. The hydraulic power is calculated by taking the mass flow rate times the
rise in total pressure across the pump. The pump hydraulic efficiency is the pump hydraulic power
divided by the shaft power. The optimized pump was predicted to produce 4 percent more headrise at
the design flow rate. Figure 7 shows the calculated performance in comparison to test measurements.
The initial assumed design value for hydraulic efficiency of 90% was exceeded by 2.9% for the
optimized pump. This higher efficiency can be used to push the ship faster using the 57,330
horsepower available, or represents a savings in fuel since less power will be needed to push the ship
at 50 knots.
As a result of the CFD analysis of the overall design, several improvements to the initial design
criteria were established. The inlet ram recovery was higher than original empirical expectations. The
large size of the waterjet inlet reduces its surface to volume ratio, which minimized frictional losses
and improved the ram recovery from about 85 percent to near 90 percent. Increased ram recovery
reduced the head rise requirements of the pump to operate at a given JVR and improved cavitation
margins for the pump by increasing the NPSH. Stress analysis of the blading for the full-scale waterjet
impeller and stator showed that stresses were well within reasonable limits for this design.
6. Pump Performance and Cavitation Tests
The water-tunnel testing of a 7.5-inch diameter pump, or 1/12th-scale model, of the advanced axialflow waterjet pump was performed in the spring of 2005. Proper model testing requires proper
construction of the model components, which requires special attention to details and quality
machining. The water-tunnel testing was performed at the Carderock Division, Naval Surface Warfare
Center (CDNSWC) in West Bethesda, MD, using the 24-inch water-tunnel facility. The water-tunnel
pump model testing examined the performance and cavitation characteristics of a scaled axial-flow
waterjet pump. The water-tunnel testing allows the basic full-scale pump performance to be evaluated
from the use of the appropriately scaled model. Figure10 of this technical paper shows a photo of the
instrumented model axial pump assembly installed in the water tunnel and ready for testing. The
water-tunnel testing allows the pump to be tested separately from the remainder of the waterjet system
to determine its performance. Later self-propulsion tests of a suitable hull model with scaled waterjet
inlets can then be conducted and later combined with the pump performance results to determine the
overall waterjet system performance for the full-scale ship.
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Model design point parameters:
Impeller diameter:
Nozzle diameter (unblocked):
Shaft speed (target):
Shaft speed (acceptable):

7.50 inch
4.87 inch
2440 RPM
2000 RPM

Maximum power:
50 shp
Flow rate (target):
8.35 cfs
Headrise (target):
56 ft freshwater
Suction specific speed (design point): 12,730

Figure 7 shows the model test pump components and assembly. The water tunnel had a rear drive
system, and the waterjet nozzle area was adjusted to account for the drive shaft blockage.

Figure 7: Model pump components & assembly
Performance runs were made to ultimately establish the head-flow characteristics of the pump as well
as its power requirements and hydraulic efficiency. These tests were run over a range of flows at
different pump rotational speeds so that design and off-design conditions were covered. Various flow
rates through the pump could be set by use of the tunnel circulation pump and/or additional flow
resistance rods installed downstream of the pump exit nozzle. During the performance runs, multiple
wall differential static pressure measurements were taken at locations between the pump inlet location
and the rotor/stator gap and the nozzle throat. The wall static pressure differential gave information on
the change in wall static pressures between locations and was supplemented with data from LDV
surveys and Kiel probe data to generate the representative head-flow curve. All this data additionally
determined the effective horsepower transmitted into the water by the pump impeller and what
remains at the nozzle section so that rotor efficiency and overall pump hydraulic efficiency could be
obtained at the various operating conditions. Figure 8 shows model performance data at 2000 rpm
compared with initial CFD predictions for the model pump setup. The water-tunnel drive motor was
set up to measure the water-tunnel drive shaft torque. Corrections to torque were made to account for
initial instrumentation offsets and drive system torque losses up to the pump using the tare test results.
The resulting corrected torque values were the values of torque required to drive the pump rotor at its
various test conditions.

32

50

1

45

0.9

40

0.8

35

0.7

30

0.6

25

0.5

20

0.4
Headrise
Hd CFD
Efficiency
Eff CFD

15
10

Total Efficiency

Total Headrise - feet

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

0.3
0.2

5

0.1

0

0
0.5

0.6

0.7

0.8

0.9

1

1.1

1.2

1.3

Q/Qd

Figure 8: Performance with the nozzle static profile at 2000 rpm
Cavitation runs were made to determine the likely cavitation performance of the pump. During the
cavitation runs, the tunnel pressure was changed to control the Net Positive Suction Head (NPSH) in
front of the pump inlet face, where NPSH is the total pressure above vapor pressure at that location.
The cavitation runs were performed at a test pump speed of 2000 rpm. The pump was mounted inside
a clear acrylic shroud which enabled viewing of the impeller and stator blade rows as well as the
nozzle section. By use of a strobe light, the rotating pump impeller could be made to appear as though
it was standing still in order to observe any occurrences of cavitation in the impeller. In this manner,
as the tunnel pressure was lowered sufficiently to initiate cavitation, the cavitation anywhere in the
pump could be observed as to type, location and extent.
The presence of cavitation does not necessarily degrade performance, as a pump can operate with
some amount of cavitation present. This is not desirable on a continuous basis, but is acceptable for
transient operation such as during periods of ship forward acceleration. When the amount of
cavitation present becomes excessive, the pump can no longer maintain its headrise and the pump
enters cavitation breakdown where the headrise begins to fall off, usually in a dramatic form with any
further decrease in NPSH. Cavitation breakdown is normally classified as the point where there is a
3% reduction in the pump total headrise from its noncavitating condition. Cavitation runs were made
with decreasing NPSH until breakdown occurred, then the NPSH was increased to measure the
recovery from breakdown and to determine any hysteresis effects. Another term used for cavitation
analysis is Suction Specific Speed (Nss). Nss is defined by:

Nss =

RPM * GPM 1/ 2
NPSH 3 / 4

[1]

Nss is a dimensionless term, but it is used with more convenient pump terms such as RPM and GPM
which makes it appear otherwise, but, since these terms only vary by a constant from the true
dimensionless form, the Nss term functions as a dimensionless term. The Nss equation is important
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for scaling the model data to full scale since Nss performance at model scale will translate to the fullscale performance. Design point Nss for the full-scale design is about 12,500. The pump can operate
at Nss values above this to provide for cavitation margins and better off-design performance, but
operation at the further elevated Nss should be kept to short periods, such as acceleration, as the
increased potential presence of cavitation can damage the pump, although it may not affect
performance until the breakdown Nss is reached. Design of a pump to operate properly with a high
Nss of 12,500 or greater requires significant attention to the design detail. The use of CFD in the
analysis has been a critical step in developing a high-performance design.
Figure 9 shows the cavitation run where the NPSH was changed in increments by adjustment of the
tunnel pressure at the model design flow rate. The head ratio, H/H0, was the wall static pressure
difference across the pump divided by the initial static pressure difference across the pump at the
beginning of the test with a high NPSH value and no cavitation present. As the NPSH was reduced,
the head ratio remained essentially constant at a value of 1 until a critical value of NPSH was reached,
at which point a temporary increase in head ratio occurred prior to the collapse of the head ratio,
which would indicate cavitation breakdown. This temporary increase in head ratio just prior to the
breakdown region is not uncommon in cavitation testing and has been attributed to the existence of
improved flow geometry due to a modest amount of cavitation. The second photo of Figure 10 shows
the cavitation for the design flow case. Review of the photo indicates that the main source or type of
cavitation that occurred was tip leakage cavitation. There is a pressure difference between the pressure
and suction side of the blade. This pressure difference causes flow to accelerate through the tip gap
between the rotating blade tip and the surrounding stationary shroud. Some flow through the gap is
beneficial, but an increase in pressure difference across the gap, combined with the local pressure
conditions, can cause the flow accelerating through the gap to drop the local static pressure below the
vapor pressure, which results in the formation of a jet of vapor. The photos also indicate that the tip
leakage was not always uniform from blade to blade at different Nss values. This was most likely due
to tip clearance variations from blade to blade. Although every attempt was made to center the
impeller in the shroud, the small scale of the model, the final component assembly after the gap is set,
and operating loads inevitably caused some minor variations in the gap.
breakdown, Q/Qd=1.0
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Figure 9: Cavitation breakdown runs at Q/Qd = 1.0 and 2000 rpm
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Figure 10: Cavitation run at 2000 rpm and Q/Qd = 1.0
The tip leakage cavitation can be controlled to some extent to allow operation of the full-scale pump
at higher Nss values. Better control of the tip clearance to optimum minimum values will delay the
onset of cavitation. Also, the model pump had sharp corners at the impeller tip section. Putting a small
radius on the pressure side tip section will enable a more gradual acceleration of flow through the tip
gap instead of the abrupt acceleration caused by the square edge arrangement. This would help push
the tip leakage cavitation inception to somewhat higher Nss values. In addition, the model likely
experienced a higher differential pressure across the tip gap due to an increased amount of boundary
layer flow that was present at the pump face from the test setup. The photos of Figure10 indicate that
the impeller leading edge is not a source of cavitation and there is no indication of cavitation problems
in the stator or nozzle region. The S-bend in the shroud wall shortly after the stator exit is a typical
low-pressure region, but did not show any indication of vapor formation.
7. Self-Propelled Model Tests
Self-propulsion model testing of a single representative large catamaran-type side-hull with a pair of
operating scaled waterjet inlets was undertaken. Since the main point of interest in these tests is to
look at and determine the interaction-type effects between the hull and waterjet inlet, only a single
hull was used for the testing to reduce complexity and consequently the overall expenses. Testing was
performed at the Naval Surface Warfare Center, Carderock Division, on the Towing Tank Carriage
No 1. The 17.5-to-1 scale self-propulsion model size built was 19.8 feet long, which is of sufficient
size to provide accurate data based on the experience of the towing tank engineers. The model
included operating scaled waterjet inlets with representative waterjet pumps. For the self-propulsion
testing, it is important that waterjet inlets operate at scaled flow rate so that the inlet-hull interactions
are modeled for their effects on overall propulsive performance. The waterjet pumps are not
specifically modeled since, at this model-scale ratio, the Froude-scaled testing conditions prevent
pump model operation at cavitation and Reynolds numbers that can approximate full-scale values for
these critical parameters. The model axial pumps will move the proper flow rates and will be
representative of the full-scale waterjet pump, but because the blade thickness becomes too thin to
scale at model scale, the blades were given constant thickness and built on the representative axial
pump camber surface. The waterjet pump included both an impeller and a stator blade row with a
scaled nozzle for the arrangement. Rapid prototyping was used to fabricate the model inlets and the
model pumps. This allows accurate components to be made rather quickly and at reasonable cost
compared to any other possible alternatives. At the model-scale requirements, stresses and loads are
within the capability of available rapid prototyping material, which is a form of nylon-based material.
The hull is symmetrical about the hull centerline so that everything forward of the waterjet inlets
would be the same, but mirror-imaged, about the hull centerline. The hull has a pair of waterjet inlets
at the stern that are also mirror images of each other about the hull centerline. Using two
representative axial-flow pumps with opposite rotation to each other would then represent a mirroring
of the pumps about the hull centerline. Since the model tests were conducted in a straight-ahead
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condition, both pumps would be expected to have identical performance. This allows for full
instrumentation and measurements on one pump to be indicative of what is happening on the other
pump, with some measurements taken on the second pump to assure consistency. Separate watertunnel testing of larger-scale axial pump models was previously performed to adequately define
critical powering characteristics and cavitation limits of the waterjet pump design. The extrapolated
data obtained in both water-tunnel and towed model tests then constitutes a complete data set
characterizing the overall performance of the combined hull and propulsor.
CDIM-SDD has conducted extensive advanced axial-flow waterjet propulsion work over a period of
18 years, and the current self-propelled model tests represent the completion of a 4-phase program for
CCDoTT. The overall objective of this final phase of work was to test a self-propelled model (Figure
11) in a towing tank to completely define the hydrodynamic performance characteristics of a compact
axial-flow waterjet propulsor in a representative high-speed ship. Measurements were made to verify
design predictions, provide off-design performance information, and yield flow-field data for use in
understanding the behavior of the propulsion system design as installed in the hull model. These tests
have just been completed and numerical results were, unfortunately, not available in time to meet the
publication date for this paper. Data will ultimately be scaled to the full-scale ship design used for the
model, using the waterjet design which was water-tunnel model tested, and that data combined with
this self-propulsion model will be used to predict performance of an operational system at full scale.
Towing tank tests of waterjet propulsors and ship hulls present a unique challenge to engineers and
experimenters because of interaction effects normally absent, or of far less importance, in marinescrew propeller installations. The great body of towed model test data and experience with open
propeller designs has resulted in a generally high degree of confidence in predicting full-scale
performance. Waterjet hull model testing is relatively new, and the body of test data and testing
experience is a small fraction of the propeller database. For these reasons, the fundamentals of
waterjet model testing have been the subject of a great deal of attention and study in recent years. The
development of the momentum flux method of estimating powering characteristics and interaction
effects has allowed model testing to be performed with better confidence than previously, and the
database is expanding slowly but steadily. While the overall waterjet characterization capabilities
remain somewhat limited relative to open water and towed model propeller testing, prediction
techniques are improving. The development of a database with a significant quantity of model to fullscale data correlations is a matter of great importance in improving levels of confidence in predicting
waterjet system performance for advanced high-speed ships.

Figure 11: Self-Propulsion Model in the Towing Tank
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8. Whole-Ship Impact of Compact Waterjet Propulsion
In Chapter 3, it was stated that the developed pump could easily be scaled to meet other high-speed
ship requirements currently being explored by the U.S. Military. Table I summarizes the result of a
study that used ComPASS™ to design an LCS-type monohull, referred to as the “Parent Ship”, that
was propelled by mixed-flow pumps, as characterized in column 1, and compared this ship with
another designed with axial-flow pumps, characterized in the subsequent columns of Table I. The
parent LCS has a displacement of 2826 LT and is capable of carrying a military cargo of 180 LT at a
speed of 45 knots for a range of 1500 NM. By changing to axial-flow pumps, a major change occurs
as shown in column 2. Displacement is reduced by 250 LT and power required falls by 10,000 SHP
for the same speed and range capability. To take advantage of this, we increased the cargo by 50%,
from 180 LT to 270 LT, to give the results shown in columns 4 & 5, for which the displacement
increased to 2785 LT with 270 LT of cargo while keeping the same speed and range with the same
installed power. Since this design was still 101 LT lighter than the parent, it was possible then to take
even further advantage of the change by increasing the ship’s speed from 45 to 50 knots. In this case,
as shown in the last two columns of Table I, the ship’s displacement increased to 2847 LT, which is
only 21 tons greater than the displacement of the parent, while the propulsion power required
increased to 70,000 SHP, which is only 3000 SHP greater than the parent and considered to be within
the capability of the original power plant. Thus, by taking advantage of all the synergies afforded by
this single change in propulsor type, including weight saved with a smaller, higher speed pump on a
smaller transom with less drag, the military cargo was increased by 50% and the ship’s speeds
increased by 5 knots. Note that the full effect of these synergies would not occur by simply back
fitting a different pump to an existing ship. Clearly, the advantage of such a choice taken early in the
design process is significant.
Table 1: The Synergistic Whole-Ship Impact of Compact Pumps
Change from Mixed Flow WaterJet to Advanced Compact (Custom) Axial Flow WJ Propulsor
Increase
Cargo
50%

Parent
Ship

Change
Propulsor

Mixed
Flow WJ

ACWJ

Compared
w/Parent

Displacement (LT)
Cargo (LT)

2,826
180

2,576
180

-250

Power (Gas Turb) (SHP)
Power (Diesel) (SHP)

67,000
8,700

57,000
8,700

-10,000

Speed
Range

45
1,500

45
1,500

Propulsion

+90
Installed

Increae
Speed
to 50kts
ACWJ

Compared
w/Parent

2,785
270

-101
+90

Compared
w/Parent

2,847
270

21
+90

67,000
8,700

70,000

3,000

45
1,500

50
1,500

5

2847

DISPLACEMENT: 2826 LT

LT

T
270 L

PAYLOAD: 180 LT

50 KT

SPEED: 45 KT
PARENT

IMPROVED
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9. Conclusions
The paper has demonstrated that the compact axial-flow waterjet pump has excellent overall
hydrodynamic and cavitation characteristics. Performance of the pump is basically in agreement with
initial CFD predictions, although some differences between the CFD pump model details and the
actual test setup are responsible for certain variations. Overall, headrise was slightly higher than
expected, but this is likely due to the thick duct wall boundary layer flow region upstream of the
model impeller. Efficiencies were slightly lower than CFD predictions, but the differences between
the CFD arrangement and the model test geometries are deemed likely to account for most of the
variation. Further analyses would be incorporated into the development and adaptation of the compact
axial-flow pump design as a matter of course to refine the design.
So, our progress to date from the use of a combination of advanced CFD codes and model tests has
seen: (1) the elimination of the need for the inducer stage from earlier axial waterjet designs, which
has clearly simplified the pump as well as reduced its overall length, weight and cost of manufacture,
(2) the use of an inverse potential flow code and the CFX Navier Stokes Solver to significantly
improve pump efficiency and cavitation performance. In addition, from our current tests, we will
improve our understanding of hull/waterjet inlet interactions.
Thus, in summary, we have recognized an important need and we have brought to the community a
viable solution. We have demonstrated the advantages of axial-flow waterjet pumps via extensive test
and analysis. Advantages include significant size and weight savings for the same duty compared to
mixed-flow designs. This, in turn, allows the use of slender transoms leading to less ship resistance.
Pumps having higher rotational speeds results in better power density for the pump and power
transmission along with performance less limited by cavitation. The paper has also shown, by
example, that the synergistic whole-ship impact of using these compact pumps is significant in terms
of potential improvements in ship speed and payload.
We have also assembled the best advanced tools for design and, in doing so, have significantly
advanced the state-of-the-art and have encouraged our Navy to invest for transition to meet current
and future needs. The overall program is, therefore, considered to be an outstanding success with the
potential of having far-reaching benefits to future high-speed ships.
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11. Nomenclature
Symbol

Definition

Units

B
CFD
Circle K
Circle Q
D

Ship’s Waterline Beam
Computational Fluid Dynamics
0.468 (V / W1/6)
P / (VW)
Pump Inlet Diameter or Ship’s Draft

ft
---ft
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GPM
H
H0
IVR
JVR
NPSH
Nss
P
Q
Qd
RPM
shp
V
W

Gallons per Minute
Headrise
Initial Headrise
Inlet Velocity Ratio
Jet Velocity Ratio
Net Positive Suction Head
Suction Specific Speed
Power Required for Maximum Speed
Volume Flow Rate
Design Point Volume Flow Rate
at Design RPM
Shaft Rotational Speed
Shaft Horsepower
Ship’s Maximum Speed in Calm Water
Ship’s Full Load Displacement

gal/min
ft
ft
----ft.lb/sec
ft3/sec (cfs)
ft3/sec
revs/min
horsepower
ft/sec
lb
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Abstract
Model tests and numerical simulations investigate the influence of hydrofoil assistance for trimarans,
drawing on experience of foil-assisted catamarans. While foils are demonstrated to effectively decrease the resistance of trimarans, a comparison shows that a catamaran with similar displacement
and same speed is still superior to the trimaran, with or without foils.
1. Introduction
Trimaran concepts have recently claimed significant advantages above mono-hulls and catamarans,
e.g. Smith and Jones (2001), Lindström et al. (1995), Armstrong and Holden (2003), Boote et al.
(2004), Fach (2004). Trimaran are said to offer relatively high performance, seaworthiness, maneuverability, larger deck area, stability, while having a low speed loss in waves and minimizing the resistance at high speeds. These advantages are especially beneficial for ferries and some combatants.
Hydrofoils, especially for catamarans, can significantly decrease resistance and increase passenger
comfort. Ride control systems using hydrofoils improve the ride comfort further, sometimes with a
slight reduction in resistance as secondary effect. While there is much experience for foil-supported
catamarans, there is very little available information or research activity on foil-assisted trimarans
even though there have been some notable commercial applications.
A 127 m trimaran Benchijigua Express was launched in 2005 built by West Australia Shipyard,
Austal. The Benchijigua Express is the world’s largest all-aluminum ship. It operates with a ride control system that ensures improved passenger comfort. The 55 m Dolphin Ulsan designed and built by
North West Bay Ships (NWBS) also incorporates lifting foil technology with a ride control system to
improve comfort, seakeeping and efficiency, Figure 1. VT Maritime Dynamics (VTMDI) designed
the ride control system for the Dolphin Ulsan and the foil system produces a lift that is approximately
30% of the full-load displacement increasing the vessel speed by 3 to 4 knots, Tulk and Quigley
(2004).

Figure 1: Ride control system of Dolphin Ulsan, http://www.nwbs.com.au/tri/html

Figure 2: Hysucat foil configuration

The trimaran configuration includes the position, shape, size, displacement ratio compared to the main
hull and the slenderness ratio of the outriggers, but also the length and slenderness ratio of the main
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hull. The configuration is not only influenced by hydrodynamic considerations, but also the type of
application the vessel will be used for. Addition of foils at optimum locations, loading considerations,
deck area requirements and safety consideration also influence the configuration. Stagger and clearance are the terms used to describe the position of the outrigger in the longitudinal and transverse directions respectively. There are two favorable stagger locations for the outriggers, Brizzolara et al.
(2005): one with the transoms of the outriggers aligned with the transom of the main hull and the
other with the bow of the three hulls aligned. The shape of the hulls and the intended application of
the vessel influence the clearance location. The outrigger should not have a hard chine, as at relatively
high speeds, a hard chine hull starts to plane. At this speed the outriggers, being fixed to the main hull,
cannot lift out of the water and the resultant immersed hull form produces significant spray resistance,
Cardo et al. (2003). The main reason why a trimaran concept was developed was to achieve a relatively high slenderness ratio for the main hull that will decrease the wave resistance and effectively
decrease the total resistance Lindström et al. (1995). A very slender hull needs outriggers for stability.
A longer and more slender vessel requires a lower installed power for constant displacement due to a
higher length-displacement ratio and lower Froude number, Roy and Gee (2003). The displacement
and position of the outriggers rather than the width of the main hull are responsible for the initial
transverse stability of the vessel, Dubrovsky (2004). Doctors and Scrace (2003) suggest that an outrigger should support 3% to 8% of the total displacement to ensure a low resistance. The percentage
displacement of the outriggers can be as low as 1.25% of the total displacement for each outrigger,
Armstrong and Holden (2003). The type of vessel application, special requirements regarding foil location and slenderness ratio will influence the length of the outrigger. Doctors and Scrace (2003)
suggest the outrigger lengths should be 30% to 40% of the length of the main hull.
Foils can significantly decrease the resistance of a catamaran. Migeotte and Hoppe (1999) determined
that certain semi-displacement hulls and hydrofoil systems should compliment each other to achieve
an optimum performance. In 1979, Hoppe developed the Hysucat (hydrofoil supported catamaran) at
the University of Stellenbosch, e.g. http://www.hydrofoildesign.com/, Hoppe (2001). Since 1982,
over 350 Hysucats have been built ranging between 5.5 m and 36 m. The 22 m high-speed Hysucat
ferry Nordblitz,http://admin.sun.ac.za/kie/unistel/technologies/applics.htm, has a top speed of 34
knots and a total weight of 57 tons. The foil-system on semi-displacement and planing catamarans
consists of a large main-foil just ahead of the longitudinal center of gravity (LCG) and two stern trim
foils operating in close proximity of the free surface, Figure 2. The main foil is designed to carry between 40% and 75% of the weight, depending on the size and displacement of the vessel, Migeotte
(2001). The hulls of the Hysucat generally are fully asymmetric with plane internal sides. This allows
for more even flow over the foils, Migeotte (2001). Another patented foil system development by
Hoppe at the University of Stellenbosch, the Hysuwac (hydrofoil supported water craft), US patent
No.6164235, for semi-displacement catamarans was designed to minimize hull-foil and fore-aft interference effects. The efficiency of this design was proved by several model test series and further
through commercial applications, Migeotte (2001). The foil-system employs one or two bow foils
mounted underneath the tunnel and a stern foil mounted in the tunnel. If two bow foils are used then
the foils are arranged with one underneath each hull. The system is especially advantageous in reducing the hump resistance and achieving an efficient high-speed resistance.
2. Basic Theory
The resistance components of a trimaran are similar to that of a mono-hull with a very slender hull but
with additional components for the viscous and wave-making interference resistance of main hull and
outriggers. The viscous interference resistance is due to two factors: the change in pressure around a
hull affects the form factor (1+k) used to calculate the viscous resistance and the velocity increases in
the tunnel between the hulls disturbing the potential flow field of both hulls resulting in an additional
resistance. The wave interaction of main hull and outriggers can increase or decrease the total wave
resistance, depending on dimensions and mutual positions. If the outriggers are positioned far apart
the wave interaction is negligible, Lyakohovitsky (1973). The increased slenderness of the main hull
of a trimaran decreases the wave-making at the bow and thus the total resistance. The total resistance
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of a trimaran can be determined following Dubrovsky (2004). The method employs an interaction coefficient due to the dimensions and mutual positions of the outriggers and main hull. The interaction
coefficient at certain Froude numbers can be less than 1 indicating a reduction in total resistance,
Moolman (2005), Moolman et al. (2006).
Hydrofoils act similar as airfoils, except for two particularities: the free, wave-forming surface and the
possibility of cavitation. Foil thickness, chord length, aspect ratio, camber line, and angle-of-attack
influence the lift-to-drag ratio of a hydrofoil. At low Froude numbers the addition of the foils generally increases the resistance of the vessel. Only at higher Froude numbers will the addition of foils
decrease the high-speed resistance. The foil efficiency changes as the foil approaches the free surface.
Lift decreases, drag increases. For the Hysucat system, the stern foils will naturally stabilize the vessel
due to this effect the foils operate in. The lift and drag of the foils can be determined using numerical
or theoretical methods. The most common instability that occurs in the planing phase is when the
front foil breaks through the free surface and re-submerges due to no lift being created above the free
surface. The cycle is repeated and results in a pitch-heave instability, Migeotte (2001).
Foils on a trimaran create additional resistance components. Not only will the hulls and foils create a
drag due to their shapes and profiles respectively, but there will also be an interference drag between
the hulls and the foils. The struts too cause additional drag. The beneficial lifting force generated by
the foils creates induced drag. The resistance of the vessel will, however, be decreased lifting the hulls
partially out of the water, thus decreasing the wetted surface area, the waterline area and entrance angle, and the viscous interference between the outriggers and the main hull. Foils are only successful if
the lift-to-drag ratio of the foil-system is larger than the lift-to-drag ratio of the vessel itself, Tulk and
Quigley (2004). Migeotte and Hoppe (1999) decomposed the resistance for foil-assisted catamarans
into frictional and residual resistance. The same resistance components are assumed to be feasible for
hydrofoil-assisted trimarans, but the interference and viscous resistance components will differ in
magnitude and characteristics.
3. Trimaran and foil design
The configuration is considered to be the most important factor in the design. A similar hull that was
used for a Hysuwac catamaran, Migeotte (2001), was used for the main hull to provide direct comparison with the recently tested catamaran with similar displacement, Table I. The outriggers used a
scaled down version of the same hull, but the length increased to be 60% of the main hulls length due
to the foil-system requirements. To obtain a good direct comparison with the Hysuwac catamaran, the
spacing x between the hulls of the trimaran, Figure 3, was taken as the distance from the inner side of
the hull to the centerline of the vessel along the waterline of the catamaran. The reason for this is to
have a similar aspect ratio for both hydrofoil systems taking into account the interference created underneath and near a hull.
Table I: Principal vessel characteristics
CenterCenterTrimaran
Outrigger
Trimaran
Outrigger
Hull
Hull
Max cross
161000 151342
4830
kg
5.91
5.31
0.30 m2
Displacement
sect area
Waterplane
157.1
147.7
4.7
m3
139.73 97.09
21.33 m2
area
Volume
2.09
2.09
2.09
m Cp
0.71
0.75
0.71
Draft to Baseline
2.09
2.09
0.4
m Cb
0.36
0.60
0.41
Immersed depth
37.29
37.29
22.36
m Cm
2.59
0.80
0.59
Lwl
11.03
3.17
1.27
m Clearance
4.88
m
Beam waterline
Wetted Surface
2
248.86
193.48
27.69
m
Area
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Catamaran

Trimaran

Figure 3: Distance separating hulls

Figure 4: Hysuwac foil-system for trimaran

Figure 4 shows the configuration of the foil system. The hydrofoil design is complex due to conflicting design requirements in each of the different operating phases (displacement, transition, planing).
The addition of an inadequate foil-system can significantly reduce the performance of the vessel due
to the interactions between the hulls and foils, but also the interference between front and rear foils.
Generally the foils section must be as thin as possible to avoid cavitation. Long slender vessels that
are heavily loaded will benefit from a Hysuwac configuration due to the large portion of the load that
is carried by both foils and the large potential spacing between the foils. A tandem configuration as
shown in Fig.4 reduces the interference effect between the foils and enhances the pitch stability of the
vessel due to the large lifting forces created near the bow and the stern.
4. Experimental and numerical procedures
Accurate ship resistance predictions are still difficult, Bertram (2000). Model tests are so far the best
option, providing resistance, guidance for foil position, foil angle-of-attack and establishing the stability limits of a vessel. Model tests also have their limitations, namely scaling, blockage and shallow
water effects. A problem arises when conducting towing tank testing due to the lack of turbulent flow
over the foils. This highlights the importance of accurately calculating and scaling foil friction. Different laminar-turbulent transition due to different Reynolds number in model and full scale, surface
tension (spray) and cavitation pose fundamental scaling problems. Still, the total resistance, trim,
sinkage and the overall behavior of the model usually can be determined with sufficient practical accuracy through model tests. The model basin of the University of Stellenbosch has the following dimensions: Length 90 m, breadth 4.5 m, depth 2.7 m, maximum carriage speed 8.5 m/s.
The testing procedure without the addition of foils included three different LCG (longitudinal center
of gravity) positions with three different outrigger clearance positions, Moolman (2005). Intervals of 1
m/s were tested over the speed range of 1 m/s to 6 m/s. The main aim of the project was to determine
if the addition of foils was advantageous to the trimaran. A single outrigger position was tested with
the addition of foils and also used the same testing procedure as for the model without foils. The angle-of-attack of the foils was optimised to ensure that the vessel behaved reasonably stable. Only for
LCG of the complete trimaran at 34% Lwl forward of the transom (34% LCG in short) an instability
occurred.
The scaling procedures for the trimaran with and without foils differ. Ship resistance without foils can
be tested and measured according to Froude’s law. Froude’s law states that the ship (without foils)
resistance can be divided into frictional and residual resistance components, with the residual resis43
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tance following his ‘law of comparison’ (Froude similarity), Bertram (2000). The residual resistance
takes changes into account due to interference, transom resistance and other resistance components
excluding the hull frictional resistance. Tests are performed keeping Froude similarity. The scale effect is compensated by empirical corrections like the ITTC’57 correlation line. The scaling for a hydrofoil-assisted trimaran uses Hoppe’s scaling procedure, Migeotte (2001). The method used to obtain
testing data is reasonably accurate. The error involved with the results determined regarding the
measurement and scaling method can vary between 5% and 10%.
Michlet 6.05 (www.cyberiad.net/michlet.htm) and Autowing 3.0 (www.argo-group.de/autowing/)
were used to determine the hydrodynamics of the vessel and hydrofoil system, respectively. The separate resistance data of both the vessel and the hydrofoil-system was added together to obtain a reasonable approximation for the total resistance of a hydrofoil-assisted craft. Interference effects between
the hulls and the foils are not accounted for in the numerical prediction method. The trim and sinkage
of the vessel and the hydrofoils were taken into account using model test data. Effects like vortex drag
and free surface deformation were not determined with the method used in Autowing Version 3.0 due
to lengthy computational time requirements. A breakdown of the resistance of the vessel and the hydrofoil-system and the amount of lift the foils produce are given in the following section.
5. Results
The results of the outrigger location show that the furthest outrigger clearance with the 34% LCG has
the least amount of resistance, due to lower interference between the hulls.
Foils significantly reduce the resistance of a trimaran and a catamaran, see Figure 5 for an LCG of
32%. The reduction in resistance for the trimaran and catamaran is approximately 55% and 60%, respectively, at design speed of 50 knots. The resistance of the catamaran is lower compared to the trimaran, both with and without foils; this is mainly due to the lower wetted surface area of the catamaran and a more efficient and well-developed hydrofoil-system on the catamaran. The catamaran, however, was tested having a LCG position of 36%, Migeotte (2001). Unfortunately, no data could be determined for the 34% LCG position with the addition of foils due to an instability that occurred at
high speeds, Moolman (2005). The center of pressure of the foil system came in close proximity of the
LCG position at high speeds. The center of pressure should be ahead of the LCG for the vessel to operate safely.
Figure 6 illustrates that the hydrofoil-assisted trimaran has a gradual transition to planing compared to
the hydrofoil-assisted catamaran. The hydrofoil-assisted catamaran has a steep transition between 30
knots and 35 knots. This results in the abrupt transition to planing.
The lift of the trimaran is less than the catamaran, Figures 6 and 7, due to the lower trim values of the
trimaran and due to the different LCG positions. The lower rise the trimaran experiences will effectively result in a larger wetted surface area and therefore a higher frictional resistance that would increase the total resistance significantly. The lift is measured at the LCG position.
The reduction in resistance of the trimaran is approximately 57% at the design speed of 50 knots, Figure 8. This is better than for 32% LCG. 30% LCG is therefore optimum for this type of foil configuration.
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Figure 5: Total resistance vs speed for 32% LCG
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Figure 6: Trim vs speed for 32% LCG with foils compared to the catamaran
Adding foils results in a visible difference regarding the trim of the trimaran and catamaran, Figure 9.
The strong rear foil created significant lift, responsible for the difference of the trimaran with and
without foils at high speeds. The steep transition to planing is visible for a hydrofoil-assisted catamaran. The lift of the trimaran is less than for the catamaran, Figure 10. This is due to the trim values of
the trimaran as well as the different LCG positions. The lower rise of the trimaran results in a larger
wetted surface area.
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Figure 7: Rise-draft (maximum) ratio vs speed for 32% LCG with foils compared to the catamaran
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Figure 8: Total resistance vs speed for 30% LCG with foils compared to the catamaran
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Figure 9: Trim vs speed for 30% LCG with foils compared to the catamaran
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Figure 10: Rise-draft (maximum) ratio vs speed for 30% LCG with foils compared to the catamaran
Figure 11 shows the breakdown of the resistance component of the trimaran and that of the foil system. The summation of both these resistance components gives the total numerical resistance prediction for the hydrofoil-assisted trimaran. Figures 11 and 12 also show the experimental values. The
total numerically predicted values correspond reasonably well with the experimental values at the
“hump” region in Figures 11 and 12. At high speeds, effects like spray and interference cannot be ac-
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counted for in the numerical prediction. According to the numerical prediction, at 40 knots approximately 60% of the resistance is due to the drag the foils create.
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Figure 11: Resistance breakdown for 32% LCG position
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Figure 12: Resistance breakdown for 30% LCG position
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Figure 13 shows the significant spray at the rear foils that is partially responsible for the resistance
difference at high speeds. Another reason for the difference in resistance is that the numerical method
cannot account for the deformation of the free surface that generally occurs at relatively high speeds.
There is no simple theory to account for these complex additional components. Figure 14 shows the
load that the foil system and the hulls are carrying as the speed is increased. At 40 knots and 50 knots
the foil system carries approximately 69% and 81% of the vessels displacement load, respectively.
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Figure13: Significant spray at the rear foils
at high speeds

Figure14: Load carried by foil system and hulls

6. Conclusion
The main focus of the research was to determine if the addition of foils could successfully decrease
the resistance of a trimaran. This was accomplished successfully, but the hydrofoil system of the trimaran and the trimaran configuration must be further optimised to achieve better resistance results.
The catamaran with a similar displacement still proves to be superior compared to the trimaran with
and without foils according to the study conducted. This is stated keeping in mind that the draft of the
trimaran main hull exceeds that of the two catamaran hulls significantly for near equal displacement.
The addition of foils can result in the outrigger length being as long as the main hulls length resulting
in a larger deck area and improved dynamic stability in roll. The foils should be able to lift the vessel
until the outriggers are only partially touching the water surface, therefore maintaining the dynamic
stability compared to when the outriggers are lifted completely above the water surface.
The foil-assisted catamaran is more stable than the trimaran. This is due to the counter balancing moment the hulls of the catamaran configuration create. The trimaran cannot create this moment when
the outriggers are lifted above the water surface in roll. Outriggers that run clear of the water surface
at high-speeds results in the trimaran behaving like a hydrofoil-assisted mono-hull.
Future work will focus on the optimization of the foil system of the trimaran to eliminate the instability mentioned in the previous section. Shifting the center of pressure of the hydrofoil system further
forward by increasing the slenderness ratio of the main hull and outriggers could eliminate the instability. An appropriate foil design that minimizes spray will improve the efficiency of the foilsupported vessel.
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Abstract
USNS “X-Craft” built as a catamaran with decreased water-plane area shows some practical
advantages as multi-hull combatants. It comprises of a large deck area per tonne of displacement,
wide (and free from superstructure) upper deck, high performance in terms of high-speed and
enhanced seaworthiness. In this paper two alternatives have been proposed based on the concept of
vessels with small water-plane area, which would allow for similar payload, useful deck area but
sufficiently better seaworthiness at higher speeds. Resistance and seakeeping characteristics based on
test results of the conceptual hull shapes have been illustrated. The new hull shapes of small waterplane area (SWA) ship with additional hydrodynamic lift from foils would ensure higher achievable
speeds and better seaworthiness at corresponding displacement.
1. Introduction
A principally new type of fast combatants, so called “X-Craft”, was built for US Navy (Dudson,
2005).The ship with a design displacement of 1400 tonnes is a catamaran with reduced water-plane
area in the bow region of the hull. This type of hull shape could be appropriately termed as “semiSWATH”, which is a well-known hull form employed extensively in the high-speed ferry industry.
The combatant has containerized (changeable) armament, which requires large inner above-water
volume (and deck area), two helipads on upper deck, movable stern ramp for boats or wheeled
vehicles. The combatant has a design speed of 50 knots, unlimited operations in sea state 4 but
restricted speed and heading in sea state 5. The proposed next generation of combatants demonstrates
all the advantages of a multi-hull configuration namely, relative big large inner volume and deck area
per tonne of displacement, wide (and free from the superstructure) upper deck, high performance in
terms of achievable speeds and enhanced seaworthiness. These advantages have been amply
demonstrated by practical application of commercial multi-hulls in the fast passenger and carpassenger ferry industry. The research publications of the last few decades in theoretical and
experimental investigations coupled with the present scientific knowledge has provided a good
foundation to achieve sufficiently better hydrodynamic characteristics, above all – the seaworthiness.
The two alternative concepts have been described and explained below.
2. Innovative Base of Alternative Designs
The development of power plants for high-speed vessels has shown tremendous growth and does not
appear to be a constraint when powering a vessel is concerned. However there are two significant
factors which influence the speed of the vessel in a seaway, namely: (a) increased resistance at higher
speed with a corresponding drop in propulsive coefficient due to propulsor loading and (b)
unavoidable course changing in order to have better seakeeping characteristics. The change in course
implies that the vessel has to traverse a longer distance between two given ports thereby decreasing
the average speed. Therefore, there are three criteria to be fulfilled so that a vessel has enhanced
seaworthiness: (a) reduction of added resistance (b) reduction in amplitudes of motion and
acceleration and (c) reduction in slamming intensity at any heading angle relative to wave front.
There are two types of vessels which can be characterized as having significant seaworthiness: vessels
with deep submerged foils and vessels with small water-plane area (SWA ships). A SWA ship can be
briefly defined as having an above-water platform with payload and underwater gondolas connected

51

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

by thin struts. The displacement and the speed of foiled vessels are restricted primarily by the relative
increase in foil size and hence weight at higher displacements and the cavitations phenomenon that
sets in at higher speeds for foils.
In the present day scenario the maximum achievable speed for a vessel with foils is estimated to be
around 70 knots with a permissible displacement of 500 tonnes. Moreover, the permissible height of
waves is restricted by the clearance between the bottom of the ship’s foils and wave surface. On the
other hand indications from full scale trials indicate that the seaworthiness level of a SWA ship could
be similar to a monohull at a displacement which could be 10-15 times larger than that of a monohull.
But conventional SWA ships (with circular frames of gondolas) are not exactly suitable for highspeed operation due to the nature of their hull form. An increase in dynamic trim at high-speed and
bow emerging leads to a higher than usual resistance, increased longitudinal bending moment in
waves and increase motion and acceleration amplitudes for vessels with small water-plane area. In
light of above facts it was envisaged that there is a need for further investigations in SWA vessels
which could achieve higher speeds and have better seakeeping qualities.
3. New Hull Shapes
The new shape of a SWA ship gondola has been defined by Dubrovsky and Lyakhovitsky (2001)
where the main hull is characterized by a vertical bow instead of an elliptical or semi-round bow and
“flat” stern of the gondola. Moreover, the optimal dynamic trim and average draft is ensured by two
pair foils at the transom end of the main hull. The proposed shape is shown by Fig. 1.

Figure 1: SWA ship with optimal trimming by
foils.

Figure 2: SWA ship with sufficient lift by foils.

The result of such changes is to avoid the disadvantage associated with bow emergence and ensures
decreased wetted surface area, i.e. ensures reduction in viscous resistance at high speeds. This
particular configuration, which includes foils, also prescribes an optimal attitude. If the foils generate
sufficient lift force then at 25-30 % of the same vertical force motion mitigation at full speed could be
achieved. It leads to the second proposed shape of fast SWA ship, illustrated in Figure 2, which is
essentially a monohull SWA ship with outriggers and foils.
The large lift forces used for motion mitigation provide a possibility of a vessel traversing in larger
waves within permissible levels of motions and accelerations. The proposed new conceptual hull
forms eliminates wet deck slamming at high speeds as a result of increased hull clearance, (the
distance between wet deck and design water-plane).
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4.

Towing Test Results

A twin-hull form model as previously illustrated in Figure 1 was tested in the towing tank of Krylov
Shipbuilding Research Institute, St. Petersburg, Russia towards the end of 1980s. The model
particulars are shown in Table 1. The towing speed and resistance were measured to an accuracy level
of 0.5%.
Table 1: Model particulars relevant to Hull Form shown in Figure 1
Model Data
Length of waterline
Beam (overall)
Draught at rest
Displacement
Foil Area (4 pairs)

Dimensions
3.6 m
1.6 m
0.30 m
380 kg
0.072 m2

The tests have clearly demonstrated that there is a possibility of dynamic attitude optimization with
minimum wetted area. Figure 3 depicts a comparison of dynamic trim for various SWATH hull forms.
It is evident that the decreased longitudinal stability of the tested model allows selection of the
dynamic trim in the required ranges and avoidance of negative values of trim at the intermediate
speeds.

Figure 3: Dynamic trim comparison for SWATH
configurations.

Figure 4: Dynamic draft comparison.

Figure 4 demonstrates a possibility of average dynamic draft decreasing at any speed as a
consequence of decreasing part of the dynamic wetted area.
The residual resistance coefficients were defined using the constant wetted area of the model. The
evident drop of the coefficient at highest speeds means the real wetted area is smaller, than the
corresponding wetted surface area at rest. Thus the problem of wetted area increase has been avoided
at high speeds by the proposed shape of the gondolas. Residual resistance coefficients of the first
model (two drafts) are depicted in Figure 5. The residual resistance coefficient comparison shows the
sufficient advantage (about two times) of the proposed hull shape. The achieved level of speed
corresponds to lower limit of planing regime. Volumetric Froude number (Fn∇ ) of about 3.0 is taken
as the begin of planing regime for usual boats. S/P SWATH can achieve such speed, as shown by
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tests. Thus the vessel can be termed as “semi-planing”, since complete planing regime corresponds to
higher values of volumetric Froude numbers.

Figure 5: Residual resistance coefficients of the
first shown model.

Figure 6: Pitch RAO of “semi-planing” SWATH

5. Seakeeping Test Results
The model as illustrated in Table 1 was tested in regular head waves with optimal (for towing
resistance) angle of attack for foils. The pitch RAO is shown in Figure 6.
It is quite evident, as all SWA ships, that the “semi-planing” one has a sufficient resonant peak, and
small enough pitch amplitudes on higher frequencies. It implies that there is a possibility of sufficient
pitch mitigation as a result of pitch damping at resonance frequencies. The heave RAO of the same
model is shown in Figure 7.
As pitch and heave motions have sufficient peak at low-frequency ranges at design speed and small
enough amplitudes at the other frequencies, then resonance mitigation means there is a significant
reduction in motions over a wide range of frequencies.

Fig.7. Heave RAO of “semi-planing” SWATH.
6. Alternative Ship Characteristics
The alternative proposals were designed to the pre-contract stage for the same payload and useful
deck area, identical to the built X-craft. The hull material was of light alloy, so that the achievable
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speed could be maximized. Hull structure design and scantlings were estimated as per ABS (1999).
The total resistance of the first proposed vessel was estimated on the basis of previously conducted
resistance tests compiled for the bigger draft. The total resistance of the second proposed vessel was
estimated for minimal draft from the same test data as shown in Figure 5. The difference between the
displacements at rest and at the minimal draft on full speed will be compensated by titanium foils of
hydrodynamic quantity of lift to drag ration of L/R=10 (L – foil lift force in tonnes, R – foil resistance
in tonnes). The achievable speed SWA monohull fitted with a foil corresponds to a volumetric Froude
number of approximately 3.5. The results of the proposed designs against X-craft are shown in Table
2.
Table 2: Main dimensions and general characteristics of fast corvette options

Ship type
Design displacement
(tonne)
Overall length (m)
Overall beam (m)
Payload (tonne)
Deadweight (tonne)
Design speed (knots)
Total power (MW)
Sea State for full
operability
Range at 20 knots, nm

“X-Craft”
1,400
79.9
22
50
72
4
4,000

S/P SWATH
1,500

Foil-outrigger SWA
1.200

60
28
About 250
About 500
60
90-100
5

70
25
70
110-120
6

≅3,700

≅3,500

The results clearly exhibit that the new hull forms would ensure higher achievable speeds with
slightly smaller range at the economical speed of 20 knots. Moreover the shape and lift forces
generated by foils would enhance the seakeeping characteristics of the vessels at a higher sea state as
shown in Figure 8 whereas Figure 9 shows the achievable speed for the three crafts against wave
height.

Figure 8: Vertical accelerations at bow, head
waves, full speed.

Figure 9: Achievable speed versus wave height,
head waves.

The test data thus presented could be further corrected and amended during the process of detailed
design. An artist’s impression of a twin-hull “semi-planing” corvette is shown in Figure 10.
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Figure 10: An artist impression of twin-hull fast corvette with the new hull form.
7. Conclusions
It is apparent that some quite interesting results have been derived from the above investigation. The
following conclusions can be drawn:
•
•

The proposed hull form could ensure higher achievable speed. The “X-Craft” has a
maximum speed of 50 knots but a better range at the economical speed of 20 knots. Both
the proposed hull forms have higher achievable speed than “X-Craft”.
The proposed hull forms have enhanced seaworthiness when compared against “X-Craft”.
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Abstract
Heading control and course keeping are very important for surface ships while encountering
environmental loads. Forces and moments due to the hydrodynamic flow around the moving hull are
balanced by the rudder behind it. Feed back from the heading angle is taken and the gain in the
control system prompts the steering gear to deflect the rudder. Conventional control algorithm based
on PID is attempted in the first part of the paper and case studies are shown for a Mariner class ship
whose hydrodynamic derivatives are known. Linear and non-linear cases are worked out for both
heading control and course keeping or course control. Displacement, velocities and accelerations
are determined for short duration from the simulation of a voyage in calm water. The proposed
system can be implemented into autopilot systems. The codes developed in MATLAB can
accommodate wind and wave forces as well. The simulation is of general type and can be used for
other vessels with a change in the constants of P (Proportional), I (Integral) and D (Derivative)
which can be arrived at by trial and error. The design of the control system depends on the choice of
the three control constants K p , K i and K d . These will change as per sea state and extra loads.
In the next part of the paper fuzzy logic control is discussed. Fuzzy logic is applied to control the
heading and bring the path to the desired level. Both linear and non-linear cases are discussed but
comparison is limited to the linear case only. The models discussed are versatile because of the
provision for add-on facilities for wind, wave or any other environmental loads. The rudder turning
rate is taken as that for commercial ships. The PID and Fuzzy logic discussed in this paper lead to a
possible combined control system for ship maneuvering.
1. Introduction
Marine vehicles are designed and built to operate with reliability, economy and safety. Possible
damage to the environment in case of accidents is also considered in the design stage. The motion of a
ship is controlled by experienced hands with support of highly skilled crew. During the maneuvering
in calm water the ship is in a low frequency mode or its trajectory is in slowly varying condition. Ship
motions are with and without natural frequency. The increase in traffic density poises threats to easy
movement of vessels especially in congested waterways. Increase in the sizes of commercial ships
demands more and more ship handling capabilities and tug capacities for seaports all over the world.
The size of world fleet has been on the increase if we look at the recent history of growth of marine
fleet.
Research on maneuvering is not progressing enthusiastically enough to attract researchers into it.
Therefore the previous fundamental works done by researchers like Abkowits (1964,1969) are relied
upon by researchers in maneuvering. At the same time advances in control engineering turn out to be
a blessing for the designers of ship motion control systems. Modern electronic navigation systems like
Global Positioning Systems (GPS) offer a means for determining large scale changes in position. The
differential GPS can improve the positioning accuracy to within 5m. To further improve the
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positioning accuracy to within 5 cm, it is necessary to make use of the carrier wave signal.
General maneuvering of ships can be controlled using suitable systems. The aim of a controller is to
reach or maintain a process in a specific state. This is achieved by monitoring a set of variables and
selecting adequate control actions. Control system based on PID has been in use since 1920s with the
help of gyrocompass with which the heading angles are measured for feedback purpose. Control
system based on Fuzzy logic was seen since 1965 by Zadeh (1965). Fuzzy logic controllers are only
used in simple configurations and their analytic knowledge is still poor. But it has some specific
advantages of its own. It can override difficulties and take convenient shortcuts. In all cases the tuning
problem must be satisfactorily solved. Rapid growth in the sizes of commercial vessels that has
occurred in recent years has necessitated the development and application of new methods of analysis
in many areas of the design process.
2. Literature study
The literature covering conventional maneuvering performance of ships and control engineering
relevant to ship maneuvering are reported here. Abkowitz(1964) proposed both linear and non-linear
maneuvering models of surface ships were proposed by with the help of Taylor’s series. Eda and
Crane (1965) concentrated on steering characteristics of ships in calm water and waves. Berlekom and
Gaddard (1972) discussed full scale trials of maneuvering of large tankers. Sea keeping aspects of
marine vehicle were provided by Bhattacharyya (1978). The discussion by the author is very
important for designers and researchers who work on unified sea-keeping and maneuvering model.
Clarke et al. (1982) concentrated on maneuvering criteria of hull using linear theory. Maneuvering in
shallow water is also discussed by the authors. Pourzanjani (1989) concentrated on the formulation of
force mathematical model of ship maneuvering. Controllability of surface ships is explained in detail
by Lewis (1989). Governing equations for various conditions are also provided. Biancardi (1989)
concentrated on the calculation method of ship maneuvering characteristics at design stage. Fossen
(1994) discussed the models of marine vehicle kinematics and dynamics in 6 degrees of freedom.
Surendran (1995) discussed the course stability of surface towing systems for various combinations of
tanker with tug. Bolton (1999) presents a basic back ground to Mechatronics and provides links
through to more specialized skills. Norman (1995) discussed control systems engineering including
the use of MATLAB . Liut et al. (2001) designed a fuzzy logic controller to govern the motions of
fins in order to reduce the roll motions of ships. Lee et al. (2004) proposed an autonomous navigation
algorithm for marine vehicles using fuzzy logic. This is under the guidelines of the rules of the road
international regulations for avoiding collision at sea. Perez (2005) discussed various aspects of ship
roll motions and the control of the same using fins alone and in combination with rudder. Surendran et
al. (2006) proposed a fuzzy logic approach to control the motions of fins fitted across the bilge area of
a frigate ship. Surendran and Pramod (2006) proposed a PID based algorithm to control a floating
platform.
3. Maneuvering model
Maneuvering is a special topic in naval architecture. In this the control force of the ship is of main
concern and the oscillating wave effect is often neglected. Ship maneuvering is treated as a horizontal
motion, and only the surge, sway and yaw modes are considered. Ships are designed to be slender
bodies with streamlined ends for smooth passage through water. The increase in length of a vessel
causes difficulty in maneuvering. A weather-vaning shuttle cock will turn around on the water surface
easily. Maneuvering is done using the rudder fitted at the rear side of the ship. Earlier investigations
on ship hydrodynamics were done assuming that the hull as a lifting body. A small fin (rudder) fitted
behind a large structure (ship) is found to be very effective in the hydrodynamic sense. The flow
around the ship is converged into the wake part where the rudder is fitted just behind the propeller.
Propeller imparts kinetic energy to the rudder by accelerating the water particles cut by the moving
blades. The turn of the rudder causes the change in the ship’s heading.
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Figure1: Earth fixed axis and body fixed axis system coordinates.
Earth fixed co-ordinate system and body fixed co-ordinate system are to be discussed before going
into further details. As per Figure 1 the forces and moments based on the global earth fixed axes
system can be written for the surface ship as follows.
X o = mxo
(1 a)

Yo = myo
N = I zψ

(1 b)

Y= Yo cosψ − X o sinψ
Similarly the velocity components can be written as

(2 b)

( 1 c)
The above equation follows the Newton’s law stating that force is equal to the product of mass and
acceleration. The subscript ‘o’ indicates that the values are with respect to the global earth fixed axis.
However, the equations are more conveniently expressed when written with respect to the body fixed
axis as follows.
(2 a)
X= X o cosψ + Yo sinψ

xo = u cosψ − v sinψ

(3 a)

yo = u sinψ + v cosψ

(3 b)
The acceleration terms can be written by differentiating the above equations.

xo = u cosψ − v sinψ − (u sinψ + v cosψ )ψ

(4 a)

yo = u sinψ + v cosψ + (u cosψ − v sinψ )ψ

(4 b)

Substituting Eq. (4) in Eq. (1) the governing equations of motions for horizontal plane can be
achieved.

X = m(u − vψ )
Y = m(v + uψ )
N = I zψ

(5 a)
(5 b)
(5 c)
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While deriving the above equations it is assumed that origin O of the body fixed coordinate system is
at the centre of gravity G of the vessel. Simplifications are possible if the origin O were chosen at the
axis of symmetry. If the newly chosen O is now located at a vector RG from G, then the above
equations become as shown below.

X = m(u −ψ v − yGψ − xGψ 2 )

(6 a)

Y = m(v + uψ − yGψ + xGψ )

(6 b)

2

N = I zψ + m { xG (v + uψ )}

(6 c)

If the ship is symmetric with respect to the centerline yG can be neglected, ie. when yG is equal to
zero the above equations become as follows.
X = m(u −ψ v − xGψ 2 )
(7 a)

Y = m(v + uψ + xGψ )

(7 b)

N = I zψ + mxG (v + uψ )

(7 c)

The Eq. (7) show coupling between surge velocity, sway velocity and yaw rate. These equations lead
to a simpler set of equations for linear case as follows.

X = mu
Y = m(v + uψ + xGψ )

(8 a)
(8 b)

N = I Zψ + mxG (v + uψ )

(8 c)

Eq. (8 a) is called the linear speed equation and Eq. (8 b) and (8 c) are called the steering equations.
Eq. (8 a) is independent and the other two are mutually coupled. A good numerical approach is
sufficient for the solution of these equations. It can be assumed that X, Y and N are functions of
various velocities and accelerations in connection with the motion of the hull. Therefore, X, Y and N
can be written as follows.
X = Fx (u , v, r , u , v, r )
(9 a)

Y = Fy (u , v, r , u , v, r )

(9 b)

N = Fψ (u , v, r , u , v, r )

(9 c)

Assuming an equilibrium condition and applying Taylor’s series expansion the non-dimensional form
of the steering equations as per the practices in maneuvering studies is reduced to the following
equations.

−Y '
+ (m '
−Y '
− (Y '
) − (Y '
xG ) r '= Y '
v v'
v )v '
r − m'
r − m'
δ δ

(10 a)

−N '
+ ( Nv '
− m 'x ')
− (N '
x ')
− (I z − N '
=N'
v v'
G v'
r− m'
G r'
r )r '
δ δ

(10 b)

In the above Eq. (10) there are two new terms. The non-dimensional force from the Y '
δ δ and

N 'δ δ , the non-dimensional force and moment due to the rudder action. Lewis (1989) be referred for
the details of getting non-dimensional forces and moments. Eq. (10) are highly relied upon to
manipulate heading and transverse position mainly using rudder and other control surfaces if
applicable.
In non-linear theory Eq. (9) are modified as follows
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X = X ( ∆u , v, r , u , v, r , δ )
Y = Y ( ∆u , v, r , u , v, r , δ )
N = N ( ∆u , v, r , u , v, r , δ )

(11 a)
(11 b)
(11 c)

where ∆u = u − u1
As already discussed, the forces and moments can be represented by Taylor’s series. Handling higher
order will bring better results. It is not straightforward and easy to determine them experimentally or
analytically. Their inclusion in the governing equation does not make any significant changes in the
forces and moments. A third order Taylor series expansion of the functions discussed above about an
equilibrium will lead to the following.

X = X u u + X u ∆u + X uu ∆u 2 + X uuu ∆u 3 + X vv v 2 + X rr r 2 + X rv rv
2

+ X δδ δ + X uδδ ∆uδ 2 + X vδ vδ + X uvδ uvδ

Y = Yv v + Yr r + Yv v + Yr r + Yvvv v 3 + Yvvr v 2 r + Yvu v∆u
+Yδ δ + Yδδδ δ 3 + Yuδ ∆uδ + Yuuδ ∆u 2δ + Yvδδ vδ 2 + Yvvδ v 2δ
N = N v v + N r r + N v v + N r r + N vvv v3 + N vvr v 2 r + N vu v∆u
+ Nδ δ + Nδδδ δ 3 + N uδ ∆uδ + N uuδ ∆u 2δ + N vδδ vδ 2 + N vvδ v 2δ

(12 a)

(12 b)

(12 c)

The influence of inclusion or omission of various hydrodynamic derivatives on the values of X, Y and
N can be examined using their values in the governing equations from known cases of surface ships.
Isherwood (1972) suggested empirical forces due to wind at an angle to the ship. This is applicable for
merchant ships. The X, Y components of wind forces and moment component due to wind can be
added in the Eq. (12) above. OCIMF (1977) proposed the method of computing wind force and
moment components on very large crude carriers (VLCC).
4. Ship maneuvering and control
In speed control, the objective may be to achieve a certain predefined speed and consequently, the
control system must ensure that the desired speed is attained. If the ship is moving at a speed lower
than the desired speed, the control system must feed more power to the propulsion plant to produce
more forward thrust. This is continued till the increase in speed meets the desired speed. Ships cover
great distances during their voyages and the fuel efficiency is an important economic factor. The
operator/owner always aims at maximizing profits and minimizing costs. Thus better fuel efficiency
and minimum travel distance with minimum deviation from the correct course are important factors.
The rudder, other control surfaces, and control devices like bow thrusters are important features in
achieving vessels controllability goals. The rudder is the most important part in the context of control
of course. The main objective in ship maneuvering is to control the heading angle of the ship. The
control system must alter the control surfaces to the desired heading angle. Directional stability and
positional motion stability are ensured by the action of the rudder behind the ship.
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Figure 2: Components of control system
5. The PID Control
Figure 2 shows the schematic diagram of a control system. The control blocks and their connection
show the flow of the system. Input variable, control system like P, PI, PD , PID etc., output variable
and feed back are the essential components. The proportional mode (P) which produces a control
action that is proportional to the error. The derivative mode (D) which produces a control action that
is proportional to the rate at which the error is changing. The integral mode (I) which produces a
control action that is proportional to the integral of the error with time. Examples to combination
modes are PI, PD, PID etc. The term three-term controller is used for PID.
The input has to be altered using the feed back which supplies the output values. Here, the
disturbances by external forces are also reflected in the output value and the same is fed to the input
through the feedback. PID control is done based on the instantaneous error, e which is defined as the
difference between the desired value of the output and the actual value of the output at any instant.
T

i = K p (e) + K d (e) + K i e(t )dt

(13)

0

where, i is the input variable, K p proportional constants (P), K d derivative constant (D), K i integral
constant (I), e instantaneous error and e is the time derivative of the error.
The design of this type of control system depends on the choice of the three control constants
K p , K d and K i . The control will be effective with the simultaneous use of all three constants with
differential values. If seen individually these constants have various effects on the system. Control
constant K p reduces the time taken to reach the desired output, but it shows an overshoot.
Convergence is never achieved due to the presence of a steady error or an offset. K i is found useful
in reducing the steady error or offset. Sometimes K i pushes the transient response to unfavourable

62

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

region and K d improve the stability by reducing the overshoot. But it is yet to be ascertained the
applicability of high frequency noise in hydrodynamics since a differentiator will amplify the noise
and an integrator will suppress it. It may be assumed that in water high frequency signals will be
attenuated to lower frequency range.
There is some practical limitations in opting for certain values of the abovementioned constants. It is
difficult to turn the rudder at a very fast rate to affect the immediate turning of the ship because of the
heavy damping provided by the surrounding fluid. Hydrodynamic force around a large ship will be of
higher magnitude. Rudder has projected surface area, in proportion to the ships lateral area
underwater, and its own inertia. At the same time a fin can be turned at faster rate than a rudder since
the fin area is smaller compared to rudder. Ship motion control by Perez (2005) be referred by the
readers interested in fin actions to control roll motion. But rudder turning rate can be improved by
high power installed in the electro-hydraulic system of the steering gear. In such case the installation
cost becomes more financial burden to the ship owner.
Two important factors are to be discussed. They are the sensitivity of the system and economy in
operating the vessel. Sensitivity refers to the modulation of the system components. That is for a small
deviation of heading from the steady state the opposing force or moment by the turn of rudder should
be small. It is to be ensured in the electro-hydraulic system by suitable control constants and gain
values. In case of very fast response from the rudder, and the ship make many overshoots before
coming to the steady and required course, the overhead due to the unnecessary working of system will
be more. In brief the authors would like to say that the distance traveled during the voyage between
port A and port B should be optimized. For thousands of nautical miles of voyage through rough sea,
the financial burden of running and maintaining the machinery is a matter of concern. Here is the
importance of tuning the system. Surendran et al. (2006) proposed PID control to govern the fin
motion to control ship roll.
6. Fuzzy logic control
First introduced by Zadeh (1965) in mid 1960s, fuzzy logic has been widely used for many industrial
applications. The Japanese used fuzzy logic extensively in many domestic and later in industrial
products. A fuzzy- logic controller associates various sets of input data into a system with the desired
control actions. Crisp or quantitative input data is converted into appropriate fuzzy or qualitative data.
These are processed logically so as to produce a desired output. This output is to be brought back to a
crisp form again. It is done by a de-fuzzification technique. Logical processes are simulated by rules,
which associate different input data with a desired output. ‘ If – then’
rules are applied for a sample case as follows.
a) If the heading is low and positive
b) If the shift in position is small and positive
-then the rudder angle is small and negative
Low , medium , high etc . are converted into numerical values. Quantitative , numerical or crisp data
is converted into qualitative, logical or fuzzy data.
The standard practice to fuzzify input or output is to define membership functions. Membership
functions associates the degree of belonging to any crisp value of some variable. Position error is
shown in Figure 3 with membership functions. Membership functions are scaled from 0 to 1.0 . Low
value is 50 m from the reference line. Medium is 100 m and high is 150 meters from the reference line
respectively. For high with a membership value of 1.0 refers to 150 m or more than that. With a
membership value of 0.5 high position error is 125 m as per Figure 3.
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Figure 3: Membership function of position error
Similarly the membership value plots are shown for rate of position error, heading error and rate of
heading error in Figure 4, Figure 5 and Figure 6 respectively.
The required rudder angle is determined using fuzzy logic for a set of position error, rate of position
error, heading error and rate of heading error. This rudder angle is fed into the governing equations.
The outputs obtained are heading, positions and associated kinematics.
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Figure 4: Membership function of position error rate
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7. Ship details
It is better to search a model ship whose hydrodynamic derivatives are known. A Mariner class ship is
considered for the present numerical simulation. Table I shows the main dimensions. Nondimensional hydrodynamic coefficients of the ship are provided by Fossen (1994). These values are
from the planar motion mechanism tests and full scale steering and maneuvering predictions. Fossen
(1994) discussed the non-linear model of Mariner class vessel. Codes of PID and Fuzzy logic control
have been prepared in connection with this paper. The codes, of PID control combined with that of
maneuvering, have been prepared. Additional loads due to winds and currents are also be incorporated
with X, Y and M of Eq. (12). Roll modes are excluded in the models. Plots are prepared using
MATLAB and were explained by Rudra Pratap (2006). The same steps are repeated for fuzzy logic
control.
.

Table I: Main dimensions of the mariner class vessel
Length Overall
LBP
Breadth
Draught
Displacement

171.8 m
160.93 m
23.17 m
8.23 m
18541 m3

8. Results and discussion
A number of cases are worked out both for linear and non-linear maneuver. The ship speed is
assumed as 15 Knots and Kp was given a value of 0.003 and Ki was given a value of 1.0. Fixing these
two the values of Kd were varied. Simulations were performed for different values of Kd, but the case
of Kd =5.0 is discussed here. The ship was assumed in its full speed with a sudden heading angle of
50 degrees simultaneously with and a position offset of 100m from the y=0 line on the co-ordinate
system. Immediately the rudder was turned to oppose the heading. The heading is getting reduced but
in that process there is transfer along y. The ship is pushed to 200m more in the y- direction in the
transient condition. Thus, for a Kd value of 5 the ship take more than 300 seconds to come to the
zero heading angle. In all these that position is set to 0. That is the ship should come to the y=0 line of
the co-ordinate system. But it can be seen that if more time is allowed the ship will come to the zero
position as per the co-ordinate system. The simulation is for 30000 steps with time interval of 0.04
seconds. Figure 7 shows the ship trajectory under control using PID based system. Thus the positional
motion stability can be established. Hence the directional stability and straight line stability are also
ensured. The designer of the ship can easily have a sigh of relief. If the ship is further disturbed by
environment, the rudder will be turned using the control system operated by built-in PID. Linear
model of maneuvering proposed by Fossen (1994) was used for the above simulations. The velocities
and accelerations for the transient condition is shown in Figure 8.
Non-linear case is also attempted. In general the PID approach is liner one. Here, non-linear case
means the governing equations are of non-linear nature. The problem is with the same heading angle
and y-distance in the co-ordinate system. The ship is in full speed of 15 Knots. The non-linear model
considered was that proposed by Abkowitz (1965). Lewis(1989) is also relied up on for the governing
equations similar to Eq. (12). The force components are more here compared to the linear case.
Position is almost same as previous case with the same derivative constant value. For a Kd value of
5.0 the rudder execution required is much less than the previous case. Heavy dampening is observed
from Figure 9 which shows the trajectory as per non-linear case. The velocities and acceleration are as
per Figure 10. More hydrodynamic loads are there in non-linear case and more is the dissipation due
to heavy damping. These effects are clearly visible for the first 400 seconds.
It was sated that the design of control system depended on the choice of the three control
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constants K p , K d and K i . It has to suit the electro-hydraulic steering gear system to turn the rudder.
Thereafter the energy transfer is in between the rudder and the moving ship at variable speed and
different loading conditions. The choice of the control values depend on the actual physical operating
system. It is assumed that the above simulation will provide useful information to the designers of
control system for steering gears. The simulations can be repeated and interpolations of values are
possible for opting suitable conditions. For different sea states the environmental loads will be
different. In such cases some trial run of the codes will lead the analyst to suitable value of control
constants.
Figure 11 shows the trajectory of ship achieved through Fuzzy logic. Thick line in Figure 11
represents the heading angle and the thin one represents the rudder angle. Non-linear system alone is
presented. Lesser executions are performed using fuzzy logic control. The velocities and accelerations
during the transient conditions are shown in Figure 12. They are comparable with that using PID
control discussed earlier. It can be seen that both approaches can be combined to get a suitable control
algorithm. Such an approach was tried by a few authors in recent times.
9. Conclusion
Position keeping and control of a well known experimental vessel is established by controlling the
rate of rudder turn as per PID algorithm. The fuzzy logic control is also developed. Numerical
simulations are done to discuss heading control. The constants of proposed PID control system can be
chosen for any particular steering gear fitted onboard. Cases of both linear and nonlinear maneuvers
are worked out. A few examples of heading and position control are shown. The code developed is
versatile and many parametric changes can be studied using the same. The methods give velocities
and accelerations of the vessel in the transient conditions of voyages. Comparable results are obtained
for Fuzzy logic and PID control systems. Maximum rudder angle and rate of turn of rudder is
assumed as normal numbers accepted for commercial ships. Having known the hydrodynamic
derivatives the same codes can be used to arrive at the heading control and position keeping
capabilities of large sized commercial ships. There is possibility for combining the two algorithms so
that a new approach is feasible for ship motion control. Such an algorithm is useful for all new
generation single hull ships. Having known the values of hydrodynamic derivatives the algorithm can
be used to work out maneuvering problems of high speed catamaran type vessels.

Figure 7: Linear Manoeuver with Kd = 5.0
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Figure 8: Kinamatics of the Ship during transient condition
n in the linear case

Figure 9: Non-linear maneuver with Kd = 5.0
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.
Figure 10: Kinematics of the ship during transient condition in the non-linear case

Figure 11: Heading and position using fuzzy-logic for non-linear system
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Figure 12:

Kinematics of nonlinear system using fuzzy logic
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Abstract
Disturbing forces due to a rotating propeller are transmitted to a ship or submarine hull via both
the propeller shaft and the pressure field that is created in the surrounding water. This pressure
field has hydrodynamic and acoustic components, because water is a compressible medium with
a finite speed of sound. The work described in this paper is a pilot study to investigate the
combination of forces generated by the propeller motion that are transmitted to a submerged
body. Fluctuating propeller forces are transmitted along the shafting system to result in
structural excitation of the submarine hull. These forces are also transmitted to the surrounding
fluid and result in an external hull pressure field, because they correspond to acoustic dipoles.
Both types of hull excitation contribute to hull vibration and underwater radiated noise.
In order to demonstrate the fundamental nature of the problem, the case of a propeller located on
the principal axis of a finite cylinder is considered, which represents a typical submarine
arrangement. The analysis in this work has been simplified by considering only stationary
fluctuating forces at the propeller hub and by regarding the propeller, hull and shaft as rigid
structures. The relative magnitudes and phases of forces transmitted by the fluid and propeller
shaft change with frequency in the range containing both low multiples of propeller blade
passing frequency and broadband random components due to turbulent flow in the submarine
wake. The effects of a finite speed of sound are found to be significant at low frequencies, causing
changes in the hull forces that would be computed by assuming that water is incompressible.
Results are presented describing the properties of acoustic dipole sources, which have both
hydrodynamic and acoustic pressure fields that change in relative importance with distance from
the source.
1. Introduction
Control of underwater noise is a key factor in submarine design. The propeller itself is one of the
principal sources of noise. Disturbing forces are caused by imperfections in the entry flow to the
propeller and by turbulence on the blade surfaces. Acoustic boundary element models have been
developed to study the nature of hull disturbing forces due to different types of propeller source,
including monopole sources that represent the principal effects of cavitation Kinns and Bloor
(2002), dipole sources that are associated with a fluctuating blade pressure distribution [Kinns
and Bloor (2004), Rath, Kinns and Peake (2004a)], and higher order sources that arise from
rotating forces and volumes [Rath, Kinns and Peake (2004b)]. Those studies used ellipsoidal hull
shapes for submerged bodies and a numerical model of a cruise liner hull for exploration of the
fluctuating forces on the hull due to sources at the propeller location. The fluctuating hull forces
due to fluctuating forces on the propeller blades were found to be larger than originally expected.
For example, the fluctuating force on an ellipsoidal submerged hull due to the fluid pressure field
could be more than 40% of the axial fluctuating force at the propeller hub, at frequencies of
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practical interest.
Fluctuating forces at a given frequency due to flow over the propeller can be minimised by
careful design, but it is necessary to take account of broadband random components as well as
components at specific frequencies. Spectral analysis allows the effect of those random
components to be determined in the same way as for components at blade passing frequency and
its multiples, because random signals can be regarded as a continuum of periodic components
with respect to frequency. There is also a residual, periodic sound field associated with the
rotating forces on the propeller blades. This field is usually weak compared with that generated
by fluctuating forces, but it can become significant as optimal propeller design is approached. All
of these components can excite hull, propeller and shaft resonances. Often, it is necessary to trade
off noise levels at different frequencies, in seeking a design that best meets operational objectives.
Design of the shaft and thrust block arrangements also have a significant influence on overall
noise behaviour. Reduction in the force transmission along the propeller shafting system and
subsequent radiated noise can be achieved by introducing a detuner, otherwise known as a
resonance changer [Goodwin (1960)]. The resonance changer acts as a hydraulic dynamic
vibration absorber and is modelled as a virtual single degree-of-freedom spring-mass-damper
system. Optimisation techniques to obtain the resonance changer parameters that minimise the
forces and power transmitted along the propeller shafting system have been developed [Dylejko
et al (2006)].
Fluctuating propeller forces transmitted via the shaft are associated with a reaction on the
surrounding fluid, which has often been ignored in previous predictions of hull vibration response
and underwater radiated noise. The forces may be periodic or random in nature. The periodic
components occur at multiples of propeller blade passing frequency (bpf), but the random
components lead to a broadband spectrum of noise. Both cause vibration excitation of the hull as
well as direct sound radiation into the far field. The aim of the current work is to take account not
only of the disturbing forces that are transmitted to the hull via the propeller shaft, but also the
fluctuating pressure field excitation that is distributed over the hull structure at the same
frequencies. The principal emphasis is on tonal components at multiples of blade passing
frequency, but the same analysis techniques can be applied to the broadband random propeller
forces that give a continuous spectrum of excitation.
2. Scope of Work
The work in this paper was stimulated by the desire to understand why fluctuating forces on the
hull surface are large in relation to the forces at the propeller, at low multiples of bpf. For this
reason, and also to complement earlier work [Goodwin (1960), Dylejko et al (2006)], the hull has
been modelled as a simple cylinder with plane ends, rather than as a detailed representation of a
submarine hull. The propeller hub is located on its extended axis of symmetry.
The analysis has been simplified by considering only stationary fluctuating fluid forces, which
have been modelled as dipoles in the axial and radial directions. These dipoles are positioned at
the propeller hub, and hence are a lumped representation of the array of forces that act on
propeller blades as they rotate in the incident flow field. The dipole forces are precisely opposite
to the forces transmitted via the propeller shaft, if the structures are rigid. The frequency range
has been restricted to the region where the wavelength of underwater sound is greater than the
diameter of the cylinder. If the cylinder diameter were 10 metres, for example, the analysis would
cover the frequency range from 0 to 150 Hz. Since submerged bodies only are considered, the
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effects of the free surface of the sea can be ignored. Appendix 1 includes some important results
for the dipole in an infinite fluid. These provide useful benchmarks for fluctuating forces and
pressures on the finite cylinder.
3. Determination of the External Pressure Field
It has been usual to ignore the effects of fluid compressibility in computation of fluctuating hull
pressure distributions due to propeller sources. These sources arise from the rotation of a
propeller in a spatially non-uniform and unsteady flow field. In effect, the hydrodynamic aspects
of the problem are combined with the calculation of the unsteady pressure field near to the
propeller, assuming incompressible flow apart from unsteady voids associated with propeller
cavitation [Breslin and Andersen (1994), Cox et al (1978)].
Propeller cavitation leads to the introduction of monopole sources, which tend to overwhelm the
effects of higher order components. These are the principal concern in surface ship vibration and
underwater noise, but a submarine can operate at high underwater speeds without cavitation.
Hence, underwater radiated noise due to propellers is associated with dipole and higher order
sources. These extend over a wide frequency range, but our principal interest is in characteristics
at frequencies up to about 100 Hz for a full-scale submarine. In this range, the wavelength of
underwater sound is greater than the hull diameter.
Rotating or unsteady sources at the propeller cause both near-field and far-field pressure
distributions, the former associated with unsteady pressure on the hull close to the propeller, the
latter associated with hull excitation at more remote locations and underwater sound. The
transition between the hydrodynamic and acoustic fields due to fluctuating hub forces occurs
close to the propeller at frequencies of practical interest for computation of hull vibration
response Kinns and Bloor (2004). Complete solution of the combined hydrodynamic and acoustic
problems can be achieved in principle by solving the Ffowcs Williams-Hawkings equation
[Salvatore and Ianniello (2002)]. The numerical problems are challenging and it is difficult to
check the accuracy of derived solutions for realistic geometries and flow conditions. It therefore
remains important to develop a full understanding of the effects of specific types of acoustic
source at the propeller on hull excitation and underwater radiated noise.
The nature of hull vibration excitation by stationary fluctuating volume and fluctuating force
sources at the propeller location of a modern cruise liner has been explored [Kinns and Bloor
(2002), Kinns and Bloor (2004)]. The Helmholtz equation was solved using boundary element
modelling techniques to include the effects of a finite speed of sound, for specified acoustic
sources. It was shown how the fluctuating pressure and force distributions on submerged and
floating bodies are influenced by the combined frequency-dependent effects of diffraction around
the body and of the free surface [Kinns, Peake and Rath (2002), Rath, Kinns and Peake (2004a)].
Components at multiples of bpf also arise from rotating blade forces and volumes, even if the
flow field is perfectly uniform. The effects of rotating steady forces and steady volumes can be
estimated in terms of their near and far field effects, so that it is possible to compare the effects of
stationary fluctuating and rotating steady components [Rath, Kinns and Peake (2004b)]. The work
in this paper focuses exclusively on the fluctuating components. The ratio of the sound
wavelength to the body diameter is a principal non-dimensional parameter in the study, allowing
the results to be compared with those from earlier work where the fluid is incompressible
[Chertock (1965)].
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4. Application of Boundary Element Models
Figure 1 shows a boundary element (BE) model of a cylindrical hull and the distribution of
pressure amplitude due to an external dipole source, shown as a grey cube to identify its position.
The dipole is axial, so the lobes in the pressure field, described in Appendix 1, are along the axis
of the cylinder. 6160 triangular elements are used to represent the surface of a cylinder having
diameter d and length 7.5d, with a concentration of elements near the external source. In this
illustration, the source is located at xs = -0.5d along the horizontal axis of the cylinder and λ = 2d.
This mesh allows accurate results to be obtained in the range d < λ, where λ is the wavelength of
underwater sound. At small wavelengths, there are rapid changes in phase with position, so a fine
mesh is needed. A coarser mesh can be used when λ >> d. Figure 2 shows the distribution of
pressure amplitude for a vertical dipole at the same location as the axial dipole, again using 6160
elements. In this case, the lobes in the pressure field are normal to the cylinder axis.
The pressure distribution has been determined by modelling the source as a compact doublet,
with two monopoles of opposite sign, separated by 0.01d in the chosen dipole direction. This
approach was used in previous work on surface ship hull excitation Kinns and Bloor (2004). It
gives identical results to those obtained using a direct representation of the dipole field [Kinns,
Peake and Rath (2002)-Rath, Kinns and Peake (2004b)], provided that the doublet is compact on
the scale of the hull and wavelength of underwater sound. The dipole field in the absence of the
cylinder has the characteristics described in Appendix 1.
The nature of the dipole pressure field and the approach to BE solution of the Helmholtz equation
has been described by Kinns and Bloor (2004). The hull is assumed to be rigid in this analysis, so
that the pressure distribution is associated with scattering of the incident field, not hull vibration.
It can be regarded as the distribution that would occur if active control could be used to reduce
hull vibration to zero at the chosen frequency. The radiated sound field is not zero, indicating why
the combined effects of the scattered field and the field induced by hull vibration must be
considered in order to obtain a true estimate of the acoustic signature.
The coordinates are chosen to have their origin at the centre of the end disk. x, y and z
respectively represent the axial, transverse and vertical directions. In this case, l/d = 7.5, where l
is the cylinder length, and sources are positioned at xs/d = -0.5 and -1.

Figure 1: BE representation of the pressure field on a cylinder due to an external axial dipole
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Figure 2: BE representation of the pressure field on a cylinder due to an external vertical dipole
5. Pressure Distributions
Provided that pressure fluctuations are sufficiently small for the governing equations to be linear,
transfer functions between the dipole source and pressure or force distributions can be used to
determine the overall response to any spectral distribution of sources. This is because random
sources can be regarded as a superposition of sinusoidal components at different frequencies. The
finite speed of underwater sound introduces the effects of retarded time, where pressure
fluctuations at remote locations lag those near to the source. This causes the phase of pressure
relative to the source in the frequency domain to vary with location. This variation can be
expressed in terms of real and imaginary components.
The transfer functions between dipole strength and pressure or force for the chosen cylinder and
source positions are independent of frequency at very low frequencies, when the wavelength of
sound λ is large in relation to cylinder dimensions. As frequency increases, the effects of retarded
time become progressively more important. These changes can be expressed in terms of the ratio
between λ and cylinder diameter d.
Figure 3 shows the distribution of non-dimensional pressure on the cylinder surface for the axial
dipole at xs/d = -0.5, where λ/d = 2. The pressure is the same everywhere on the cylinder surface
at a given axial location, in contrast to the result for the vertical dipole. The pressure is not shown
for the cylinder ends, where it exhibits a maximum opposite the source.
Figure 4 shows the pressure distribution for a vertical dipole at the same location and frequency
as the axial dipole, again using 6160 elements. The pressure is shown at the intersection of a
vertical plane through the cylinder axis and the top of the cylinder. It changes phase between the
upper and lower halves of the cylinder and is identically zero in the horizontal plane. The
pressure on the aft end surface of the cylinder is not shown in Figure 4, but it reaches its
maximum amplitude there. Figures 3 and 4 show some similar characteristics, but the rate of
decay of maximum pressure along the cylinder is not the same for the axial and vertical dipoles.
6. Cumulative Force Distributions
When the dipole direction is along the axis of the cylinder, the fluctuating pressure field is
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symmetric about the cylinder axis. Therefore, the cumulative force distribution shows axial forces
on the end of the cylinder, net fluctuating forces in other directions being identically zero. This
force also has components that are in-phase (real) and out-of-phase (imaginary) with the dipole
force, depending on the location of the dipole and the wavelength of underwater sound. Axial
forces are of primary concern as they are most likely to excite hull resonances that are efficient
radiators of underwater sound, but the vertical fluctuating forces are usually of similar magnitude
and should be included in a complete model.
When the dipole is normal to the cylinder axis of symmetry, there is no net axial force at either
end. Instead, there is a fluctuating force normal to the axis in the same direction as the dipole,
distributed along the length of the cylinder. This force also has components that are in-phase
(real) and out-of-phase (imaginary) with the dipole force. Figure 5 shows the cumulative
distributions of the real and imaginary cylinder forces for the vertical dipole at xs/d = -0.5 and λ/d
= 2. Only the components in the vertical direction are non-zero.
Figures 6 and 7 show how the total vertical force due to the vertical dipole varies with λ/d for xs/d
= -0.5 and xs/d = -1, respectively. The real and imaginary components are shown separately,
together with the amplitude. The imaginary component approaches zero when the wavelength is
large, while the real component approaches a finite asymptote. There are complex changes when
λ/d < 3 in both cases, with an apparent minimum in the total force amplitude when λ/d ~ 1.5.
The irregularity in force amplitude when λ/d ~ 2 is attributed to small numerical errors caused by
the discontinuity in slope at the end of the cylinder.

Vertical Dipole at x s /d = -0.5, λ /d = 2
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Figure 3: Pressure distribution for the axial dipole at xs/d = -0.5 and λ/d = 2
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Axial Dipole at x s /d = -0.5, λ /d = 2
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Figure 4: Pressure distribution for the vertical dipole at xs/d = -0.5 and λ/d = 2

Vertical Dipole at x s /d = -0.5, λ /d = 2
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Figure 5: Cumulative force distribution for the vertical dipole at xs/d = -0.5, λ/d = 2

78

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Vertical dipole at x s /d = -0.5
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Figure 6: Vertical force components for the vertical dipole at xs/d = -0.5

Vertical dipole at x s /d = -1
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Figure 7: Vertical force components for the vertical dipole at xs/d = -1
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In the case of the vertical dipole, the total cumulative force changes slowly with λ/d, although the
change is not monotonic. This is because the effects of interference between forces on different
parts of the cylinder tend to balance the effects of increased pressure amplitude when λ/d is
reduced for a given source position. When the dipole is along the axis of the cylinder, the end
force changes markedly with λ/d, if λ/d < 3. This will be demonstrated in the following section.
7. Combination of Shaft and Cylinder End Forces
If the propeller shaft is assumed to be rigid and the thrust block is at the aft end of the cylinder,
then the net fluctuating axial force on the aft end of the cylinder is the sum of the shaft force and
the force caused by the pressure distribution over the end plate, taking account of phase.
Figures 8 and 9 show how the net axial forces on the aft and forward ends of the cylinder vary
with λ/d for xs/d = -0.5 and xs/d = -1, respectively. Forces at the aft end for each source position
take into account the normalised unit real force transmitted via the propeller shaft and the real (inphase) and imaginary (out-of-phase) forces transmitted via the fluid. Forces at the forward end,
due to the pressure field in the fluid, are small for the chosen cylinder aspect ratio. The net real
component approaches an asymptotic value when λ/d >> 1. This is the hydrodynamic solution for
an infinite speed of sound, corresponding to results derived by Chertock [Chertock (1965)].
Chertock showed that the hull forces are typically 10% of the fluctuating thrust at very low
frequencies, for realistic submarine hull shapes. The results in Figures 8 and 9 show that the hull
forces can be a much larger proportion of the fluctuating thrust, either reducing or enhancing the
effect of forces transmitted along the propeller shaft. Figure 10 shows the net force amplitude as a
function of normalised wavelength for sources at xs/d = -0.5 and -1, compared with the shaft force
alone.
Axial dipole at x s /d = -0.5
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Figure 8: End force components for the axial dipole at xs/d = -0.5
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Axial dipole at x s /d = -1
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Figure 9: End force components for the axial dipole at xs/d = -1

Net End Forces for Sources at x s /d = -0.5 and -1
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Figure 10: Shaft force compared to the net aft end forces for the axial dipole at xs/d = -0.5 and -1
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8. Conclusions
The forces transmitted via the fluid can be significant for realistic geometries. The results for the
simple cylinder are similar to those found for ellipsoidal shapes in previous studies using
independent numerical models, suggesting that although hull shape will influence detailed results,
the observed effects are dominated by the frequency dependent acoustic characteristics of dipole
sources. The hull forces due to the external pressure field may enhance or reduce the forces
transmitted via the propeller shaft, depending on frequency. These effects may be pronounced at
low multiples of propeller blade passing frequency, as well as affecting the influence of
broadband random excitation at the propeller. Further development will include explicit study of
how hull shape influences the hull forces at different frequencies.
In practice, the shaft forces will be modified by the dynamic characteristics of the propeller shaft
arrangement, while the hull will vibrate in response to the disturbing force distribution. If the
transmitted shaft forces could be reduced to zero, using for example a resonance changer, then the
external hull excitation and scattered radiation from the propeller itself would control the
underwater noise signature. Thus, minimisation of the shaft force may only have a limited effect
on underwater noise reduction. It could even cause the radiation to increase when the shaft and
fluid excitation of the hull would otherwise partially cancel each other. These effects change with
frequency. The models presented in this paper are now being developed to take account of both
types of hull excitation, with an objective to find control strategies that lead to minimisation of
radiated noise due to the propeller, as distinct from minimisation of propeller shaft excitation and
local vibration response.
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Appendix 1: Pressure Fields due to Dipole Sources
The pressure field due to a fluctuating force with amplitude F0 in an infinite fluid is [Ross
(1987)]:
where:

p = i F0{1-i/kr}cos ei(

t-kr)

/(4 rc0),

(A1)

p = pressure at receiver point (r, θ);
ω = radian frequency;
k = wavenumber;
λ = wavelength = 2π/k;
r = distance from the force to the receiver;
= angle between the force and receiver directions;
t = time;
c0 = speed of underwater sound.
The amplitude of pressure varies inversely with distance from a monopole source in free-field
conditions. Thus, the directivity pattern can be represented as a circle in a two-dimensional polar
plot. The dipole has the same directivity pattern at all radii, as evidenced by the cos term in
equation (A1). This leads to the double-lobed pattern in Figure A1, with a change of sign of
pressure in the field behind the dipole.
The dipole has a near field whose significance varies with frequency at a given distance from the
source. Figure A2 shows the dipole pressure amplitude, expressed as the normalised pressure for
a given multiple of wavelength from the source position, using logarithmic scales. The near and
far field terms are also shown separately. They intersect at r/λ = 1/(2π). The near field and far
field pressure at a given value of r/λ increase as the inverse square of λ for a given fluctuating
force amplitude. Both are proportional to cosθ.
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A New Risk-Based Standard for Domestic Fast Craft in Australia
Mori Flapan, National Marine Safety Committee, Sydney/Australia. mflapan@nmsc.gov.au

Abstract:
The last thirty years has seen the development and widespread use of commercial craft that operate at
speed. This paper gives an overview of the new standard for domestic Fast Craft that has been
developed by the Commonwealth, State and Territory Governments of Australia as part of the
National Standard for Commercial Vessels. The reasons for the new standard are first explained with
reference to a set of overarching strategic principles. Existing standards for similar vessels are
examined, with reasons given as to why they have not been simply adopted. The distinction between a
Fast Craft and a High Speed Craft is highlighted and a Category F2 Fast Craft defined. An
explanation is given as to the methodology used to develop the standard including the roles of
incident statistics, the High Speed Craft Code, a risk management workshop, and stakeholder input
via reference groups and public comment. A description is given of the structure of the fast craft
standard and how it is to be used in conjunction with the standards for conventional vessels. The
incrementalist approach is introduced and its practical application to grade requirements within the
standard demonstrated by example. Substantive changes to the standard that resulted from public
comment are described. The cost of implementing the requirements in the public comment draft and
the final standard are then examined and compared.

Figure 1: Pride of Airlie / Sun Paradise collision November 2001
1. Introduction
The National Marine Safety Committee Inc is reviewing standards for domestic commercial vessels
on behalf of the State, Territory and Commonwealth Governments of Australia. The current standards
are contained in the Uniform Shipping Laws Code USL Code (1991,1993). A new standard called the
National Standard for Commercial Vessels (NSCV) is being developed to replace the USL Code.
Risks associated with today’s vessels that operate at relatively high speeds are not sufficiently
addressed under the USL Code, the content of which was largely developed 30 years ago. The
National Marine Safety Committee (NMSC) identified at an early stage that the new national
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standards contained in the NSCV would include standards to control the risks associated with high
speed craft.
The standards writing activities of the NMSC are governed by a Strategic Plan NMSC (2003) that
arose from a Council of Australian Governments agreement and has been endorsed by the Australian
Transport Council.
The Strategic Plan contains a number of principles that shape the revision of standards for commercial
vessels, including standards that apply to vessels operating at high speeds.

These include:
- Incorporate recognized and relevant national and international standards;
- Encourage professional competence;
- Incorporate a performance-based approach;
- Facilitate approval of new technologies;
- Incorporate OH&S principles;
- Encourage recognition of duty of care; and
- Develop the safety system based on sound information.
The process for developing standards requires input from key stakeholders at crucial stages in
accordance with Council of Australian Governments’ Guidelines for Standards Setting Bodies.
Stakeholders provide input in the drafting, public comment and review of public comment phases.
Work on the standards for fast craft commenced with a workshop in 2000 NMSC (2000). Two
Subsections that specify General Requirements NSCV Part F 1A (2005) and standards for Category
F1 fast craft NSCV Part F 1B (2005) were completed in 2002. Work on the standards for Category F2
fast craft (the topic of this paper) commenced in 2001 but was postponed pending further progress on
the standards for conventional vessels. Recommenced in 2005, the standard for Category F2 fast craft
NSCV Part F 1C (2006) has now been completed and is going through a process of final approval by
the Australian Transport Council.

2. Why not adopt existing standards used overseas?
The NMSCs strategic plan calls for the adoption of relevant national or international standards
wherever possible. So why has the NMSC developed a new standard for Category F2 fast craft?
Many countries ostensibly apply the High Speed Craft Code (HSC Code) HSC Code (2000) to
domestic vessels, for example Hong Kong HKMD (1999), but rely on surveyor discretion to vary
those requirements where they would be inappropriate. Unfortunately, reliance on discretion is
inconsistent with the NMSC’s objectives of mutual recognition. One surveyor’s interpretation of what
is acceptable will invariably differ from another surveyor’s. Moreover, the designer, builder or
operator cannot determine the exact nature of requirements, until after discretion has been exercised.
The objective of the NSCV standards is to clearly state in writing a set of deemed-to-satisfy solutions
that reflect what a competent surveyor would accept under such discretion. The standard must also be
consistent and transparent.
Applying the HSC Code and relying on surveyor discretion to make it work will not suffice. There are
many issues that arise when trying to apply the HSC Code in full to Category F2 fast craft,
particularly vessels at the smaller end of the fleet. These include:
- The threshold speed to determine whether high speed provisions should apply
- Prohibition on passenger berths.
- Limitation to 4hrs operation from a port of refuge.
- Failure mode and effect analysis.
- Extent of damage for subdivision.
- Protection against accelerations.
- Operating compartment requirements.
- Need for a permit to operate.
- Compliance within the maximum specified evacuation time.
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For example, consider the prohibition on berths for passengers. There are vessels that have been
accepted under the USL Code that carry berthed passengers at speeds of 25 knots or more. Should
such a vessel no longer be allowed to operate? If the prohibition on berthed passengers is to be
applied, to which vessels should it be applied?
Similarly, the HSC Code 2000 has onerous requirements for damage survivability, requiring standards
for the extent of damage far higher than those required for conventional vessels under the USL Code.
Applying the full HSC Code to many smaller fast craft could effectively eliminate whole existing
industries. What standards should be applied to coastal or sheltered waters domestic craft that
arguably are exposed to higher probabilities of collision and grounding than craft that may operate on
international routes? What limitations are there in the balance between cost and benefit over the range
of domestic vessels?
Our close neighbours in New Zealand have already implemented standards for fast craft. They have
adopted a four-tiered approach MNZ (2000). The first tier is essentially similar to Category F1 under
the NSCV in that it adopts the HSC Code. Tiers 2, 3 and 4 all fall within the proposed application of
Category F2 and represent their approach to the grading of requirements. The standards for these three
tiers are largely performance-based without specifying in detail the deemed-to-satisfy solution, e.g.;
practical demonstrations and the provision of essential information for reference by the operator.
Some of the requirements are expressed in the form of safety outcomes. The details of the solution
and the criteria for verification are left open.
The US Coast Guard (USCG) has issued guidance for enhancing the operational safety of domestic
high-speed vessels USCG (2001). The guidance applies to passenger vessels of speed 30 knots or
more and is also recommended for vessels of speed 30 knots or more that do not carry passengers.
The guidance material is not intended to be limiting or all-inclusive. USCG has discretion to impose
additional safety measures under US Law. The circular appears to provide guidance as to the exercise
of that discretion to apply requirements additional to those specified for conventional vessels under
the US Code of Federal Regulations. There appear to be three main limbs to the guidance—
- Training based on a risk management review being done on the particular vessel identifying
position prerequisites and a formal process being established for training.
- Content of the vessel operation manual is specified in the guidance material and includes
operating procedures, service and maintenance procedures and emergency procedures.
- Minimum requirements for bridge navigation & communications equipment are specified.
Hence, in considering the options available in terms of existing standards, the NMSC came to the
conclusion that existing requirements for similar domestic fast craft would be insufficient to fulfill the
NMSC’s objectives.
3. Why use the term Fast Craft and not High Speed Craft?
The term High Speed Craft is widely associated with the HSC Code. Referring to Figure 2, the lower
curve is the threshold speed for application of the HSC Code. As can be seen, the HSC Code
definition would capture many vessels that operate at relatively "conventional" speeds such as motor
cruisers used for charter and charter fishing operations, water taxis and ferries, especially those of
smaller size.
A concern with applying the HSC Code speed criterion to domestic vessels was that it could
overburden the industry by picking up some conventional vessels that have been served sufficiently
well by conventional standards.
The NMSC decided to use the term “Fast Craft” to differentiate the NMSC’s standards from the HSC
Code. The definition of a fast craft under the NSCV differs from that of a high speed craft under the
HSC Code. A fast craft is defined as a vessel of maximum speed equal to or exceeding 25 knots.
The threshold speed of 25 knots was determined by negotiation between various stakeholders
including government, operators and builders. Public comment on the draft of Subsection 1A General
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Requirements suggested thresholds that varied from 20 knots to 35 knots. It should be noted that the
25 knot threshold is the same as that adopted by Det Norske Veritas for their High Speed and Light
Craft Rules.
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Figure 2: HSC definition compared to NSCV definition
Part F Subsection 1A establishes two categories of Fast Craft, Category F1 and Category F2. Figure 3
illustrates a flowchart contained in Subsection 1A for determining the category of fast craft.
The key point to note from this flowchart is the defining criterion for a fast craft-i.e., a speed greater
than 25 knots, and that two Categories of fast craft are defined, Category F1 and Category F2.
Category F1 fast craft are seagoing passenger and/or cargo vessels (Class 1 or Class 2) that have a
measured length of 35 metres and more and are capable of 25 knots or more. The standards for
Category F1 have already been determined are contained in Part F Subsection 1B which calls up the
HSC Code (2000).

4. Definition of a Category F2 Fast Craft
Category F2 fast craft are vessels that carry more than 12 passengers (Class 1) that do not fall within
the definition for Category F1. Category F2 fast craft are either seagoing passenger vessels of length
less than 35 metres, or sheltered water passenger vessels of any length.
As an example of Category F2, consider a high speed catamaran used for the Sydney-Manly
commuter service.
Working through the flowchart in Figure 3—
- Is the speed is 25 knots or more? Yes it is (32 knots)
- Is the vessel 35 m or more in length? No it is not (34.9 m)
- Does the vessel carry more than 12 passengers? Yes it does. (280 passengers)
- Is the vessel is for Class A, B or C service (seagoing)? No it is not. (Class D—partially smooth
waters)
Thus, the catamaran is Category F2.
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Figure 3: Flowchart for determining Category of Fast Craft.
5. Analysis of incidents
Accidents in Australia involving fast craft do happen, though these are often not widely known nor
systematically recorded. Table 1 lists just a few of the more serious accidents involving Fast Craft in
Australia and New Zealand.
In November 2001 the high speed passenger vessel Sun Paradise ran into and sank the 18 metre
sailing catamaran Pride of Airlie in the Whitsunday Islands. The accident happened at 18-20 knots in
clear conditions. Fortunately, no-one was seriously injured, but 50 people on the Pride of Airlie had to
be rescued.
Among the reasons listed for the collision was inadequacies in navigation equipment, crew knowledge
and safety management on both vessels involved .QGBOI (2003).
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At this stage, there is insufficient data to confirm statistically that fast craft are any more dangerous
than conventional vessels. The history of fast craft is still relatively recent and the population size is
comparatively small. While historical data provides useful insights into risks associated with fast
craft, it is not conclusive and should not be relied upon in isolation.
Table 1: Some Australian and New Zealand fast craft incidents
1980’s

Hydrofoil / yacht collision Sydney

1986?

“Spirit of Victoria” nosedive

1987

“Reef Link II” fire

1988

“Tassie Devil 2001” nosedive

1995

“Condor 11” grounding

1996

“Mack Attack” / dinghy collision

1999

“James Kelly II” grounding

2001

“Suzie O’Neil” nosedive

2001

“Pride of Airlie”/”Sun Paradise” collision

2002

“Sir David Martin” / “Infinity III” collision

2003

“Harbourjet.com” windscreen shattered

Table 2: Summary of hazard likelihood and consequences for high speed craft
Percentage
of total
incidents

Percentage of
equivalent
fatalities

Ratio of
e-fatalities to
incidents

Collision

24%

39%

1.63

Contact

21%

13%

0.62

Machinery or electrical failure

17%

0%

0.00

Grounding or stranding

12%

24%

2.00

Other/unknown

12%

12%

1.00

Fire

7%

9%

1.29

Loss of hull integrity (LOHI)

3%

2%

0.67

Accident to personnel

1%

0%

0.00

Flooding or leakage

1%

0%

0.00

Explosion

1%

1%

1.00

100%

100%

Accident category

Total

An Australian incident database is being compiled as part of the NMSC’s work plan. However, this
project is yet to be fully realized. Data so far obtained on Australian fast craft incidents was forwarded
to an international study on High Speed Craft undertaken by Seaspeed Technology on behalf of the
UK Marine and Coastguard Agency MCA (2004).
The study was based on data containing records of 679 high speed craft incidents involving 99
fatalities, 558 major injuries and 1344 minor injuries.
The report uses the concept of equivalent fatalities to compare the relative severity of different
consequences. 10 major injuries equates to one equivalent fatality or e-fatality. Similarly, 10 minor
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injuries equates to an equivalent major injury. This assumption as to relative severity allows the data
on consequences to be aggregated into a single measure of e-fatalities.
Table 2 is a summary of the results of the MCA study. Various accident categories are listed on the
left. The percentage of total incidents each hazard represents and the percentage of the total equivalent
fatalities that arose from the hazard is also given. Thus, for example, collision incidents represented
24% of total incidents and gave rise to 39% of equivalent fatalities.
Navigation related incidents of collision, contact, grounding or stranding represented 57% of incidents
and 66% of e-fatalities. Collision and grounding or stranding show a high proportion of e-fatalities
relative to the frequency that such incidents have been recorded.
The authors of the report suggest that the importance of these accident categories is justification for
focusing on stability and buoyancy requirements of the HSC Code. However, the data could also be
interpreted more holistically. Stability and buoyancy are secondary factors in the context of collision,
contact, stranding and grounding. They serve to mitigate the consequences after exposure to the
relevant hazards. There are many other aspects of vessel design and operation that play a much more
direct role in the likelihood and consequences of collision, contact, stranding and grounding incidents.
A reasonable proposition from the data is that the requirements for fast craft should focus on reducing
risks associated with collision, contact, stranding and grounding.

6. The overall safety objective and reverse-engineered required outcomes
Given the limits of historical data in determining requirements for fast craft, alternative methods had
to be found to develop the Category F2 Fast Craft standard. The first step taken was to review the
overall safety objectives and then to consider specific safety outcomes within the context of the
overall objective.
The specified objective of the Fast Craft standard is as follows:
The objective of this Subsection is to specify standards for the design, construction and
operation of Category F2 fast craft so that the overall risk to persons from a Category F2 fast
craft is no greater than that from a conventional vessel under the NSCV.
It is important to note that this objective does not seek an overall risk for a fast craft that is less than
for a conventional vessel. But to achieve this objective, one could argue that the risks to a fast craft
from ‘conventional’ hazards should be less than for a conventional vessel so that, when added to the
additional risks associated with speed, there is no overall increase in risk above those of a
conventional vessel.
What makes fast craft different from vessels that operate at conventional speeds? Three key
differences were identified—
- Increased speed means increased energy and larger accelerations.
- Craft operating at high speed tend to have their design optimized; weight and structural
redundancy being kept to a minimum.
- Increased speed means less time for operational responses; less time to identify hazards; analyse
risks and control risks.
The NSCV is being written to allow a more performance-based approach to achieving safety
outcomes. For this to be achieved it was necessary to generate a series of performance-based required
outcomes that specified in more specific terms the means by which the overall objective could be
achieved.
The HSC Code was used as a starting point. A series of required outcomes were reverse-engineered
from the content of the HSC Code. Some of these closely reflected actual clauses, while others were
deduced from specific solutions that were specified. While expressed within the standard in absolute
terms, in practice, most required outcomes are achieved in relative terms. Thus, for example, a
required outcome might specify that stability must be sufficient to withstand the loading and
overturning moments to which a vessel might be subjected. However, that does not mean that stability
must be sufficient to withstand all foreseeable combinations of loading and overturning moments.
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There comes a point where the combination of probability and consequence of a risk are such that the
risk becomes acceptable, even though it has not been eliminated entirely. The challenge is to
determine the levels at which that risk becomes acceptable.

7. Qualitative risk management workshop
A risk workshop for Category F2 fast craft was held in Sydney in September 2001 to progress the
standard to the next stage. Representatives from industry and government went through a risk
assessment process by which they identified special risks associated with vessels that would fall
inside the definition of Category F2 NMSC (2002). The workshop was facilitated by Det Norske
Veritas.
The objectives of the workshop were to identify the main hazards, assess the relative levels of risk,
identify the key risk factors and determine if there would be a need for specific standards applicable to
Category F2 fast craft. The report on the workshop can be downloaded directly from the NMSC
website.
The workshop came to the following conclusions:
- Many hazards applicable to Category F2 fast craft are not adequately addressed by conventional
vessel standards.
- Specific Category F2 Fast Craft standards are needed.
- Standards should take an incrementalist approach between the conventional vessel standards and
IMO HSC Code 2000.
- The incrementalist approach should be determined by 5 dominant risk drivers as follows:
1. Speed;
2. Number of passengers;
3. Area of operation;
4. Vessel design (size, configuration, layout, etc); and
5. Mode of operation (routes, rest periods, human factors, etc)
It should be noted that four of these dominant risk drivers were already reflected in the definitions for
Categories F1 and F2 Fast Craft.
The recommendation that an incrementalist approach be applied was especially significant because
the Preamble to the HSC Code 2000 contains the following paragraph:
It is important that an Administration, in considering the suitability of a high-speed craft
under this Code, should apply all sections of the Code because non-compliance with any part
of the Code could result in an imbalance which would adversely affect the safety of the craft,
passengers and crew….
Authorities applying the HSC Code have been very reluctant to apply a graded approach in the light
of such an all-encompassing motherhood statement. The reference group acknowledged the IMO
approach might be appropriate where the differences between conventional ships and HSC under
SOLAS were so marked. However in the smaller domestic vessel industry, the physical differences
between fast craft and conventional vessels were in some cases non-existent. The all-or-nothing
approach created an artificial barrier that could not be justified by the changes in exposure to risk as
one crossed the fast craft speed threshold.
The Risk Workshop’s recommendation that an incrementalist approach be applied meant that the
standards for Category F2 would bridge the gap between the requirements for conventional vessels
under the NSCV and the full application of the HSC Code that is required for Category F1 (Figure 4).
In doing this the recommendation essentially set two important benchmarks for determining
acceptable risk. On one side there are the conventional vessel NSCV standards that are deemed to be
sufficient to control risk on conventional vessels. On the other side there are the HSC Code standards
which are deemed to be sufficient to control risks on large seagoing fast craft.
Using this approach, a vessel just below the Category F1 threshold (Vessel A in Figure 4) in would be
subject to most of the HSC Code requirements. A vessel just over the conventional threshold (Vessel
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B in Figure 4) would be subject to little more than the conventional requirements.
Another important decision of the Risk Workshop was that the requirements for Category F2 Fast
Craft should be mandatory regardless of the vessel’s configuration. This contrasts with SOLAS where
the HSC Code is an optional alternative to compliance with SOLAS. The reason for mandatory
application was because many of the issues that are speed related will apply to a vessel whether it is a
full scantling steel ferry capable of high speed or a light high speed aluminium catamaran.

A

Coverage of
standard
B

Category F1
Conventional
vessel
standards
NSCV Pt C-E

Category F2

HSC Code
standards

Increasing risk arising from speed
Figure 4: Schematic illustration of the proposed graded
approach to standards for fast craft

8. Developing the draft for public comment
The draft for public comment was developed by a reference group comprising both industry and
government participants. The reference group decided that the draft would be formulated starting with
the conventional standards in the NSCV and working up, rather than starting from the HSC Code and
working down.
The standard was to specify requirements for fast craft that were additional to or modified those of the
conventional vessel standards, unlike the HSC Code which replaces the requirements for conventional
vessels.
The structure adopted for the draft is as follows—.
- Chapter 1 Preliminary
- Chapter 2 Required outcomes
- Chapter 3 Deemed-to-satisfy solutions—Design and Construction
- Chapter 4 Deemed-to-satisfy solutions—Crewing and Competencies
- Chapter 5 Deemed-to-satisfy solutions—Operational Requirements
Chapter 1 specifies the scope, application and objective of the standard. It also contains definitions
and referenced documents and explains the application of key parameters.
Chapter 2 specifies required outcomes. These were based on the required outcomes that were reverseengineered from the HSC Code, but with modifications to keep the standard within the specified
scope. For example, the reference group determined that the fire safety provisions in the HSC Code
were not applicable to the Fast Craft standard because the risks of fire were not significantly affected
by increased speed relative to the risks associated with conventional vessels under the NSCV. For
details of the structure of the NSCV including an explanation of required outcomes, deemed-to-satisfy
solutions and equivalent solutions, refer to NSCV Part B (2005).
Chapters 3, 4 and 5 specify deemed-to-satisfy solutions that align with the structure of the NSCV
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Parts and Sections for conventional vessels.
Chapter 3 has provisions for
- Operational performance
- Arrangement, accommodation and personal safety
- Watertight and weathertight integrity
- Construction
- Engineering
- Stability and subdivision
- Equipment
- Provision of essential safety equipment
Chapter 4 specifies fast craft competencies, training and assessment methods.
Chapter 5 requires fast craft to be suitable for operation in the particular locality, and provides for a
safety management system and route operational manual.
Individual required outcomes and their corresponding deemed-to-satisfy solutions were assessed to
identify the key factors that determine the magnitude of risk, both in terms of likelihood and
consequence. Given that a fast craft requirement does not apply to a vessel below the fast craft
threshold, and that for a Category F1 fast craft, the full HSC Code requirement does apply, these were
used as the benchmarks for grading individual provisions by varying the key factors. One or more of
the key risk parameters identified by the Risk Workshop were frequently found to be amongst the key
factors that were used to grade the application of provisions.
Table 3: Damaged Stability
No of passengers

Operational area
A

B

C

D

E

36 passengers

Maximum
20%
longitudinal

NSCV
Subsection 6C

NSCV
Subsection 6C

NSCV
Subsection 6C

NSCV
Subsection 6C

> 36 passengers
and
< 150 passengers

Maximum
20%
longitudinal

Maximum
20%
longitudinal

NSCV
Subsection 6C

NSCV
Subsection 6C

NSCV
Subsection 6C

150 passengers
and
< 450 passengers

HSC Code

Maximum
20%
longitudinal

Maximum
20%
longitudinal

Maximum
20%
longitudinal

NSCV
Subsection 6C

> 450 passengers

HSC Code

HSC Code

HSC Code

Maximum
20%
longitudinal

Maximum
20%
longitudinal

KEY:
Maximum 20% longitudinal means that the craft shall comply with the HSC Code criteria for
buoyancy and stability in the displacement mode following damage, but assuming a maximum
required raking longitudinal extent of damage 20% of the measured length.
NSCV Subsection 6C means that the damaged stability shall comply with the requirements for the
equivalent vessel operating at conventional speeds specified by Part C Subsection 6C of the NSCV.
HSC Code means that the craft shall comply with the HSC Code criteria for buoyancy and stability
in the displacement mode following damage assuming the extent of damaged specified in the HSC
Code.

Table 3 illustrates how the incrementalist approach recommended by the Workshop was used to
develop a graded set of deemed-to-satisfy solutions for damaged stability criteria. A matrix approach
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was applied along lines similar to those adopted by Det Norske Veritas in their High Speed and Light
Craft Rules for the application of those rules to domestic vessels.
The solutions are customized to take into account the magnitude of risks relative to conventional
vessels and vessels under the HSC Code 2000 and vary according to the key risk parameters. Three
grades are specified: Conventional requirements; HSC Code requirements and an intermediate level.
The key risk parameters are craft operational area and number of passengers. Damaged stability
criteria and extent of damage continue to be issues of controversy within the HSC Code. So how is the
issue approached in the fast craft standard? As a starting point, the reference group considered the
safety of equivalent conventional vessels. The current requirement for conventional vessels under the
USL Code provides only for a one compartment standard of subdivision for vessels less than 70
metres in length. So the probability of a conventional vessel remaining afloat after grounding or
collision is far from certain. The probability of survival would probably lie between 60% and 90%. As
the speed of a vessel increases the energy also increases. Couple this with the lighter scantlings of the
craft, the lightweight materials used and the increased likelihood of incident because of the reduced
time for operational responses and it is clear that the likelihood and consequences of damage are
likely to increase with speed. However, that does not mean that the vessel has to be almost
‘unsinkable’ to achieve safety similar to that of a conventional vessel.
In considering the best approach to deal with the risks of collision and grounding, the following
aspects need to be taken into account:
- The NSCV specifies minimum required standards. These standards are not intended to be
standards that provide acceptable safety in every circumstance Flapan, M.P. (2003)
- The damaged stability requirements for conventional vessels do not guarantee safety in the event
of a collision, contact, grounding or stranding.
- In the hierarchy of risk control measures, those measures that avoid hazards are generally
preferable to measures that mitigate consequences.
- The MCA study acknowledged that a large proportion of the equivalent fatalities attributed to
collision, contact, grounding and stranding were due to inertial effects rather than stability and
buoyancy issues. These consequences are not adequately addressed by damaged stability criteria.
- The Fast Craft standard provides for a defense-in-depth approach whereby a series of risk
avoidance and risk mitigation measures are applied that together act to provide acceptable levels
of risk.
- A balance needs to be struck between risk avoidance and risk mitigation measures to achieve
safety outcomes in a cost effective manner. Excessive reliance on damaged stability to control
risks may not be the most cost effective approach to controlling risk.
NOTE: Each additional kilogram in weight carries a penalty of the weight of hull to support it and the machinery and
fuel to drive it. A penalty of higher fuel consumption continues for the entire life of the craft.

The key risk parameters of operational area and number of passengers provide a measure of the likely
consequences in the event of an incident. Operational area determines the likely availability of
sufficient rescue services and their response time. Passenger numbers provides a measure of the time
for evacuation and the demands on the capacity of rescue services with particular emphasis on the
number of persons that may have been injured through inertial effects.
Thus, for craft with risk levels similar to those of current conventional craft, the conventional NSCV
requirements apply. For relatively high risk vessels, the full HSC Code requirements apply. For craft
having a magnitude of risk somewhere between the two extremes, the modified HSC Code
requirements apply.
By means of the key risk parameter matrix, a more graded approach is achieved. The approach has
already been applied to the new fire safety standards of the NSCV.

9. The important contribution of public comment and stakeholder review
The draft standard was made available for public comment from January to June 2006. Submissions
were received from a wide range of stakeholders including designers, builders, operators, owners and
marine authorities.
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A reference group comprising stakeholders was convened to review the public comment. The
reference group recommended significant changes to the public comment draft FCRG (2006). The
following list some of the more substantive modifications.
1. The application clauses were modified to avoid the loophole where a dummy fully laden condition
would be employed to avoid application of the fast craft standard.
2. The application clauses were modified to allow craft to be limited to operational speeds less than 25
knots by physical or operational controls so that the fast craft requirements would not apply to the
craft when operating in accordance with these controls. This allows a vessel to operate as a fast craft
under certain circumstances and as a conventional vessel under other circumstances. It also provides
for a take home option in the event of equipment failure or other misadventure.
3. The safety aspects of ride control systems (where fitted) are to be added to the scope of the Failure
Mode and Effect Analysis (FMEA) to ascertain whether there were specific risks associated with such
equipment that need to be controlled.
4. The criteria for application of the various Design Levels of Accommodation have been changed
from the design collision acceleration to a combination of vessel length and speed. The reference
group noted that inertial hazards are largely influenced by kinetic energy of the body as it contacts
solid objects. This was not taken into account by the collision acceleration methodology. Also, from
the point of view of the vessel operator, accommodation design is as much influenced by the need to
limit injuries from operational horizontal accelerations. While the consequences from operational
acceleration injuries are unlikely to be catastrophic, they could easily lead to major injuries and would
therefore be classed as hazardous. Relatively frequent exposure levels to risks that are hazardous are
also considered to be unacceptable risks. The reference group took into account the seating and
features of accommodation applied to other forms of transport such as buses and trains. The standard
now specifies that a modified Design Level 2 is the minimum deemed-to-satisfy solution for craft that
have both a length less than 35 metres and speed of 35 knots or more. All other Category F2 fast craft
are required to apply a modified Design Level 1. A note has been added to remind the designer of
broader safety obligations that apply that are specified elsewhere in the NSCV NSCV Part A (2005).
Annex A to the the Category F2 fast craft standard provides guidance on relevant design and
operational responses to horizontal operating accelerations and collision accelerations.
5. The difference between back-up directional control and emergency directional control was
clarified. The former was a system that allowed control of the craft to be regained after a failure in
directional control while the craft was operating at speed. Emergency directional control on the other
hand was a system designed to take the craft home after a steering failure and frequently could not be
engaged quickly enough to be of any benefit in avoiding an incident due to an instantaneous loss of
control.
6. The reference group recommended that FMEA be applied to all Category F2 fast craft. FMEA was
an important step in verifying the safety of all systems. The cost of undertaking FMEA should be
commensurate with the complexity of the craft and the cost of the systems. The reference group also
noted that FMEA provides inputs that are essential for establishing and documenting a Safety
Management System (SMS). An example of FMEA was added to the standard as Annex C in
accordance with the recommendations of the reference group.
7. Stability criteria in the non-displacement mode for fast craft that are neither hydrofoils nor ACVs
were reduced to just the turning criteria.
8. Significant modifications were made to the requirements for navigation and collision avoidance
equipment. These mainly involved changing the threshold values of key risk parameters. The changes
applied to AIS and VDR. Instead of VDR on certain lower risk fast craft, a data logger has been
substituted. The latter will record similar vital information without having to survive the worst case
scenarios of fire or sinking. A specification for a data logger has been added in Annex D of the
standard.
9. The requirement for night vision equipment was eliminated from the standard on the basis that it
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would have needed an additional trained crewmember to use it. Use of such equipment by the
helmsman would be a distraction and would interfere with night vision.
10. The requirements for crew competencies were altered from a combination of generic and craft
specific to craft specific. This enabled the competencies to be delivered by the operator within a
program of type rating. A training needs analysis was added to the standard to avoid duplication of
already existing competencies.
11. Proposed adoption of the ISM Code for higher risk fast craft was replaced by the requirement to
apply NSCV Part E (2005) to all fast craft. It was agreed that the benefits of applying ISM did not
warrant the additional cost relative to applying Part E for this class of vessel.

10. What price for safety?
The NMSC is required to prepare a Regulatory Impact Statement (RIS) to accompany a new standard
for approval by the Australian Transport Council. The RIS provides a tool to assist decision-making
by systematically and consistently examining the potential impacts that may arise from the standard
and communicating this information to decision-makers. It helps provide government with an
assurance that the proposals have been subject to proper analysis and scrutiny as to their necessity,
efficiency, and net impact on community welfare.
The RIS for the Category F2 fast craft standard NMSC RIS (2006) was prepared with the assistance of
a consultant economist. It incorporates in more depth many of the matters presented in this paper and
includes an assessment of costs and benefits of the standard. A draft RIS accompanied the draft
standard as a part of the public comment phase. The draft RIS indicated that the overall cost/benefit of
the proposals in the draft standard might be marginal.
The RIS was subsequently updated to take into account the changes that arose after public comment.
The final RIS indicates that the revision of the Category F2 fast craft standard achieved significant
reductions in the cost of the proposal amounting to 47%. The NMSC believes that this reduction in
cost has been achieved with minimal change in safety outcomes by applying risk management
principles to a graded approach.
The RIS concluded that:
“The total quantified costs represent an average of about $2,850 per year for each
Category F2 Fast Craft. The costs to some craft will be significantly higher or lower than the average
because the proposal is risk based; the higher the risks the higher the costs. ….. The up front cost per
craft varies from $11,000 for a small monohull (Craft 6) to $314,000 for a large catamaran operating in
Operational Area C (Craft 5). The proposals will mean an increase in the cost of constructing fast craft
ranging from 1.8 per cent for a medium sized monohull (Craft 1) to 4.8 per cent for the large catamaran
(Craft 5). When spread over the 20 year life of a craft, the largest increase represents about $25,000 per
year.”

11. Tools for applying the standard
While a more risk-based approach has the potential to provide better and more efficient safety
solutions, it also tends to make a standard more difficult to apply. The risk model behind the standard
takes into account many risk factors in determining requirements, as would a competent surveyor in
applying discretion as to the application of requirements. Inevitably this increases the complexity of
the provisions. Concerns have been raised that there might be a ‘glass ceiling’ beyond which users
might not be prepared to accept complexity, notwithstanding the benefits.
The NMSC is addressing the matter by creating Standards Assistants that help the user apply a
standard. The Standards Assistant is a computer based tool that asks the user a series of questions.
Based on the answers, it generates what is effectively a customized table of contents of the standard
for the particular vessel. Time is saved by not having to read through and interpret clauses to find that
they don’t apply. The Standards Assistant also does any calculations that are applicable and applies
the risk parameters to provisions where a risk matrix is used so that the correct outcome is identified.
The Standards Assistant is intended to be used in conjunction with the standard. It does not replace
the standard.
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The Fast Craft Standards Assistant was developed as part of the drafting process. It provided a test for
the logic of the standard by requiring that the provisions be converted into the mathematical
algorithms of the spreadsheet. It also enabled the drafting group to test the application of the standard
on a number of actual vessels. The Standards Assistant was released with the public comment draft
standard to allow stakeholders to quickly determine the impact of the proposals on their own
operations, encouraging and improving public submissions.

Figure 5: Screen view of Fast Craft Standards Assistant

12. Conclusions
The success or otherwise of this new standard for Fast Craft is yet to be realized. The NMSC has
attempted to strike a balance between the many conflicting needs of stakeholders to produce
requirements that can be consistently and uniformly applied by the various governments without the
need for undue interpretation and discretionary application. A standard that aims at too high a level of
safety will invariably be undermined by discretionary application. A standard that specifies standards
below community expectation will be found wanting should incidents occur. Only time will determine
how well this standard will perform. However, there has already been some positive feedback. A
recent application of the draft standard by a jurisdiction to review the special needs of thrill-ride
vessels at a policy level has indicated the potential of the final standard in determining safety
solutions that are both practical and effective for this type of craft Lugg, D. (2006).
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Abstract
The Earthrace project intends to race a composite race boat around the world breaking current
powerboat speed record, while being driven by bio-diesel. The unconventional wave-piercing
trimaran combined with the expected unconventional loading required a tailored approach based on
advanced analyses. The sponson link between the outriggers and the central hull was investigated by
Finite Element analyses as the weakest structural link. Advanced computational fluid dynamics gave
insight into the seakeeping performance and supported load assumptions for the structural analysis.
1. Introduction
The Earthrace project challenges to break the world record for circumnavigating the globe in a
powerboat, while using only renewable fuels. The program foresees an 18-month tour calling at 60
major cities around the world, promoting fuels like bio-diesel and raising awareness about sustainable
use of resources. Circumnavigating the globe represents the pinnacle of powerboat challenges. At
24000 nautical miles, this is the world's longest race. The current record of 75 days was set by the
British boat ‘Cable & Wireless’ in 1998. The Earthrace aims to break this record by completing the
voyage in less than 65 days. This is the first attempt in history to break an official UIM (Union
Internationale Motonautique www.uimpowerboating.com) Powerboat record using renewable fuel.

Figure 1: Intended route around the world
The Earthrace shall demonstrate that a high-profile powerboat can be “green”. It is a showcase of
environmentally friendly technologies such as low-emission engines, non-toxic antifouling, efficient
hull design and solar powered electronics. It also features an acclaimed stylish design that is bound to
attract attention, Figure 2.

101

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Figure 2: Stylish design of the Earthrace
Wave piercing technology was originally formulated for passenger ferry applications, with subsequent
applications to military craft, e.g. Bertram and Seif (2004). Wave-piercers have a very fine bow with
minimal reserve buoyancy in the forward portions of the hull to minimise vertical motions. When a
wave is encountered, the hull pierces through the water rather than riding over the top. The result is a
significantly smoother ride than traditional deep-V designs, minimizing stress on the vessel as well as
the crew. Craig Loomes Design Group (CLD www.cld.co.nz ) from Auckland /NZ have specifically
designed this wave-piercing trimaran for high speed in severe sea states. At times, the boat will dive
right through waves, which imposes a different array of loads compared with conventional vessels.
There is no marine standard defining design parameters for such unconventional shapes and
unconventional load scenarios.
While the specialists at Classification Societies (like Germanischer Lloyd) are by now familiar with
composite materials for high-performance craft, it was a challenge to predict this wave piercer´s
motions in waves and the accompanied loading scenarios on the hull. A comprehensive hydrodynamic
simulation based on computational fluid dynamics (CFD) pushed the limits of the state of the art of
seakeeping analyses. These simulations yielded valuable insight to the boat’s seakeeping behaviour
and provided pressure distributions on the hull, supporting the load assumptions for the structural
analyses. Finite element analysis (FEA) verified that the expected strains in worst-case load scenarios
would remain acceptable. The analyses are described in more detail in the following sections.
2. CFD Simulations
2.1. Introduction
The standard tool for seakeeping analyses is the linear strip method, Bertram (2000). However,
standard strip methods cannot account for trimaran geometries and the strongly nonlinear phenomena
involved in a boat like the Earthrace. In fact, none of the usually employed boundary element methods
(Green function methods, Rankine singularity methods) can handle breaking waves and water on deck.
Therefore, the tool of choice is a field method with a surface-capturing technique. These methods have
evolved over the past decade to a point where experts can apply them to practical applications as
demonstrated here.
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2.2. Code and model employed
We employed the commercial CFD code Comet of CD-Adapco for our analyses. Comet is based on a
finite-volume method and allows unstructured grids with cell-wise refinements. The equations for
conservation of mass and momentum are solved in integral form using a second-order discretization in
space, a first-order Euler implicit method for time discretization, and a segregated solution algorithm
based on the SIMPLE method. The Reynolds stresses (due to turbulent fluctuations) were modeled
using the RNG turbulence model.
The free-surface flow is modeled as two-phase flows computing both air and water flows
simultaneously. The interface between water and air is determined in a surface capturing method. We
define a scalar function C (0≤C≤1) which describes the volume percentage of water in each cell. C=1
for cells filled completely with water, C=0 for cells filled completely with air. This scalar function
allows us to model the two phases in our flow as one effective fluid with locally weighted material
properties (viscosity µeff, νeff ):
µeff = C µwater + (1-C) µair
νeff = C νwater + (1-C) νair
In addition to the RANSE and the turbulence transport equations, we solve one more convective
transport equation to capture the convection of the water-air interface defined by C=0.5. For the freesurface problems, the specially constructed high-resolution interface capturing (HRIC) scheme keeps
the transition region from C=0 to C=1 relatively narrow and allows thus a quite sharp resolution of the
water-air interface. The approach has been proven very successful in various free-surface marine
flows, Bertram et al. (2003).
The waves are created in the RANSE model imposing the velocities of a Stokes wave at the inlet. At
the outlet, hydrostatic pressure is imposed. This combination of inlet and outlet conditions has been
successfully applied by several people in the marine CFD community and is by now considered a
state-of-the-art approach to generate and dissipate waves in the numerical wave tank using a code like
Comet.
The solution of the RANSE equations as fundamental flow equations and the nonlinear equations
describing the six degree-of-freedom motions of the ship are implicitly coupled.
The CFD models had between two and three million cells, depending on the wave length and wave
height considered. One case (combination of speed, wave height, wave angle of encounter, and wave
length) took typically 30 hours on a computer cluster consisting of 6 parallel processors.
2.3. Results
The computations covered angles of encounters between incident wave and ship of 180° (head waves),
120° (quartering head waves) and 0° (following waves) and a speed of 25 knots. Figure 3 shows
snapshots of different time instants during a simulation. The pictures give an impression of the strong
nonlinearities with massive water on deck at times. The simulations proved to be very robust despite
these strong nonlinearities.
The simulations gave insight into the motion behaviour of the boat as it pierces through waves, but the
CFD simulations provide a lot more quantative information. The most important such information
were the time-dependent pressure distributions on boat for all cases considered, e.g. Figure 4. These
pressures can be integrated to forces and moments (or partially integrated to sectional forces and
moments). They were used to validate and adjust the load assumptions for the structural analyses.
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Figure 3: Snapshots from a full cycle of CFD Computations with boat powering in quartering head
waves

Figure 4: Pressure distributions on hull determined by CFD
3. Structural analysis
3.1. Introduction
The evaluation was carried out in accordance with GL High Speed Craft Rules, Ed. 2002, and
incorporating modifications. The main particulars (L, B, CB, displacement, etc.) used for the
calculations were the ones for the entire craft. Standard craft types within the rules are characterised
by certain factors having influence on the design basic parameter. At the same time, factors
incorporate the definition of operation, i.e. a passenger vessel’s acg (the vertical design acceleration at
the longitudinal center of gravity LCG) may be limited to 1g, where a rescue boat’s acg may exceed
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even 2.5g. This craft might be characterised as a pilot or a rescue boat from the operational point of
view, because it will race. However, acg´s assumed typically for rescue boats might be inappropriately
high in view of the Earthrace’s special super-slender wave-piercing configuration. Instead of
categorising the craft, an intermediate acg value was chosen as a basic parameter to characterise vessel
and intended operation. Due to the craft’s expected lower response on waves, sea pressures will be
higher, especially on what is called ‘deck’.
The sponson design pressures were calculated with identical global main particulars as the central hull,
because the sponsons are fixed to the central hull and follow its seakeeping behaviour. No
modification was made to the calculation of slamming pressures on main hull bottom. For calculating
the sponson bottom impact pressures, the sponson was considered as being located at its actual
position between 0 and 0.4L of the main hull. Thus, the slamming pressures are identical with the ones
from the main hull at the same longitudinal coordinate, except for different local deadrise. Due to the
craft’s wave-piercing ability, the sea pressures offered by the rules were considered to be too low.
Both the sea pressure and the minimum value were increased by a factor of 2.0, taking into account
that the craft might pierce through a sea, where the quasi-static pressure head might reach values of 40
kPa on the bow (instead of 20 kPa). The weather deck was considered to be subjected to similar
pressures as the side shell. For deck or superstructure elements inclined versus the weather deck (like
the pilot house windows) the standard rules approach obviously resulted in too low values. We then
assumed the same load on the pilot house as calculated for the weather deck, but with an offset due to
its inclination (factor=1+sin α). For certain areas of the weather deck (like back walls and sheltered
areas like the funnel wing sides), the original rules approach was kept with its associated lower loads.
Table I: Global load cases
1 Displacement of sponson totally submerged
Sponson weight
Buoyancy force totally submerged
2 Displ. of sponson forward of section 3
Sponson weight
Buoyancy lever forward of section 3
Vertical buoyancy force forward of section 3
Vertical bending moment forward of section 3
3 Mean impact pressure on bottom
Reduction factor for simultaneous load
Impact pressure area
Total impact force on bottom
4 Impact pressure area forward of section 3
Mean impact pressure
Reduction factor for simultaneous load
Lever forw. of section 3
Vertical force forward of section 3
Vertical bending moment forward of section 3
5 Side area
Side sea pressure (mean)
Reduction factor for simultaneous load
Total side force for pressure only on one side
Vertical levers vs. spar exit
Transverse bending on spar at exit
6 Section area of main section
Drag coefficient for forward motion
Speed
Drag force totally submerged
Lever vs spar at exit
Vertical bending moment at spar

6 m3
1000 kg
49 kN
3 m3
1000 kg
2m
20 kN
39 kNm
40 kPa
0.5
5.9 m2
118 kN
2.6 m2
40 kPa
0.6
2m
62 kN
125 kNm
13 m2
35 kPa
0.5
182 kN
0.75 m
137 kNm
1 m2
0.05
40 kn
41 kN
0.75 m
31 kNm

7

Side area forw of section 3
Mean side pressure
Reduction factor for simultaneous load
Lever of area on section 3
Vertical lever vs spar exit
Side force
Transverse bending moment forw section 3
Torsional moment on spar
8 Side area forw of section 2
Mean side pressure
Reduction factor for simultaneous load
Lever of area on section 2
Side force
Transverse bending moment forw section 2
9 Side area aft of section 3
Mean side pressure
Reduction factor for simultaneous load
Lever of area on section 3
Side force
Transverse bending moment aft section 3
10 Side area aft of section 4
Mean side pressure
Reduction factor for simultaneous load
Lever of area on section 3
Side force
Transverse bending moment aft section 3
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5.7 m2
40 kPa
0.5
2m
0.75m
114 kN
86 kNm
228 kNm
2.6 m2
35 kPa
0.6
1m
55 kN
55 kNm
5 m2
35 kPa
0.6
2m
105 kN
210 kNm
3 m2
35 kPa
0.6
1m
63 kN
63 kNm
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The pressures found by CFD analysis in general confirmed the assumptions made during the analytical
approach. In some locations they show higher values, though very limited in effective area. The result
is that the values derived through the analytical approach could serve as a basis to reliably assess the
structural elements. The sponson arm is a critical structural link between the central hull and the
outriggers. Due to its geometrical complexity and unusual loading, a detailed finite element analysis
was performed to ensure that the design would have sufficient strength.
3.2. Code and model employed
The FEA was performed with ANSYS. The model’s geometry was given by CLD. The model was
built of shell elements with orthotropic properties. For simplicity, the shell elements were not layered
elements, i.e. thus the elastic properties were constant over the total thickness. This simplification has
to be kept in mind when interpreting the FEA results, because the actual laminate plan provides 90°
layers positioned in the outer regions, making it stiffer in transverse direction than in the FEA model.
For simplification, the sponsons and the centre hull were not modelled. This made some adjustments
to the arm necessary. Some internal bulkheads with appropriate properties were “fitted” to emulate the
connection points to the sponson and to the centre hull in an appropriate manner. An FEA model with
35000 elements was considered sufficiently fine to capture the local effects of interest.
In advance, a set of conservative loading scenarios was worked out analytically. Ten load cases were
generated, representing worst-case scenarios, Table I. These loads were mainly forces and moments
generated by hydrodynamic and hydrostatic forces or pressures acting on the sponson. The forces were
applied directly on the circumference of the lower outer end of the sponson arm. Bending and torsion
moments were applied as force couples accordingly. The CFD analysis determined also sectional
forces and moments at the outer sponson arm end. These supported and/or amended the assumptions
made for the analytical approaches.
3.3. Results
The goal was to determine the elastic strain distribution in the sponson arm. The chosen shell elements
can carry membrane and bending loads. They allow thus to evaluate stresses and strains at the inner
surface and the outer surface. We preferred to evaluate elastic strains rather than stresses in our
assessment of the structural integrity. Strains are linearly distributed over the thickness of the
composite material. Thus maximum values appear at the outer or inner surface. Stresses on the other
hand depend on the laminate ply orientation, which changes across the laminate. The evaluation of
outer and inner surface strains at specific locations allows to assess whether membrane or bending
loads dominate at these locations, which in turn identifies the structural behaviour. Figure 5 shows the
strain for the first load case. Axial strains are axial along the tubular centreline, tangential strains
perpendicular to the axial strains. Shear strains are in-plane of the surface. Most load cases yielded
very low strains and therefore only the axial strains are shown. The “stepped” contour of the axial
strains is due to the chosen local co-ordinate systems, which are not always parallel to the tube’s axis.
In summary, the structural analysis concluded that the sponson arm in general is loaded to a degree
that will make a safe operation possible under the loads defined. The structural analysis guided a
modification of the laminate to reduce the expected strains even further.
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Figure 5: Load case 1; axial strain on outer surface (left) and inner surface (right)
4. Conclusion and future
CFD and FEA simulations provided valuable guidance in the detailed design of the Earthrace. The
technology used for the first time for this unconventional craft has been applied subsequently to
various “conventional” ships like very large containerships or megayachts.
Table II: Earthrace main particulars
Length
Beam
Draft
Range
Speed

24 m
7m
1.3 m
6000 km
45 knots

Fuel
Displacement
Material
Crew
Engines

B100 Bio-Diesel
10 t
Carbon, Kevlar composites
4
2 * 350 kW

The Earthrace was built and launched in February 2006 by Calibre Boats in New Zealand, Figure 6.
All construction activities were monitored by Germanischer Lloyd. Table II gives the main particulars
of the boat. Sea trials started in April 2006, Figure 7. Then the world tour started. At the time of the
writing of this article, the Earthrace was near the end of its world tour, planning to start the actual race
in September/October, Figure 8. Visit the project website for further details: www.earthrace.net

Figure 6: Earthrace trimaran ready to sail
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Figure 7: Sea trials

Figure 8: Earthrace during the world tour
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International Safety Standards For High-Performance Marine Vehicles The DSC Code, HSC Codes and the WIG Craft Guidelines
Rob Gehling, Marine Standards, Australian Maritime Safety Authority, Canberra,
rob.gehling@amsa.gov.au
Abstract
International acceptance of high-performance marine vehicles for commercial operations has been
facilitated by the International Maritime Organization’s development of a series of safety standards
for such craft, commencing with the Code of Safety for Dynamically Supported Craft of 1977 and
continuing to the present day. The author, as Australian delegate, has led many of the IMO working
and correspondence groups that have carried out much of this work, and been closely associated with
the remainder.
The paper provides an overview of this series of standards, including notable features of their
development. It covers up to and including the 2006 amendments to the 2000 High-Speed Craft Code
for relatively conventional high-speed vessels and the WIG Craft Interim Guidelines and the
associated principles and recommendations for operating personnel of such high-speed craft of the
future.
1. Introduction
Since the international statutory safety requirements for ships are framed around the design,
construction and operation of conventional ships, it is difficult to design and build a high-performance
marine vehicle in accordance with those requirements.
According to available documents, the genesis of work by the International Maritime Organization
(IMO, renamed from the Inter-Governmental Maritime Consultative Organization (IMCO) in 1982) in
developing specific requirements for high performance vessels was its adoption of a recommendation
on lifesaving appliances (LSA)1, in association with which the Maritime Safety Committee (MSC)
decided to examine the relevant general safety requirements for air cushion vehicles2 (ACVs).
Consultations with the International Civil Aviation Organization (ICAO) revealed that a new
definition of “aircraft” adopted by ICAO did not include ACVs.
At the same session as it adopted the LSA recommendation, IMO adopted the “features of a novel
kind” clause3, which never entered force as an amendment to chapter I of the SOLAS’60 Convention4
but which continues today as a provision of SOLAS’745.
The first outcome of the examination of general safety requirements for ACVs was a notification6
that, according to proposed United Kingdom legislation to be implemented in relation to the entry into
service of the Mountbatten class of hovercraft (250 passengers, 30 cars) in late 1968, it would be
inappropriate to apply either marine or aeronautical standards of safety to hovercraft which should be
considered in their own right as regards safety, jurisdiction and so on. This position contradicted that
of ICAO.
The United States7 pointed out that in their view a special category of ‘hovercraft’ was not called for
and that “special regulations for the special characteristics of hovercraft and other unique craft”
should be developed on the basis of SOLAS’60. In support of such a regulatory approach, they
provided the following non-exhaustive list of ‘possible concepts and combinations of concepts which
may be employed in marine transportation’, each of which could be propelled by water or air
screw/jet:
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(a)
(b)
(c)
(d)
(e)
(f)
(g)
(h)
(i)
(j)
(k)
(l)
(m)
(n)
(o)

Air lubricated hull
Air foil hull
Planing hull
Hull with surface skids
Semi-hydrofoil
Surface-piercing hydrofoil
Submerged hydrofoil
Captured air bubble craft
Sidewall hull
Hydrofoil and air cushion
Air cushion with flexible skirt
Combination – sidewall with flexible skirt
Ram wing
Cylinder vehicle
Surface effect ship

On the basis of this submission, MSC 188 in October 1968 requested its Sub-Committees to consider
the extent to which “novel types of craft” should comply with the requirements of chapter II of
SOLAS’60 and other relevant statutory provisions. As the basis of this work, the IMCO Secretariat
prepared a summary of conclusions reached in relation to LSA, radio-communications and
navigational safety in relation to these “novel” types of craft9.
With some changes in terminology along the way and with the possible exception of catamaran and
trimaran types from the above list, most of the above-listed concepts have subsequently been pursued
and facilitated in the international regulatory framework. In fact it is remarkable how closely the
technological and regulatory future for high performance vessels, as laid out by the United States, has
now been realized.
This paper is intended to lay out how this realization has come about and, in doing so, provide some
guidance to researchers, designers and builders as to the features and constraints of statutory
certification regimes that are available now and those that might become available in the future, so as
to facilitiate the entry into commercial service of new types and designs of high-performance marine
vehicles. In order to keep the number of threads of this narrative to a manageable level, no attempt
has been made to cover those aspects that are outside the broad picture and not directly related to
basic ship design and construction.
2. The Code of Safety for Dynamically Supported Craft (DSC Code)
Following the above-mentioned outcome of MSC 18, the third session of IMCO’s Ship Design and
Equipment (DE) Sub-Committee commenced work in April 1969 on a new agenda item “Safety of
ACVs, hydrofoil boats and similar types of craft”. Given that the first two sessions of that SubCommittee had been taken up with pollution-related issues, it can be seen that DE has been working
on standards for these craft almost since its inception.
The first contribution towards detailed consideration of the matter was a submission by the United
Kingdom10 which stated that, from their experience with various types and sizes of hovercraft, these
craft “cannot be expected to comply with the Load Lines Convention”11 and “can comply with a
certain number of the rules of SOLAS, but ….. not all of them”. It goes on to refer to the need, from
the perspective of strength/weight ratio, to use aluminium alloys, GRP and other laminates in
preference to steel for the main structure of the craft while achieving the same overall level of safety
as SOLAS.
In commenting on the application of SOLAS’60 regulations to ACVs, the United Kingdom12
contended that while the Convention’s philosophy “is acceptable” it would be better to formulate new
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requirements designed to achieve an equivalent level of safety to that represented by SOLAS
requirements. It put forward a list of relevant issues of interest to the DE Sub-Committee that are not
necessarily covered by SOLAS, including controllability, manoeuvrability, deceleration, envelopes of
worst intended and emergency environmental conditions, anchoring/mooring/towing, collision
accelerations, system safety and reliability, crew/passenger/cargo accommodation and evacuation.
The submission suggested that the fitting of a double bottom was not considered necessary for ACVs,
while the Soviet Union13 declared that this SOLAS regulation could not be applied to hydrofoil
vessels. Canada14 made a number of comments in relation to machinery and electrical installations,
perhaps the most interesting of which was to propose that the SOLAS regulation forbidding
installation of emergency source of power, emergency fire pumps, bottles of fire extinguishing gas
and so on forward of the collision bulkhead was inapplicable to ACVs, as these vessels “do not
generally have a defined collision bulkhead”.
In approving recommendations for fire safety of ACVs15 and radiocommunications for novel types of
craft, the latter being subsequently adopted by the IMCO Assembly16, MSC 22 in October 1970
flagged its intention that these recommendations would in due course become part of a composite
document that would include measures on other safety aspects of such craft.
The task of starting development of the composite document fell to the seventh session of DE, held in
September 1971. A first step in this task was the development of a central safety philosophy “to
ensure an appropriate standard of safety for persons carried in all these high-speed, high passengerdensity craft.” This work, which was commenced at an inter-sessional group meeting in February
1972, was based on the Secretariat’s compilation of existing IMCO instruments17, supplemented by
extensive submissions by Canada, France, the Soviet Union and the United Kingdom and of relevant
Rules issued by two major international classification societies.
In view of the predominance of catamaran craft in commercial service over recent years, it is
noteworthy that when considering the outcome of this meeting at its eighth session in June 1972, DE
considered that “twin hull vessels, being displacement craft, were not sufficiently similar to ACVs
and hydrofoil boats to justify their consideration by the Group which was instructed to confine itself
to matters concerning these latter two types of craft.” Notwithstanding this decision, the SubCommittee report refers to the group as the “ad hoc group on novel craft”.
The group subsequently progressed the draft requirements over several years through meetings in the
United Kingdom, Canada, the Soviet Union, Italy and Germany. It would clearly be impractical to
document any significant number of the decisions made at these meetings in a paper of this length, so
only those relating to the application of the resulting IMCO instrument as applied to today’s highperformance marine vehicles are mentioned below.
Notwithstanding the above-mentioned outcome of DE VIII, by the time of the group’s third meeting
in April 1973, the title of the relevant agenda item had become “Code of Safe Practice for Novel
Craft”. At its fourth meeting in November 1973, the group agreed to a structure for the Code in
terms of titles of chapters and annexes. It agreed that where possible each chapter should comprise a
general section for all novel craft and sections for specific requirements relating to ACVs, hydrofoil
boats, etc. In particular, the group’s report of this meeting18 mentions covering high-speed
catamarans among “other types of novel craft”.
The first consolidated draft text of the Code was produced by the sixth meeting of the group in
November 1974 as Annex III of its report19, but the DE Sub-Committee considered20 that a further
group meeting would be necessary to finalize the text of the draft Code of Safety for Novel Craft
before passing it to other relevant sub-committees for advice on matters within their purview. In view
of subsequent developments, it is worthwhile to note that the group’s sixth meeting considered that
the Code should apply to twin-hull high-speed displacement craft.
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In forwarding the draft text to the other sub-committees, the fourteenth session of DE drew attention
to the fact that the Code was to be considered “in toto since achievement of an acceptable level of
safety depends on the balance of requirements in different areas”21.
A submission to the sixteenth session of DE was made by the USSR22, pointing out that the word
“novel” is indistinguishable from “new” when translating from English into Russian and proposing
that the term “dynamically supported craft” be used in place of “novel craft”. The name of the Code,
which was finalized at that session in December 1976, was amended accordingly.
Following minor amendments and approval by the MSC at its 36th session in April 1977 and having
been under development for over 10 years, the DSC Code23 was finally adopted by IMCO’s tenth
Assembly in November 1977.
The Code was subsequently amended24, mainly in respect of its interpretation and radio requirements,
in association with the adoption of the 1994 HSC Code.
To bring the life-saving appliance and navigational equipment provisions of the Code into line with
SOLAS amendments intended to apply to all ships, the need for further amendments was flagged by
MSC circular25 issued in 2002. At time of writing, the relevant amendments were scheduled to be
adopted by MSC 82 in November-December 2006. Since the Code is a non-mandatory instrument
those amendments can only have a recommended implementation date, although the MSC circular
had already suggested that the technical requirements be given immediate effect in 2002.
3. Experience with the DSC Code
Despite having been developed largely for hydrofoils and air-cushion vehicles, the DSC Code was
selected by Australian designers and regulators in the late 1970s as an appropriate safety standard for
high-speed catamarans, which may be displacement-type, that were being designed for intra-state
routes such as between the Queensland coast and the Great Barrier Reef. Use of the Code for this
purpose was entirely consistent with the previously outlined discussion on such craft within the IMO
working group during the Code’s development.
From an international perspective, bearing in mind that the Code was stated to apply to craft on
international voyages, its non-mandatory status meant that the Administration of each country entered
by a craft could make up its own mind as to whether or not it accepted Code certification. When
account is taken of the fact that the Code left details of what could be accepted under many items to
the flag Administration’s discretion, there could be no guarantee of recognition for a craft’s
certification unless all port States were satisfied with the craft’s specification and arrangements.
In the late 1980s, when Australian industry started producing large displacement or wave-piercing
type catamarans and sought to have them certificated under the DSC Code, there was still some
dispute as to whether the craft fell within the definition of dynamically-supported craft. Also, port
States into which these craft operated objected to some of the arrangements, so that modifications had
to be made to the satisfaction of all relevant Administrations. While a solution was found, using
SOLAS Exemption Certificates based on compliance with the relevant provisions of the DSC Code
which were spelled out in detail, this was not really in accordance with the original intent of the Code.
4. Review of the DSC Code leading to the 1994 HSC Code
The advent of these large high-speed catamarans resulted in submissions to IMO during 1990 from
the United Kingdom26,27 and Hong Kong28, bringing to attention “the growth in both the number and
size of high speed passenger craft” and “technical developments in dynamically supported craft since
the Code was adopted in 1977” in the context that “serious thought is now being given to the
development of high speed craft up to 100m in length which will be capable of carrying some 900
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passengers plus 100 or more vehicles.” The Hong Kong submission in particular pointed to problems
associated with the non-mandatory nature of the Code. The MSC29 consequently initiated the Code’s
review as a matter of high priority to be co-ordinated by the DE Sub-Committee in co-operation with
the
Communications,
Fire
Protection,
Life-saving/Search/Rescue
and
Stability/Loadlines/Fishingvessels Sub-Committees. Emerging Australian prominence in the design
and construction of these craft prompted the Australian delegation’s active involvement in the review
and in subsequent consideration by IMO of matters relating to high-speed craft. The author was
honoured to have chaired the working groups and convened two correspondence groups established
by DE to progress this review.
Features included in the revised code, which was titled “Code of Safety for High-Speed Craft” almost
from the outset of consideration by DE, were:
• Code must be applied in its entirety and not selectively
• responsibility of the company to implement quality management systems in accordance with
the ISM Code30
• importance of Port States, particularly when assessing the operational aspects of the craft,
reflected by requirement for port States to be consulted in relation to Permit to Operate
• Code should apply to high speed craft of lightweight construction as defined by a volumetric
Froude number
• coverage under the Code should not be an alternative under SOLAS for conventional craft
• DSC Code’s limitations on passenger numbers and areas of operation to be relaxed by safety
requirements for craft as its own best lifeboat
• inclusion of requirement of failure mode and effects analysis (FMEA) in recognition of the
role that such analysis could play in preventing accidents similar to APOLLO JET (Hong
Kong)
• fire protection requirements to be underpinned by minimizing sources of ignition
• retention of evacuation time concept from DSC Code
• protection to be provided for passengers in collision situations taking account of the SEACAT
(Norway) disaster by arrangement of the craft and appropriate seating for craft where high
collision accelerations expected
• special fire test and navigational equipment requirements reflecting the construction and
operational characteristics of these craft
• extent of damage assumed for damage stability to be independent of bulkhead locations and
increased over DSC Code requirements for larger and wider-ranging craft
• requirement for ready rescue facilities on operational route(s)
• provisions for carriage of dangerous goods to parallel those of SOLAS
• ekranoplanes (WIG craft) not to be included in Code’s application but considered separately
• Code to be a “stand alone” document with relevant text from SOLAS incorporated as
necessary to minimize discretion of Administration
• Code to be implemented under a new Chapter X of SOLAS as an alternative to certification
under Chapter I
• review period set at two years in the DSC Code (but not acted upon) to be extended to four
years in HSC Code.
The length of the present paper does not permit consideration of each of these items or the myriad of
other issues that have been excluded from the list. However, in summary the HSC Code provides for
craft similar in size and operational range to those covered by the DSC Code to be classified
“Category A”, with larger and wider-ranging passenger craft as “Category B” and provision made for
cargo craft. Wherever possible, the requirements are expressed in functional or performance-related
terms rather than the more prescriptive language of SOLAS.
The text of the Code and the associated SOLAS amendments were finalized by DE in February 199431
and, following relatively minor amendments, the 1994 HSC Code was subsequently adopted by the
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MSC in May 199432. The SOLAS amendments incorporating Chapter X were adopted through
Resolution 1 of the 1994 SOLAS Conference33 held in conjunction with MSC. Both the Code and
SOLAS Chapter X entered force on 1 July 1996.
In the author’s view, it was important that the Code should reflect a high standard of safety, at least
equivalent to that of SOLAS, so that it gained the required international acceptance despite the distrust
of some in industry for the safety of such lightweight craft. In the end, this aim was more than
achieved in that the overall level of safety represented by the Code is probably higher than that of
SOLAS. Many of the Code’s safety concepts, such as reduced reliance on lifeboats in favour of
liferafts and marine evacuation systems and provision of safe refuge for passengers in the event of
fire, are gradually finding their way into the Convention for application to conventional ships.
It should be noted that, when drafting the sections of the 1994 HSC Code within its purview, the SLF
Sub-Committee noted that it is impractical for many high-speed craft to meet the detailed conditions
of assignment requirements of the1966 Load Line Convention and that the Preambles of both the DSC
Code and the 1994 HSC Code indicate that those Codes provide arrangements that equivalent to those
of the Load Line Convention. When adopting the 1994 Code, the MSC therefore issued
MSC/Circ.65234 detailing the use of Load Line Exemption Certificates in relation to craft certificated
under the Code.
5. Review of 1994 HSC Code
Against the background of the capsize of the ro-ro passenger ship ESTONIA in September 1994, an
IMO panel of experts35 considered which of its proposals should also be applied to high-speed craft in
view of the fact that SOLAS Chapters I to IV and regulation V/12 would from 1 January 1996 no
longer be applicable to craft covered by that Code.
In response to this submission, two years after the adoption of the 1994 HSC Code, in June 1996 MSC
6636 tasked DE as the co-ordinating sub-committee to review that Code together with the other
relevant sub-committees, with a target completion date of 1999. Initiation of this review was in
accordance with the Code’s provision for review every four years. This task was commenced by DE
40 in February 1997.
Significant information contributed to the revision work included Formal Safety Assessment (FSA)
studies of high-speed craft by the United Kingdom37 and Nordic countries38, the former being an
initial trial application of IMO’s interim guidelines for FSA39 as a tool in the rule-making process.
However, in considering these submissions in March 1998, DE 4140 concluded that it was not
appropriate to use the results of these FSA studies within the review, bearing in mind the short
timescale of the work and the ongoing validation of the FSA methodology. While the outcomes of
these studies were subsequently given detailed consideration by the MSC41, 42, risk control options
arising from them largely related to procedures and human factors and so had no impact on the Code’s
revision.
At its meeting in March 1999, DE 42 agreed that the revised Code should be adopted separately from
the 1994 HSC Code rather than as amendments to that Code. Consequently, amendments would be
required to Chapter X of SOLAS to give effect to the revised HSC Code, which was expected to be
adopted in 2000.
A small but significant change agreed to by DE 42 was to replace “should” with “shall” throughout
the revised Code, in keeping with the Code’s mandatory status compared with the DSC Code.
DE 42 also agreed that one of the substantive changes to be made in the revised Code would be to
modify the basis for calculation of collision acceleration so that it no longer referred to a hypothetical
rock extending 2.0 m above the waterline but related to an immovable object of infinite height.
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Accordingly, the revised Code would no longer have a “step” in regulatory requirements covering this
aspect.
Another change from the 1994 HSC Code, of particular significance to relatively small high-speed
craft, was the implementation of raking bottom damage scenarios for damage stability. While these
requirements were essentially agreed at SLF 4243 in January 1999, a correspondence group and intersessional working group were required to evaluate whether it was practical for smaller high-speed
craft to meet the requirement to be able to withstand raking bottom damage to 35 percent of the craft’s
length anywhere on the vulnerable area of the bottom of the craft. As a result of recommendations by
these groups, a high proportion of whose verification data was submitted by Australian high-speed
craft builders and designers, SLF 43 (July 2000)44 recommended amendments to the criterion so that
they could be met by craft in the smaller size range. It has subsequently become apparent that it is
impractical to design and build relatively small craft to the 2000 HSC Code despite these concessions.
From a life-saving appliance perspective, a significant amendment from the 1994 HSC Code is the
requirement for survival craft to be relatively evenly distributed along the sides of the craft, so that in
the event of a collision or other accident it is most unlikely that all of the craft on one side will be
rendered unusable. The main amendments embodied in the 2000 HSC Code from a fire protection
perspective are the insertion of detailed provisions for the carriage of dangerous goods consistent with
Chapter II-2 of SOLAS. However, numerous other small changes were also made to Chapter 7 of the
Code. Close study of these changes45 may be of interest to some readers.
In accordance with the procedures applying to SOLAS and its mandatory Codes, the amendments to
SOLAS Chapter X and the revised HSC Code were approved by MSC 72 in May 2000 and adopted by
the Committee46, 47 at its subsequent session in December that year for entry into force on 1 July 2002.
Since the 1988 Load Line Protocol48 had entered force in early 2000, following the adoption of the
2000 HSC Code the MSC issued a replacement circular49 dealing with the application to high-speed
craft of the requirements of the Protocol and the 1966 Load Line Convention.
To bring the life-saving appliance and navigational equipment provisions of the 1994 HSC Code into
line with SOLAS amendments intended to apply to all ships, the need for further amendments was
flagged by MSC circular50 issued in 2002. At time of writing, the relevant amendments were
scheduled to be adopted by MSC 82 in November-December 2006 and may enter force on 1 July
2008. However, there is an expectation that the amendments may have already been applied in
accordance with MSC/Circ.1057.
6. Interpretations of the 2000 HSC Code
At its 41st session in December 1996, while initiating review of the 1994 HSC Code on matters within
its purview, IMO’s FP Sub-Committee51 established a correspondence group tasked with developing
interpretations of “vague” Code provisions as well as amendments. The initial list of interpretations
developed by the group52 during this review phase was continued beyond the finalization of the 2000
HSC Code and expanded upon not only through further working and correspondence groups of FP but
also supplemented with contributions by the SLF and DE sub-committees.
As an example of significant input from sub-committees other than FP, in July 2002 SLF 4553 agreed
that the damage stability provisions of Chapter 2 of the 2000 HSC Code did not adequately cover
damage at the bow and stern of wide blunt-ended craft. An interpretation was subsequently agreed to
cover-off this case pending amendment of the Code’s text as part of the next scheduled review.
Despite this example, the vast majority of the interpretations finalized in March 200354 by DE, in its
role as coordinating sub-committee, related to fire protection aspects of the 2000 HSC Code. The
interpretations were subsequently endorsed by MSC 77 and promulgated as an MSC circular55. One
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further interpretation was agreed to and promulgated by MSC 8056 in 2005 in relation to the condition
of machinery in the dead ship condition.
7. Review of the 2000 HSC Code
Despite the fact that development of interpretations of the 2000 Code had not been completed, in 2002
MSC 7657 initiated the regular review of the 2000 HSC Code in conjunction with the previouslymentioned flagging of amendments to the DSC Code and the 1994 HSC Code. To commence in
2004, the project was to be co-ordinated once again by the DE Sub-Committee, while the COMSAR,
FP, NAV and SLF sub-committees were also required to contribute.
From the outset, the review attempted to fold into the text of the Code all of the agreed interpretations
to the existing Code from MSC/Circ.1102. This was in fact achieved although folding-in the lone
interpretation from MSC/Circ.1177 was found to be impractical.
A long list of 206 draft amendments to the Code was finalized by DE in March 200658, but in fact
only a handful of these amendments are additional to the agreed interpretations to the existing 2000
Code. One of the significant additional amendments is the extension of the scheduled review period
from four to six years, to make the Code less of a moving document and to reduce the workload
involved in reviewing it.
In keeping with SOLAS practice whereby amendments to requirements concerning the basic design,
construction and equipment are restricted to applying to new vessels “unless expressly provided
otherwise”, DE 49 agreed when finalizing the draft amendments that they should indeed be
amendments to the 2000 Code and should not be adopted as a separate code as had been done in 2000.
The draft amendments were forwarded approved by MSC 81 in May 2006 with a view to adoption by
MSC’s next session in November-December this year. Should this schedule be maintained, it is likely
that the amendments will enter force on 1 July 2008.
8. Requirements for WIG Craft
When it is considered that the efficiency of high-speed surface craft is generally improved by
minimizing the craft’s contact with the water, a logical development in efficiency is to reduce that
contact to zero in the operational mode through use of a thin layer of air lubricant between the craft
and the water. Such craft may have various configurations but perhaps the best known is the
“Caspian Sea Monster” developed by the USSR during the Cold War.
During the development of what became the 1994 HSC Code, the Russian Federation59 sought to have
“ekranoplanes” or “wing-in-ground-effect (WIG) craft” included in the application of that Code.
However, since complex jurisdictional and technological difficulties remained to be resolved in
relation to WIG craft, their inclusion would have substantially delayed finalization of the HSC Code.
Accordingly, in February 1993 DE 36 agreed to consider requirements for these craft separately from
the HSC Code.
This decision on the form of the intended requirements was revisited from periodically. For example,
in January 1995 DE 38 agreed to include the WIG craft concept and requirements in the HSC Code as
an addition or supplement, but a few months later MSC 65 agreed to develop a separate Code on WIG
craft.
The jurisdictional issues were resolved through a joint IMO/ICAO working group held in conjunction
with the 38th session of DE in January 1995 with the outcomes recorded in the Sub-Committee’s
report60. Under this outcome, craft were categorized into three types as follows:
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Type A
Type B
Type C

Not capable of operation without ground effect
Capable of operation without ground effect for limited period and altitude
Capable of operation without ground effect

According to this outcome, all WIG craft were covered by IMO requirements when in contact with
water or in ground effect above it, while Type B and C craft came within joint IMO and ICAO
jurisdiction when in jump-up mode and Type C craft were subject to ICAO requirements in flight
mode. It is noteworthy that the United Kingdom, following this outcome, repeated its consistently
expressed view that such craft should not be considered sea craft or covered by IMO.
Within this context, DE 38 established a correspondence group to commence development of
requirements for WIG craft on based on the provisions of the 1994 HSC Code. Coordinated by the
Russian Federation, the group’s other main participants were Germany, which had been active for
many years in WIG craft development, and Australia for whom WIG craft were a logical extension of
its emerging high-speed craft industry. In fact a series of three conferences were held in Australia on
this subject during the late 1990s.
The correspondence group continued working for several years, finding progress somewhat difficult,
with whatever time was available for discussion of its progress reports by the Sub-Committee being
largely taken up with discussion of whether it was appropriate to continue attempts to develop safety
provisions for WIG craft from the HSC Code.
This situation came to a head in April 2000, when DE 4361 had a prolonged discussion on the future
direction of this project, with the conclusion that the HSC Code should no longer be used as the base
document for these craft. The discussion provided a clear indication that the Sub-Committee was
losing both patience with the allocation of resources to this item and confidence in the likelihood of a
successful outcome. Accordingly, the Sub-Committee established yet another correspondence group
with instructions to develop, over a two-year period, risk-based methods, core technical criteria
including operational criteria taking account of risk and a consolidated text of draft WIG Craft
Guidelines.
The main participants in this correspondence group’s work were the Russian Federation, with its longstanding wish to commercialize and export WIG technologies developed within the military arena,
and Australia, which was gearing-up for commercial WIG craft production. Germany appeared to be
losing interest in the subject as there appeared little likelihood of return from its years of investment.
Since there was no certainty that DE would agree to allocate further time and resources to the project
if it was not completed within the term of this correspondence group, by DE 4562 in March 2003 the
group had succeeded in developing a set of draft guidelines that were agreed by the Sub-Committee.
Part A (General) of the text requires that all aspects of the craft’s safe design, construction, equipment
and operation are to be subjected to a risk-based Ship Safety Assessment (SSA). Part B, which is
intended to remain non-mandatory, contains safety specifications derived from the text of the HSC
Code but which need not be fully implemented if the SSA provides assurance that alternative
arrangements can provide the required levels of safety.
For example, Part B of the draft specifies that fuels should having flashpoint below 43°C are not
recommended but provision is made for conditions to be applied for flashpoints down to 35°C and
fuels with even lower flashpoints may be accepted if appropriate measures are implemented under the
SSA.
One significant departure from the basic provisions outlined previously is that Types A, B and C are
defined according to the craft’s certified operations rather than its capabilities. If the latter approach
had been retained it would have required craft to be tested to the limits of their capabilities before a
decision could be made on their type.
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The text produced by DE 45 did not require scrutiny by other sub-committees in the same manner as
drafts of and amendments to the HSC Code. It was approved as interim guidelines by MSC 76 in
December 2002 and promulgated as an MSC circular63.
Although the main Australian WIG craft project that was active at the time of development of the
interim guidelines has subsequently failed, there appears sufficient interest by others both within
Australia and elsewhere for successful commercial projects involving craft of this type using the
interim guidelines in the relatively near future.
In the author’s view, this risk-based methodology may be a model for future non-prescriptive IMO
safety regulations, particularly in relation to emerging technologies, but it is difficult to foresee
general international acceptance of such regulations replacing a prescriptive approach.
9. Conclusion
The development by IMO over the past 40 years of safety regulatory regimes specifically for highperformance marine vehicles have been outlined. The length of this paper has permitted only an
overall picture of the process of the development of these standards and many significant
contributions to this work have had to be excluded from the attached reference list.
In the case of high-speed surface craft, the regime now embodied in the 2000 HSC Code has been
well accepted as providing a safety level at least equal to that of SOLAS.
Subsequent to the HSC Code, a new risk-based regime has been developed to cover WIG craft, which
have potential to open new frontiers in terms of high-speed marine vehicles.
This paper attempts to trace these developments to outline for the benefit of craft designers, builders
and other interested parties the regulatory hurdles that have required to be overcome.
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Abstract
The seakeeping motions of catamarans and trimarans are computed using a time domain seakeeping
method which has been accurately validated across a range of Froude numbers from 0.2 to 0.8. Both
vertical and horizontal accelerations are evaluated. No motion controls are fitted. It is found that the
rolling of a trimaran increases as the buoyancy in the outboard hulls is reduced and exceeds the
rolling of an equivalent catamaran by a factor of two when 5% of the total displacement is in the
outboard hulls. In head seas the greater length of the trimaran reduces the maximum heave motions
relative to wave height as a consequence of the reduced length based Froude number.
1. Introduction
The advent of large passenger trimarans built in Tasmania by North West Bay Ships and in Western
Australia by Austal Ships has demonstrated the potential of this new configuration. The benefits of
the trimaran configuration stem in part from the increased hull slenderness and reduced wetted area
which can be achieved (Latorre et al, 2003), thereby reducing resistance. However, the resistance
benefits which can be achieved depend also on other design constraints such as length/beam ratio and
beam/draught ratio and a number of authors have investigated these resistance effects (Day et al,
2003; Doctors and Scrace, 2003; Degiuili et al, 2003, 2005; Cardo et al, 2003; Brizzolara et al,
2005a,b; Begovic et al, 2005;. Sahoo et al, 2005). Benefits of the trimaran configuration are also seen
to lie in improved seakeeping response associated with the increase of hull length relative to an
equivalent catamaran and the associated reduction of Froude number for a given design speed. Also
there is a perception that a trimaran is less stiff in roll than a catamaran and that this will reduce the
severity of rolling motions. In a sense this latter argument is similar to the case made for semiSWATH designs in respect of reducing motions in head seas due to reduced waterplane area and
wave excitation. However, Holloway and Davis (2003) and Davis and Holloway (2003b) in testing
and computing the motion of semi-SWATH hulls found that heave motions in particular were greater
than for a conventional hull form. This outcome arose because, whilst the semi-SWATH experienced
reduced wave excitation loads due to its reduced water plane area, the reduced area also reduced
radiated wave damping. The outcome was that the latter was the greater effect and that the overall
response was increased by reduction of waterplane area. However, reduced waterplane area in the
forward part of the hull can alleviate excessive vertical acceleration close to the bow.
The comparative seakeeping of a trimaran, catamaran and a monohull has been considered by
Begovic et al (2003). The vessels considered were relatively short, all having lengths in the range 4048m and operating at 36 knots with Froude numbers between 0.86 and 0.93. As a consequence of the
high values and the relatively small range of the Froude number the heave and pitch motions were not
greatly different and so the passenger motions sickness incidence was similar for all three vessels,
varying between 85 and 95% over all the vessels in head seas. However it was found that a trimaran
with larger displacement in the outboard hulls rolled more strongly at low encounter frequency but
less strongly at high encounter frequency. Brizzolara et al (2003) examined the effect of hull form on
the seakeeping of a trimaran operating with Froude numbers up to 0.45. There was only modest
evidence of enhanced heaving at the highest speed since the Froude number was not very high and it
was found that a deeper vee hull form reduced motions response.
In considering the effect of ship motions on passengers it has of course been necessary to place
predicted motions in the context of subjective tests of motion sickness effects. The conduct of such
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tests is by no means a simple task and so it is not surprising that information is somewhat limited. A
significant limiting aspect is that motion sickness has been tested by exposing subjects to unsteady
vertical accelerations (O'Hanlon and McCauley, 1973, 1974), a consequence of this being that
there is no information available relating to the effect of lateral and forward accelerations in the
horizontal plane. Whist it might be thought that the magnitude of the acceleration vector could be the
basis of allowing for horizontal plane motions, such an approach would be somewhat speculative. In
addition horizontal accelerations present substantial risk of injury to standing passengers and
operating rules sometimes set overall limits of 0.2g standing and 0.35g sitting for horizontal
accelerations. These restrictions are somewhat broad and ad hoc in nature, and such a simple
magnitude limitation does not allow for the effect of frequency of horizontal plane motion for
example.
In making a comparison between different overall configurations it is difficult to establish a clear and
simple common basis which isolates the emergent differences as being due to the essential catamaran
or trimaran layout. In the present paper a common basis is sought by selecting a common parent hull
form and then to give the hull overall proportions which reflect general design practice in terms of
length/beam and beam/draught ratios. The NPL hull form (Wellicome et al, 1995, 1999) is selected
here for two reasons. Firstly there is a substantial body of published tank test data against which
validation of the computational method can be established. Secondly, this hull form does not display
strong wave amplitude non-linearity of response (Davis, Holloway and Watson, 2005b). In the present
study vessels of 2500 tonnes displacement are considered operating at 40 knots, this corresponding
approximately to the operating conditions of large catamaran and trimaran car ferries. As will be seen,
the significant variation of Froude number between the different designs has a substantial effect on the
comparative motions which is not evident when comparisons are made at much higher or much lower
Froude numbers.
2. Computational method and validation
The time domain computation used here is based on solution of the transient motion of sections of the
water mass set perpendicular to the direction of the ship motion. As time progresses each water
section responds to the changing section and motion of the hull section passing through. Section
solutions are initiated when the bow enters the section and are discontinued when the stern leaves the
section. The time step for computation is chosen for convenience as the length of each section divided
by the ship speed. The transient solutions yield the pressures on the hull surface and the ship motion is
computed by integration to find the total forces on the hull and the instantaneous acceleration of the
hull. The program has the capacity to compute motions in five degrees of freedom, heave, pitch, roll,
sway and yaw. In integrating to determine the ship motion it must be recognised that there are
substantial acceleration terms implicit in the water motion solution. These are associated with the
added mass and damping of the water, although added mass and damping are not evaluated in the
present method except a posteriori for reference if desired.
The sectional solution method is based on the transient two-dimensional Green function of Wehausen
and Laitone (1960),
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where

β = arg(c 2 − c1 ) is the slope of the source element. If the sources are distributed piecewise
^

^

uniformly over a finite number of elements the body boundary condition, V ⋅ n = ∇φ ⋅ n , can then be
represented at a discrete number of points in matrix form as
[A]{Q} = {R} .
Here the unknown source strengths at the current time step ( {Q} ) are separated from the historical
source strengths appearing in the convolution integral of Wi , j by putting
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, α = slope of the hull surface at point i , C is a trapezoidal integration

coefficient ( = 12 for k = 0 or 1 otherwise), w =

i ( t −τ )
2

− ig
z −c

, wk = w(ck (τ )) , and the source strength history

is approximated by discrete values at time intervals ∆t . Here V = v hull − v wave represents the local hull
element velocity in a stationary reference frame relative to the wave particle motion in the absence of
the hull, thus both the radiated and diffracted waves are treated together. If the number of source
elements and collocation points is identical the source strengths may then be determined as [A]−1{R} .
Once source strengths are known pressures can be determined in a similar manner, given p = − ρ ∂∂φt ,
by integrating ∂∂ft over an element and summing for all source elements. The contribution at point i
from a single element j can be shown to be
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where Ak = Q dcdt(t ) , B = − dQ
+ iQ dt ,. The result is independent of γ provided that the path of
dt
integration of the logarithm terms crosses the positive real axis, and this can be guaranteed by
adopting γ = arg(z − 12 (c1 (t ) + c2 (t ))) if z ≠ 12 (c1 (t ) + c2 (t )) , or ((c2 − c1 ) + π2 ) otherwise. Validation of this
computational method is described in Holloway and Davis (2002) by comparison with the wavemaker problem (Roberts, 1987) and the transient response of a floating cylinder (Yeung, 1982, and
Maskell and Ursell, 1970), as well as with steady and periodic boundary element solutions.
k

To evaluate the motion of the ship the instantaneous forces on the hull are obtained by integration
over its surface, F3 =

bow
stern

f dx and F5 =
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stern

xf dx ,where f = − ρ

∂φ
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n z dl , φ is the potential function

describing the flow field, n z is the vertical component of the unit normal and l is an element of the
wetted perimeter. The overall rigid vessel equations of motion are then (taking an origin at the centre
of mass)
[F3, wave + F3 (ξ3 ,ξ5 )] = Mξ3

[F5, wave + F5 (ξ3 ,ξ5 )] = I 5ξ53
where all components of the hydrodynamic surface force are now on the left hand side of these
equations. The mass and inertia terms on the right hand side of these equations are those of the ship
alone and do not include any added mass or damping terms. This formulation differs from
conventional strip theory, but is a strip theory in the sense that the three-dimensional problem is
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represented as a set of simpler two-dimensional problems. The time step for solutions ∆t is chosen in
terms of the strip width ∆x by U = ∆∆xt . At each time step a new strip is added at the bow and the stern
strip is discarded.
Assuming the ship to be rigid, the instantaneous acceleration of the hull is then used to compute the
ship motion by numerical integration through time. The hydrodynamic force on each panel of the hull
surface was found from the boundary element solution at each time instant, this involving the time
history of ship and water motion over prior time steps in terms of the convolution integrals. In this
solution method the hydrodynamic forces acting on the hull contain significant contributions that are

Figure 1 NPL parent hull body plan
acceleration related. In effect there are implicit unknown acceleration terms on the right hand side of
the equation for the hull acceleration which can be associated with an effective added mass of water.
This can lead to instability of the integration as in explicit forward difference integrations or in
differential equation formulations known as ‘stiff’. As the added mass is generally similar in
magnitude to the displaced mass, these effects are not small. In order to overcome this problem
integration is carried out using a weighted average of the hull acceleration obtained from the
hydrodynamic forces with the acceleration extrapolated over the previous time steps as described in
Holloway and Davis (2002, 2006) and Davis et al (2003b, c, d, e). Although neither acceleration on its
own leads to stable and accurate motion integration, the two have errors of opposite sign and if
combined in the right proportions lead to a stable and accurate solution. The acceptable range of
proportions of the two acceleration values in the averaged result was shown to be between a fraction
of 0.2 to 0.4 for the hydrodynamically derived acceleration. It was found that errors due to the
integration stabilisation with a hydrodynamic fraction of 0.2 were found to be much less than 1%.
This was significantly less than the errors due to the use of 40 sections along the hull length and 14
panels around each section which gave errors in the motion solution approaching 3%.
Damping effects mainly influence the peak magnitudes of the response amplitude operators, which
are quite sensitive to various sources of damping. In addition to radiated wave effects as predicted by
strip theory, damping is also caused by vertical forces associated with the Kutta condition at the
transom (Faltinsen, 1993), dissipative forces due to skin friction and formation of separated wakes
and surface wave breaking. In addition there may be energy extracted through three-dimensional
hydrodynamic wave effects and nonlinear effects, including interaction with the steady wave system.
To account for the various frictional dissipative effects a transverse (i.e. vertical) damping force is
introduced here on each section. This is D =

1
C sρUvB , where Cs is a force coefficient for the
2
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section, D is the vertical damping force per unit length, B is the sectional beam, U the forward speed
of the ship and v is the vertical velocity of the section relative to the local water surface. Values of the
coefficient Cs were determined by matching the magnitude of the computed peak response amplitude
operator to that observed in tank or other physical tests. The values required for Cs vary somewhat
according to the particular hull under test, but are generally modest and below a value of 0.15. At
model scale a value of 0.07 best matched the test data for the NPL hull form at Froude number of 0.8,
but much smaller values close to zero were found to match full scale motion data (Davis et al , 2003a,
Davis et al, 2005a). An average value of 0.035 has been used in the present full scale design
computations. This damping term mainly affect just the peak value of the heave RAO to a modest
extent (Davis et al, 2005b).
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Figure 2 Comparison of heave RAO tank data of Wellicome et al (1999, left) with computed
heave RAO (right) for a range of Froude numbers and NPL6b catamaran relative hull spacings
(s/L).

Ship motions are thus computed in time solving the ship motion and hydrodynamic problems
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simultaneously. When subject to periodic incident waves the periodic motion emerges after the initial
computational transient has passed and the response amplitude operator (RAO) function is thus
determined for that particular wave encounter frequency. Complete RAO functions of encounter
frequency are then determined as the combined results of a set of solutions, one at each frequency.
The computational method has the capacity to incorporate ride controls with a variety of control
algorithms, and also slam loads on the wet deck in terms of a prescribed slam load algorithm. Ride
controls and slams are not included in the present computations.
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Figure 3 Comparison of pitch RAO tank data of Wellicome et al (1999, left) with computed heave
RAO (right) for a range of Froude numbers and NPL6b catamaran relative hull spacings (s/L).
In order to validate the computational method for the hull form to be used in the present study, the
extensive seakeeping data for the NPL hull form obtained by Wellicome et al (1999) is referred to.
The hull form is shown in figure 1: geometrically similar forms with various beam/draught ratios were
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used for all the hulls considered in this study using a larger ratio for the monhull, and smaller ratios
for the catamaran, trimaran and trimaran outboard hulls. Figure 2 shows the tank test and computed
heave RAO results obtained for a catamaran model of the NPL6b model form. In general the variation
with encounter frequency is very well predicted by the time domain method at all Froude numbers.
The tank data shows some variation with the separation distance between the demi-hull centre lines
(s) which is greatest at the intermediate Froude number (0.53). However the test data is somewhat
irregular at the detail level. The computed results also show a variation with hull spacing which is
greatest at the intermediate Froude number, with very little effect at high and low Froude number.
There appears to be a general but small tendency for the heave motions to be somewhat increased as
the hulls spacing is reduced, the monohull results corresponding to infinitely large hull spacing of
course.
Figure 3 shows the tank data and computed pitch RAO results for various Froude numbers and hull
spacing. As with the heave there is a tendency for a slight increase in motions as the hulls spacing
reduces, although for the pitch RAOs this effect seems to be greatest at the lowest Froude Number. In
the present context the results of figures 2 and 3 are significant because they show that the
computational method is accurate over a wide range of Froude number. Also these results show
clearly the substantial change in the response amplitude operator functions as the Froude number
increases, especially over the range from 0.5 to 0.8 where the maximum heave and pitch increase to
values well in excess of unity. Given that the present investigation involves designs with Froude
numbers that vary in this range it is clearly important that the validity of the method is demonstrated
over the range of Froude number involved.
3. Comparative motions of different designs
3.1 Design parameters and overall dimensions
The designs to be considered all have the same parent NPL hull form but have beam/draught and
length/beam ratios selected to reflect general imdustry design choices. For trimarans the main hulls of
the Austal Ships (“Benchijigua Express”, see: www.austal.com, Armstrong and Holden, 2003) and
North West Bay Ships (“Dolphin Usan”, see: www.nwbs.com.au) designs have length/beam ratios of
approximately 12 and 18 respectively and main hull beam/draught ratios of approximately 2.4 and
1.6. Others (Brizzolara et al(2003), Coppola(2003), Degiuili et al (2003), Begovic et al (2003) give
beam/draught ratios between 1.6 and 4.2 and length/beam ratios between 10 and 14. An average
figure of 2.5 is adopted here for the beam/draught ratio and of 15 for the length/beam ratio. Overall
beam/length ratios for the two commercial vessels are about 0.24 and 0.27 whilst the other authors
cited give values between 0.20 and 0.27 An overall beam/length ratio of 0.30 has been used here. The
final parameters to be selected for the trimaran are the ratio of outboard hull length/main hull length
and the fraction of total displacement in the outboard hulls. The two commercial designs have
outboard hulls which are slightly less than 50% of the main hull length and a figure of 50% has been
Length (m)
Overall beam (m)
Draught (m)
Demi-hull beam (m)
Central hull beam (m)
Outboard hull length (m)
Outboard hull beam (m)
Outboard hull draught (m)
Froude number(40kn)

CATAMARAN
102.3
35.8
4.6
6.8

TRIMARAN 10
147.6
44.3
3.9

TRIMARAN 5
150.2
45.1
4.0

MONOHULL
136.4
13.6
3.4

9.8
73.8
3.6
2.4
0.54

10.0
75.1
2.5
1.7
0.53

0.56

0.65

Table 1 Overall dimensions of geometrically similar hulls of total displacement 2500 tonnes
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selected here. Figures for fractional displacement in the outboard hulls are less certain and vary with
loading. However the two commercial designs are estimated to have fractions of rather less than 3%
and rather more than 10% respectively. Values of 5% (Trimaran 5) and 10% (Trimaran 10) have been
selected for the present investigation. Lastly, the outboard hulls of the trimarans were assumed to be
rather slender with a beam/draught ratio of 1.5. Having set these parameters, the beam and draught of
the trimaran outboard hulls follows as summarised in table 1, the three transoms being in line.
Selection of overall parameters for geometrically similar catamaran and mono-hull designs to be
considered here is somewhat simpler. For the catamaran and mono-hull, beam/draught ratios for the
demi-hulls and hull of 1.5 and 4.0 were selected respectively to represent general design choices.
Finally, length/beam ratios of 15 and 10 respectively were chosen. The resulting dimensions of the
catamaran and mono-hull are also shown in table 1, all hulls sharing the same NPL parent form.
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3.2 Response amplitude operators
Figure 4 shows the motion response amplitude operators of the four designs in head seas. We see that
the catamaran has the largest motions and that both the heave and pitch motion essentially reduce as
the length of the design increases, the trimarans having the longest length and smallest motions in
head sea. This is of course a consequence of the variation of Froude number with the vessel length
(see table 1) and the variation of RAO maximum with Froude number as illustrated in figures 2 and 3.
It transpires that for vessels of the size range considered the Froude number effect is relatively strong
as regards the peak in the RAO functions. The difference between the 102m catamaran and the 150m
trimaran is not small, the peak heave of the catamaran being 2.8 times greater than the trimaran and
the peak pitch over 1.6 times that of the trimaran or monohull.
In bow quartering seas the comparison is rather more complicated as shown in figure 5. The heave
and pitch motions are somewhat larger for the catamaran, but to a very much lesser extent than is
evident in head seas. However, the peak rolling motion of the trimarans greatly exceeds that of the
catamaran, by a factor of approximately 1.8. Also, there is a progressive increase of the trimaran
rolling as the fraction of total displacement in the outboard hulls is reduced from 10% to 5%. The
peak sway motion is not small, rising to about 1.5 times the wave height for both catamaran and
trimaran designs depending on encounter frequemcy. It is evident from these results that, whilst the
reduced outboard waterplane area of the trimarans would be expected to reduce their rolling excitation
by the encountered waves, the trimarans have reduced radiated wave damping and that this
predominates to produce a larger rather than a smaller rolling motion.
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Figure 6 shows the motions of the three designs in beam seas. The heave motions once more display
significant maximum values of around twice the wave height for both catamaran and trimaran
designs, although there are strong variations associated with matching or otherwise of wavelength
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with multiples of the hull spacing in all cases. Pitch responses are generally very small and also show
significant variations as the encounter frequency and wave length vary. However these small values
are not of great practical significance as they occur only with the sea exactly on the beam, a condition
unlikely to arise precisely in practice. It is noteworthy that in beam seas the roll is generally less than
the wave slope since the frequency of wave encounter for significant rolling is now very much
reduced and much less that that of resonant motions in heave and pitch evident in head and quartering
seas (figures 4 and 5). For this reason there is no longer a large maximum roll motion in excess of the
wave slope as in the head or bow quartering sea cases. The most significant difference between the
trimaran and catamaran designs in beam seas is that the catamaran has a much smaller pitch motion,
although in absolute terms pitching of both trimaran and catamaran designs is small. Sway motions of
all designs vary with encounter frequency with peak values several times greater than the wave
height.
3.3 Passenger accelerations
Vertical, lateral and forward passenger accelerations have been computed from the magnitude and
phase of heave, pitch, roll and sway motions for a passenger located 6m above the vessel centre of
gravity. Positions were considered at the transom, above the centre of gravity and at a position ahead
of the centre of gravity by 30m in the case of the shorter catamaran and by 40 m in the case of the
longer trimarans and monohull. Figure 7 shows the computed vertical accelerations in head seas. The
catamarn, having the shortest overall length, shows the largest vertical acceleartions, with a maximum
value of 1.15g/m at the bow, 0.63g/m at `the LCG and 0.6g/m at the aft position. At the forward and
LCG positions the triamrans have approximately half of the maximum accelerations of the catamaran,
and the monohull intermediate values. These peak values arise at an encounter frequency of
approximately 0.27 Hz, this corresponding to a wave period of approximately 9 seconds. Whilst this
is within the general range of commonly encountered seas, Davis et al (2003a) observed rather longer
wave periods of around 11 seconds for an operational vessel in the Western English Channel. Thus
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the motion levels would be lower than these maxima and the differences in motions between the
trimaran and catamaran will be somewhat less than these maximum figures suggest. The forward
acceleration component (figure 7, lower right panel) was calculated from the pitch motion and the
surge motion taking account of phasing. The surge was calculated on the basis that as the vessel
heaved so its resistance would decrease in proportion to the square of the heave motion, both surge
and pitch components contributing significantly although the resultant forward accelerations are only
about 17% of the vertical accelerations. In a bow quartering sea (figure 8) the vertical accelerations of
the trimaran and catamaran show less difference than in head seas, the length advantage of the
trimaran diminishing. The lateral acceleartions are about half the vertical accelerations and do not
show such a strong peak value, whilst the forward accelerations remain relatively small. The roll
component of the lateral acceleration was about equal to the sway component for a passenger location
2m above the LCG. In beams seas the trimaran has lost its length advantage and the motions are more
variable with encounter frequency owing to the effects of hull spacing relative to wavelength.
4. Conclusions
It has been demonstrated that the time domain seakeeping computation based on the two dimensional
transient Green function solution for spatially fixed strips of water gives accurate motion predictions
over a wide range of Froude number. The effect of hull spacing for a catamaran in head seas is quite
small. There is a strong increase in motions as the Froude number increases from 0.5 to 0.8 and this
has direct consequences with regard to the comparative motion of large ferries of catamaran and
trimaran design since the Froude numbers vary within this range from one design to another. In head
seas passenger accelerations for the shorter length catamaran can be as much as twice the
accelerations in a much longer trimaran design. However in quartering and beam seas the trimaran
loses its advantage and has a rolling motion which can be twice that of the catamaran depending upon
frequency. It is found that there is a progressive increase in the maximum rolling motion of a trimaran
as the outboard hull displacement is decreased from 10% to 5% of total displacement. At the high
Froude numbers which apply to large car ferries this effect of outboard hull displacement was
reversed at high encounter frequency. This outcome is somewhat similar to that found by Holloway
and Davis (2003) and Davis and Holloway (2003b) where it emerged in experiments and
computations that a SWATH hull had larger heave and pitch motions due to reduced waterplane area
compared to a conventional hull. In the present outcome a trimaran has reduced waterplane area
moment about the rolling axis and so it has larger roll. It should be noted that fitting ride controls
may alter these outcomes, and in particular may reduce the rolling of a trimaran just as the heave of a
SWATH can be reduced by the use of ride controls.
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Figure 8 Accelerations per unit wave height (g/m) in bow quartering seas at 40 kts
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Abstract
For a group of interested parties, i.e. the Royal Netherlands Navy, Damen Shipyards at
Gorinchem (NL), the Royal Schelde Group at Vlissingen (NL) and the United States Coast Guard
from Baltimore (USA) the Shiphydromechanics Department of the Delft University of Technology
and MARIN at Wageningen carried out an extensive research program on three conceptual
designs of a 55 meter long monohull Patrol Boat. The boat should be capable of achieving 50
knots and in particular so in waves. The aim of the project was to investigate the feasibility of the
designs in achieving a very high “all year round” operability under typical North Sea conditions.
The conceptual designs made for this Patrol Boat were designed according to:
• The Enlarged Ship Concept (ESC)
• The AXE Bow Concept (ABC)
• The Wave Piercer Concept (WPC)
The project consisted of a series of full scale measurements on board an existing Fast Patrol
Boat of the UK Customs and a large series of towing tank measurements. These full scale tests
were carried out in the winter period near the Scottish west coast and aimed at establishing
operability criteria for the safe operation of fast ships in a seaway.
Subsequently the three designs were tested for their calm water resistance and their behavior in
head seas and following waves in the Delft towing tank. For the head seas conditions a large
series of wave spectra have been used with an ever increasing significant wave height, starting
from 2.0 and reaching as high as 4.5 meters and at three different forward speeds, i.e. 25, 35 and
50 knots. During these tests the motions, added resistance and vertical accelerations have been
measured. In the following waves tests special attention has been given to the possible
occurrence of deck wetness and bow diving. The limiting conditions in that respect have been
established.
Here after both the Enlarged Ship Concept and the AXE Bow Concept designs were extensively
tested as free running models at MARIN in Wageningen in their new Ship Motion Basin (SMB).
Particular attention in these tests has been paid at stern quartering seas. These tests were
specifically carried out to compare the designs on their possible sensitivity towards broaching
and capsizing.
In the present paper a selection of the obtained results will be presented and discussed. An
analysis of the results will be given and a comparison between the three concepts on their main
issues regarding the seakeeping behavior will be presented and discussed.
1. Introduction
Due to the fact that the fast planing or semi-planing monohull has become the most commonly
used hull shape for fast patrol boats and the alike a considerable design and research effort has
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been put in optimizing their behavior in a seaway. For a considerable period of time this behavior
in a seaway has been considered to be the Achilles’ heel of these designs and severely limiting
their operability in a seaway. Both from theory as from real life experience it is known that
“tearing around” with a planing hull in waves of some significance leads to a strongly reduced
comfort on board. In particular the level of vertical accelerations on board may lead to
uncomfortable and even unendurable situations and could even severely hamper the safety of the
ship. Considerable improvements in hull design have been achieved over the last decades to
improve on this behavior.
Since the introduction of the Enlarged Ship Concept (ESC) in 1995, Ref [1], [2] and [3] and the
successive very successful application of this concept by DAMEN Shipyards in their “Stan Patrol
4207” line of patrol boats the Delft Shiphydromechanics Laboratory of the Delft University of
Technology draw the attention of a number of ship owners/navies and naval ship builders.
Particular interest arose to the new developments at the Department in the area of improved
operability of fast monohulls in a seaway.
It was decided to establish a considerable research project on the comparison of various new
design concepts on their hydrodynamic performance as fast patrol boats. A first phase would be
aimed at the testing of a number of these new designs to gain more insight in their merits. The
second phase and in succession to phase 1 is aimed at the development of new mathematical tools
for the assessment of the hydrodynamic behavior of fast ships in waves. Parties involved were:
the Royal Netherlands Navy, the United States Coast Guard, MARIN, DAMEN Shipyards and
the Royal Schelde Group.
First a selection was made of available new concepts to be tested. After careful consideration the
parties involved agreed upon the following three concepts to be investigated:
• The Enlarged Ship Concept (ESC) also the benchmark
• The AXE Bow Concept (ABC) as extension of the ESC
• The Wave Piercer Concept
Care has been taken to make the resulting designs “feasible” and not to disrupt the hydrodynamic
comparison by largely differing main dimensions.
Phase 1 of the project was intended to yield usable results on the comparison between these
concepts in order to show the participants the most likely “way ahead” in the new designs. In
addition the experimental results obtained would be used in phase 2: the development of new
mathematical tools.
The first part of phase 1 of the project aimed at gathering more information about the limiting
criteria which should be applied on the motions and accelerations etc on board fast ships for their
safe (and comfortable) operation in a seaway. There for a team of experts went onboard of a Stan
Patrol 4207 the “VALIANT“ of the U.K. Customs and Excise. The motions and accelerations
were monitored in conjunction with wave measurements and video recordings. The team
observed and noted the response of the crew and analyzed their reactions to the prevailing
conditions.
The second part of phase 1 contained very extensive tank testing of the models in head-, sternquartering and following-waves. The head- and following wave tests were carried out with all
three models. The tests in stern quartering waves were limited to only the two best performing
models that far, which turned out to be the ESC and the ABC.
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During these tests, which were performed in ever worsening environmental conditions, the limits
of each of the designs were established. Special attention has been paid to the anticipated possible
flaws of each of the designs. These were expected to be found in the shipping of green water in
head waves, bow diving in following waves and broaching with associated capsize in stern
quartering seas. The tests schedules have been adapted to make sure that the worst possible but
still realistic environmental conditions were investigated.
2. The Designs
In order to make sure that the new designs were more or less realistic and feasible a considerable
design effort has been put in generating a solid “starting point” or “base boat” for the new
designs. This design was made by the design department of the U.S. Coast Guard from Baltimore
(USA). Within the framework of the goals set for the design by the parties involved they came
with the following main particulars of the design:
Table 1: Base Boat Main Particulars
Length Water Line

52.58

m

Beam, Water Line

8.4

m

Draft, molded

2.68

Displacement

+/- 526

Prismatic Coefficient Cp

0.7502

Power

2 * 3900

Diesel

1 * 29500 Gas Turbine

m
tonnes
BHP
BHP

Figure 1: The “Base Boat” design
The boats were designed for an endurance of 7 days with a crew of 20. The “speed profile” was:
80% of the time at 10 knots, 15% at 17 knots and 5% at 50 knots. The speed range of 35-40 knots
was to be considered quite feasible for present designs and ship owner requirements. The target of
50 knots maximum attainable speed was set to “pose a real challenge” for the future. The basic
hull geometry and the principal profile of this base boat design are depicted in the Figure 1.
Using this data the Shiphydromechanics Department of the Delft University generated the three
hull shapes for the research. The lines were generated along the lines of three rather new
developed concepts for fast monohulls, i.e.:
• The Enlarged Ship Concept (ESC). Because it is used as the bench mark design for the
others it is also referred to as Parent Hull Form (PHF)
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•
•

The AXE Bow Concept (ABC)
The Wave Piercer Concept (WPC)

The philosophy behind the ESC and ABC is amply described in References [1], [2], [3] and [4]
and will only very shortly be summarized here.
The ESC was first introduced in 1995. With the ESC the idea is to increase the length of the ship
considerably with something like 25% whilst all other design characteristics such as speed,
payload, functionalities and other dimensions are kept the same as much as possible. The void
space thus generated in the design is used to optimize the hull geometry in particular at the bow
sections from a hydrodynamic point of view. All this leads to a considerable improvement in the
calm water resistance and the motions of the ship in a seaway. The resistance may be reduced by
as much as 30% and the operability of a design along the ESC lines increases with some 70%
when compared with the original (base) design. The building cost on the other hand increase only
marginally with something between 3% and 5%. This concept has since 1997 been very
successfully introduced on the market by DAMEN Shipyards with their Stan Patrol 4207 line of
fast patrol craft.
A further extension of this idea was introduced in 2001 also by the Shiphydromechanics
Department of the Delft University. This became known as the AXE Bow Concept. In this ABC
the sections in the fore ship have no flair (almost vertical sides), a vertical stem, the fore ship is
very slender, there is a significantly increased sheer and a downwards sloping centerline at the
bow. These modifications were aimed at reducing the wave exciting forces and the hydrodynamic
lift in particular in the forward end of the ship whilst maintaining sufficient reserve buoyancy. For
heave and pitch the resulting system could best be described as a “soft spring” system. Tests
carried out till 2004 revealed a considerable improvement in seakeeping behavior with this
concept when compared with the ESC. In particular the large peaks in the vertical accelerations at
the bow and the wheelhouse were reduced significantly. Measurements and calculations however
were mostly restricted to head wave conditions.
The Wave Piercer Concept has been introduced by various authors over the last decades. It comes
in various shapes. The best known monohull applications were in the Very Slender Hull (VSH)
and the Wave Piercer by Peter van Diepen in 2002. The principal idea behind the WPC is also to
minimize the wave exciting forces by completely eliminating the above water part of the bow
sections. Inevitably however this leads to a considerable decrement in the reserve buoyancy at the
bow and in addition to this also in a significantly reduced deck area. At the time of starting of the
present project no towing tank measurements of the motions in waves of this concept were
available to any of the parties involved. Due to the very nature of the WPC design it was obvious
that the deck area criterion in this design could not be met without increasing the size of the ship
considerably. It was decided that this would lead to a disruption of the proper comparison of the
three designs and therefore this criterion was not used for the WPC. In addition, also due to the
shape of the WPC, this ship extends beyond the forward perpendicular and so has a slightly
longer waterline than the other ships
The beam of the ships was so chosen that an adequate stability of the craft with respect to their
seakeeping behavior was guaranteed. A complete structural analysis of the ship was not made but
the necessary vertical positions of the Center of Gravity of the three ships needed to establish
sufficient transverse stability were considered realistic and feasible
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Table 2: Main Particulars of the three new designs
Symbol Unit ESC (PHF)

Designation
Length water line
Breadth water line
Volume of displacement
Maximum draft
Wetted area
Metacentric height

Lwl
Bwl
∇
T
S
GM

[m]
[m]
[m3]
[m]
[m2]
[m]

55
8.46
516
2.66
480.58
1.52

ABC

55
55.76
8.46
8.46
517.4 515.9
4.38
2.6
512.84 492.16
1.52
1.52

The Enlarged Ship Concept design ESC (PHF)

The AXE Bow Concept design ABC

The Wave Piercer Concept design WPC
Figure 2: The lines plans of the three new designs
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3. The Full Scale results and criteria development.
In order to be able to compare the different design for their operability in a seaway it was felt
necessary to gain some more insight in the “shape” and “threshold” values of the limiting criteria
to be used in this respect.
In the commonly used operability analyses carried out for surface ships the operability in a
particular operating area is determined using results of linear theory approach, i.e.: the response
amplitude operators (RAO) of the motions under consideration are calculated, these RAO’s are
combined with the wave spectra derived from scatter diagrams and this yields the response of the
ship in all those particular seastates. Applying a set of limiting criteria for motions and/or
accelerations the operability of the craft in that particular operational area may be obtained. To be
applicable in the “linear environment” used in this procedure most limiting criteria are formulated
as significant motion values not to be exceeded. So in ship operability calculations it is quite
customary to use the “root-mean-square” (rms) or the “significant values” (a1/3) of the stochastic
motions and accelerations under consideration as the formulations for criteria
For fast craft this procedure is not really applicable however, in particular when the vertical
accelerations are concerned. This is due to the strong non linearity’s in the response of the ship to
the incoming waves. It was shown by amongst other Keuning in Ref [5] that the limiting criteria
for safe operations for fast ships should be based on the actual distribution of the peaks and
troughs of the responses (motions, accelerations) in the irregular waves rather then on the average
or significant values. This implies that for each of the spectra denominated in the “wave scatter
diagram” a full mission time simulation will have to be made in order to check whether the
limiting criteria for the safe operation of the ship under consideration are superseded or not. This
is by far a more time consuming procedure then the “linear” operability analyses carried out using
the RAO’s.
To determinate the most important limiting criterion or criteria for the operation of a fast ship in
irregular waves an extensive series of full-scale experiments have been carried out by the
Shiphydromechanics Department on board fast patrol boats and SAR vessels on the North Sea. In
the frame work of the present study it was decided to put some more effort in defining the
operability criteria by carrying out a extra series of full scale measurements on board real fast
ships. Goal of these tests was to:
• gain more insight in what plays a role when the operability of these craft is considered
and what should be used as a criterion
• try to establish limiting values for the criteria to be used
• define which design aspects are of particular importance for the safe operation of these
craft
In combination with previous work carried out by the Shiphydromechanics Department measured
results were now available from:
• full scale measurements on board the VALIANT , a Stan Patrol 4207 fast patrol boat
(length 42 meter, speed 27 knots) of the UK Customs at the West Coast of Scotland..
• Extensive data from measurements and observations on board 3 different SAR vessels of
the Royal Dutch Lifeboat Institution on the North Sea. Boats ranged from 10 to 16 meters
and from 25 to 35 knots forward speed.
• Interviews with the crews of 3 Coast Guard cutters, Stan Patrol 4207 type ships
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These ships have been instrumented, tested and monitored while performing their usual tasks
under real circumstances at sea and operated by their professional crews during a large number of
runs. Besides the environmental conditions (wind and waves) the ship motions and accelerations
as well as the “throttle control” and the voluntary speed reduction, as applied by the crew, have
been recorded. In addition video recordings have been made of “the view from the bridge” during
all tests. During all tests a team of experts from the Shiphydromechanics Department was on
board to get their own impression of the circumstances, the behavior of the ship and the reactions
of the crews. In the VALIANT tests also experts from MARIN and USCG were present. All
measurements and visual observations during these tests were recorded and analyzed afterwards,
including interviews with the crews and commanders about their findings, reactions and
comments. Also the impressions and observations of the experienced members of the
measurement teams formed a consistent part of the analysis of the results.
Due to the limited space available only a short resume of the findings of this research will be
presented here. The most important conclusion drawn from these studies is that:
Generally spoken all crews imposed a voluntary speed reduction at roughly the same conditions
on board the ship. It also showed clearly that the real measure for imposing a voluntary speed
reduction was not the prevailing magnitude of the significant amplitude of the motions or vertical
accelerations at that time, but the occurrence of the high peaks in particular in the vertical
acceleration. The occurrence of such a “one big peak” generally provoked a speed reduction by
all the crews just to “prevent it from happening again”.
In fact such a reaction is more or less in line with a well known more general aspect of human
behavior, namely that most people are inclined to react to “extremes” rather than to “averages”.
(
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Figure 3: Distribution plot of crests and troughs of a stochastic signal
A more detailed description of the findings in this criteria development study may be found in
Ref [6]. In the frame work of the present paper it suffices to point out that of a stochastic signal
(motion, acceleration etc) the significant value is not of interest but the occurrence of maximum
peaks. For strong non linear systems, such as a fast planing boat in waves, this implies that time
traces of the motion signals or results from time domain simulations must available and analyzed
to produce the kind of distribution plots as shown in Figure 3.
From an operability point of view the ship with the black line result for the vertical acceleration is
considerably better than the red-line result due to its higher extreme values. Even though the
significant value (at roughly 13.5% probability of exceedance) is higher!! Some of the other
findings of the research were:
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With designs like the “Valiant” and “Jaguar” (already optimized for the level of vertical
accelerations in the wheelhouse) the prevailing vertical accelerations at the bridge or
wheelhouse turned out to be not the determining factor for the crews to reduce speed. The
occurrence of (very) high peaks at the bow (slamming) and the resulting all ship
vibrations proved to be the limiting criterion for the crews to apply speed reduction.
On the smaller SAR ships the occurrence of peaks in the vertical accelerations at the
wheel house proved to be far more important. Here threshold values for both in the
wheelhouse and at the bow should be applied.
On smaller boats a higher level of vertical accelerations was accepted by the crews. On
the smaller boats also active throttle control proved to be an important aspect for
preventing high peaks in the vertical accelerations.
Typical values for the maximum accepted vertical accelerations are: at the wheelhouse
8.0 m/sec2 and at the bow 20 m/ sec2. For the smaller ships this proved to be 13 m/ sec2
and 25 m/ sec2

For the comparison of the three new designs in the present study these aspects have been used:
i.e. the shape of the distribution curves of the vertical accelerations and he threshold values as
formulated above.
4. The Calm Water Resistance
The calm water resistance of the three designs has been measured in the towing tank #1 of the
Delft Shiphydromechanics Laboratory. The dimensions of this tank are: length 142 meter, width
4.25 meter and maximum water depth 2.5 meter. The towing carriage is capable of attaining
speeds up to 7 m/sec. The model scale used during the experiments 1:20.
For the resistance experiments use has been made of the standard procedure as used in the
Laboratory. This implies the use of a set of three carborundum stripes on the model for the
turbulence stimulation in order to attain a fully turbulent boundary layer around the model. The
increased of the drag due to the strips was determined using the standard procedure of the Delft
Towing Tank. For the extrapolation according to Froude’s method use has been made of the
ITTC-57 extrapolation coefficient. The results are presented in Figure 4.
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Figure 4: Calm Water Resistance of the three designs
As can be seen from these results the differences in the calm water resistance between the three
designs are dependent on the speed range under consideration. Below circa 35 knots the ESC has
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a higher resistance when compared with the ABC. Above 35 knots this is reversed. The WPC
generally has a lower resistance when compared with the other two.
Part of the explanation for these differences in resistance may be seen in Figure 5 in which the
running trim and the sinkage (rise) of the designs are depicted. It is obvious from these plots that
the WPC has the highest positive sinkage (i.e. comes out of the water most) in combination with
the lowest trim (i.e. develops more dynamic lift). It should be noted however that the trim angles
are rather small and the differences even smaller. The larger sinkage (rise) of the WPC will imply
a larger reduction in wetted area likely to lead to a lower resistance.
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Figure 5: Trim and Sinkage of the three designs
5. Behavior in Head Waves
The same models of the new designs as used in the resistance tests have been used for the tests in
waves. These tests have been carried out in the #1 towing tank of the Delft Shiphydromechanics
Laboratory also. This tank is equipped with a hydraulically driven flap type wave generator
capable of generating long crested regular and irregular waves. The models were towed in such a
way that they were free to heave and pitch, but restrained in all other modes of motion
During these tests, the forward speed, the resistance, the heave- and pitch motion, the vertical
accelerations at the Center of Gravity (CoG) and at the bow location have been measured. The
heave and pitch displacements were measured using an optical tracking system. The resistance
force is measured with a strain gauge force transducer and the accelerations are measured by
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means of gravity based acceleration transducers, which are mounted at the CoG and bow
positions.
Prior to the test, the weight distribution of the models is adjusted to the design values of total
displacement weight, longitudinal position and height of the CoG, i.e. LCG and KG and
longitudinal radius of gyration, Kyy, according to the values presented in Table 2.
The elaboration of the measured data is as standard for these tests in the Delft Towing tank. This
implies that for the heave, pitch, Az CoG and Az Bow signals so-called Rayleigh plots are
presented. These are plots designed to plot the probability of exceedance of a random variable in
such a way that a deviation of the variable’s probability distribution of the Rayleigh one becomes
immediately apparent. This is done by “pre-distorting” one of the axes in such a way that only the
distribution of a Rayleigh distributed variable is plotted as a straight line. The plot can be used to
check if the variable follows a Rayleigh distribution. Since the input signal for the system, i.e. the
incoming environmental waves, are Rayleigh distributed, this is an efficient check on the linear
behavior of the response under consideration.
For the tests in head waves, irregular wave trains are generated in the towing tank, which are
presenting a JONSWAP wave spectrum shape. The integral wave parameters of the adopted wave
spectra are presented in Table 3 below. In order to be able to define the limits of operability for
each design within a manageable number of runs it was decided to use one spectrum shape with
one particular peak period and with an increasing significant wave height.
Table 3: Wave conditions used during the head wave tests
Significant
Wave
wave
condition
Height
1
2
2
2.5
3
3
4
3.5
5
4

Mean zero
crossing
period
6
6
6
6
6

Peak period

Gamma

7.8
7.8
7.8
7.8
7.8

3.3
3.3
3.3
3.3
3.3

During all tests in addition to the measurements indicated above, video recordings have been
made of the models for observing bow immergence, deck wetness and green water on deck.
Only the principal findings from the results of the head waves experiments will be summarized
here:
• For all three designs when tested in comparable wave conditions, show roughly
similar values for the significant amplitudes for the heave, pitch and vertical
accelerations.
• Staying within the imposed limiting criteria was only possible with the ABC
• The maximum peaks encountered in the vertical accelerations at the CoG and in
particular at the bow, showed large differences between the designs. The WPC
generally had 40 % lower values when compared with the ESC (PHF). The ABC in
general had more than 65% lower values when compared with the ESC (PHF)!
• The deck wetness of the WPC was quite considerable. It took on green water very
often. This caused that carrying out the experiments in the higher seastates was
impossible due to the enormous amount of (green) water on the deck. In real life this
will pose serious problems and must certainly lead to a (impractical) fully water tight
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and streamlined superstructure (if any). Breakwaters on deck will experience high
loadings and inflict the philosophy behind the design.
The ABC design was the only one capable of sailing at 50 knots in the highest seastate tested.
With this design no slamming and no green water was observed during any of the tests. To
illustrate these findings, typical results of the distributions of the vertical accelerations at the bow
is shown for all three designs at 35 knots and in a 3.5 meter significant wave height in Figure 6.
The differences are obvious!
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Figure 6: Rayleigh plots of the vertical accelerations at the bow at V=35 knots and
Hs= 3.5m for ESC (PHF) ABC and WPC
Applying the derived criteria for the acceptable occurrence of peaks in the vertical accelerations
at CoG and Bow and the “acceptable” amount of deck wetness and solid water on deck taken into
account, the following matrix for operability based on the experiments could be made (it should
be noted that with the Wave Piercer design the limits of safe operability are also met by the
enormous amount of green water on deck.) These results implicate that with the AXE Bow
Concept a 100 % all year operability may be achieved on all speeds investigated in a typical
operational area as the North Sea based on the generally used scatter diagrams for this area.
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6. Behavior in Following and Stern Quartering Waves
6.1 Tests in following waves
Tests have been carried out in following waves to investigate the sensitivity of the three designs
with respect to bow diving and green water. Visual observations and video recordings were
important assets in judging the behavior of the designs.
Table 4: Operability in tested spectra using developed criteria
Vs
H 1/3
ESC
ABC
WPC

25
2.0
yes
yes
yes

25
2.5
yes
yes
yes

25
3.0
no
yes
yes

25
3.5
no
yes
no

25
4.0
no
no
no

35
2.0
yes
yes
yes

35
2.5
no
yes
yes

35
3.0
no
yes
no

35
3.5
no
no
no

50
2.0
no
yes
yes

50
2.5
no
yes
yes

50
3.0
no
yes
no

50
3.5
no
yes
no

50
4.0
no
yes
no

In order to limit the amount of tests needed it was decided to perform these tests in regular
following waves and at three speeds only, i.e. at 35 and 50 knots. The wave length at each
forward speed of the ship was so chosen that the encounter frequencies were varied around the
zero encounter frequency point. This implies that in these tests all situations were met, i.e.: the
ship was overtaking the waves, the ship was going at wave speed (zero encounter frequency) and
the waves were overtaking the ship. During the tests the wave height was systematically
increased.
From these tests it became evident that:
• Bow diving did not occur with both the ESC and ABC designs in any of the conditions
tested.
• Bow diving did occur with the WPC. Extreme deck wetness was regular.
• The tendency to bow diving diminished with increasing speed, partly due to the increased
running trim at speed.
• The negative effects of bow diving did increase with speed.
• The response in heave was more or less linear with wave height and similar for all
designs
• The response in pitch was almost linear with wave steepness and biggest with the WPC,
and almost similar for the ESC and ABC designs.
6.2 Tests in stern quartering waves
The tests in stern quartering seas have been performed in the new Seakeeping and Maneuvering
Basin (SMB) of MARIN in Wageningen. The dimensions of this tank are 170*40*5 meters. The
towing carriage is capable of speeds up to 6 m/sec and spans the full 40 meters width of the basis.
It supports a sub carriage capable of speeds up to 4 m/sec. On two sides the basis is equipped with
segmented wave generators consisting of hinged flaps and capable of generating irregular and
regular waves from any direction.
It was decided from the beginning of the research project that due to the limited time and money
available only the two best performing designs so far would be used for the tests in stern
quartering waves. This implies that only tests have been carried out with the ESC (PHF) and the
ABC design.
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From the beginning of the introduction of the AXE Bow Concept there were some serious
concerns about her possible increased sensitivity towards broaching in following and stern
quartering seas. So in the frame work of this research project it was decided that a thorough
comparison between the two designs would yield the answer to this question. When no big
differences would be found when compared with the more “usual” design such as the ESC this
would certainly strengthen the introduction of the ABC.
The models used in the previous tests were now made suitable for free running tests by the
implementation of propulsion and auto control. The propulsion consisted of electro motors and
two water jets. The water jets had controllable nozzles for steering. The maximum nozzle rate
was 10 degrees per second and is representative for high speed craft. The maximum attainable
nozzle angle was 23 degrees both sides. Course control was established by auto pilot following
standards used in the SMB. In addition both models have been fitted with a twin skeg
arrangement at the stern for improved directional stability.
During these tests the models were completely free from the towing carriage. The sub towing
carriage follows the model, which is under autopilot control. Due to the self propulsion and the
added resistance in waves the model speed may vary somewhat during the runs. During the runs
the waves close to the model, the forward speed of the model and all motions are measured. In
addition the vertical accelerations at the same points as with the previous tests have been
measured. Video recordings have been made of all runs. Care has been taken that both models
met roughly the same part of the generated wave train in the various spectra used during the tests.
The wave spectrum used during the tests was a Jonswap energy distribution over the frequency
range. The nominal spectrum had a significant wave height of 2.5 meters and a peak period of
6.75 seconds. This wave spectrum is representative for the North Sea conditions. In this area the
probability of exceeding this wave height is about 15 % of the time. A limited number of tests
have been performed in an increased wave height. For this condition the spectrum shape was the
same but the significant wave height increased to 3.5 meters. Finally a series of tests has been
carried out in what is known as a “bi-chromatic wave train”. These are semi regular waves
consisting of two regular waves components with a slightly different period. The resulting wave
train is a regular wave with increasing and decreasing wave amplitude in time. The primary wave
length is so chosen as to be a sensitive situation for broaching for the particular model and
forward speed. These tests are carried out to identify the sensitivity of the model under
consideration towards broaching and to identify the limiting wave height for broaching in stern
quartering waves.
The general findings from this research may be summarized as follows:
• The ESC (PHF) design nor the ABC design performed any real broach (i.e. exceeding
maximum heel angle of more than 50 degrees and yaw angle of 40 degrees) during any of
the tests.
• There was not a large difference in broaching tendency or behavior between the ESC
(PHF) design and the ABC design in this aspect.
• In general the ABC design had larger roll angles than the ESC design. The difference
being not very large.
• Maximum roll angles for both designs did not exceed 35 degrees.
• Maximum yaw angles for both designs did not exceed 40 degrees.
• There was no significant difference between the two designs at either speed, i.e. 20 or 50
knots.

149

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

•

Relative small changes in heading (wave direction) resulted in large differences in both
the roll and the yaw behavior.

Some typical results of these tests will be shown hereafter. The results that are shown are limited
in number but are typical for all the findings from this part of the project.
First the Significant Double Amplitude (SDA) of the roll motion at 20 knots and in 2.5 meters
significant wave height will be compared for different wave directions, i.e. 300, 315 and 330
degrees is depicted in Figure 7:
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Figure 7: SDA and MAX Roll versus wave direction in Hs=2.5 m and Vs=20 knots
From this plot it is obvious that the ABC design rolls slightly more than the PHF design but the
difference is rather marginal. It is obvious also that a slight change of heading may reduce the
SDA for roll significantly. This is an important operational aspect, which should be considered
also, because it has a strong influence in the final assessment of the operability of fast ships in
rough seas. A similar trend with dependency on heading may be observed when the maximum
roll amplitude, observed during the tests, is considered. This result is also shown in the Figure 7.
The results for the yaw motion are shown in the Figure 8. The plot for the SDA in yaw is
presented in Figure 9. The result is similar as for roll although here the trend with wave direction
is reversed, i.e. the models yaw more at 330 degrees and this yawing motion decreases at 300
degrees. Also here the differences between the two designs are small, except maybe for the 330
degrees heading in which condition the maximum yaw angle with the ESC (PHF) is some 10
degrees larger.
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The general trend in these findings holds trough also for the high speed of 50 knots. In this
condition only the results for the SDA and maximum angle are shown in Figure 8 and 9 and only
for one heading of 315 degrees Once again the differences between the two designs in the SDA
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are small, i.e. within 2 degrees difference and with the maximum there is a somewhat larger
difference of around 8 degrees.
In general the conclusion from the tests in stern quartering seas was that there was no big
difference between the two designs with respect to their sensitivity towards broaching. No
extreme values for either roll or yaw have been observed during the tests.
It should be noted that although the trend in the difference between the two designs as far as the
maximum angles is concerned is persistent, the maximum values for both the yaw and the roll
angle are statistically not very reliable. It is based on the occurrence of just one “out shooter” that
may be caused by the actual execution of the experiment which is difficult in particular at the
higher speeds. The results for the maxima should be considered therefore with some “margin” of
accuracy.
7. Conclusions
The conclusions of the research project can be shortly summarized as follows:
• The AXE Bow Concept has better performance in head when compared with the others.
• In following and stern quartering seas the behavior of the ABC and the ESC do not differ
significantly.
• Criteria for fast ships should be based on extremes and not on averages (significant
values)
• The differences in operability become in particular evident when the proper criteria for
the assessment of the safe and comfortable operation of fast craft in waves are used.
• The Wave Piercer Concept suffers from serious deck wetness and green water in head
waves and a tendency to bow diving in following waves.
• It should be noted that the Enlarged Ship Concept, which has been used as the Base boat
or bench mark design in the present study, already yields a 40-50 % increase in
operability when compared with “normal” designs.
• With the design along the ABC a 100% all year operability should be possible at the
North Sea with a speed ranging from 35 to 50 knots.
These results have lead DAMEN Shipyards, one or the participants in the project, to design and
build a series of new ships according to the AXE Bow Concept. Five of these ships have already
been sold to date. The first ones will be put in to service in September 2006. In the autumn of
2006 extensive full scale testing with one of these ships is envisaged to verify the model testing
and calculated results. A photo of one of these new ships, i.e. “Fast Crew Supply 3305” is
depicted in the figure below.
8. Acknowledgement.
The authors wish to acknowledge their gratitude to the participants in the FAST Phase 1 project,
i.e. the Royal Netherlands Navy, the United States Coast Guard, DAMEN Shipyards at
Gorinchem and the Royal Schelde Group at Vlissingen, for their support and cooperation in
carrying out this project and for their willingness to allow the publication of the results.

151

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Figure 10: Fast Crew Supply 3305 from DAMEN Shipyards on trail
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Abstract
Towing tank experiments remain the most accurate technique for evaluating a high performance
vessel’s performance prior to construction. This paper reports on an investigation into the influence
of a pre-existing wave environment on ship motion experiments. A methodology is presented which
has enabled appropriate wave thresholds to be set to ensure consistent, accurate and repeatable
results whilst minimising waiting time between runs. In addition the optimal use of a wave dissipation
device (or side beach) has been examined to maximise the productivity of the tank by minimising the
time between runs.
A system has been developed to monitor the water stilling in the towing tank during the time period
between runs. The software, written in LabVIEW, provides the towing tank operator with a signal
when it is appropriate to commence the next test run.
The use of the proposed methodology and analysis system were examined through a series of
monohull head sea tests. Results from these tests are presented and discussed. Conclusions are drawn
and recommendations made for further procedures to reduce user input into towing tank tests whilst
retaining high levels of accuracy and repeatability.
1. Introduction
Towing tank experiments remain the most accurate technique for evaluating a high performance
vessel’s performance prior to construction. For example resistance tests enable a designer to
determine the appropriate engine for installation with confidence; whilst seakeeping tests provide
valuable estimates of a vessel’s motions in a seaway.
To date, in the Australian Maritime College’s towing tank, the time allowed between individual test
runs has been based predominantly on the researcher’s judgment as to when the water in the tank has
stilled to an appropriate level, a method that is not uncommon at other similar facilities.
This paper reports on an investigation into the influence of a pre-existing wave environment on ship
motion experiments. A methodology is presented which has enabled appropriate wave thresholds to
be set to ensure consistent, accurate and repeatable results, which is an essential requirement for all
towing tank experiments. In addition the use of a wave dissipation device or side beach has been
examined to maximise the productivity of the tank by minimising the time between runs.
A system has been developed to monitor the water stilling in the towing tank during the time period
between runs. The software, written in LabVIEW, provides the towing tank operator with a signal
when it is the appropriate time to commence another test run.
The use of the proposed methodology and analysis system were examined through a series of
monohull head sea tests. Results from these tests are presented and discussed. Conclusions are drawn
and recommendations made for further procedures to reduce user input into towing tank tests whilst
retained high levels of accuracy and repeatability.
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2. Wave Stilling Theory
When a seakeeping test run is conducted in the towing tank, the combination of the incident,
diffracted and radiated waves, along with the Kelvin wave pattern emanating from the towed model,
may produce a significant wave environment. Before the next test run may be completed the waves
need to be allowed to settle down so that the water in the tank becomes still. When operating the
Australian Maritime College’s towing tank, see Figure 1, it has been left to the researcher’s judgment
as to when the water in the tank has stilled to an appropriate level for a test run to be conducted. The
waiting time between runs is usually 20 minutes which leads to only 24 seakeeping runs being
completed in an eight hour testing session. Additionally a beach, or wave dissipation device as shown
in Figure 2, running along one side of the tank has been used to aid the water stilling process by
lowering it into the water after the completion of a run, and raising it prior to the commencement of
the next run. This side beach, constructed from metal mesh in a metal rectangular frame, is separated
into 17 sections along the tank wall; each section measures 3.6 m in length and 0.3 m in width.
However its effectiveness has not been quantified, nor the timing of its lowering and raising optimised
with respect to the stilling of the water. Obviously wave dissipation devices, except those at the
opposite end of the tank to the wave maker, must be removed for the conduct of seakeeping tests lest
they contaminate the incident waves. The beach at the end of the tank is constructed from a
combination of porous matting and swimming pool lane ropes situated in a metal framework.

Figure 1: Schematic of the Australian Maritime College towing tank

Figure 2: Side beach or wave dissipation device
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It is proposed that a scientific approach to the stilling of water between seakeeping runs will result in
a reduced waiting period between tests, whilst maintaining a high level of accuracy and repeatability
in the test results.
The proposed methodology comprises the following steps:
•

Establish the baseline error in the seakeeping experimentation process. This may be
achieved by conducting a series of tests runs where the water is allowed to still to absolute
calm between runs. An appropriate error analysis technique which may be used to estimate
the error in the seakeeping motion data is outlined in Section 2.1.

•

Ascertain the influence of the ambient wave environment (i.e. the wave environment in the
tank prior to commencing a test run) on the error in the seakeeping results. This may be
investigated by conducting a series of test runs for varying ambient wave energies. A
method for characterising the ambient wave energy is presented in Section 2.2. The results
from this investigation should indicate what level of ambient wave environment is
acceptable without reducing the accuracy of the seakeeping tests.
The influence of the ambient wave environment may be further investigated by conducting a
set of tests with no incident regular waves. For these tests the ambient wave field may be
created but the tests run should be completed measuring the model response solely to these
ambient wave conditions.

•

Determine the quickest method to achieve an acceptable level of ambient wave condition
between test runs. This may be achieved by the use of a temporary dissipation device. The
time for which this dissipation device is utilised may be important since removal of the
device from the water will create waves.

2.1. Seakeeping Error Analysis
To determine the error in the seakeeping measurements the file of the raw data of heave displacement
may be taken and the peaks and valleys in the signal determined. An example of this may be seen in
Figure 3 where the peaks and valleys have been identified. The height of the signal, yi, is defined as
the distance from a peak to a succeeding valley or vice versa; the mean height y of these peaks and
valleys may be taken as:

y=

1
n

n
i =1

yi .

[1]

The standard deviation of the heights is:
2

s=

1 n
( yi − y ) .
n − 1 i =1

[2]

The Standard Error of this data range is therefore given by

Es =

s
y

[3]

This value, Es, may be used as a measure of the error in motion data of the model seakeeping
experiments.
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Figure 3: Raw vertical displacement data (water surface absolutely calm prior to commencement of
run)
2.2. Ambient Wave Energy Monitoring
Given a time history of the elevation of the water surface in the towing tank, sampled at discrete
intervals of time to obtain measurements of the surface depression ζn, the mean surface depression,

ζ , is:
N

ζn

n =1

N

ζ =

[4]

where N is the number of observations of surface depression (Lloyd 1989). The mean of the variance
of surface depression relative to the mean, m0, may be defined as

N

m0 =

n =1

(ζ

n

−ζ

)

2

[5]

N

The significant wave height, H 1 / 3 , may be determined thus:

H 1 / 3 = 4.00 m0 .

[6]

The energy in an irregular sea state, E , may therefore be found (USACE 2002):
2

E = ρg

H 1/ 3
16

J/m2.

[7]
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This value of wave energy may be used to describe the ambient wave energy within the
towing tank.
An ambient wave monitoring system was established using a LabVIEW program to process the raw
measurement data from the wave probe in the towing tank. The wave data was logged at a rate of 100
Hz and the wave energy calculated continuously based on the previous 30 seconds of wave data. The
program allows a threshold to be set so that the tank operator receives a signal when the water has
stilled to an appropriate wave energy.
3. Experiments
3.1. Model Details
The model selected for the experiments was the parent model from the AMECRC Systematic Series
(Bojovic and Sahoo 1998). The hull is of round-bilge form with a transom stern designed for
operation as a high-speed displacement vessel. The model particulars are shown in Table I.
Table I: Model Particulars (Model 94-08)
Length Waterline

1600 mm

Beam

200 mm

B/T

80 mm

CB

0.5

Displacement

12.804 kg

3.2. Experimental Configuration and Procedure
The experiments were conducted in the Australian Maritime College’s Towing Tank, which is a
rectangular tank 100 m long, 3.55 m wide and 1.5 m deep. A carriage, which has a maximum speed of
4.6m/s, is used to tow the models. Waves can be produced by a hydraulically driven wave maker
positioned at one end of the tank. The computer software that controls the wave maker paddle
provides the ability to produce a wide variety of wave forms, including: regular waves and irregular
wave spectra. A wave energy dissipation device (beach) is fitted to the opposite end of the tank and a
removable wave dissipation device is fitted to one side of the tank.
The model was attached to the carriage using a two post system. It was free to heave, pitch and roll
while constrained in yaw, sway and surge. Measurements were taken of heave and pitch motions,
using linear voltage displacement transducers (LVDTs). Data logging was conducted at 100 Hz for
each run period of 20 seconds.
The water surface profile and hence wave environment in the tank was measured using two stationary
wave probes. Each probe measured the water elevation by measuring the capacitance which changes
with the local wave elevation. The locations of the probes are shown in Table II.
The model was tested in a variety of regular wave conditions at a constant model speed of 1.98 m/s
(Fn = 0.5). Two wave frequencies were chosen: corresponding to the resonant motion peak and a
higher frequency for which reduced motions were expected, see Figure 4 (Macfarlane et al. 1995).
To determine the effect of changing the incident wave height on the ambient wave environment in the
towing tank two nominal wave heights were tested, see Table III for details.
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Table II: Wave probe locations

Probe
Number

Distance from
wave maker

Distance from
tank wall (side
with beach)

1

9m

0.5 m

2

18 m

0.5 m

Table III: Tested wave conditions

Condition
Number

Incident Wave
Height

Wave
Frequency

1

40 mm

0.875 Hz

2

60 mm

0.875 Hz

3

40 mm

0.950 Hz

4

60 mm

0.950 Hz

2
1.8

Non-Dimensional Heave

1.6
1.4
1.2
1
0.8
0.6
0.4
0.2
0
0.5

0.6

0.7

0.8

0.9

1

1.1

1.2

1.3

1.4

1.5

Wave Frequency (Hz)

Figure 4: Heave RAO - AMECRC parent model (Macfarlane et al. 1995)
4. Results and Discussion
4.1. Baseline Error
In order to establish the baseline error in the seakeeping experimentation process a series of tests runs
was conducted where the water was allowed to still to absolute calm between runs. A time period of
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50 minutes was allowed for the water to calm (using the side beach to aid the calming process) and
the wave energy in the tank was measured as being negligible (less than 0.1 J/m2) prior to
commencement of the test run. A sample of the raw run data is shown in Figure 3 with the signal’s
identified peaks and valleys highlighted. Three runs were completed for each condition and the
average standard error determined as shown in Figure 5. The bars indicate the range of standard error
obtained for each condition. These results show that the standard error that may be expected for
seakeeping tests, for this type of hull form and wave condition, is in the range of 2.1 to 3.2%. Most of
this error is due to the ‘beating’ nature of the raw data as seen in Figure 3.

5
4.5
4

Standard Error (%)

3.5
3
2.5
2
1.5
1
0.5
0
1

2

3

4

Condition Number

Figure 5: Standard error for varying wave conditions for tests in absolute calm water
4.2. Influence of Ambient Wave Environment
To determine the influence of the ambient wave environment (i.e. the wave environment in the tank
prior to commencing a test run) on the error in the seakeeping results, a series of test runs was
conducted for varying ambient wave energies. The time between tests runs was altered to give varying
ambient wave energies from absolute calm water to a wave energy of approximately 70 J/m2. The test
run for the maximum ambient wave energy condition was started immediately the carriage returned to
the start position from the previous test. The raw data from a test run in this largest ambient wave
environment is shown in Figure 6 and may be compared with the raw data with absolute calm water
prior to the run in Figure 3. It is interesting to note the influence the ambient wave environment has
produced data of a more irregular nature. The results, as shown in Figure 7, indicate, as expected, that
the standard error tends, for all conditions, to increase with increasing ambient wave energy. However
the increase in error is insignificant for wave energies up to 5 J/m2.
For Conditions 1 and 2 (wave frequency of 0.875 Hz) the maximum standard error obtained was less
than 8% even though there was a significant wave environment in the tank at run commencement
(approximately 65 J/m2). Since the model motions were significant at this frequency, given that it is
the resonant motion frequency, the influence of the ambient wave environment was diminished.
However for the larger wave frequency investigated (Conditions 3 and 4) the ambient wave
environment had more impact on the motion results since the model motions were smaller. These
results gave rise to the proposition that an ambient wave environment of 3 J/m2 would be acceptable
for the conduct of seakeeping tests.
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Figure 6: Raw vertical displacement data (water surface possessed a wave energy of 62 J/m2 prior to
commencement of run)
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Figure 7: Standard error in model vertical displacement results for varying ambient wave energies
existing prior to run commencement
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To further investigate the influence of the ambient wave environment a set of tests was conducted
with no incident regular waves. For these tests a series of ambient wave fields was created, but the test
runs were completed measuring the model response solely to the ambient wave conditions. The
results, see Figure 8, show that the curve of standard deviation with no incident waves present has a
very similar trend to the curves when incident waves were present. Whilst this is an expected result,
since the error introduced into the seakeeping results should be solely due to the ambient wave
environment it does suggest that the relationship may be utilised to aid the determination of
acceptable ambient wave energies for different models and test conditions. For example the
appropriate level of ambient wave energy for a specific model may be estimated by calculating the
expected motion standard deviation on a typical motion RAO for the model and relating this to an
appropriate level of error.
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Figure 8: Standard deviation in model vertical displacement results for varying ambient wave energies
existing prior to run commencement, including tests with no incident waves
4.3. Optimal Use of Wave Dissipation Device
The wave dissipation device (side beach) which runs along one side of the tank may be used to reduce
the wave energy within the tank. The effectiveness of this device can be seen in Figure 9 where the
water surface elevation is plotted against time. The side beach was lowered into the water
immediately after the test run was competed, at time = 400 seconds, and a dramatic reduction in wave
height is seen to follow. The influence of raising the beach out of the water can also be seen at time =
1120 seconds. As the beach is raised it disturbs the water surface creating waves; in addition water
droplets continue to drip into the tank from the beach for a considerable time following. Then in the
absence of the beach the water takes a considerable time to still. It is apparent that at record end (time
= 1800 seconds) the water has not yet stilled to the extent prior to raising the beach.
To determine the most effective implementation of the side beach, its deployment time was varied and
the total time (including the beach deployment time) to reach the required ambient wave energy
noted; tests were conducted for acceptable wave energies of 1.5 J/m2 and 3 J/m2. The results are
shown in Figure 10 and indicate that when the beach was not used it took 15 minutes for the water to
still to a level of 3 J/m2. However when the beach was used for a short time, i.e. 1 minute, there was a
significant reduction in total time, down to 7 minutes. When the beach was used for an extensive time
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period, i.e. 15 minutes, it was found that the ambient wave environment was immediately suitable
once the beach was raised; therefore the total time was found to be equal to the time of beach
deployment. The optimum time of beach deployment was found to be approximately 3 minutes which
led to a total time of 4.5 minutes. A similar trend was found when the acceptable wave energy was
nominated as 1.5 J/m2. The optimum time of beach deployment was again found to be approximately
3 minutes which led to a total time of 5.5 minutes. These times are considerably less than currently
used in the AMC towing tank as a waiting period between runs. Therefore this work has highlighted
that significant reductions in waiting time between test runs may be applied whilst retaining
consistent, accurate and repeatable results.
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5. Conclusions
An investigation into the influence of a pre-existing wave environment on ship motion experiments
has been conducted. A methodology has been presented which enabled appropriate wave thresholds to
be set to ensure consistent, accurate and repeatable results whilst minimising waiting time between
runs.
The standard error in the vertical displacement seakeeping results when the water was allowed to still
absolutely was determined and found to be in the range of 2.1 to 3.2%. To determine the influence of
the ambient wave environment on the error in the seakeeping results, a series of test runs was
conducted for varying ambient wave energies. For the model and the wave conditions tested there was
no significant increase in the standard error with the existence of wave energies up to 5 J/m2.
The most effective implementation of the side beach was ascertained by varying its deployment time
whilst the total time to reach the required ambient wave energy was recorded. For the two acceptable
wave energies tested (1.5 J/m2 and 3 J/m2) the optimum side beach deployment time was 3 minutes;
this resulted in total waiting times of between 4.5 and 5.5 minutes. These times are considerably less
than currently used in the AMC towing tank as a waiting period between runs. Therefore this work
has highlighted that significant reductions in waiting time between test runs may be applied whilst
retaining consistent, accurate and repeatable results.
Tests were also conducted to find the standard deviation of the vertical displacement results with no
incident waves present for a variety of ambient wave environments. The motion standard deviation
was found to increase with wave energy at a similar rate to when incident waves were present. This
technique may be utilised to aid the determination of acceptable ambient wave energies for different
models and test conditions.
A similar methodology may be utilised in the future to investigate waiting times between resistance
test runs accounting for both the waves and any flow build-up in the tank. In addition it is suggested
that a system for determining the correct time to commence a seakeeping test run by allowing the
incident wave field (for both regular and irregular waves) to progress the appropriate distance down
the tank, based on the wave velocity and model test speed, be developed. This will eliminate another
component of the test procedure which has to date been based on operator judgement.
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Abstract
A decision-making tool has been developed to aid designers when confronted with the choice between
two different hull form configurations for a particular route. It incorporates both economic and
technical issues which are the two major components to influence the comparison and evaluation of
vessels. A number of technical factors have been taken into account including: resistance and
powering, passenger comfort and structural configuration; they have different weightings depending
on the vessel’s operational requirements. The use of the system is demonstrated by way of a case
study for a prospective ferry route in South Australia. Conclusions are drawn on its performance and
recommendations made for future development.
1. Introduction
Given a prospective ferry route, a designer may be faced with a difficult initial decision: ‘What is the
most appropriate hull form configuration for this operational scenario? A monohull or a catamaran?’
In order to determine if one hull form will be superior for a given route the designer usually uses their
experientially-based knowledge. In addition the decision may be influenced by the shipyard selected
to build the vessel since they may specialise in a specific type of hull form. However the selected hull
form may not be optimal for the operation, particularly with respect to profitability.
This paper reports on the development of a decision-making tool which has been created to aid
designers when confronted with this situation. It incorporates both economic and technical issues
which are the two major components to influence the comparison and evaluation of vessels. Economic
issues, in terms of build and through life, have the ability to determine which vessel has the greatest
potential to make a profit for the client. Technical components affect how successful the vessel will be
over its service life. A number of technical factors have been taken into account including: resistance
and powering, passenger comfort and structural configuration; they have different weightings
depending on the vessel’s operational requirements. The designer provides the required information
concerning the route and performance of the relative platforms for a number of specific factors. A
weighting table approach then provides an indication of the favoured configuration.
The use of the system is demonstrated by way of a case study for a prospective ferry route in South
Australia. Conclusions are then drawn on its performance and recommendations made on areas for
future development.
2. Review of Comparison Methodologies
2.1. Economic Methodologies
Economic methodologies are designed to evaluate a vessel’s potential to make a profit over its service
life. As a consequence of this evaluation, proposed vessels may be compared directly against each
other, as well as being compared against other possible projects, to determine if the proposal is an
appropriate investment for the client.
A study by ESCAP (1980) concluded that an economic analysis, or profitability study, should include
revenue, from the production or transportation of goods, and costs which include variable or operating
costs as well as fixed costs. Fixed costs were defined as ‘costs that do not vary with the level of
production, while variable costs are those costs that vary directly with output, rising as more is
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produced and falling if less is produced’. These fixed costs are important for an economic analysis as
they help construct accurate financial sheets and economic ratios; reducing errors and therefore
increasing the confidence of the final decision. ESCAP (1980) developed a cost breakdown of ocean
transportation concept map to illustrate the components of transportation costs for a vessel; this is
illustrated in Figure 1.
Crew
Insurance
Fuel and
Oil

Stores & Misc.

Port costs
Canal
costs
Ship voyage
related costs

Repairs
Admin
Ship operating costs

Depreciation
Vessel standing costs

Total transportation costs

Figure 1: Components in ocean transportation costs (ESCAP, 1980)
These same components were utilised by Goubault et al. (1992) to calculate the total variable costs of
a vessel. However they also included expenses such as capital costs and interest on the loan (if
applicable). Using a loading factor of 50% and assuming four 100 nautical mile trips per day, Martin
(1993) calculated an annual profit/loss for four similar vessels using a similar method to Goubault et
al. (1992). Profitability and operating cost ratios were then calculated to illustrate the results of the
comparison. Gee (1989, 1991) used a similar costing methodology although broke down all the
expenses to lower levels. This breakdown structure enabled items to be accurately estimated,
improving the workability and precision of the economic analysis. This enabled the formulation of a
‘through life costing’ table, which, utilising a loading factor, included items such as the total
passengers per day and trips per day. Financial performance and cash flow statements were then
formulated over the expected service life of the vessel; enabling the potential profitability of the
vessel throughout its service live to be calculated. Gee (1989) used ‘cost per seat’ for comparing the
costs of different designs and transport efficiency to assess the fuel and maintenance costs of various
designs.
Alkan et al. (1997) evaluated vessels on a route in Istanbul. Their methodology, employed to assess
the most favourable vessel for this route, took all costs into consideration as time dependent. Since
inflation was not ignored the value of the predicted costs was equivalent to their value at the time
when the vessel was commissioned. It was suggested by Hunt and Butman (1995) that if the expenses
of the vessel were unknown, or not well defined, a range should be used in conjunction with a
probable figure. This created a variance and standard deviation to expenses, creating a range of cost
data for the vessel and assisting in the confidence of the outputs.
It is therefore evident that there are many different methods which can be used when undertaking an
economic analysis or profitability study for proposed vessels. Also apparent is that an economic
analysis requires probable revenues and costs of the vessel over its projected service life. The
accuracy of the economic analyses may be maximised if the components are broken down and net
present values utilised.
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2.2. Technical Methodologies
In order to make an effective hull form comparison, the attributes of the hull forms and the conditions
in which they will be operating need to be understood and evaluated. A number of factors, dependent
on hull form characteristics, exist including: payload, seakeeping behaviour, manoeuvring and noise
and vibrations (Kennel 1998). In order to correctly assess the variations in performance between
different hull forms it is important to consider ‘specific route factors… such as port constraints, sea
conditions, the angle at which sea and swell impact a vessel and route length’ (Naval Architect, 2002),
as all these factors change the way a vessel will perform on a given route. The technical comparison
method carried out by Lu et al. (1996) involved different hull form characteristics being ranked as
‘above average’, ‘average’ and ‘below average’; however it did not compare proposed vessels on a
particular route. Once different hull form characteristics had been evaluated, Gee (1989) placed all
characteristics in an attribute rating system and then in a weighting table; acknowledging that this type
of assessment is somewhat subjective as weightings may be skewed. However the total weightings
give an accurate indication of the vessel’s attributes relative to its competition and a hull form is still
able to be selected using this method.
Relatively few publications have focused on the relative technological merits of monohulls and
catamarans. One exception is the work of Fry and Graul (1972) who concluded that a catamaran
design permits the beam of the vessel to be increased without increasing the resistance; therefore a
catamaran may be shorter than a monohull for the same payload capability, resulting in smaller crew
requirements. Gawan-Taylor (unknown) drew up a comprehensive comparison of catamarans and
monohulls. He stated that an advantage that monohulls have over catamarans is their ability to utilise
their hull volume to accommodate passengers and/or cargo. A feasibility study was completed by
Allan (1996) to determine if a catamaran could be a viable option for a coastal patrol vessel operating
in large seas. With respect to seakeeping it was discovered there are some advantages to catamarans
as a result of high GM values including a greater roll resistance and lower amplitudes of roll
compared to that of a monohull.
3. Proposed Comparison Methodology
The predicted cost and performance of a new vessel will be largely established by the end of the
preliminary design phase. It is important to have a methodology to compare the different attributes of
potential hull configurations, at as early a stage as possible, in order to determine which hull form is
the most suitable for the specified operation. From the review in Section 2 it is evident that there are
many different methodologies which may be used to compare and evaluate hull forms. However these
methods have focused on only one of the key areas of project feasibility such as investment potential
or seakeeping behaviour. There is clearly a need for a tool to aid designers to choose between
different hull form configurations; in particular a system which combines both economic and
technical issues into a single method could be of great benefit. The semi-automated tool has been
written in Microsoft Excel taking advantage of the macro facilities.
3.1. Economic Methodology
Previous economic investigations have required a statement of financial performance and a cash flow
statement to be formulated over the anticipated life of the vessel; the results of these financial sheets
have then highlighted the most economically viable vessel. It was decided that the formulation of
financial sheets would be included in the proposed methodology since they provide clear, reliable and
valuable information. Furthermore net present value calculations will be applied since this method
informs the investor what the most profitable investment in present value terms will be (Atrill et al.,
2003). The financial sheets which incorporate net present values will use information provided by a
‘through life costing’ table, with a breakdown structure similar to that used by Gee (1989) as this
method maximises the accuracy of the outputs as well as providing excellent flexibility for the user of
the methodology.
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There are two ways in which the capital costs can be accounted for. The first method follows the
planning, design and production cost breakdown method proposed by Burman et al. (2006). This
method breaks the capital cost down into a number of elements including: planning, design,
engineering, material and manufacturing. This enables the capital costs to be clearly represented and
minor revisions may be easily made. If this breakdown method is followed then the economic tool is
able to assist in material selection as well as hull form selection. The second method involves the
entry of a figure which is gained from a quote or previous experience.
3.2. Technical Methodology
In order to conduct a comparison between hull forms a number of technical issues need to be
examined. Payload is obviously critical because it links in directly with the economic analysis i.e. the
ability to carry passengers and/or cargo. The payload is accounted for with respect to deck area,
volume and displacement. Passenger comfort has two main components: vessel motions, in particular
motion sickness incidence, and noise and vibration. These can be critical for the enjoyment of
passengers and are significant factors in customers making subsequent trips or being effective wordof-mouth advertisers.
The main environmental issue that may need attention is vessel generated waves. Wave wake may be
a major design driver since vessels operating in certain regions need to reduce the impact of their
waves on the surrounding environment and other water users (Macfarlane 2002). Other environmental
issues could include emissions and noise pollution.
The operability of a vessel is seen to be very important and as a result many aspects including
manoeuvring, docking and course keeping should be considered during the design stage. Docking
may be a major concern for operators, as rapid docking may increase the possible number of voyages.
Therefore the docking facilities need to be accounted for; for example catamarans may have an
advantage if jetties are high as shore side infrastructure will not be required. Lamb (2004) stated that
ferry designers should consider the ease of altering a vessel’s attributes over time if a refit is
foreseeable during the life of the vessel. Therefore the refit flexibility of a vessel may need to be
investigated. Other factors that are included in the analysis are: speed loss due to operating in a sea;
intact and damaged stability; redundancy of machinery and aesthetics.
A weighting table approach is utilised in this methodology as it allows vessels technical attributes to
be easily compared for a specified route. The weightings of different technical aspects will be altered
by the user in order to rate their level of importance. There are essentially two different weightings.
The higher level is the overall weighting out of 10 for a governing factor such as passenger comfort.
The level of importance for the sub-factors, such as motions and noise and vibration, are then
allocated a percentage with the maximum value being 100%. The relative importance of each of the
technical and economic elements may be changed by the user of the program. In addition to the input
of relative importance is a confidence level input. The confidence level represents the level of
accuracy of the inputs. For example if the user is only 75% certain that the values produced within the
tool will occur in the future then a confidence level of 75% should be inserted. This input is designed
to increase the level of confidence in the final output as it allows for level of uncertainty.
4. Case Study
To demonstrate the use of the proposed methodology a test case study was conducted and the results
are reported here. It is expected that this tool will be used when fundamental knowledge about
potential vessels, as well as the route of operation, are known. It is also expected that the user will
have an understanding of the relative importance of various vessel characteristics including
seakeeping and safety. Using the operational criteria of the given route and the information and
requirements supplied by the user it is expected that a clear conclusion may be made. Therefore
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recommending which hull form best satisfies the requirements. It should be noted that this case study,
whilst based on an existing ferry route, is purely for illustrative purposes. All financial values are in
Australian dollars (1 AUD = 0.763 USD, August 2006).
4.1. Operational Requirements
The selected route is situated between Cape Jervis on mainland South Australia and Penneshaw,
Kangaroo Island, as shown in Figure 2, a distance of 12 nautical miles. This stretch of water is known
as the Backstairs Passage and is renowned for its rough weather. An interview, on the 7th August
2006, with the crew of SeaLink’s Sealion 2000, revealed that the typical significant wave height (Hs)
of this passage is between 2 and 3 m with a maximum wave height (Hmax) of 4 to 5 m. The wave
environment is predominantly beam seas in the summer and beam, stern quartering or bow quartering
seas in the winter. The height of the existing jetty for docking purposes is 3 metres above sea level,
making it relatively high.

Figure 2: Cape Jervis to Penneshaw (www.sealink.com.au)
4.2. Vessel Selection
The vessel type selected for this operation was a passenger ferry with the capacity to carry a
maximum of 300 passengers at approximately 30 knots. Two preliminary designs were developed by
the authors as possibilities to satisfy the route requirements and be compared using the methodology:
a 38 m monohull and a 35 m catamaran. These two vessels have the same deadweight capacity of 44
tonnes; the monohull was estimated to have a design displacement of 110 tonnes loaded while the
catamaran’s total design displacement was estimated to be slightly heavier at 120 tonnes loaded.
4.3. Utilising the Tool
Once all the characteristics of each vessel have been determined, they may be entered into the tool.
4.3.1. Capital Costs
As explained in Section 3.1, there are two ways in which the capital costs can be accounted for. The
second method which involves the entry of a figure which is gained from a quote or previous
experience was utilised in this case study as the breakdown of planning, design and production costs
were unknown. The capital costs of the two vessels were based on construction costs of similar
vessels: a figure of AUD $6,700,000 was assumed for the monohull, with the catamaran slightly more
expensive at AUD $7,200,000 due to increased construction costs.
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4.3.2. Fuel
Both vessels were specified to be powered by a total of 3600 kW (specific fuel consumption = 206
kg/kWh). The catamaran engine configuration was given as four engines in total (two engines per
demihull) with the monohull having two engines in total. The fuel consumption of the two vessels is
graphically illustrated in Figure 3 with 50% efficiency being assumed for both vessels. The resistance
calculations for the monohull were performed using regression analysis based on the work of Holtrop
and Mennen (1982) while the calculations for the catamaran were performed using the regression
method formulated by Muller-Graf, Radojcic and Simic (2002). The vessel speeds, operational profile
and the corresponding fuel consumptions were entered in the fuel usage table, as shown in Table I.
1400
Catamaran full displacment

Fuel Consumption (kg/h)

1200

Catamaran light displacment
Monohull full displacment

1000

Monohull light displacment

800
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Speed (Knots)

Figure 3: Fuel consumption vs speed
Table I: Operational profile and fuel consumption details
Monohull

Catamaran

Fuel Consumption (kg/hour)
Speed
(knots)

% of operation time

100% DWT

0% DWT

100% DWT

0% DWT

12

10%

72

37

71

55

22.5

20%

373

281

310

229

29.5

70%

708

559

551

404

The fuel costs were calculated from published bunker prices from around the world over the past 3
years, this price was calculated as 60 cents per litre (Hennessy, 2006). The fuel inflation rate was
calculated at 44 percent over the last 3 years, this percentage was deemed to be unfeasible over the
life of the vessel and thus the fuel inflation rate has been estimated at 22 percent per year. This
essentially unknown factor might still be considered as being too high, though for demonstration
purposes is satisfactory.
4.3.3. Vessel Parameters
A range of parameters dependent on the vessel needs to be entered into the particulars section of the
tool to enable the comparison to be completed. For this case study the parameters were provided by
vessel requirements, resistance powering calculations, operational area characteristics and average
passenger prices for the operational area.
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1. Catamaran or Monohull
2. Speed in Calm water (knots)
3. Speed at worst expected condition
4. Deck Area (m2)
5. Usable Volume (m3)
6. Jetty Height
7. 100% DWT (t)
8. Mass of one car (t)
9. Mass of one passenger (t)
10. Mass of Consumables at Departure (t)
11. Mass of Consumables at Arrival (t)
INITIAL COSTS
12. Cost of delivery
FINANCING
13. Down Payment (%)
14. Repayment term (yrs)
15. Interest Rate
MAINTENANCE EXPENSES
16. Maintenance hours per year
17. Labour rate / hour
18. Maintenance increase (% per yr)
19. Spares cost/operation hr
20. CREW WAGES (ANNUAL)
Captain
Engineer
1st Officer
Cabin Attendant
Other 1
Other 2
21. FIXED OVERHEADS
Annual Terminal Fees
Insurance (% of registered value)
Sales (yearly)
Marketing (yearly)
General Admin (yearly)
BOOK DEPRECIATION
22. Craft Life (yrs)
23. Residual Value
MISC.
24. Ave. Inflation rate per annum
25. Tax
26. PEAK PERIOD
Duration (days);
Ticket Price (car)
Car Loading Factor (initial)
Ticket Price (pax)
Pax Loading Factor (initial)
Trips in 1 day
27. NON-PEAK PERIOD
Duration (days);
Ticket Price (car)
Car Loading Factor (initial)
Ticket Price (pax)
Pax Loading Factor (initial)
Trips in 1 day
OPERATIONAL DATA
28. max Pax
39. max Cars
30. Car Payload annual growth rate
31. Pax Payload annual growth rate
32. Maximum car loading factor
33. Maximum pax loading factor
34. Trip time (hrs)

Financing:
The down payment was assumed to be 10% as this is a
general deposit amount with a repayment term of 15
years. The interest rate on this loan was assumed to be
8% (Naval Architect, 2002).
Maintenance expenses:
The maintenance hours per year were assumed to be 400
hours at AUD $200 per hour and the maintenance
increase was assumed to be 2% per annum. The spares
cost/operation hour was assumed to be AUD $200 per
operation hour as this price includes machinery refits
over the life of the vessel and slipping.
Fixed overheads:
Terminal costs for Kangaroo Island were taken as AUD
$500,000 per year (House of Representatives, 2006).
This is independent of the vessel using the jetty; as a
result it has remained constant for each vessel. Marine
insurance was assumed to be 2% of the vessels resale
value (Gee, 1991). Sales (2 people), marketing (1
person) and general administration (1 person) was
assumed to need 4 people for each vessel (AUD
$40,000/person).
Book Depreciation:
Straight line depreciation has been used and both vessels
were assumed to have a life of 20 years. After this
period they would both have a residual value of 5%.
Miscellaneous:
The average rate of inflation was based on the average
rate over the past 20 years of 3.8% (Reserve Bank of
Australia, 2006). Tax was based on the general
company tax rate for the 2005–06 income year of 30%.
Peak and Non-Peak Periods:
The duration of the peak period was taken as 6 months
of the year (180 days), the ticket price for both vessels
was based on SeaLink’s current price of approximately
AUD $30 in the peak period and AUD $20 in the 150
day non-peak period (SeaLink, 2006). The passenger
loading factor was assumed to be just 22% for both
periods resulting in 217,000 passengers per year (10
trips per day). This was the number who visited (and
returned from) Kangaroo Island by ferry in 2002 – 2003
(House of Representatives, 2006).
Operational data:
The passenger growth rate (per year) was assumed to be
2% and the average maximum loading factor this vessel
can achieve was given as 50%.

Figure 4: Vessel particulars section
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4.4. Weightings
As noted in Section 3.2, different weightings may be applied to the various factors considered by the
comparison tool. The confidence of the figures entered into this vessel comparison was 95%.
Payload Capacity – This was given a major weighting of 7.5, as it is a ferry service and internal
space is critical in order to comfortably accommodate the passengers. Deck area was denoted as 100%
importance since this relates directly to space for seating and moving around the vessel. Volume was
given an importance of only 20% as it was deemed much less significant than deck area. The relative
merit of the catamaran and monohull with respect to payload capacity was calculated from the
particulars given by the vessel general arrangement.
Passenger Comfort – Given a major weighting of 10, since it is a ferry service and passenger
comfort will be critical for customer satisfaction and retention. Motions were assigned a 100%
importance as passengers have no desire to experience sea sickness. The motions of a monohull in the
given operational conditions were denoted 8 while the catamaran ranked 4 out of the maximum 10.
This was due to the assumption that in bow-quartering seas the combined pitch and roll response of a
catamaran may be uncomfortable (Gawan-Taylor, Unknown). It would be possible to run seakeeping
prediction software to estimate motions data for both hull forms, though this would require full lines
plan data. Noise and vibrations was given a 25% importance, as this is a short route and a noise and
vibrations will not discomfort passengers as much as sea sickness. The noise and vibrations of a
monohull have been ranked 10 while the catamaran ranked 4 out of the maximum 10. These figures
were based on data presented by Gee (1989). If the catamaran were designed with a resiliently
mounted superstructure its score would be increased to 10.
Environmental – The major weighting for environmental issues was denoted as 0 since this vessel
does not operate in a marine park or in an area with restrictions such as wave wake limits.
Operational Capability – This was given a major weighting of 10. This is a short route so that
advantages in operational capability may be significant; for example short turn around times due to
good docking facilities may reap distinct benefits. Manoeuvrability was given 100% importance as
movement within the harbour and alongside the jetties on this route may be critical. The catamaran
was ranked 10 due to the separation of its propulsors while a monohull was ranked 8. Docking was
allocated a 75% importance as the jetties on this route are 3 m above the waterline making docking a
potential problem. Course keeping was assigned 100% importance as it is a short route with strong
currents, therefore a vessel would be disadvantaged if it could not easily maintain a course in the
prevailing conditions. Gawan-Taylor (Unknown) stated monohulls may perform worse than
catamarans in stern-quartering and following seas as directional stability can be a problem, as a result
the catamaran was ranked 8 while the monohull was ranked 4 out of the maximum 10. Refit
flexibility was designated as having 0% importance on this route since it is very unlikely that it will
be needed within the life of the vessel. Speed loss due to sea state was assigned a 100% importance as
it is critical that the vessel operating on this route maintain its tight operation schedule. The monohull
was ranked superior based on the work of Gee (1989). It would be possible to run seakeeping
prediction software to estimate added resistance in waves for both hull forms.
Safety – This was given a major weighting of 0. Not because safety was identified as being
unimportant, all vessels will need to conform to statutory regulations, but this zone of operation
suggested that the ferry would not encounter any particular safety issues.
Other Attributes – This category was assigned a major weighting of 9. The items in this section are
important to the operation of the vessel but not as important as passenger comfort or operational
capability. Aesthetics was denoted 100% importance as this may determine if the vessel is chosen for
travel by a prospective passenger. It was assumed that the aesthetic potential of the catamaran would
be better, based on the design being wider and sleeker with a lower profile. Redundancy of machinery
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was also denoted as 100% important since the vessel should not be withdrawn from service due to
mechanical problems. As a catamaran has two engines per hull it was seen to have more redundancy
than a monohull.
It would be possible for operators of the tool to adjust the weights until their personally preferred
option resulted in the highest level of suitability. However the proposed future development of an inbuilt sensitivity analysis, combined with a database of existing vessels, should curb this practice.
4.5. Weighting Table
The weighting table was constructed using the weightings supplied by the user and all known
characteristics of the two vessels. In commercial practice this information would be supplied from a
combination of preliminary design work and designer experience.
Table II: Weighting Table
COMPARISON CRITERION

MAX
WEIGHTING

VESSEL ONE

VESSEL TWO

MONOHULL

CATAMARAN

Deck Area

7.5

6.00

7.50

Volume

1.5

1.50

0.00

Motions (MSI)

10

8.00

4.00

Noise & Vibrations

2.5

2.50

1.00

0

0.00

0.00

Manoeuvrability

10

8.00

10.00

Docking

7.5

3.33

6.67

Course keeping

10

4.00

8.00

Refit Flexibility

0

0.00

0.00

Speed Loss due to sea state

10

6.70

5.30

Calm Water Speed

5

4.45

5.00

Trim

0

0.00

0.00

Intact Stability

0

0.00

0.00

Damage Stability

0

0.00

0.00

Aesthetics

10

6.00

8.00

Redundancy of machinery

10

5.00

10.00

84

55.48

65.47

100%

66.06

77.94

PAYLOAD CAPACITY

PASSENGER COMFORT

ENVIRONMENTAL
Wave wake
OPERATIONAL CAPABILITY

SAFETY

OTHER ATTRIBUTES

TOTAL TECHNICAL
%

4.6. Financial Sheets
The financial sheets utilise all the information supplied by the user in the particulars section, contain a
statement of financial performance and calculate the net profit/loss. This information is then used in a
cash flow statement producing a present value of net cash flows for the ferry operation. This was
completed for every year of expected vessel life (20 years), with the cash flows added and graphed to
present the cash flow of the business, in net present value terms (i.e. in today’s value). Tables III and
IV illustrate sections of the financial sheets of the operation for each design.

172

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Table III: Vessel One (Monohull) financial statements for years 1 – 4 (Australian dollars) .
VESSEL ONE (MONOHULL)
STATEMENT OF FINANCIAL PERFORMANCE
YEARS

1

2

3

4

$0

$0

$0

$0

Revenues
Cars
Passengers

$6,534,000

$6,917,938

$7,324,436

$7,754,820

Total Revenue

$6,534,000

$6,917,938

$7,324,436

$7,754,820

$607,008

$740,993

$904,562

$1,104,252

Expenses
Operating Expenses
Fuel and Oil
Maintenance

$70,000

$75,566

$81,575

$88,062

Spares

$330,000

$342,540

$355,557

$369,068

Crew

$375,000

$389,250

$404,042

$419,395

Terminal Fees

$500,000

$519,000

$538,722

$559,193

Insurance

$201,000

$191,453

$181,905

$172,358

Sales

$80,000

$83,040

$86,196

$89,471

Marketing

$40,000

$41,520

$43,098

$44,735

Admin

$40,000

$41,520

$43,098

$44,735

Interest

$484,200

$451,920

$419,640

$387,360

Depreciation

$318,250

$318,250

$318,250

$318,250

Total Expenses

$3,045,458

$3,195,052

$3,376,644

$3,596,880

PROFIT BEFORE INCOME TAX

$3,488,542

$3,722,886

$3,947,792

$4,157,940

Income Tax

-$1,046,562

-$1,116,866

-$1,184,338

-$1,247,382

Net Profit

$2,441,979

$2,606,020

$2,763,454

$2,910,558

$2,441,979

$2,606,020

$2,763,454

$2,910,558

$318,250

$318,250

$318,250

$318,250

$403,500

$403,500

$403,500

$403,500

$1,684,229

$2,520,770

$2,678,204

$2,825,308

$0

$0

$0

$0

Overhead Expenses

CASH FLOW STATEMENT
Cash Flows from operating activities
Net Profit
Depreciation
Cash Flows from investing activities
Down Payment

$672,500

Cash Flows from financing activities
Capital Repayment
Increase/Decrease in Cash
Resale
Present Value of $1

0.963

0.928

0.894

0.861

Present value of net cash flows

$1,622,571

$2,339,583

$2,394,703

$2,433,752

Cumulative NPV

$1,622,571

$3,962,155

$6,356,858

$8,790,610
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Table IV: Vessel Two (Catamaran) financial statements for years 1 – 4 (Australian dollars) .
VESSEL TWO (CATAMARAN)
STATEMENT OF FINANCIAL PERFORMANCE
YEARS

1

2

3

4

$0

$0

$0

$0

Passengers

$6,534,000

$6,917,938

$7,324,436

$7,754,820

Total Revenue

$6,534,000

$6,917,938

$7,324,436

$7,754,820

$461,807

$563,830

$688,403

$840,510

Revenues
Cars

Expenses
Operating Expenses
Fuel and Oil
Maintenance

$70,000

$75,566

$81,575

$88,062

Spares

$330,000

$342,540

$355,557

$369,068

Crew

$375,000

$389,250

$404,042

$419,395

Terminal Fees

$500,000

$519,000

$538,722

$559,193

Insurance

$216,000

$205,740

$195,480

$185,220

Sales

$80,000

$83,040

$86,196

$89,471

Overhead Expenses

Marketing

$40,000

$41,520

$43,098

$44,735

Admin

$40,000

$41,520

$43,098

$44,735

Interest

$520,200

$485,520

$450,840

$416,160

Depreciation

$342,000

$342,000

$342,000

$342,000

Total Expenses

$2,975,007

$3,089,527

$3,229,009

$3,398,551

PROFIT BEFORE INCOME TAX

$3,558,993

$3,828,411

$4,095,427

$4,356,269

Income Tax

-$1,067,698

-$1,148,523

-$1,228,628

-$1,306,881

Net Profit

$2,491,295

$2,679,888

$2,866,799

$3,049,388

$2,491,295

$2,679,888

$2,866,799

$3,049,388

$342,000

$342,000

$342,000

$342,000

$433,500

$433,500

$433,500

$433,500

$403,500

$403,500

$403,500

$403,500

$1,677,295

$2,588,388

$2,775,299

$2,957,888

$0

$0

$0

$0

CASH FLOW STATEMENT
Cash Flows from operating activities
Net Profit
Depreciation
Cash Flows from investing activities
Down Payment
Cash Flows from financing activities
Capital Repayment
Increase/Decrease in Cash
Resale
Present Value of $1

0.963

0.928

0.894

0.861

Present value of net cash flows

$1,615,891

$2,402,341

$2,481,519

$2,547,958

Cumulative NPV

$1,615,891

$4,018,232

$6,499,752

$9,047,710
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4.7. Case Study Conclusions
Once the economic and technical elements for each hull form are calculated they may be compared
and conclusions made.
For this test case study the economics were deemed to be more influential than the technical aspects.
This was due to the relative shortness of the route reducing the importance of technical performance.
Therefore a ratio of 30% technical importance and 70% economic importance was selected, see table
V. It should be noted that in terms of profitability the best vessel is rated at 100 whilst the other vessel
is rated at a percentage based on its level of profitability. If the vessel makes a loss it results in a zero
for total profitability. The total technical rating is based purely on the weighting table results.
As illustrated in Figure 5, the final result shows that vessel two (catamaran) was deemed to be more
suitable than vessel one (monohull) for this route and specified operation. The range of values for
each vessel demonstrates the level of confidence in its calculated level of suitability.
Whilst this study was conducted to compare different hull form configurations, i.e. catamaran and
monohull, the tool may be used to compare two variants of the same hull form, e.g. two monohulls of
differing size and speed.
Table V: Selection information
VESSEL ONE

VESSEL TWO

MONOHULL

CATAMARAN

TOTAL TECHNICAL (%)

30%

19.82

23.38

TOTAL PROFITABILITY (%)

70%

38.76

70.00

TOTAL (%)

100%

58.58

93.38

VESSEL ONE
MONOHULL
VESSEL TWO
CATAMARAN
0

5

10 15 20 25 30 35 40 45 50 55 60 65 70 75 80 85 90 95 100

Suitability

Figure 5: Case study vessel suitability comparison
4.8. Sensitivity Study
To appreciate the influence of a particular characteristic on the final decision a sensitivity study may
be conducted. An example of a sensitivity study, within the economic stage of the methodology, is to
increase or decrease the rate at which the cost of fuel will change in future years. For example if the
fuel inflation rate were decreased so that the inflation rate was 5% per annum for the life of the vessel
there would be uncertainty in the final conclusions regarding the preferred vessel option; see Figure 6.
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VESSEL ONE
MONOHULL
VESSEL TWO
CATAMARAN
0

5

10 15 20 25 30 35 40 45 50 55 60 65 70 75 80 85 90 95 100

Suitability

Figure 6: Vessel suitability comparison showing effect of reduced fuel cost inflation to 5% per annum
Another example of a sensitivity analysis is changing the vessel capital cost. For the catamaran to no
longer be the preferred option its capital cost would be required to increase from AUD $7,200,000 to
AUD $22,800,000; it should be noted that this level of increase is unrealistic.
A sensitivity study may also be undertaken within the technical section by adjusting the different
weightings; illustrating an optimistic or pessimistic view or a different operator’s requirements. For
example the weighting of passenger comfort with respect to motion sickness may be reduced and its
influence determined. In addition the weighting between technical and economic issues may be
investigated to ascertain their relative influence on vessel suitability.
Since the tool is easy to use and provides instant feedback on the influence of economic or technical
changes, such sensitivity studies are very simple to conduct. They provide the designer with valuable
information and guidance concerning choice of hull form for given requirements.
5. Conclusions
A decision-making tool has been developed to aid designers when confronted with the choice between
two different hull form configurations for a particular route. It incorporates both economic and
technical issues which are the two major components to influence the comparison and evaluation of
vessels.
The use of the system has been satisfactorily demonstrated through a case study for a prospective
ferry route in South Australia. For the route of 12 nautical miles, between mainland Australia and
Kangaroo Island, a catamaran and monohull were considered. The study showed that for this route
and operational profile the catamaran was clearly the preferred candidate vessel.
This decision-making tool appears to be an appropriate method for comparing vessels for a given
operation as it allows the designer to select the preferred hull form in the early design stages. Since
the tool is easy to use and provides instant feedback on the influence of economic or technical
changes, sensitivity studies are very simple to conduct. The tool may also be used at a more advanced
stage of the design process if more accurate data is available to enhance the decision. For example
seakeeping and added resistance in waves predictions may be conducted using full lines plan data.
Future developments for the tool will include an in-built sensitivity analysis and a database of existing
vessels which may be selected for comparisons. Also empirical formulae may be included to estimate
parameters such as wave wake.
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Figure 1: NPL 6A hydroelastic segmented model
Abstract
This paper investigates the effects of stiffness and mass distribution on the longitudinal flexural
natural frequency response of an NPL 6A segmented monohull model in still water at zero speed.
Experimental tests were undertaken in order to establish the parameters that affect the whipping
frequency at model scale so as to replicate the vibratory response of a full-scale vessel subject to
slamming. The model was cut into two halves at the longitudinal centre of buoyancy and connected by
a backbone beam with an elastic hinge joining the two segments. Wet vibration tests conducted on the
model showed significant influences on the flexural natural frequency response through variations in
stiffness and ballast mass distribution. The whipping frequency was predicted with a two degree of
freedom theoretical model using an added mass approximation to provide good correlation with
measured experimental data. Damping ratios of the wet transient response are also presented with
respect to variations in the condition of the void separating the two model halves.
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1. Introduction
The on-going demand of high-speed transportation for both passenger transport and military
applications has led to the evolution of high-speed monohulls and catamarans. Increases in vessel
speed and size have created a growing need to develop an increased understanding of the dynamic
structural loads and flexural responses. Of particular interest to designers are the bending moments
and shear forces in waves and the loads due to slamming and the subsequent whipping and springing
responses, Roberts et al. (2006). Ship classification societies have traditionally predicted the structural
loads of ships using an empirical approach based on experience with previous vessels in contrast to an
experimental analysis of the wave induced loads, Thomas et al. (2003a). The non-linearity of the
wave loads and the underlying difficulty of the problem has created a research focus with the aim of
developing numerical methods for the prediction and validation of experimental results, Davis et al.
(2005).
Various forms of analysis exist to measure or predict slamming loads and whipping responses on
marine vessels including full-scale analysis, numerical methods and physical model tests. Physical
model experiments present a feasible option for undertaking motions and loads tests in controlled
wave conditions and provide an efficient process for validating numerical computations, Holloway et
al. (2003). Segmented monohull models have been traditionally developed to measure motions and
loads at low Froude numbers as the work reported by Geritsma et al. (1964) and Lloyd et al. (1979).
This was followed by the evolution of low Froude number hydroelastic segmented models designed to
replicate the whipping response of a full-scale vessel in addition to measuring motions and loads for
the validation of numerical simulations, McTaggart et al. (1997). The modal response of an Arctic ice
floe rammer was investigated with hydroelastic segmented model tests by Riska et al. (1994) to
discover that both the hull mode shape and frequency varied with forward speed. Dessi et al. (2003,
2005) developed an elastically scaled high-speed monohull model used to measure dynamic loads and
to replicate the modal response of the full-scale vessel with experimental results showing good
correlation with finite element theory for dry tests in air. Kapsenberg et al. (1999, 2003) investigated
a similar monohull model with an emphasis on slam loads and mathematically simulating whipping
responses. Although extensive work has been conducted on the prediction and measurement of dry
modal frequencies there has been very little work undertaken in comparing the theoretical wet modal
frequency with the experimental wet modal frequency.
The work in this paper focussed on investigating the hydroelastic whipping response of a segmented
NPL 6A monohull model with an emphasis on developing a theoretical model to predict the wet
modal frequency for comparison to experiments. Model stiffness and ballast mass distribution were
varied in order to identify the direct relationship with the measured flexural response. A theoretical
model of a two degree of freedom system using an added water mass approximation was developed to
predict the wet modal frequency of the model as a function of stiffness and mass distribution.
Experimental damping ratios were also investigated by varying the condition of the void separating
the forward and aft segments of the model. The theory developed and the knowledge acquired has
assisted in developing a future hydroelastic model designed to measure structural dynamic loads to
further study the slamming and whipping phenomena experienced by a full-scale vessel operating in
waves.
2. Theoretical background
Wave induced slamming that occurs on a vessel subjects the structure to an impulse load that
responds with modal excitation that is characteristic to the design of high-speed craft, Thomas et al.
(2003c). An impulse loading applied to the bow in head seas most often excites the first longitudinal
mode of vibration in the vertical plane. The flexural frequency that is experienced by a full-scale
vessel as a result of wave excitation and slamming may be scaled to a model scale by applying a
constant dimensionless wave encounter frequency between full-scale and model scale and deducing
the model scale flexural frequency as a function of the full-scale frequency and the square root of the
full-scale to model scale length ratio as given by
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ωm = ω f

lf
lm

,

[1]

where ωm = model scale modal frequency, ω f = full-scale modal frequency, l f = full-scale length
of vessel, lm = model scale length. It is therefore possible to achieve the whipping frequency at
model scale by scaling the full-scale frequency and designing the model with the capability of
achieving a modal response that replicates the flexural dynamics of the full-scale vessel. Although the
segmented model concept is an approximation of the full-scale vessel structural response, it facilitates
a practical simulation of the whipping phenomena observed on a full-scale vessel.
A two degree of freedom theoretical model was developed in order to predict the longitudinal bending
frequency of the model as a function of the effective stiffness and mass distribution of the model. The
two degree of freedom model consists of a rigid forward and aft segment of hull connected by a
torsion spring at the longitudinal centre of buoyancy (LCB) as displayed in Figure2. The bow and
stern hull segments vibrate in a rotational direction opposite to each other and against the rotational
stiffness of the spring to replicate the longitudinal flexural response of a hull form subject to
slamming.
x1

c1

V
K

m1

1

m2

c2

x2

V

2

Figure 2: Two degree of freedom system representing the forward and aft segments of hull joined
together at the LCB by a torsion spring
Let

m1
m2
c1
c2
x1
x2
I1
I2

= mass of aft hull segment
= mass of forward hull segment
= centre of mass of aft hull
= centre of mass of forward hull
= distance from LCB to centre of mass of aft hull
= distance from LCB to centre of mass of forward hull
= moment of inertia of aft hull
= moment of inertia of forward hull

θ1 = clockwise rotation of aft hull about LCB
θ 2 = anti-clockwise rotation of forward hull about LCB
y = vertical displacement of LCB
V = shear force at LCB
K = stiffness of torsion spring
The equations of motion representing this two degree of freedom system are
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(
)
m ( y +θ x ) = V

m1 y + θ1 x1 = −V
2

[2]
[3]

2 2

I1θ1 = − K (θ1 + θ 2 ) + Vx1

[4]

I 2θ 2 = − K (θ1 + θ 2 ) − Vx2 .

[5]

Eliminating y from [2] and [3] and rearranging for shear gives

V=

m1m2
θ 2 x2 − θ1 x1 .
m1 + m2

(

)

[6]

Substituting [6] into [4] and [5], and putting θ i = −ωn2θi results with the formulation of the following
matrix

θ1
0
=
,
θ2
0

K − ωn2 a K + ωn2b
K + ωn2b K − ωn2c
where

[7]

ωn = natural frequency
m1m2 2
x1
m1 + m2
m1m2
b =
x1 x2
m1 + m2
mm
c = I 2 + 1 2 x22 .
m1 + m2
a = I1 +

Evaluating the determinant of the matrix and excluding the solution ωn = 0 , leads to

ωn =

m1m2
2
( x1 + x2 ) K
m1 + m2
.
mm
I1 I 2 + 1 2 x12 I 2 + x22 I1
m1 + m2

I1 + I 2 +

(

[8]

)

The mass of the surrounding fluid of the wetted hull was also included using an added mass
approximation in order to evaluate the theoretical wet frequency response of the two degree of
freedom system. The added mass was based on the mass of a semi-circle of water with a diameter
equal to the beam of the water line at each section along the length of the NPL 6A hull, Newman
(1977). The mass moment of inertia about the LCB for each segment of hull is therefore a summation
of the mass moments of inertia along each hull length and can be otherwise represented as

I=
L

dm 2
x dx .
dx

[9]

The theoretical model was developed to incorporate the total mass of each segment of NPL 6A hull
including the location and magnitude of ballast mass, individual hull mass and added water mass. This
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led to the integration of the hull, ballast and added water mass to formulate the overall mass moment
of inertia of each part hull about it’s local longitudinal centre of gravity. The mass, centre of gravity
and radius of gyration of the hull segments were determined through direct physical measurement and
formed part of the input parameters to the theoretical model. The stiffness of the torsion spring was
the summation of the measured stiffness of the model and the calculated hydrostatic stiffness of the
surrounding fluid. The hydrostatic stiffness was based on the assumption that each part of the hull was
free to pitch in the vertical plane about its centre of water plane area resulting in a hydrostatic stiffness
given by
x

[10]

k = ρ g B ( x)x 2 dx ,
0

where ρ = density of water, g = gravity and B ( x) = local waterline beam of hull section. Thus, the
effective stiffness of the model and hydrostatic stiffness were combined to create the overall stiffness
of the torsion spring K, joining the two segments of hull. The flexural natural frequency of the model
is therefore deduced from the solution to equation [8] for a two degree of freedom system vibrating
hull based on the overall mass and inertia properties of the forward and aft segments of the model and
the stiffness of the torsion spring connecting the two model halves.
3. Segmented model design
The experimental model selected for hydroelastic testing was a 2 m long NPL 6A hull as shown in
Figure 1. The NPL 6A hull was selected as it represents a slender hull form similar to that used in
modern high-speed vessels. The hull form is suitable for high-speed applications with round bilge and
flare forward.
The hull was constructed from fibre glass resin and cut into two halves at the longitudinal centre of
buoyancy. Each half of the model was reinforced with timber bulkheads and each rigid segment was
attached to an aluminium square hollow section backbone beam. The two halves of the model were
joined together with a flexible elastic hinge that is interchangeable in order to vary the stiffness of the
link joining the forward and aft hull segments. The bulkheads were equally spaced from forward to aft
to form a series of segregated compartments. Separating the model into segregated compartments
allowed the position and magnitude of ballast mass to be systematically located within the model to
vary the configuration of ballast mass distribution. Figure 3 displays a schematic diagram of the NPL
6A segmented hull identifying the aluminium backbone, elastic hinge and the location of each
compartment labelled with ascending compartment numbers from aft to forward. The model main
particulars are provided in Table 1.

1

2

3

4

5

6

7

8

9

NPL 6A segmented hull
Backbone beam
Elastic hinge

Figure 3: Schematic diagram of NPL 6A segmented hull
4. Model experiments
Model experiments were performed in a water tank at the laboratory facilities of the University of
Tasmania. Tests were undertaken in still water and at zero speed with the model unrestrained and free
to respond with dominant motions in heave and pitch. An impulse load was applied by hand at the

183

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

stern of the model in order to excite the longitudinal mode of vibration. The stern was selected as the
most appropriate position as this produced the most reliable and reproducible signal response.
Measurements of the model accelerations were recorded using an accelerometer that was located at
the elastic hinge joining the forward and aft segments of the model. The accelerometer analogue
voltage signals were logged by a Tektronix TDS 2002 digital CRO at sampling rate of 1 kHz and then
later acquired by a laptop computer running WaveStar software.
Table 1: Main particulars of the NPL 6A model
Description
Length overall
Length between perpendiculars
Overall beam
Total mass
Longitudinal centre of buoyancy (from AP)

Specification
2.04 m
1.95 m
0.135 m
14.87 kg
0.855 m

The stiffness of the elastic hinge connecting the forward and aft rigid hull segments was varied in
order to investigate its effects on the flexural natural frequency response of the first mode of
longitudinal vibration. Three elastic hinges of varied stiffness were used to form the connection
between the two rigid parts of the model. Bending tests were performed on the model by simply
supporting it on either end and applying a load at the connection point. It was found that the measured
stiffness of both the hull and the backbone beam was considerably less than the theoretical stiffness of
the elastic hinge. It was observed that although the stiffness of the elastic hinge was increased the
overall measured stiffness approached the stiffness of the hull. This was due to the inherent flexibility
of the fibre glass hull and aluminium backbone beam causing significant bending between the
mounting points across each segment of hull and is discussed in further detail by Holloway et al.
(2006).
The modal frequency response of the model was also evaluated as a function of the ballast mass
distribution. The ballast masses were located within the designated compartments of the model to
produce three distinct mass distributions while maintaining a constant trim angle for each elastic
hinge stiffness configuration. Essentially this enabled the variation of both the ballast mass
distribution and the effective stiffness of the model in order to observe the effects on the whipping
frequency response. Table 2 displays the three ballast mass configurations implemented during trials
conducted on the NPL 6A hydroelastic model.
Table 2: Model ballast mass case and corresponding ballast mass distribution
Ballast case

Compartment number
1

2

3

4

5

6

7

8

9

1

1 kg

1 kg

1 kg

1 kg

1 kg

2 kg

1 kg

1 kg

1 kg

2

3 kg

-

-

-

2 kg

2 kg

-

-

3 kg

3

-

-

3 kg

2 kg

-

-

5 kg

-

-

Damping tests were also carried out to investigate the damping ratio of the transient vibratory
response. The damping response of the model was examined by varying the condition of the void
separating the two model halves. The test cases of interest were a wet void, a sealed dry void and a
sealed wet void. A wet void remained open to allow water to move freely around the hull and within
the two model halves. A sealed dry void was achieved by developing a water tight seal between the
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two model halves through the application of duct tape. The sealed wet void test case was initiated by
filling the sealed dry void with 100 cm3 of water. The variation in the condition of the void separating
the two model segments allowed for the comparison of the damping ratio in each of the test cases
considered.
5. Model test results
The whipping response was clearly observed during all tests undertaken on the segmented model.
Accelerations recorded at mid-ships repeatedly returned a decayed vibratory response similar to the
whipping or springing phenomena observed on a full-scale vessel operating in waves, Thomas et al.
(2003b). Figure 4 displays a typical accelerometer response recorded on the NPL 6A model following
an impulse load at the stern.
2.0
1.5

2

Acceleration (m/s )

1.0
0.5
0.0
-0.5
-1.0
-1.5
-2.0
0.0

0.5

1.0

1.5

2.0

Time (s)

Figure 4: Whipping accelerations recorded at mid-ship of the experimental model
The signal presented in Figure 4 clearly represents a whipping vibratory response. In this signal an
impulse load was applied at time = 0.069 seconds with a peak acceleration achieved typically within
two cycles and the amplitude decaying to zero within 3 seconds of the initial impulse.
Spectral analysis was undertaken on all the measured data to determine the natural frequency of each
signal recorded. A Fast Fourier Transform (FFT) was performed on the raw data at a frequency
resolution of 0.008 Hz in order to clearly identify the peak power spectral density and corresponding
natural frequency for each transient response. Figure 5 presents the results of a power spectral
analysis for a test case with an effective stiffness of 6241 Nm/rad, a ballast mass distribution
corresponding to ballast case 1 and a sealed dry void separating the forward and aft segments of the
model.
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Figure 5: Power spectral analysis of the accelerometer data
The FFT technique adopted clearly identified the flexural natural frequency response for each test
case considered. Table 3 presents tabulated data of both the experimental and theoretical natural
frequency for the first mode of longitudinal vibration as a function of the effective stiffness of the
model and the ballast mass distribution.
Table 3: Experimental and theoretical whipping frequency of the physical model
Effective
stiffness
(Nm/rad)

Ballast
case
#

5745

1
2
3
1
2
3
1
2
3

6241
10302

Frequency
(Hz)
Experiment
Open wet Sealed dry Sealed wet
void
void
void
19.17
18.43
18.12
17.33
16.80
16.55
22.69
21.90
21.38
19.05
18.99
18.15
17.33
17.45
16.61
22.31
22.54
21.18
25.09
25.29
23.65
22.82
22.99
21.65
29.83
29.83
27.04

Theory
19.57
17.84
23.00
20.39
18.59
23.96
26.14
23.71
30.72

In general, it is evident from the data presented in Table 3 that increases in the effective stiffness of
the model corresponded with increases in the flexural natural frequency as expected. Variations in the
model mass distribution are also shown to influence the natural frequency response. For any given
stiffness configuration, the lowest frequencies measured were for ballast case 2 which had the greatest
mass moment of inertia. In comparison, ballast case 3 represented the smallest mass moment of inertia
and returned the highest frequency response. It is clear that the whipping frequency is a direct result
of both the effective stiffness of the model and the inertial properties of each hull segment. The two
degree of freedom theoretical model predicts a similar trend with the theoretical frequency providing
good correlation with the measured experimental results. Figure 6 shows the variation of measured
with predicted frequency for each void condition tested.
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Figure 6: Experimental and theoretical whipping frequency response
It can be seen that the predicted frequency exceeds the measured values on average by 5% with
improved predictions in the case of an open wet void. It is observed that the condition of the void also
influences the natural frequency response of the hydroelastic model. The sealed wet void tests
consistently producing a lower frequency response when compared to the open wet void tests for all
test cases considered. A possible cause for the reduction in frequency is due to the combination of
duct tape and entrained water within the void resulting in an increase in the effective added mass and
therefore a reduction in the natural frequency response. The condition of the void did however have a
far greater impact on the rate of decay of the vibratory response. The rate of decay of each transient
response was evaluated based on the viscous damping ratio, ζ , defined in Rao (1995) as

ln

ζ =

x1
xm +1

for

2π m

ζ << 1 ,

[11]

where x1 and xm +1 represent the amplitudes of the signal at times t1 and tm +1 separated by m number
of cycles. Table 4 presents tabulated data of the calculated damping ratios for each of the test cases
considered.
It is evident from Table 4 that the condition of the void separating the two model halves directly
influenced the damping of the response of the segmented model. On average the least damping
occurred with an open wet void at a damping ratio of 0.0099, followed by an increase in damping
with a sealed dry void at 0.0116 and the highest damping ratio in the case of a sealed wet void at
0.0129 resulting in an average variation of 30% between the open wet void and the sealed wet void
test cases. The duct tape applied between the model segments clearly increased the damped response
of the sealed dry void and sealed wet void when compared to the open wet void. Further increases in
damping in the sealed wet void in comparison to the sealed dry void were due to the entrained water
within the void separating the two model halves. Figure 7 shows a comparison of the damping ratio
for each of the test cases considered at an effective stiffness of 10302 Nm/rad.
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Table 4: Damping ratios of the model as a function of the void condition
Effective
stiffness
(Nm/rad)

Ballast
case
#

5745
6241
10302

Damping ratio
Open wet
void

Sealed
dry void

Sealed
wet void

1
2
3
1
2
3
1
2
3

0.0096
0.0104
0.0106
0.0088
0.0099
0.0106
0.0103
0.0091
0.0100

0.0121
0.0110
0.0131
0.0121
0.0113
0.0112
0.0119
0.0104
0.0109

0.0132
0.0134
0.0136
0.0131
0.0124
0.0121
0.0132
0.0126
0.0122

Average

0.0099

0.0116

0.0129

0.014
Open wet void
Sealed dry void
Sealed wet void

Damping ratio

0.013

0.012

0.011

0.01

0.009

0.008

Ballast case 1

Ballast case 2

Ballast case 3

Figure 7: Damping ratio of the model as a function of ballast mass configuration and void condition at
an effective stiffness of 10302 Nm/rad
Overall the condition of the void separating the two model halves produced a significant influence on
the damped response of the physical model. This result identifies the sensitivity of the void on the
damped response of the model and the capability of varying the damping characteristics of the
segmented model by changing the condition of the void separating the two model halves.
6. Conclusions
The results from this investigation have assisted in developing further knowledge in hydroelastic
model design. A design methodology was developed to vary the modal frequency of the model
through the adjustment of stiffness with an elastic hinge and the distribution of ballast mass along the
model. These findings formulate an effective mechanism for attaining the natural frequency response
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of a segmented model for the purpose of replicating the whipping response of a full-scale vessel
subject to slamming. It was shown that the full-scale whipping frequency may be scaled down to a
model scale and through the adjustment of the appropriate parameters the target whipping frequency
may be achieved.
A theoretical model was developed based on a two degree of freedom spring-mass system
representing two rigid hull segments connected by a spring at the longitudinal centre of buoyancy.
The mass of the water across each section of hull was approximated based on a semi-circle of added
mass with a diameter equal to the local waterline beam. It was shown that the theoretical model gave
accurate predictions of modal frequency when compared to experimental results based on the
effective stiffness of the model. The validation of the theoretical model through experiments aids the
on-going development of a future hydroelastic model.
The damping characteristics of the segmented model were also of interest. Various techniques were
applied in order to vary the damping ratio of the whipping response. It was shown that significant
variations in damping were achieved by changing the condition of the void separating the forward and
aft segments of the model. The capability of varying the damped response of a hydroelastic model
may assist in simulating the damping ratio of a full-scale vessel to further investigate the whipping
phenomena to form part of future research work in this area.
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Abstract
Recent reports on tanker casualties have astonished the world due to their economic losses and severe
environmental pollution at sea. This paper firstly makes a review of oil tanker casualties in the recent
decades and proposes a suitable condition monitoring system. Defects of reported oil tanker structure
are analyzed regarding to ship size and failure type. Different Non-Destructive Testing (NDT)
methods for structural health monitoring are introduced including Acoustic Emission (AE),
Ultrasonic Scanning (US), Magnetic Particle (MP), Vibration Analysis (VA) and strain measurement.
The availability of these techniques in the application of fatigue condition monitoring for large oil
tanker is discussed. On the basis of analysis on dynamic loads upon tanker structure, together with
evaluation of present ship structure condition monitoring systems under application, a new structural
fatigue condition monitoring system is proposed. Scheme of this system, position of sensors, data
acquisition and signal analysis method are discussed in this paper.
1. Introduction
Since 1970s high tensile steel has been widely adopted in ship structure and at the same time the ship
size has been enlarged greatly. Fatigue failure on ship structure has now become one of the most
prominent problems threatening shipping safety and sea environment. The most common damage
later in ship’s life is caused by fatigue, which is usually inevitable and unpredictable under severe
weather in ship’s normal trading routes.
Structural damages of oil tankers not only threaten human lives and economic losses, but also lead to
oil spill and cause serious environment pollution. Recent reports on oil tanker casualties have
astonished the world. In 1980 oil tanker “Tanio” leaked 14500 tones heavy oil along French North
Coast. In 1978 oil tanker “Amoco Cadiz” poured out 220 000 tone crude oil into ocean near French
North Coast. In 1989 oil tanker “Exxon Valde” leaked 38 800 tones oil in Alaska Ocean area. In this
case, thousands of sea animals died which includs 250 000 sea birds, 2 800 sea otters, 250 vultures,
300 seals and 22 whales. The rescue of this casualty spent 2.2 billion US dollars and brought about
long-term ecological catastrophe. It was reported that from January 1992 to March 1999 there were
totally 77 tankers missed, 95% of them were over 15 years old.
Most ship structures experience some degree of structural damage during its operation life. The
structural damage is usually caused by fatigue cracks, severe corrosion, collision or grounding. But
the cracking in ship structure is usually inevitable due to harsh nature of cargoes and rigorous
operational procedures during their service lives (G. Geddes, 1992). According to the statistic data
from Lloyd’s Register, American Bureau of Shipping and Det Norske Veritas that overall two in three
incidents recorded are due to cracks in the structure (ABS, DNV and Lloyd'
s Register , 2005).
Finite Element (FE) method has been widely used in the design of ship structure (Euji Shintaku et al.,
2000) and Fracture Mechanics (FM) method offers several advantages over the S-N method for
fatigue analysis of large ship hulls. But unidentified wave loads under ship’s service conditions and
indefinite occurrence of crack nucleation in ship structure build up obstacles to their practical
application. Moreover, it is intricate and extremely difficult to predict fatigue life of vessels structure
with either FE or FM calculation.
On the other hand, attempts have been made to detect fatigue structural crack and to monitor health
condition of structure in respects of non-destructive testing for many years. The evolution of the non-
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destructive testing has brought about availability of several structural health monitoring techniques
(Steve Vanlanduit et al., 2003) including Acoustic Emission (AE), Ultra-Sonic (US), Magnetic
Particle (MP), vibration analysis(VA) and strain measurement. Some of them have been used in many
engineering industries such as petrel works, steel factories and nuclear power plants.
This paper firstly reviews some Non-Destructive Testing techniques for structure condition
monitoring which includes acoustic emission, ultrasonic scanning, magnetic particle, vibration
analysis and strain measurement. The availability of these techniques in the application of fatigue
condition monitoring for oil tanker structure is then discussed. A new structural condition monitoring
method for oil tanker is finally proposed based on the current ship structure monitoring systems.
2. Ship structural monitoring with NDT
The statistics indicate a significant number of defects due to fracture, occurring in tankers less than 10
years old. The question is whether the number of defects is acceptable or not. But it is usually very
difficult to estimate the fatigue life of oil tanker structure due to many uncertain factors. To estimate
fatigue life of ship structure many factors have to be taken into account including external loads,
material characters, component shape, surface condition, corrosion severity, crack size and working
environment, which are always at random. By now, fatigue life estimation with either S-N calculation
or FM modeling method is far more than satisfactory in the practical application of large ship
structure at service. Besides, the combined effects of severe local corrosion in cargo holds,
mechanical damage during cargo unloading, high loading rates and heavy navigation weather make it
even more difficult.
Research into structural health monitoring has received considerable attention in many industries and
intensive research efforts have been made so far. However, not many structural monitoring performed
using any non-destructive techniques. It would be a good effort in implementing available nondestructive techniques to monitor fatigue condition of ship structure, as it is very difficult to estimate
the fatigue life using the routine calculation. In this way the structural depreciation or critical crack
may be identified at early stage and the warning could help ship-operating staff to avoid further
damage. The five major NDT techniques are: radiographic, ultrasonic, magnetic, electrical and
penetrant, but only few of them are adopted for structure condition monitoring of materials.
2.1. Acoustic emission
Fracture, crack formation, crack growth or metallurgical changes can cause the energy release, which
propagates in the surrounding material as elastic vibrations and sound waves (S. L. Tsyfansky, 1998).
Over the past 20 years AE technique has been developed as an effective non-destructive technique for
the detection, location and monitoring of fatigue cracks in a variety of metal structures including
airframes, oil storage, steel bridges, pipelines and pressure vessels (T. M. Roberts and M. Talebzaden,
2003).
Sources of acoustic emission are defect-related processes such as crack extension and plastification of
material in the highly stressed zone adjacent to the crack tip. Experiments have indicated an
approximately linear relationship between log(da/dn) and log k (T. M. Roberts and M. Talebzaden,
2003) , which can be represented by the Paris-Erdogan equation. This result suggests the possibility of
predicting the remaining fatigue life of structure.
But in case of oil tanker structure, acoustic propagation medium through cargo oil or ballast water has
to be taken into account. Background noise from friction by other parts of the construction, loose
particles in or on the construction, wave slashing on ship shells may disturb the right detection of
fatigue crack.
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2.2. Ultrasonic scanning
When a very short, high frequency pulse is transmitted into a material, the pulse propagates in
material in a very narrow beam while they strike an interface such as the opposite surface of test
object or an internal defect. The time interval between transmission and reception of a pulse depends
upon the distance traversed and the flaw such as crack, hole or other substance inside material.
Ultrasonic scanning technique has been widely used to detect flaws and to determine their size, shape
and location. It is also possible to measure the thickness of process pipes and high-pressure vessels,
especially in case of corrosion in wall thickness over a period of time. Steve Vanlanduit proposed a
surface acoustic wave (SAW) approach for on-line monitoring of fatigue cracks (Steve Vanlanduit et
al., 2003). With this method a SAW is continuously transmitted and statistical indicators of the
received energy are calculated. It was shown that some of criteria could give an indication of crack
length for medium size cracks of 0.5~3.0mm(Steve Vanlanduit et al., 2003). S. I. Rokhlin introduced
an experimental method in situ ultrasonic monitoring of surface fatigue crack initiation and crack
growth from surface (S. I. Rokhlin and J. Y. Kim, 2003). Hirotsugu Ogi studied a ElectroMagnetic
Acoustic Resonance (EMAR) method in situ monitoring of ultrasonic attenuation during rotating
bending fatigue of carbon steel (Hirosugu Ogi et al., 2000).
Ultrasonic scanning is used mostly today in steel industry for checking the quality of welds,
examination of rolled plates, extruded containers, forged turbine blades and cast wheels. It can also be
used for structural condition monitoring with hydrogenation in boiler pipe and cracks detection in
connecting bolts of machine. But most of fatigue cracks in oil tanker structure start at weld toe or at
notch on surfaces, which is easy to be founded by visual inspection. At the same time ultrasonic is
probably not quite suitable due to rough surface of ship hull structure.
2.3. Magnetic particle
A surface defect in a magnetized ferromagnetic item will disturb magnetic field in the object of test.
The defect will cause some of lines of magnetic force to depart from the surface and field can be
found by placing fine iron particles on the surface. The leakage field will hold the magnetic particles
in a ridge on top of the crack (S. L. Tsyfansky and V. I. Beresnevich, 1998).
With many valuable advantages as high dependability, sensibility, low cost, less special preparation
and clear indication, magnetic particle has been used for surface crack detection of ordinary carbon
steel, low alloy steel, cast iron and steel castings. Under ideal test conditions, even small crack of 2 to
3 millimeters in length can be revealed (S. L. Tsyfansky and V. I. Beresnevich, 1998). But for large
scaled oil tanker structure magnetic particle method is not quite suitable. For mostly the stress hot
spots of ship structure are always beyond the reach. Sometimes there is not much space available for
inspection due to the permanent strife towards compact structures and structure magnetization is
difficult to be carried out on the large oil tanker structure.
2.4. Vibration analysis
Under certain excitation, structure will vibrate and vibration signal will propagate through structure to
the surface. Superficial vibration response is actually the combination of excitation force and structure
property. If there is something wrong with the structure including fatigue crack propagation or with
excitation force, the vibration response will be different from its normal condition. Vibration signal
contains valuable information about the condition of simple machine components such as ball, roller,
journal bearing, gearboxes as well as general defects such as imbalance, alignment errors, static
bending and mechanically loose components. Hence, it has been widely used in condition monitoring
of rotating machines. It has also been be used in the detection of structural component (Tian Wei Ma,
2004).
Most vibration analysis methods are based on modal domain structure properties including natural
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frequency and modal shape. But these parameters have been proven to have low sensitivity to
structural damage (David J. Witmer and Jack W. Lewis, 1995). Other structural parameters such as
displacement, stiffness, damping and flexibility matrices have also been used to detect damages. But
these methods do not always come up to practical requirements because of low sensitivity to defects
(S. L. Tsyfansky, V. I. Beresnevich, 1998). Tian-Wei Ma proposed a semi-model-based method based
on a residual generator technique (Tian Wei Ma, 2004) with high accuracy. But this method needs to
measure the excitation forces as well as structural response, which is impossible in damage detection
of oil tanker structure due to changeable loads under operation conditions. S. L. Tsyfansky studied a
nonlinear method on a nonlinear bar. The detection sensitivity of this method is about 10 times higher
in comparison with linear vibration procedure (Z. X. Li, 2001). This method can be used for simple
shaped beam-type components, but is still not suitable for the complex structure of oil tanker. So far,
vibration response analysis has not been practical enough in structure condition monitoring of oil
tanker.
2.5. Strain measurement
Deformation in a structure is evident when a component is subjected to load. Based upon the
connection between deformation of an object and changes in electrical resistance of a conductor
attached to it, structural strain due to load can be recorded by means of ohmic resistance of strain
gauge.
Strain gauges are used in industry as transducers for weight and pressure measurement. Besides, this
technology is a unique tool for strength evaluation of structures in connection with analysis of
failures, load conditions, residual lifetime etc. When the strength of such constructions is to be
evaluated, the application of strain gauge can provide valuable information about fatigue condition in
individual components or in the entire structure.
Chan and Li carried out a fatigue damage analysis and service life prediction of a bridge-deck section
of Tsing Ma Bridge in Hong Kong in 1997 (Z. X. Li, 2001). This monitoring system comprised a total
of approximately 265 sensors including accelerometers, strain gauges, displacement transducers, level
sensors, anemometers, temperature sensors and weigh-in-motion sensors. The strain gauges were
installed at bridge-deck sections to measure strain time history data. The stress spectrum of the
representative block of cycles at the location of strain gauges was obtained by rainflow counting of
cycles of stress history and statistical analysis on daily samples of daily stress spectrum. The damage
and predicted service life of this bridge was proved to be reasonable.
Because strains and stresses are intimately related to the strength of material and the use of these
quantities as a measure of structural integrity level seems natural, especially for the global strength of
oil tanker structure. Strain data are often used in fatigue life prediction of structure and employed in
damage growth simulation. It is also insensitive to rigid body motions, as strain sensors are in fact
incapable of measuring rigid body movement that can pollute vibration response. Furthermore, strain
gauges show a definite advantage over other non-destructive testing techniques in price, size,
installation, electrical interference and durability. It is regarded as the best technique for fatigue
condition monitoring of large oil tanker structure.
3. Proposal for structural condition monitoring of oil tanker
In fact, some ship structure monitoring systems have been put into practical use based on strain
measurement (David J. Witmer and Jack W. Lewis, 1995). The systems were installed on four ships
of American BP Oil Company in 1990 (David J. Witmer and Jack W. Lewis, 1995) and five ships of
British BP Shipping Company from 1990 to 1991 (D. T. Melitz et al., 1992). This kind of system
consists of six long-based strain sensors, two pressure sensors, one accelerometer and one motion
sensor hardwired to a data acquisition, storage and display console on tanker’s bridge as shown in
Figure 1. The strain sensors were located on main deck to measure the hull girder bending moment
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responding to global strains of ship hull. The pressure sensors were fitted on bottom shell forward to
determine forward draft, motion and velocity of bow relative to water surface and emergence of
forefoot. The accelerometer was located on bow main deck to measure vertical acceleration for
correlation of bow emergence with analytical predictions. The ship motion sensors were mounted on
main deck of midship to measure roll and pitch angular velocity as angular displacement for general
information on ship laboring in heavy seas. Still water bending moments, wave bending moments,
total bending moments, bow draft, ship motion, angular and acceleration can be got, analyzed,
displayed and storied in a computer. This system provides immediate warning of severe stress being
experienced and to serve as a real-time advisory tool for deck officers, informing them when
operational thresholds are or may be exceeded, especially at heavy seas. These systems can also
provide on-line guidance to ship staffs on exceedance of preset stress thresholds in severe weather and
enable tactical decisions to be made in ship operation.

Figure1: Sensors installed on oil tanker
Typically, the critical strength of oil tanker structure can be placed into two categories such as local
and global. Local strength, such as bracket toes, deck connection, girder intersections, hatch covers
are due to stress concentration, alignment, discontinuity and corrosion with higher probability of
failure. Global strength such as upper deck, side shell and longitudinal girder is greatly influenced by
ballast status, loading /unloading operation and wave loads. The NDT techniques mentioned above
can be used for local structure condition monitoring, to accurately detect, locate and even quantify
structural damages of small ship. However, it is very difficult and sometimes impossible by now to
realize this implementation in large-scaled oil tankers due to their properties in practical use as
mentioned above. The oil tanker’s complicated structure with uncertain damage positions may be
eventually too much to be processed efficiently. Only strain measurement can be utilized for global
fatigue condition monitoring as introduced (Z. X. Li et al., 2001) (D. T. Melitz et al., 1992). This kind
of monitoring system only provides masters with calculated longitudinal bending moments by
measuring the strain on main deck and vertical acceleration at bow. However, without information
about dynamic loads on the structure, these systems cannot provide further information about ship
structure, which is not accurate enough for fatigue condition monitoring of ship structure under
different navigation conditions.
Ship structure may be considered based on the material which provides strength and stiffness to
withstand all the loads including external or buoyancy loading and internal loading, from still water to
dynamic storm sea conditions which includes light ship weight, cargo fuel weight and ballast water
weight. Assume the loading spectra as vector SF( ), the dynamic characteristic of ship structure as
H( ). Then the strain response spectra of ship structures under all kinds of loads can be defined as
SR( ), which can be expressed as:
SR( )=H2( ) SF( )
(1)









 



In equation (1), one can find that longitudinal bending deformation of ship structure is not only the
result of longitudinal bending moment, but also related to structure condition of ship. The recent oil
tanker structural monitoring system only measures the longitudinal bending strain but ignores the ship
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loads, which is not sufficient enough for the condition monitoring of ship structure.

Figure 2: Additional sensors on oil tanker
The loads acting on ship structure can be classified into static and dynamic loads. The static loads is
composed of static hull girder loads and local static loads including hull girder still water bending
moment, still water shear force, static sea pressures, static tank pressure, tank overpressure, deck loads
from stores and equipment. These loads can be calculated at design stage. The dynamic loads is
composed of dynamic hull girder loads and dynamic local loads such as vertical dynamic wave
bending moment, horizontal wave bending moment, pitch motion wave pressure, roll motion wave
pressure, hydraulic of cargo oil and ballast water pressures due to vertical, transverse and longitudinal
accelerations of ship. These dynamic loads are very difficult to calculate theoretically.
In addition to the attached sensors shown in Figure 1, some more strain gauges need to be installed on
side shells and transverse bulkhead as shown in Figure 2. To get the information about the ship
dynamic loads, pressure sensors are needed to be installed at different positions on ship hull as shown
in Fig 2. Vertical wave bending moment MWV(t) and horizontal wave bending moment MWH(t) can be
derived from measured wave pressure after taking into account of hull weight and cargo load. Then
the vertical wave bending stress SWV(t) and horizontal wave bending stress SWH(t) can be estimated as

SWV (t ) =

SWH (t ) =

MWV ( t )
WV

MWH ( t )
WH

× 10 3
× 10

(2)

3

Stress range Sg(t) can be calculated as:

(3)

S g (t ) = SWV (t ) 2 + SWH (t ) 2 + 0.2 SWV (t ) ⋅ SWH (t )

(4)
Hydraulic pressure of cargo oil or ballast water in different directions can be derived from measured
ship motion accelerations as

p v ( t ) = ρa v ( t ) z
p t ( t ) = ρa t ( t ) y

p l ( t ) = ρa l ( t ) x

(5)
(6)

(7)
where pv(t): tank pressure in vertical direction at tank bottom;
pt(t): tank pressure in horizontal direction at tank inner side;
pl(t): tank pressure in longitudinal direction at tank inner front;
v(t),
t(t),
l(t): measured oil tanker accelerations in vertical, horizontal and longitudinal
directions respectively;
l: density of cargo oil or ballast water;
z: depth of cargo oil or ballast water;
y: width of rank;
x: length of tank.
Following which the pressure acting on shell side at different holds can be estimated as:







Pi (t ) = pt (t ) + p wi (t )

i=1,2,…,n (8)
Where pwi(t) is the wave pressure measured from pressure sensors on outside surface of each hold.
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Assuming the ship structure as a multi-input f ( ti ) and multi-output r (ti ) random vibration system,
the input and output signals in Fourier transform can be described as
2

Or:

S r (ω ) = H (ω ) ⋅ S f (ω )

(9)

S fr (ω ) = H (ω ) ⋅ S ff (ω )

(10)

Where: S r (ω ) :spectra density of strain response in Fourier transform

S f (ω ) : spectra density of exciting pressure in Fourier transform
S fr (ω ) : cross-spectra density between the exciting pressure and the strain response

S ff (ω ) : auto-spectra density of the exciting pressure



H( ): frequency transfer function relating the exciting pressure to the strain response
Then the frequency transfer function of ship structure can be presented as

H (ω ) =

S fr ( ω )
S ff ( ω )

(11)



Any changes with ship dynamic structure can be detected from the frequency transfer function H( ),
which takes into account of both wave loads and strain responses. In this way, the structural condition
of oil tanker can be monitored under any shipping conditions.
Due to inevitable noise in the measured signals, a coherence function can be calculated as

η rf2 (ω ) =

S fr ( ω )⋅S rf ( ω )
S ff ( ω )⋅S rr ( ω )

(12)

Where 0 ≤ η rf2 ≤ 1
If η rf2 =0, then the measured signals at the frequency is entirely due to noise and cannot be predictable
from the results; whereas if η rf2 =1, then analyzed result can be completely accounted to a linear
noise-free system. As a general guideline, the coherence function η rf2 should be larger than 0.8 for the
use of the transfer function H( ).
An experimental validation study is also proposed to check the accuracy of the proposed structural
condition monitoring of the oil tankers. The experimental validation would enable to check the
following: (1) the relationship between dynamic local wave load global wave load at different ship
drafts; (2) the relationship between dynamic tank pressure and ship motion acceleration at different
levels of cargo oil or ballast water; (3) The sensitive measurement selection for wave pressure and
local structure strain under shipping conditions.
4. Conclusion
1. Due to changeable shipping conditions and complicated structure, most of non-destructive testing
techniques are not quite suitable for structure condition monitoring of large oil tankers, while strain
response signals are more direct to the structure condition of oil tankers.
2. On the basis of BP oil tanker structure monitoring system, more strain gauges and pressure sensors
are proposed to be used to get the frequency transfer function from exciting pressures to strain
responses. This method not only depends on ship hull strain, but also analysis the strain responses
against external loads, which can be used for structure monitoring of oil tanker under any shipping
conditions.
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Abstract
In the first part of this paper, an experimental method on splash phenomena is proposed with special
reference to surface tension effect for small-scale models. In this paper, two dimensional water entry
splash problems of high-speed bodies are discussed. According to the experimental result, the surface
tension effect on the law of similarity of splash phenomena are clarified. In the latter part, trial
experiments using the present experimental technique are carried out to investigate the effect of side
shape of floating structure to reduce its splash.
1. Introduction
Splash or spray problems are recognized as important for design and operation of high performance
marine vehicles. In the first part of this paper, as the fundamental study, the law of similarity on
splash phenomena around high speed floating bodies is discussed experimentally. As shown in Figure
1 (Tanaka 1996), experimental results of splash shapes for similar models are dependent on model
sizes, even if keeping the same Froude number. The main purpose of the first part is to clarify these
differences in experiments. In practical stage of experiments for splash problems, smaller models are
preferable from the viewpoint of easier treatment and cost of experiments.

L=3m

L = 1.5 m

Figure 1: Splash shapes of high speed ship models at Fn = 1.0
Two dimensional (2-D) splash phenomena of the water entry problem by drop tests like Figure 2 are
discussed. For the purpose of realizing the law of similarity, several cases of experiments are carried
out, in which 3 model sizes with triangular section, 3 Froude numbers based on the water entry
velocity and 3 liquid conditions are chosen. As liquid conditions to investigate the effect of surface
tension, pure water and water solutions of 2 surface activators “Solomon” and “Ftergent150CH” are
used. The surface tension effect can be weakened by means of the surface activator. Through these
experiments, the similarity law based on Weber number defined by the surface tension force can be
confirmed. Even in the case of small-scale models, real phenomena can be simulated by the present
experimental technique using the surface activator.
According to the studies in the first part, trial experiments using the present experimental technique
are carried out to investigate the effect of side shape of floating structure to reduce its splash. As
simplified examples, a model of basic rectangular section and 2 models of modified sections with
bilge corner circles as shown in Figure 3 are selected. In these cases, splash shapes are obtained for
conditions of pure water and water solution of “Ftergent150CH”. For future work this type of research
will be more straightforward by means of the present experimental method for small-scale models.
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Figure 2: 2-D Water entry problem

Figure 3: Example of splash shape

2. Proposal of experimental method for splash phenomena
In this section, experimental techniques on splash phenomena are proposed for the 2-D water entry
problem by drop tests like Figure 2. This problem is very important to realize 3-D splash phenomena
around the high-speed planing hull surface, because 2.5-D analysis can be applied to estimate 3-D
behavior of splash phenomena (Faltinsen, 2006).
2.1. Outline of experiments for water entry problem
In the present work, drop tests for the water entry problem are carried out under the experimental
layout in Figure 4, in which visualizations of splash phenomena are recorded by a high-speed camera
with special lights (Oishi et al., 2006). Sizes of water tank are shown in Figure 1. In order to keep 2-D
characteristics, it is important to reduce the clearance between the model and the wall of water tank.
In experiments using this water tank, the model length L is 0.200 [m] for all models. As shown in
Figure 5, the height of right side wall is 500 [mm] lower than that of left side for the convenience of
experimental setup work.
(unit : mm)

500
1000

500

1000

Figure 4: Layout of experimental devices
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Figure 5: Specifications of water tank

In the present experiment, two guide wires like Figure 6 are introduced to avoid model attitude
changes like rolling, twisting etc. in the dropping process. Because of the friction of these wires,
however, it becomes difficult to control the model entry velocity. For this reason, drop tests are
carried out several times to get accurate entry velocities at each experimental condition. A flow
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diagram of the present experimental process is shown in Figure 7.
Experimental setup and drop tests

Guide wire

Record of splash phenomena

Guide wire

NO

accurate velocity?
YES

Analysis of splash tip, splash shape etc.

Guide wire

Investigations on similarity laws

Figure 6: Guide wires for drop test

Figure 7: Flow chart of experimental process

2.2. Experimental technique using surface activator
As described in the introduction, experimental results of splash shapes are dependent on model sizes,
even if keeping the same Froude number. It can be considered that the surface tension is one of the
reasons to cause these differences, because the surface tension effect becomes larger and larger for
small-scale hydrodynamic phenomena. In order to clarify this effect, surface activator (surfactant) is
used to control the surface tension force. As discussed in the author’s papers (Suzuki et al., 2004,
Hirai and Suzuki, 2006), the surface activator is very convenient to change the surface tension force
on the free surface in experiments. In those papers, visualizations of wave patterns around a smallscale model of high-speed vessels are discussed. In front of the small model, however, ripples
(capillary waves) caused by the surface tension effect can be observed, and it becomes difficult to
observe clear Kelvin wave patterns around the model. To weaken the surface tension effect, a water
solution of surface activator is sprayed upon the free surface at upstream of the model. By using this
experimental technique, Kelvin wave patterns can be visualized clearly, even if we use small-scale
models.
In this paper a similar experimental technique is used. However, the spray method is not so useful for
the high-speed phenomena like splash. In place of the spray method, the water tank used in the
present experiments is filled with a water solution of surface activator. As liquid conditions to
investigate the effect of surface tension, pure water and water solutions of 2 surface activators
“Solomon” and “Ftergent150CH” are used. The surface tension force σ in each liquid condition is
listed in Table 1. The surface tension forces can be remarkably reduced by means of the surface
activators, as shown in Table 1.
Table 1: Surface tension force of liquid in experiments
Liquid
Pure water
Water solution of Solomon
Water solution of Ftergent150CH

Surface tension force σ [N/m]
70.0*10-3
35.4*10-3
21.3*10-3

Since the similarity law of splash phenomena is discussed in the next section, Froude number and
Weber number are defined as follows. The Froude number is the ratio of inertia force and gravity
force and is defined by Eq. (1), where V is the entry velocity of model just before the impact on the
free surface, g is the gravitational acceleration and B is the breadth of model.
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V

Fn =

(1)

gB
The Weber number is the ratio of inertia force and surface tension force and is defined by Eq. (2),
where σ is the surface tension force and ρ is the density of liquid. It is assumed that three kinds of
liquid used in the present experiments have the same density ρ = 1000 [kg/m3].
V
(2)
Wn =
σ / ρB
The similarity laws of splash phenomena based on the above Froude number and Weber number are
investigated in the next section.

3. Experiments on water entry of 2-D triangular section
As fundamental studies to investigate the law of similarity, many cases of experiments should be
carried out. Particulars of tested models with equilateral triangular sections as shown in Figure 6 are
given in Table 2. Since each model has a hole for the guide wire as shown in Figure 6, the mass of
each model is adjusted to satisfy geometrical similarity when floating on the water surface. Tested
Froude numbers based on the entry velocity are also shown in Table 2. Totally, 27 cases of
experiments are carried out, for 3 model sizes, 3 Froude numbers and 3 liquid conditions in Table 1.
Table 2: Particulars of tested models with triangular section and Froude numbers
Model type
S (small)
M (medium)
L (large)

Breadth B [m]
0.05
0.10
0.20

y

Mass M [kg]
0.139
0.554
2.185

Froude number Fn
0.75, 1.00, 1.25

Xsp
Ysp

o

x
d

D

d/D = 3/5

Figure 8: Coordinate system and splash tip position
3.1. Splash tip coordinate and splash shape
Under the above experimental planning, splash tip coordinates and splash shapes are investigated to
verify the surface tension effect on the law of similarity of splash phenomena. For these analyses, splash
tip coordinates are defined as in Figure 8 based on the coordinate system fixed in space, in which xcoordinate and y-coordinate of the splash tip are taken as Xsp and Ysp. One condition of the model
dropped at 3/5 of its height (d/D=3/5) is shown as an example in Figure 8, where d is the distance from
the still water line to the bottom edge of the model and D is the height of the model. In this section,
splash tip coordinates are discussed in five positions that the model is dropped at d/D=1/5, 2/5, 3/5, 4/5,
and 5/5 of the height of the model. Splash shapes are also investigated, however, they are discussed for
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only one position that the model is dropped at d/D=5/5 of the model height as in Figure 2.
Typical results of the splash tip coordinates defined above are plotted in Figures 9~12, in which the
results are normalized by the model breadth B. Figures 9 and 10 show the comparison of splash tip
coordinates for the small size model and those for the medium size model respectively. In these
figures, the experiments are carried out in conditions with and without the surface activator (S.A.).
As shown in Figure 9 for the small size model, reliable differences are observed between the
experimental conditions with and without the surface activator. In Figure 10 for the medium size
model, however, there is no remarkable difference among them even if the surface activator is used.
Xsp/B,Ysp/B
1.0

Xsp/B,Ysp/B
1.0

Xsp/B Ysp/B

Xsp/B Ysp/B

Fresh water
Solomon
Ftergent

0.8
0.6

0.6

0.4

0.4

0.2

0.2

0.0

0.2

0.4

Fresh water
Solomon
Ftergent

0.8

0.6

0.8

1.0

0.0

d/D

0.2

Figure 9: Splash tip coordinates
(B=0.05 [m], Fn =1.25)

0.4

0.6

0.8

1.0

d/D

Figure 10: Splash tip coordinates
(B=0.10 [m], Fn =1.25)

In Figures 11 and 12, the splash tip coordinates are compared among three different size models in the
conditions of the pure water and the water solution of Ftergent respectively. According to the
experimental results in Figures 11 and 12, when the experiments for the different size models are
carried out without the surface activator, large differences are observed. However, if the surface
activator is used to reduce the surface tension, it is expected that the differences become much smaller
than those in the conditions without the surface activator. Under these considerations, it can be
concluded that splash phenomena seems to become more similar by using the surface activator.
Xsp/B,Ysp/B
1.0

Xsp/B,Ysp/B
1.0

Xsp/B Ysp/B

Xsp/B Ysp/B

B=0.05[m]
B=0.10[m]
B=0.20[m]

0.8
0.6

0.6

0.4

0.4

0.2

0.2

0.0

0.2

0.4

B=0.05[m]
B=0.10[m]
B=0.20[m]

0.8

0.6

0.8

1.0

0.0

d/D

Figure 11: Splash tip coordinates
(without S.A., Fn =1.25)

0.2

0.4

0.6

0.8

1.0

d/D

Figure 12: Splash tip coordinates
(with S.A. “Ftergent”, Fn =1.25)

Typical results of splash shapes at d/D=5/5 are shown in Figures 13~16. These results are also
normalized by the model breadth B. Figures 13 and 14 show the comparison of splash shapes for the
small size model and the medium size model respectively, based on the experiments carried out in the
conditions with and without the surface activator. In Figures 15 and 16, the splash shapes are
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compared among three different size models in the cases of the pure water and the water solution of
Ftergent respectively.
Ysp/B
0.8

0.6

Ysp/B
0.8
Fresh water
Solomon
Ftergent

0.6

0.4

0.4

0.2

0.2

0
0

0.2

0.4

Fresh water
Solomon
Ftergent

0.6

0.8

1

0
0

1.2
Xsp/B

Figure 13: Splash shapes
(B=0.05 [m], Fn =0.75, d/D=5/5)

0.2

0.4

0.6

0.8

1

1.2
Xsp/B

Figure 14: Splash shapes
(B=0.10 [m], Fn =0.75, d/D=5/5)

According to Figures 13~16, the splash shapes for the small size model (B=0.05[m]) are generally
different from the other cases for the medium and large size models in both conditions with and
without the surface activator. The splash shapes by the small size model become thicker and rounder
than those by the medium and large size models. As shown in these figures, however, it is also
understood that the splash shapes by the small size model (B=0.05 [m]) seem to become more similar
to the splash shapes by the medium size one (B=0.10 [m]) by using the surface activator. Therefore, if
reducing the surface tension effect, splash phenomena seem to become more similar.
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Figure 15: Splash shapes
(without S.A., Fn=1.0, d/D=5/5)
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Figure 16: Splash shapes
(with S.A. “Ftergent”, Fn =1.0, d/D=5/5)

In the present experiments carried out in the conditions with and without the surface activator, only
the results by the small size model show remarkable differences about the splash tip coordinates and
the splash shapes. For the medium and large size models, observed differences are small even if the
surface activator is not used. The reason of these results can be considered as follows. The medium
and large size models have larger inertia force than that of the small size model at the same Froude
number. So in the case of the small size model, it is easy to be influenced by the surface tension force.
As discussed here, however, these differences can be reduced remarkably by using the surface
activator.
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3.2. Similarity law of splash phenomena
In the present experimental technique, the surface tension effect can be weakened by means of the
surface activator. Through the experiments, the similarity law based on Weber numbers can be
discussed. Experimental Weber numbers based on the above mentioned 27 cases are listed in Table 3.
The surface activator can change the Weber numbers significantly, as shown in Table 3.
Table 3: List of Weber numbers in experiments
Froude number Fn
0.75
1.00
1.25
Model type
S
M
L
S
M
L
S
M
L
Pure water
14.2 28.0 56.1 18.7 37.4 74.8 23.5 46.9 93.5
Solomon
19.9 39.3 78.9 26.3 52.6 105.2 33.1 65.9 131.5
Ftergent
25.7 50.7 101.7 33.9 67.8 135.7 42.6 85.0 169.6
Xsp/B,Ysp/B
1.2
1.1

Xsp/B,Ysp/B
1.2

Xsp/B
Ysp/B

1.1

Xsp/B,Ysp/B
1.2

Xsp/B
Ysp/B

1.1

1

1

1

0.9

0.9

0.9
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0.8

0.7
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50
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Figure 17: Similarity law based on Weber number
As shown in the present experiments, the surface tension effect cannot be ignored for splash
phenomena, especially, for the phenomena caused by small-scale models. It is expected that both
Froude number and Weber number dominate the hydrodynamic similarity for the small-scale splash
problems. As further studies to clarify the similarity law related to the phenomena, the splash tip
coordinates in the condition of the model dropped at 5/5 of its height (d/D=5/5) can be investigated by
changing the Weber numbers. For this purpose, as shown in Figure 17, the splash tip coordinates vs.
Weber numbers based on all experimental conditions listed in Table 3 are plotted. As the results, the
splash tip coordinates become almost same for the same Froude number, if keeping the Weber
number over than about 50. So it is considered that the surface tension effect can be ignored
practically when the Weber number is over than about 50 for the present cases. Accordingly, even in
the case of small-scale models, real splash phenomena can be estimated by the present experimental
technique using the surface activator.
4. Trial experiments on edge shape effect of rectangular section
When operating high-speed floating bodies, it is desirable to reduce splash phenomena. Many
experiments based on small-scale models have been carried out and reported to get information about
edge shapes of the body to reduce splash. According to the results based on the previous sections,
however, the surface tension effect cannot be ignored in the experiments using small-scale models.
For this purpose, the proposed experimental method in this study is expected to be useful to study
edge devises to reduce splash by using small models.
According to the studies in the previous sections, trial experiments are carried out to verify that the
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present experimental method is effective to investigate the edge shapes of bodies which can reduce
splash phenomena. For this purpose, shown in Figure 18, a model of basic rectangular section and 2
models of modified sections with concave circular arc bilge surfaces are prepared. Radical edge
shapes like these examples are introduced to observe and discuss different splash shapes from the
previous cases for triangular sections. The mass of each model is adjusted to keep the design draft d =
80 [mm]. The experimental conditions are shown in Table 4. In the present cases, pure water and
water solution of “Ftergent150CH” are used. Totally, 12 cases are tried, for 3 models, 2 Froude
numbers and 2 liquid conditions. In this paper, however, discussions are focused on the cases of
Froude number Fn = 0.60 because of higher Weber number. For the bodies with flat bottoms like the
present models, 2.5-D analysis (Faltinsen, 2006) cannot be applied, however, it is expected that
fundamental behavior of splash phenomena can be estimated for a hull form with flat bottom.
Model A
unit: mm

Model C

Model B

L = 200

B = 100

D = 120

d = 80

r = 20

r = 10
M = 1.60 kg

M = 1.57 kg

M = 1.47 kg

Figure 18: Models for trial experiments
Table 4: Liquid conditions, Froude numbers and Weber numbers
Liquid
Pure water
Water solution of Ftergent150CH

Surface tension
force σ [N/m]
71.9*10-3
24.0*10-3

Weber num. Wn
for Fn = 0.50
18.5
32.0

Weber num. Wn
for Fn = 0.60
22.2
38.4

Splash tip

y
Xsp
Splash shape

Ysp

x

O
Model

Figure 19: Typical splash (Model A, with S.A.)

d

Figure 20: Image of splash shape and tips

As shown in Figure 3 in the introduction and Figure 19, typical splash phenomena for the present
models are consisted of many spray particles. By observing the phenomena carefully, it is verified that
sizes of spray particles in the case with the surface activator become smaller than those without the
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surface activator. These results should be related to higher Weber number due to the reduction of
surface tension force by means of the surface activator. Similar differences in phenomena observed in
Figure 1 can also be explained by these experimental interpretations based on the Weber number.
In the cases of splash phenomena like Figure 19, it is difficult to maintain 2-D characteristics, so the
definition of splash shapes and splash tips should be changed slightly as shown in Figure 20. Splash
tip coordinates based on the definition in Figure 20 are compared for several cases in Table 5. Splash
characteristics are clearly influenced by the edge shapes of the rectangular section to change the
splash directions and extents. Splash shapes are also compared in Figures 21 and 22. In the cases
with the surface activator, spray particles become smaller and are spread more widely than the results
in the cases without surface activator. It can be concluded that the surface activator is very useful to
get realistic splash like full-scale phenomena even in the case of small-scale models. For future work
the present experimental method will be applied to study the edge shapes of the body to reduce splash
problems.
Table 5: Comparison of splash tip coordinates (Fn = 0.60)
Exp. Condition
Xsp [mm]
d [mm]
Liquid
A
B
C
Pure water 78 135 81
40
Ftergent
74 147 88
Pure water 156 201 125
80
Ftergent
130 254 127
Ysp

Ysp
Model A
Model B
Model C

200

Model A
Model B
Model C

200

100

100

0
0

Ysp [mm]
A B C
154 54 48
147 55 44
208 54 64
213 60 57

100

200

Xsp

0
0

Figure 21: Splash shapes
(without S.A., Fn = 0.60, d = 80 [mm])

100

200

Xsp

Figure 22: Splash shapes
(with S.A., Fn = 0.60, d = 80 [mm])

5. Concluding Remarks
In the first part of this paper, two dimensional splash phenomena of the water entry are discussed as
one of the typical splash problems. To realize the law of similarity on splash phenomena, the
experimental method using surface activator is proposed. Through fundamental studies based on the
proposed experimental method for models of triangular section, the similarity law based on Weber
number defined by the surface tension force are confirmed. Since the surface tension effect can be
weakened significantly by means of the surface activator, full-scale splash phenomena can be
simulated by the present experimental technique even in the case of small-scale models.
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Trial experiments using the present experimental technique are carried out to investigate the bilge
shapes of floating structure to reduce its splash. As simplified examples, a model of basic rectangular
section and 2 models of modified sections with concave bilge circles are selected. In splash
phenomena obtained by using the surface activator, spray particles become smaller and are spread
more widely like full-scale real phenomena. For future work the present experimental method will be
applied to study the edge shapes of the body to reduce splash phenomena as more practical problems.
The authors appreciate well to Mr. Okada of Yokohama National University for his valuable helps in
experiments. This study is partially supported by the Grant-in Aid for Scientific Research of the
Ministry of Education, Science and Culture of Japan (No. 17656282).
6. References
Faltinsen O.M. (2005): “Hydrodynamics of High-Speed Marine Vehicles”, Cambridge University
Press
Hirai, M. and Suzuki, K. (2006): “Experimental Studies on Characteristics of Resistance and Free
Surface Flow of Transom Stern High-Speed Hull (Experiment in Circulating Water Channel)”,
Proceedings of the 3rd Asia-Pacific Workshop on Marine Hydrodynamics (APHydro2006), Shanghai,
pp 1-6
Oishi, G., Tachihara, K., Kai, H. and Suzuki, K. (2006): “Experimental Studies on Law of Similarity
of Splash Phenomena with Special Reference to Surface Tension Effect”, Proceedings of the 3rd AsiaPacific Workshop on Marine Hydrodynamics (APHydro2006), Shanghai, pp 52-57
Suzuki, K., Kai, H., Ohkoshi, S. and Ohno, K. (2004): “Experimental and Numerical Investigations
on Wave Making Interactions around Multi-Hull Vessel”, Proceedings of the 6th International
Conference on Hydrodynamics (ICHD2004), Perth, pp 117-123
Tanaka, H (1996): “Semi-Displacement Ship and Planing Boat”, Japanese Shipbuilding Association
Magazine, Vol. 801, pp 158-163 (in Japanese)

209

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Predicting Motions of High Speed RIBs: A Comparison of Non-linear Strip
Theory with Experiments
Simon G. Lewis, University of Southampton, Southampton/UK, sgl101@soton.ac.uk
Dominic A. Hudson, University of Southampton, Southampton/UK, dominic@ship.soton.ac.uk
Stephen R. Turnock, University of Southampton, Southampton/UK, steve@ship.soton.ac.uk
James I. R. Blake, University of Southampton, Southampton/UK, cosacnet@soton.ac.uk
R. Ajit Shenoi, University of Southampton, Southampton/UK, R.A.Shenoi@soton.ac.uk
Abstract
Accurate prediction of the motions of high speed craft is an essential element in understanding the
response of crew to a particular design configuration. The aim of this work is to evaluate the
capability of a numerical method for use in the context of a procedure for designing high speed craft.
A numerical model is used to predict the motions of a planing craft in both regular and irregular
waves. The model is based on non-linear strip theory, through calculation of the forces occurring on
wedge impact. This numerical model and its limitations are well understood for lower planing speeds
(up to a length based Froude number of around 1.2). This paper investigates the limitations and
accuracy for higher speed craft (Froude number around 3). At present there is an inadequate
knowledge of the model performance at these speeds.
Lower speed validation is carried out using results from published experiments although this data
does not extend to the higher speeds. Validation of the model at higher speeds is achieved using
experimental data attained from testing two scale models: A wave piercing rigid inflatable boat (RIB)
and an Atlantic 21 RIB. The experiments are conducted in a range of regular wave frequencies for
three wave height together with a realistic JONSWAP sea spectrum. Results are promising, with
good correlation between the heave motion of the numerical model and the measured experimental
data. Based on these results, a number of potential enhancements to the existing numerical model are
discussed.
1. Introduction
As marine technology advances in the areas of propulsion and materials, boats are being designed
with the ability to travel at significantly higher speeds. A boat’s performance and seakeeping
characteristics at these speeds and the effect of the craft motions on the crew are of importance to a
naval architect. The aim of this work is to evaluate the capability of a motion prediction code for its
use as part of a procedure for designing high speed craft.
The prediction of motions of planing craft has been the subject of many investigations. Caponnetto et
al (2003) present a comparison of three different methods for simulating boat motions, including an
extension of Wagner’s theory (1932) and two methods based on the computational fluid dynamics
solver Comet, making use of the Reynolds Averaged Navier Stokes equations. Blake (2000) and
Akers (1999) have also undertaken work in this subject. Akers et al (1999) included a wake model in
the application of Zarnick’s (1978) theory in order that full scale experimental tests could be
investigated. Lai and Troesch (1995) give a concise summary of the typical approaches for
mathematically modelling 2D ship motions.
A numerical model is used to predict the motion of a planing craft in both regular and irregular
waves. The model is based on non-linear strip theory through calculation of the forces occurring on
wedge impact (Blake, 2000). This numerical model and its limitations are well understood for
planing speeds up to a length based Froude number, FN (equation 1), of typically 1.2. This study
investigates the limitations and accuracy of this method for higher speed craft with a Froude number
of up to 3.
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FN =

U
Lg

(1)

There is inadequate knowledge of the model performance and accuracy at such higher speeds. The
background of this method for predicting the motions of planing craft is described in section 2.
Lower speed validation is carried out using results from published experiments, although this data
does not extend to the higher speeds. High speed validation is achieved by conducting towing tank
experiments on two scale models. Experiments are conducted in a 200m towing tank. The model
testing procedure and methods for reducing errors are discussed in section 3.
A comparison of the experimental and predicted data is given in section 4. This concentrates on
regular waves, with additional results presented for irregular waves. Recommendations for
improvement of the prediction of planing craft motions are then discussed.
2. Numerical Prediction Model
The numerical method used in this study was developed by Blake (2000), and Blake and Wilson
(2001). The model has its origins in the non-linear strip theory developed by Zarnick (1978). The
hull is divided into a series of 2D wedges. The forces and moments acting on the craft are calculated
by modelling wedge impact, and integrating the result along the length of the hull. A brief
description of the theory behind this prediction method is given in section 2.1. The low speed
validation of this numerical model is also discussed in section 2.2.
2.1 Theory
The numerical model which is used for the prediction of boat motions utilizes a strip theory with
slender body approximations. Strip theories rely upon the simplification of the three dimensional fluid
boundary conditions. The vessel is considered to be composed of a number of 2D wedges and the
three dimensional problem is subsequently solved as a summation of the individual 2D slices. Body
boundary conditions are simplified by treating the craft as a slender body (large length to breadth
ratio). A union of these two methods leads to a solution which is quasi-3D, with the allowance for
forward speed.
High speed planing craft require a more complicated numerical prediction model compared to those
employed for solving the problem of displacement hulls. The analytical description of planing craft in
waves involves several different types of flow, including planing hydrodynamic impact, surface wave
generation, and, to a lesser extent, hydrostatics (Zarnick, 1978). The mathematics tends to become
increasingly non-linear as the magnitude of motion increases, or large instabilities occur. A quasi
non-linear 2D model is presented, which uses Wagner’s (1932) expressions for lift force of impacting
wedges. A finite aspect ratio is employed to account for three-dimensionality. The problem is solved
in the time domain to determine vessel response in head seas.
2.1.1 Co-ordinate System
Figure 1 illustrates the global and body fixed axis system adopted. X0 is positive forwards in the
direction of the craft motion and Z0 is positive downwards. The horizontal plane, described by X0 and
Y0, coincides with the undisturbed free surface plane. The body fixed axis system originates at the
centre of gravity (CG) of the craft, x is positive in the direction of motion and z is positive
downwards. Trim angle is positive for a bow up condition (or a clockwise rotation about the y axis).

U (defined in equation 2) and V (defined in equation 3) are the parallel and normal velocities to the
keel respectively and from the above they may be written as.
U = X 0 Cosθ − Z 0 Sinθ = x cg Cosθ − z cg Sinθ

211

(2)

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

V = − X 0 Sinθ + Z 0 Cosθ = x cg Sinθ − xθ + z cg Sinθ

(3)

2.1.2 Added mass and damping
Payne (1992) describes the necessary use of an added mass term to give a complete picture of the
forces involved during transient motion. When a boat is travelling at planing speeds the mathematical
model implemented predicts that the main force acting on the boat is due to the effects of added mass
(Singleton, 2004). If a slice of water at x, x thick extending laterally underneath the vessel is
considered, then as the boat bottom surface is moving downward at Vboat, the added mass in the slice
of water is moving at the same rate. The bulk of water is moving either up or down at a rate Vwater due
to the incident waves present. According to the slender body assumption, conditions are not changing
very rapidly along the length of the boat and any motion of the water in the direction of travel can be
neglected (Singleton, 2004). As a consequence of this it is concluded that the force exerted on the
boat by the water slice is equal to the rate of change of momentum of the added mass.
2.1.3 Hydrodynamic forces
The hydrodynamic lift on the wedge is calculated by
L

∂
(4)
ma (V − V0 ) + ma*V0 dx .
∂
x
0
The damping force that is experienced by the boat due to the generation of radiating waves as a
consequence of the heave motion is calculated as
R=

maV + ma (V − V0 ) + ma*V0 − U

N=

L

(

nz (V − V0 ) + na*V0 dx ,

)

(5)

0

and thus the total hydrodynamic force acting in the Z0 and X0 directions is
(6)
Z = − R cos θ − N cos θ ,
and
(7)
X = − R sin θ − N sin θ ,
with the pitching moment given as
(8)
M = RxC + Nx N .
Derivations of these equations may be found in Blake (2000). The calculation of these forces is
dependent on the added mass and damping coefficients given in equation 5. The method as applied in
this study does not have the frequency dependency function as represented in equations 4 and 5. This
will be added to the numerical model if required.
2.1.4 Equations of Motion
The total forces and moments acting on the vessel including frictional drag (D),buoyancy force (FB),
thrust (Tx) and hydrodynamic forces (equations 6, 7 and 8) are resolved with respect to the global
fixed axis system, producing the surge and heave forces and pitching moment, given respectively as,
(9)
X = mxcg = Tx − R sin θ − D cos θ − N sin θ ,

Z = mzcg = Tz − R cos θ − D sin θ − N cos θ + W − FB ,
M = Iθ = RxC − DxD + Nx N + TxP + FB xB .

(10)
(11)

Equations 9, 10 and 11 are exact but their accurate solution depends upon the correct derivation of the
contributing factors such as the hydrodynamic normal forces (equations 6 and 7).
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2.1.5 Non-Linear Model
For the solution to the equations of motion in waves a time-domain analysis is required. The forces in
the equations above are continually changing when the vessel is progressing through waves and
encountering different flow regimes. To accurately model the system the wave forces must be
introduced into the equations of motion. This is achieved by considering that the wave excitation is
caused by both the geometric properties of the waves altering the wetted length and draught as well as
the vertical component of the wave orbital velocities at the surface altering the normal fluid
velocity V . With the introduction of waves the normal velocity V and the velocity parallel to the keel
U are described in equations 12 and 13 respectively,

V = (z cg − w z )cos θ − x θ + x cg sin θ ,

(12)

U = xcg cos θ − (zcg − wz )sin θ .

(13)

From the hydrodynamic forces and moments, the equations of motion in waves can be expressed as

( m + M a sin 2 θ ) xcg + ( M a sin θ cos θ ) zcg − (Qa sin θ )θ = Tx + X '
− D cos θ ,

(14)

( M a sin θ cos θ ) xcg + (m + M a cos 2 θ ) zcg − (Qa cos θ )θ = Tz + Z '
− D sin θ + W ,

(15)

− (Qa sin θ ) xcg − (Qa cos θ ) zcg + ( I − I a )θ = TX P + M '
− DxD ,

(16)

where

M a (t ) = ma ( x, t )dx ,

(17)

L

Qa (t ) = ma ( x, t ) xdx ,
and where

(18)

L

{
Z '= Z − {− ( M

}
+ (Q cosθ )θ },
− ( I )θ }.

X '= X − − ( M a sin 2 θ ) xcg − ( M a sin θ cosθ ) zcg + (Qa sin θ )θ ,

(19)

sin θ cosθ ) xcg − ( M a cos θ ) zcg

(20)

a

2

{

M '= M − − (Qa sin θ ) xcg + (Qa cos θ ) zcg

a

a

(21)

In the numerical model adopted in this investigation, the time stepping of equations 14, 15 and 16 is
achieved using a fourth-order Runge-Kutta method.
2.2 Validation at lower planing speeds
A significant amount of work has been completed with regards to validating this numerical model at
lower planing speeds. Blake (2000) investigated the accuracy of the model for a range of length
based Froude numbers from 0.6 to 1.79. It is noted that at the higher speeds, the added mass exhibits
frequency independent characteristics. On comparison with experimental results for pitch and heave,
the numerical model provides most accurate predictions without the frequency dependent approach,
as applied in this work. Akers (1999) also produced a numerical model based on Zarnick (1978),
called POWERSEA. Validation in Akers (1999) and Blake (2000) was achieved primarily using
experimental results from Fridsma (1969, 1971), who undertook a systematic series of tests on a hard
chine, constant deadrise monohull, operating in calm, regular and irregular seas.
3. Model Testing
Two models were tested in the towing tank, namely a wave piercing rigid inflatable boat (RIB), called
Kali, designed to be the fastest boat to travel around the British Isles (the body plan for Kali is
illustrated in Figure 2), and an Atlantic 21 RIB as used by the RNLI in the UK (see Figure 3 for the
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body plan).
Experiments were conducted at speeds up to 12m/s in towing tank number 3 at GKN Westland, Isle
of Wight, UK. The tank is 196.7m long, with a breadth of 4.6m and a depth of 1.68m (GKN
Aerospace, 2006). The tank has a flap type wave generator under computer control, providing
repeatable regular, irregular and breaking waves (WUMTIA, 2006). The models used are scaled from
full size by a factor of five. The experiments were conducted using a range of regular wave
frequencies for three wave heights, and realistic JONSWAP (Joint North Sea Wave Atmosphere
Program) sea spectra. A complete description of the experimental work may be found in D’Arcy et al
(2006).
3.1 Model preparation
The models were prepared in order that they represent the full scale boats accurately. That is, the
mass, the position of the CG, and the pitch inertia were adjusted accordingly. Table I presents the
dimensions of the two models. The calculation of the position of the CG is described in section 3.1.1.
The pitch inertia was calculated using the method described in section 3.1.2.
It should be noted that the mass used to obtain the model displacement is the total weight of the full
scale boat including crew under the required conditions, i.e. fuel and water ballast loads have to be
accurate.
3.1.1 Model Centre of Gravity
Longitudinal centre of gravity (LCG) and vertical centre of gravity (VCG) may be obtained through
an accurate mass estimate. Positions of all items are taken from a fixed datum point. In the case of
the LCG, this is usually taken as the transom and for the VCG it is normal practice to use the lowest
point of the keel line. When these are known a simple moment calculation is performed to calculate
LCG and VCG. The transverse centre of gravity is assumed to be on the centreline, as both vessels
are symmetrical. It should be noted that the thrust force acts in a horizontal direction at the centre of
gravity. The numerical model described in section 2 generates a similar thrust, that is, parallel to the
X0 axis, and through the CG.
3.1.2 Pitch Inertia
In order to replicate the motions of the full scale craft at model scale, the inertia must be correctly
obtained. Total inertia for the full scale boat is calculated using equation 22.
(22)
I = mi ri 2 ,
i

where i represents a section of the boat, such as a full fuel tank or engine. When the total inertia is
found the radius of gyration (r4) is calculated. This is scaled to the correct value for the model. In
order to calculate the radius of gyration for the model the compound pendulum method was used
(WUMTIA, 2005). The model is swung at the CG with the required ballast in the model. The mass
has to be positioned so that the LCG and VCG are correct. To obtain the VCG, the ballast is adjusted
in the vertical direction until the model cease to act like a pendulum. This means that the VCG has
risen above the point of pivot and hence the system is unstable. Once all the mass is positioned
correctly and the model is as shown in Figure 4, the model is swung and a number of periods are
timed in order to calculate the average period of the model. Then, using equation 23, the radius of
gyration is calculated. It is important to note that as the heave post is part of the total model mass but
does not contribute to the pitch inertia, the model radius of gyration has to be slightly larger than the
scaled ship radius of gyration.

T=

r 2Wm
4π 2
.
+x
wx
g
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3.2 Towing Tank test procedure
For each condition in irregular waves, at least three runs were undertaken each with a different seed
number. The seed number dictates the position of the wave system in the tank at the time of
coalescence. By undertaking three runs with three different seed numbers, the model will experience
slightly different waves during each acquisition period. Furthermore, in order to calculate accurate
model responses a certain number of wave encounters are required. The ITTC (1999) recommend
approximately one hundred wave encounters for analysis of time domain data. For high speed model
testing the acquisition time is shorter and therefore the number of wave encounters is reduced,
increasing the need for repeated runs. In this sequence of testing, approximately 50 wave encounters
were achieved over the three runs.
Table II gives a summary of part of the test programme carried out on the two models, and the wave
conditions imposed. Testing in calm water is not included in the table, although it was carried out.
3.3 Data acquired and analysis methods
Six channels of data were recorded during each run: drag, heave, pitch, bow acceleration, CG
acceleration and wave height. The drag and pitch were measured directly from a force block and
angular potentiometer located on the model at the connection between the model and a tow post
fitting. The heave was measured by a linear potentiometer on the tow post, located at the connection
between the tow post and the carriage. Accelerations were measured by uni-axial accelerometers
mounted at the CG and the bow. The accelerometers used have a maximum measurement of ± 9.02g.
A two fin resistance wave probe mounted on the carriage was used to measure the wave height. This
was located close to the model to ensure identical wave spectra were encountered.
The measurement system comprised each signal (excluding wave height) connected to the Wolfson
Unit MTIA data acquisition software program TurboAD via a RDP box (amplifier and conditioner)
and A/D (analogue to digital) converter. The exact sampling frequency is 99.155Hz for each data set.
Therefore, the time of each value within a data set may be found easily. The wave probe was
connected to the A/D card via a Churchill box. Calibration of the channels was carried out after
changing models and the equipment was re-zeroed before each run once the tank had settled. The
wave system was controlled by the towing tank wave generation software whereby wave height and
period were input for regular waves or significant wave height and modal period for a JONSWAP
irregular spectrum.
4. Results
Results presented include both time and frequency based analyses. The frequency analysis addresses
the response of the boat to waves of a given frequency, and is presented here in terms of response
amplitude operators (RAOs), which are the ratio of the magnitude of the vertical response of the boat
to that of the incoming wave. Figure 5 presents a typical example of the data collected during the
towing tank tests, and illustrates the wave trace, and the vertical accelerations at the CG and bow for a
15 second run.
4.1 Regular waves
Test run 15 was carried out at FN = 1.9. The predicted CG accelerations shown in Figure 6
demonstrate good correlation with the experimental data, but are over predicted by 7%. The
predicted acceleration is significantly larger than that recorded (see Figure 7). The pitch angle is well
predicted by the numerical model as shown in Figure 8.
Figure 9 shows the CG accelerations of Kali in the same sea state as run 15, but with an increase in
speed to 12 m/s (FN = 2.9). The numerical model predicts that the craft becomes airborne, as shown
by time intervals with constant -1g acceleration. A large slam impact is then predicted as the vessel
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hits the water. In the experiments, the model did not leave the water and so there were no large
slamming impacts recorded. The numerical model does give a good prediction of the frequency of
the motions. The bow accelerations are also over-predicted (not shown here). The wave period is
increased in run 19 (Figure 10), whilst keeping the wave amplitude and boat speed constant (at 12
m/s). In effect, this reduces the wave slope. The motions are therefore less severe, and are predicted
more accurately. An example of similar data for the Atlantic 21 is shown in Figure 11, for a FN = 3.
It is noted that the impact occurs in a small time step, and that the frequency of acquisition of data is
finite (at 99.155 Hz), and so the actual value of the experimental peak is possibly larger.
Figure 12 shows the Heave RAO for Kali at two different speeds in the same wave conditions.
Although the RAOs are over predicted by the numerical model, the maximum predicted motions
occur at the same wave length to boat length ratio as the experimental data. The heave RAO for the
Atlantic 21, shown in Figure 13 is better predicted by the numerical model. The RAO heave data is
presented in Table III. The Atlantic 21 is a more conventional planing hull form and this may be the
reason for numerical predictions being more accurate. As Kali is designed to be a wave piercing RIB,
it is expected that the numerical method would predict a larger magnitude motion than would be
experienced.
4.2 Irregular Waves
The JONSWAP wave spectrum is used to generate the irregular waves. Figure 14 shows the
JONSWAP spectrum entered into the towing tank instrumentation, and the actual wave spectrum
measured. The CG accelerations of Kali on run 34 are given in Figure 15. Although there is no
correlation to the impact times, the actual acceleration values as measured and predicted by the
numerical model are comparable, as are the number of impacts over the time shown.
5. Conclusions
Experiments were carried out on two scale models in regular and irregular sea states. The experiments
conducted provide a valuable source of data on high speed planing craft. The experimental results
were then compared with the motion predictions of a 2D numerical model. The results presented
indicate that the numerical model adopted gives a good representation of the motions of the craft. It
is intended to carry out further analysis of the experimental results for the irregular wave conditions.
Full scale testing will also be undertaken to increase the database of high speed craft motions, and to
test the numerical model further.
In general, the numerical model predicts that the craft motions will have a larger magnitude compared
to the experimental data and hence the accuracy of the prediction could be improved. There are a
number of possibilities for improving the motion predictions. These include:
• Improving the current numerical method. The method can currently only model a craft with
constant transverse deadrise angle where there is no change in the wedge angle at a station on
the hull. The numerical method can be developed to include more complex hull forms, such
as concave or convex wedges.
• Predicting the forces on the hull using full Reynolds averaged Navier-Stokes Equations
(RANSE) computational fluid dynamics (CFD). This would provide the most accurate
results as found by Caponnetto et al (2003), but is not really economically viable with current
computational power. It is also very complex to set up, and is therefore ill suited to running a
number of different hulls or configurations as required in the preliminary design process.
• Using a hybrid model. This could take the form of modelling the impact forces on a wedge
using 2D CFD. Once forces and moments are calculated, the procedure for calculating the
motion is identical to that described in this study.
It is possible that the hybrid method would provide a better understanding for the modelling of boat
motions. More accurate numerical models would allow planing boats to be designed that are safer
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and provide better crew comfort in rough seas.
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7. Nomenclature
CFD
CG
D
FB
FN
g
I
L
LCG
M
Ma
n
n*

Computational Fluid Dynamics
Centre of gravity
Frictional drag
Buoyancy force
Length-based Froude number
Acceleration due to gravity
Pitch moment of inertia
Overall craft length
Longitudinal centre of gravity
Moment
Added mass of the craft
Damping coefficient
Frequency independent damping
coefficient
N Damping Force
r Wave elevation
R Hydrodynamic lift

RAO
RIB
TX
Tz
U
V
VCG
V0
xB
xC
xD
xN
xP
zCG

Response Amplitude Operator
Rigid inflatable boat
Thrust in the X direction
Thrust in the Z direction
Velocity of craft parallel to keel
Velocity of craft perpendicular to the keel
Vertical centre of gravity
Component of velocity in the y-direction
of the translational velocity (q0)
Moment arm of CG to centre of buoyancy
Centre of pressure moment arm about CG
Moment arm of CG to centre of friction
Moment arm of CG to centre of damping
Thrust moment arm about CG
Vertical position of the centre of gravity
Trim angle
Wave frequency
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Figures

Figure 1: Co-ordinate system.

Figure 2: Kali full scale lines plan.

Figure 3: Atlantic 21 model lines plan.
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Figure 4: Compound Pendulum (WUMTIA, 2005).
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Figure 5: A typical towing tank run, showing the wave trace, and accelerations of the Atlantic 21.
Kali CG accelerations: Run 15
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Figure 6: Comparison of experimental and predicted accelerations at the CG of Kali for run 15.
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Kali bow accelerations : Run 15
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Figure 7: Comparison of experimental and predicted accelerations at the bow of Kali for run 15.
Pitch angle of Kali : Run 15
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Figure 8: Comparison of experimental and predicted Kali trim angle for run 15.
Kali CG accelerations : Run 18
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Figure 9: Comparison of experimental and predicted accelerations at the CG of Kali for run 18.
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Kali CG accelerations : Run 19
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Figure 10: Comparison of experimental and predicted accelerations at the CG of Kali for run 19.
Atlantic 21 CG accelerations: Run 47
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Figure 11: Comparison of experimental and predicted CG accelerations of the Atlantic 21, run 47.
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Figure 12: Graph of predicted and measured Heave RAOs for Kali at constant wave height.
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Atlantic 21 Heave RAO, 0.078m Wave Height, 10.6m/s
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Figure 13: Graph of predicted and measured Heave RAOs for the Atlantic 21.
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Figure 14: Comparison of the JONSWAP sea spectrum with the waves produced by the tank.

Kali CG acceleration : Run 34
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Figure 15: Comparison of experimental and predicted Kali CG accelerations for run 34.
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Tables
Table I: Model craft particulars
Scale
Kali
Atlantic 21

5
5

Wetted
Length
(m)
1.85
1.28

Wetted
Beam
(m)
0.26
0.39

Mass
(kg)

from stern

LCG

from Keel

10.91
24.29

0.5244
0.522

0.07
0.0335

(m)

VCG
(m)

Pitch
Inertia
(kg.m2)
2.58
8.14

Table II: Summary of part of the testing undertaken on the two models in waves

Run
No'

Model

REGULAR WAVES
Full scale
Model
equivalent
Speed
speed
m/s
Knots

Sig
Wave
Ht
m

Modal
Period

Run
No'

Model

s

IRREGULAR WAVES
Full scale
Model
equivalent
Speed
speed
m/s
Knots

Sig
Wave
Ht
m

Modal
Period
s

14

Kali

8.11

35.2

0.035

1.08

28

Kali

8.11

35.1

0.5

6

15

Kali

8.11

35.2

0.035

1.53

29

Kali

12.17

52.6

0.5

6

16

Kali

8.11

35.2

0.035

2.16

33

Kali

12.17

52.6

0.5

6

17

Kali

8.11

35.2

0.035

2.65

34

Kali

12.17

52.6

0.5

6

18

Kali

12.17

52.6

0.035

1.53

30

Kali

12.17

52.6

0.5

6

19

Kali

12.17

52.6

0.035

2.16

31

Kali

12.17

52.6

0.5

6

20

Kali

12.17

52.6

0.035

2.65

35

Kali

12.17

52.6

1

6

25

Kali

12.17

52.6

0.035

1.53

36

Kali

12.17

52.6

0.75

6

26

Kali

12.17

52.6

0.035

2.16

27

Kali

12.17

52.6

0.035

2.16

43

Atlantic 21

10.6

46.1

0.039

1.43

52

Atlantic 21

6.6

28.7

0.5

6

44

Atlantic 21

10.6

46.1

0.039

2.02

53

Atlantic 21

6.6

28.7

0.5

6

45

Atlantic 21

10.6

46.1

0.039

2.48

56

Atlantic 21

8

34.8

0.5

6

46

Atlantic 21

10.6

46.1

0.078

1.43

54

Atlantic 21

8

34.8

0.5

6

47

Atlantic 21

10.6

46.1

0.078

2.02

55

Atlantic 21

6.6

28.7

0.5

6

48

Atlantic 21

10.6

46.1

0.078

2.48

49

Atlantic 21

10.6

46.1

0.117

1.43

50

Atlantic 21

10.6

46.1

0.117

2.02

51

Atlantic 21

10.6

46.1

0.117

2.48

Table III: RAO heave values for Kali and the Atlantic 21.

Kali

Atlantic
21

Run

Speed (m/s)

Wave Length
Boat length

Numerically
Predicted RAO

Measured RAO

15

8.11

1.975606

0.5979

0.908173

16

8.11

3.937539

1.6988

17

8.11

5.926648

1.3946

1.367325
1.295451

18

12.17

1.975606

0.3387

19

12.17

3.937539

1.8492

0.605551
1.678509

20

12.17

5.926648

1.4753

1.308514

46

10.6

2.421875

0.4117

1.144

47

10.6

4.976563

1.53937

1.5575

48

10.6

7.5

1.46018

1.1841
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Abstract
An overview of current practices and recent advances in corrosion assessment and management for
ships and offshore structures is provided in the present paper. Relevant corrosion mechanisms,
corrosion wastage models, design considerations (design corrosion margin values) and preventive
measures with the emphasis on marine structures are presented.
1. Introduction
One of the important factors in the safety and integrity of ships and offshore structures at sea is that
they are affected by corrosion. Corrosion for such structures becomes a problem particularly where
surfaces are unprotected and this can be an issue for internal surfaces in cargo tanks under certain
environments where conditions of high humidity and often inspection and access difficulties may also
exist.
Periodic surveys can detect corrosion problems and help estimate the remaining thickness of structural
components prior to their needing replacement. For high quality asset integrity management and for
the development of optimal maintenance programs, refined strategies for corrosion management and
control including corrosion corrective or preventive measures are also required. One of the financial
issues for corrosion management is that severe degradation can lead to significant downtime costs
through lost production, steel renewals and related high direct and indirect costs.
In addition to anti-corrosion measures, two approaches may be relevant in terms of structural design
for corrosion, namely timely renewal of heavily corroded structural components and/or prior addition
of corrosion margins to newly-built structures. These approaches are both based on being able to
define the amount of corrosion permitted before structural component renewal is required. Adding a
corrosion margin to completely avoid steel renewals in service can in theory be even more attractive
when the renewal of corroded areas is not straightforward because of costs and/or greater difficulties
related to dry-docking, repair and maintenance such as in offshore installations when compared to
trading tankers. But even for these cases, the approach may often not be feasible for economic
reasons. In any event the prediction of likely future corrosion loss is then important for the structures
as it will enable one to take steps to maintain the necessary margins or allowances as the structure
ages in a timely and effective manner.
In a corrosion risk management scheme for a structure, both the structural safety and the optimal
operational serviceability are the matters of prime concern. The use of an appropriate corrosion risk
management scheme will hence necessitate the specification of an optimal corrosion protection
scheme. Experience shows that the areas of corrosion in trading tankers that we are relatively more
concerned with are inside cargo holds and ballast tanks rather than outer surfaces of vessel hulls, the
latter being well coated; and it also helps that the tanker dry-docks at 5 year intervals.
In offshore structures, on the other hand, such concern also must extend to the underwater part of
structure. Further, coatings begin to fail after 10 years or so and minimizing related effects requires
very good quality control at their initial application, plus the regular renewal of back up anodes. Also,
the important parts of cargo tanks, such as the deck head and the bottom or inner bottom must be
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often be coated to start with in contrast to typical practice in trading tankers. The external hull itself is
usually protected by coatings and an impressed current cathodic protection (ICCP) system, although
the primary structure has been protected by anodes rather than coating in some offshore structures.
This paper presents current practices and recent advances regarding the relevant corrosion
mechanisms, corrosion wastage models, design considerations (design corrosion margin values) and
preventive measures (coatings, ICCP or anodes) with the emphasis on marine structures. This paper
draws in part on various corrosion assessment and management considerations discussed in detail in
the book titled ‘Ship-shaped Offshore Installations: Design, Building, and Operation’ (Paik &
Thayamballi 2006); and also on various related investigations conducted both at the University of
Newcastle as well as the Pusan National University.
2. Marine Corrosion Mechanisms
Marine corrosion is the degradation of metals in the marine environment. Offshore engineers must
have a good understanding of corrosion principles and the methods to mitigate or prevent corrosion
effects so that inadequate designs and subsequent structural failures and high maintenance and
renewal costs can be avoided. Initiation and progression of marine corrosion may be related to various
actions such as electrochemical actions, galvanic actions, inter-granular actions, crevice actions,
erosion actions and microbial actions.
Corrosion gives rise to rust. It may be quite hard and hence protective or it may be friable and nonprotective. Friable rust is likely to occur on internal surfaces that do not have a protective coating.
Under certain conditions, such as with abrasion or excessive metal flexing, the rust scale can break
off, exposing fresh metal to corrosive attack. Rust can also dissolve in some types of liquids including
some petroleum products. In any event, the loss of metal thickness due to corrosion cannot always be
judged visually, and ultrasonic inspection techniques may need to be used. Failure to remove mill
scale from the steel surface during construction of the vessel has been said to cause accelerated
corrosion in service. Severe corrosion can lead to significant steel loss and/or the possibility of leaks
of oil or gas.
There are several different types of corrosion wastage possible for mild and low alloy steels in marine
applications, namely uniform (general) corrosion, pitting, grooving, and weld metal corrosion.
Localized corrosion as well as general corrosion must be considered for corrosion management and
control, because the localized corrosion can cause oil or gas leaks, while the general type is more
likely to lead to structural strength problems. It is important to realize that localized corrosion can also
be an issue of structural strength when the extent of localized corrosion becomes larger over the
corroded plates.
Factors affecting marine corrosion in an enclosed or open space include the following, namely:
-

Types of structural material (e.g., steel, aluminum alloy);
Corrosion protection scheme (e.g., coating, anodes, impressed current cathodic protection);
Types of cargo or stored material (e.g., oil, seawater, wax content, oxygen content, salinity,
reactivity);
Dry-wet cycles related to loading / unloading of cargo or stored material;
Humidity;
Temperature;
Oxygen;
Water velocity.

3. Mathematical Models for Corrosion Wastage Prediction
Two types of corrosion model are relevant, namely the phenomenological model and the mechanical
model. For the phenomenological model, the recent efforts of Melchers (1997, 2003d) as illustrated in
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Figure 1 are useful in terms of innovative considerations of various aspects such as:
-

Oxygen diffusion through the rust layers cannot be the controlling mechanism at the very start
of immersion when there is no rust;
The processes involved change with continued corrosion and therefore each consecutive
‘phase’ requires a different mathematical model;
The corrosion process changes, eventually, from oxidation to a process involving anaerobic
bacterial activity;
The action of sulphate reducing bacteria (SRB) when present must be part of the long-term
corrosion process;
The notion that nutrient supply controlled the rate of activity of sulphate reducing bacteria
(SRB).

Depth of corrosion

By virtue of extensive investigations based on marine corrosion science principles, quite useful
insights have in recent years been developed for corrosion loss including pit depth by Melchers (1997,
2002, 2003a, 2003b, 2004a). He also studied the effects of environmental parameters including the
effects of water velocity, depth, dissolved oxygen, surface finish, and water pollution (Melchers
2003c, 2004b, 2005, Melchers & Jeffrey 2004, 2005).
Phase 0: Kinetic (actual)
Phase I: Kinetic (linearized)
Phase II: Oxygen diffusion
Phase III: SRB growth
Phase IV: SRB steady-state

Phase I
Phase 0

p

Phase II

Phase III

Phase IV
time

Figure 1: A phenomenological representation of corrosion progress by the Melchers corrosion model
(SRB = Sulfate Reducing Bacteria)
Transition
Durability
of coating

Corrosion depth

Progress of corrosion

Type A (Convex)
Type B (Concave)
Type C (Linear)

Tc

Tc+Tt
Exposure time

Figure 2: A mechanical representation of corrosion progress by the Paik corrosion model
The other corrosion model we note is based on a mechanical representation of corrosion progress as
illustrated in Figure 2. The efforts of Paik et al. (1998, 2003a, 2003b, 2004), Paik & Thayamballi
(2003), and Paik (2004), of course in addition to numerous other investigators, are useful in this
regard. Generally, corrosion wastage increases with time and it is the rate of progression that is of
major interest. However, in coated surfaces, corrosion does not commence until there has been a
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breakdown in protective coating; a similar logic may also extend to other types of corrosion protection
such as the relatively rare extensive use of anodes as the primary means of protection. The figure
incorporates features related to (a) the durability or life of the coating, (b) a transition period, and (c)
the progression of corrosion.
Coating breakdown is estimated, usually visually, by the percentage of surface that has blistered,
cracked or finely or more coarsely corroded. While various factors may be involved in deterioration
of coating, including electrochemical (current, voltage) and/or mechanical (strain) reactions, it is
widely observed in practice that coating breakdown occurs gradually and subsequently corrosion
increases progressively over the surface as a result (Melchers & Jiang 2006). Figure 3 shows an
investigation of percentage area of surface coating breakdown as a function of exposure period
(Melchers and Jiang 2006).
50
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Figure 3: An investigation of the percentage area of surface coating breakdown as a function of
exposure period (Melchers & Jiang 2006)
Nevertheless, it is common practice to define a coating ‘life’, usually taken to correspond to the time
when a predefined degree of corrosion has occurred on the average over the surface, say a few
percent. The coating life so defined depends on the type of coating systems used, details of its
application (e.g., surface preparation, stripe coats, film thickness, humidity, salt control during
application) and relevant maintenance, among other factors. The coating life to a predefined state of
breakdown has been assumed to follow either the normal or log-normal probability distribution.
After the nominal effectiveness (i.e., ‘life’) of a coating is lost locally, some transition time , may be
considered to exist before the corrosion ‘initiates’ over a large enough and measurable area. This
transition time is often considered to be an exponentially distributed random variable. When the
transition time is assumed to be zero, it implies that corrosion will start immediately after the coating
effectiveness has been nominally lost locally.
In Figure 2, three possibilities are indicated for the corrosion loss curve. The convex curve of type A
shows the corrosion rate (i.e., the curve gradient) decreasing as corrosion progresses. This type of
behavior is common in many environments, particularly for stationary immersion, and is brought
about by the gradual build-up of protective rust layers. It is said to have been observed, for example in
the upper parts of relatively rigid cargo holds.
The concave curve of type B in Figure 2 is representative of accelerating corrosion with time. This is
characteristic of situations where there is increasing structural surface strain from flexure of
dynamically loaded structures together with significant thinning of structural components. This is
often said to be seen in the very advanced stages of corrosion with accelerated degradation in terms of
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the so-called Domino effect.
The linear curve of type C in Figure 2 may be characteristic of situations where the rust layers are
continually removed, but dynamic flexing is not involved. This is said to be typical of the lower parts
of cargo holds of vessels used for aggressive cargoes, but with relatively rigid structure. The same
linear modeling, i.e., curve C, is often also used as a first (and sometimes only) approximation to the
other two types of corrosion behavior (i.e., curves A and B) in absence of better information.
4. Options for Corrosion Management
Various options for corrosion management are relevant, namely corrosion margin addition; coating;
cathodic protection; ballast water de-oxygenation; and chemical inhibitors.
To reduce the costs associated with downtime for repairs and renewal of corroded structural
components, prior addition of corrosion margins to new build structures is necessary. In some types of
offshore structures such as jacket platforms, the margins added in this regard, together with the
corrosion protection schemes employed, may even virtually eliminate the need for steel renewals for
the life of the platform, except as usual in the topsides.
A design corrosion margin often needs to be determined so that a representative maximum predicted
thickness loss for the entire life of the offshore unit is added to the ‘net’ structure which has been
designed for the relevant design demands associated with actions (loads) alone. Figure 4(a) and 4(b)
show a sample set of average and severe levels of corrosion rates margins respectively for double hull
oil tanker structures developed by Paik et al. (2003a). Corrosion rates for a total of the 34 primary
member location / category groups are identified in the Paik model. Also, Figures 5(a) and 5(b)
present a sample set of average and severe levels of corrosion margin values respectively for double
hull oil tanker structures that were obtained based on the Paik model of corrosion rates indicated in
Figures 4(a) and 4(b). Figure 6 shows the corrosion margin values for double hull oil tanker structures
defined by the Common Structural Rules (IACS 2005a). It is seen that the corrosion margin values by
the IACS Common Structural Rules are similar to those of severe levels by the Paik model although
based on a different set of data.
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Figure 4(a): Average corrosion rates (mm/year) for the 34 primary member location / category groups
of double hull oil tankers structures, following Paik et al. (2003a)
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Figure 4(b): Severe corrosion rates (mm/year) for the 34 primary member location / category groups
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Figure 5(a): Average corrosion margin values (mm) for the 34 primary member location / category
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Figure 5(b): Severe corrosion margin values (mm) for the 34 primary member location / category
groups of double hull oil tanker structures, following Paik et al. (2003a)

230

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Figure 6: Corrosion margin values (mm) for primary member location / category groups of double
hull oil tanker structures, following the IACS Common Structural Rules (IACS 2005a)
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Figure 7(a): Average corrosion rates (mm/year) for the 23 primary member location / category groups
of bulk carrier structures, following Paik et al. (2003b)
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Figure 7(b): Severe corrosion rates (mm/year) for the 23 primary member location / category groups
of bulk carrier structures, following Paik et al. (2003b)
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Figure 9: Corrosion margin values (mm) for bulk carrier structures defined by the IACS Common
Structural Rules (IACS 2005b)
Figures 7(a) and 7(b) show a sample set of average and severe levels of corrosion rates respectively
for bulk carrier structures developed by Paik et al. (2003b). In this model, the corrosion rates for the
23 primary member location / category groups of bulk carrier structures are identified. Figures 8(a)
and 8(b) represent the associated corrosion margin values which were obtained based on the Paik
model indicated in Figures 7(a) and 7(b). Figure 9 indicates the corrosion margin values for bulk
carrier structures indicated by the IACS Common Structural Rules (IACS 2005b). It is seen that the
corrosion margin values for bulk carrier structures by the IACS Common Structural Rules are similar
to those of average level by the Paik model.
Care is required in making such comparisons, however, since Figures 7 and 8 relate to aggregated
data from many different ships having undergone quite varied routes, exposure and maintenance
conditions. For this reason the scatter in the data is considerable. On the other hand, for the
management of any one particular vessel and for predicting its corrosion losses, it is necessary to have
data and models that can disentangle routing, exposure and maintenance influences. Some of these
issues can be handled by developments of the fundamental models being developed by Melchers
(2003a). For example, the influence of routing on ballast tank corrosion is described by Gudze &
Melchers (2006).
Protection of metal surfaces by coating, e.g., painting, is the most common option for corrosion
control used for offshore structures as well as trading ship structures. The life of coating in places can
possibly be as low as a few years and thus the repair of worn, scratched or chipped spots should be
routinely undertaken in order to prolong the coating condition with the required certainty for the time
necessary.
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It is to be noted that paints with a longer life have been developed in recent years, and recommended
paints, surface preparation, painting and maintenance protocols for average coating lives of 15 or 20
years can be found in the industry literature (Paik et al. 2006). More rarely are they to be found in
classification society guidelines, since although exceptions may exist, historically most classification
societies have invariably opted to stay out of having to monitor coating application and related quality
control, whether in a new build stage or for maintenance. Classification societies do monitor the
general visual condition of coatings for marine structures classed with them, however. This situation
will change somewhat in the next few years for tankers at least, in light on on-going work related to
the development of ballast tank coating performance standards, see IMO (2004).
The durability of coatings is significantly affected by the quality of surface preparation. Blasting
methods for surface preparation include dry (open) grit blasting; water enclosed grit blasting; slurry
blasting; ultra high pressure water jetting; and other systems (e.g., jet systems).
The selection of coating material would be based on several considerations and related criteria. As an
example, the following main considerations may apply in the case of epoxy coatings, namely adhesive
strength; permeability; glass transition temperature; no solvent; and the right filler.
In ballast water tanks, oxygen is an important factor which promotes corrosion. Therefore, an
alternative to prevent or mitigate the corrosion wastage is to remove oxygen from the ballast water. It
has been noticed based on the laboratory tests that the corrosion rate may be reduced by as much as
90% when oxygen levels are reduced and maintained below 0.5% (Tamburri et al. 2003).
Various methods to de-oxygenate from the ballast water have been considered, e.g., by vacuum,
biological process or the help of an inert type of gas. It is said that the introduction of inert gas into
the ballast water is perhaps the most effective way to accomplish the stated aim (Tamburri & Ruiz
2005).
The corrosion protection of closed systems such as engines or boilers usually uses chemical inhibitors.
Five broad types of inhibitors may be considered, namely absorption, hydrogen evolution ‘poisons’,
scavengers, oxidizers and vapor phase inhibitors. Absorption inhibitors may affect anodic and
cathodic reactions. Scavengers can remove the oxygen needed for the cathodic reaction. The first four
methods can be used for the corrosion protection of metals in general. For example, corrosion of
engines and radiators is often reduced by introducing rust inhibitors.
5. Concluding Remarks
As a marine structure ages, various types of deterioration such as corrosion and fatigue cracking
essentially appear. It has been reportedly realized that such age related deterioration can lead to
significant operational costs whether for a ship or for an offshore structure. In recent years, proactive
and increasingly improved inspection, maintenance and repair methods have been developed and are
being used in practice. This certainly has contributed to the reduction of the related economic impact.
Significant losses attributable solely to corrosion are indeed admittedly very rare; and structural loss
rates have dropped to some 70% of those two decades ago. However, unfortunately it is also true that
even the rare industry casualty may attract significant attention. Furthermore, the tolerance of all
stakeholders to such events has been continually decreasing, and this will continue to be so in the
future. In this overall context, corrosion effects in aging structures can be expected to become an
increasingly significant issue in terms of health, safety, and the environment. Hence it is of great
importance to develop advanced technologies for assessment and management of all age related
deterioration effects including corrosion. The aim of the present paper has been to summarize recent
advances in corrosion assessment and management of ships and offshore structures.
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Abstract
It is now well recognized that the ultimate limit state approach is a much better basis for design and
strength assessment of ships and offshore structures because it is difficult to determine the true
margin of safety using the conventional allowable working stress approach that is based on linear
elastic method solutions alone. This paper outlines ALPS theory for ultimate limit state assessment of
ships and ship-shaped offshore structures. ALPS is a computer software which stands for nonlinear
Analysis of Large Plated Structures. Application examples of ALPS programs to ultimate limit state
assessment of plates, stiffened panels and hull girders are presented. A benchmark study is made by a
comparison with the ALPS solutions with other methods including class rule formulae, nonlinear
finite element methods and experimental results. It is convinced that the recent technologies are
mature enough to enter in the day-by-day approach for ultimate limit state design and strength
assessment of ships and offshore structures.
1. Introduction
During the last few decades, the basis of structural design and safety assessment has been moving
from the allowable working stress approach to the limit state approach, because the conventional
working stress approach is not always relevant to determine the true margin of structural safety. A
limit state is meant to be a condition for which a structure or its structural component fails to perform
the function that has been designated beforehand at the stage of design or conversion. Four types of
limit states are usually considered, namely serviceability limit state (SLS), ultimate limit state (ULS),
fatigue limit state (FLS) and accidental limit state (ALS) (Paik & Thayamballi 2003, 2006a).
While a literature survey on the subject has previously been undertaken (Yao 2005, Paik &
Thayamballi 2006b, ISSC 2006a), it is found that useful methodologies have been developed and
convinced that the developments are now mature enough to enter in the day-by-day design and
strength assessment approach based on ultimate limit states.
The present paper deals with the computational methodologies for ULS assessment of ships and shipshaped offshore structures. Theory and applications of ALPS (nonlinear Analysis of Large Plated
Structures) codes, namely ALPS/ULSAP (2006) and ALPS/HULL (2006), are presented in the paper.
Application examples of the programs to ULS assessment of ships and ship-shaped offshore structures
are presented together with some benchmark study results by a comparison with nonlinear finite
element solutions, class rules formulae predictions and mechanical collapse test results.
2. ALPS/ULSAP for ULS Assessment of Stiffened Plate Structures
ALPS/ULSAP (2006) is a computer program for Ultimate Limit State Assessment Program of welded
steel or aluminum stiffened panels (Figure 1) under combined in-plane and lateral pressure loads at
quasi-static or impact action situation. The main features of ALPS/ULSAP are as follows
• Ultimate limit state (or ultimate strength) assessment of stiffened panels is undertaken;
• Unstiffened plates, uniaxially stiffened panels and orthogonally (cross) stiffened panels (grillages)
are dealt with;
• Six types of collapse modes, namely overall collapse (Mode I), biaxial compressive collapse mode
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(Mode II), beam-column type mode (Mode III), stiffener web buckling (Mode IV), stiffener tripping
(Mode V) and gross yielding (Mode VI);
• Either steel or aluminum material can be dealt with;
• Any combination of in-plane load components, namely longitudinal axial compression or tension,
transverse axial compression or tension, longitudinal in-plane bending, transverse in-plane bending
and edge shear as well as lateral pressure load can be dealt with;
• Fabrication related initial imperfections in the form of initial deflections and welding residual
stresses are dealt with as parameters of influence;
• Effect of softening in heat-affected zone of welded aluminum panels is taken into account;
• Effects of structural damages such as corrosion (either general or localized corrosion), fatigue
cracking and local denting are dealt with as parameters of influence;
• Permanent set (lateral deflection) of plates and stiffened panels under impact pressure loads arising
from sloshing, slamming and green waters is predicted with impact pressure and its duration time
known.
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Figure 1: A stiffened plate structure considered for ULS assessment by ALPS/ULSAP (2006)
Theoretically, six primary modes of stiffened panel collapse are considered, namely (Paik &
Thayamballi 2003, 2006a)
• Mode I: Overall collapse of plating and stiffeners as a unit;
• Mode II: Collapse under predominantly biaxial compression;
• Mode III: Beam-column type collapse;
• Mode IV: Local buckling of stiffener web;
• Mode V: Tripping of stiffener;
• Mode VI: Gross yielding.
Mode I typically represents the collapse pattern when the stiffeners are relatively weak. In this case,
the stiffeners can buckle together with plating as a unit. Mode II represents the collapse pattern
wherein the panel collapses by yielding along the plate-stiffener intersection at the panel edges with
no stiffener failure. This type of collapse can be important in some cases when the panel is
predominantly subjected to biaxial compressive loads. Mode III indicates a collapse pattern in which
the ultimate strength is reached by yielding of the plate-stiffener combination at mid-span. Mode IV
can occur when the ultimate strength is reached subsequent to local compressive buckling of the
stiffener web, Mode V represents a collapse pattern in which the panel collapses by tripping of
stiffeners. Mode VI typically takes place when the panel is very stocky and/or the panel is
predominantly subjected to axial tensile loading so that neither local nor overall buckling occurs until
the panel cross-section yields entirely.
In ALPS/ULSAP assessment, each of the above collapse patterns is considered separately and the
associated strength corresponding to the collapse mode is calculated by analytical approaches. It is
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then considered that the collapse of stiffened panels will take place at the lowest value among the
various ultimate loads so calculated. Alternatively, ALPS/ULSAP provides another functionality as
an option applying a semi-analytical method for the ULS assessment of plates and stiffened panels. In
this approach, the elastic-plastic large deflection behavior up to ULS is analyzed by incremental
Galerkin method (Paik et al. 2003, Paik & Lee 2005).
Unlike steel structures, the heat-affected zone (HAZ) of aluminum structures is softened by welding.
In this regard, the breadth of HAZ and the reduced yield stress at HAZ are dealt with as parameters of
influence (Paik & Duran 2003, Paik et al. 2005b).
Ships and offshore structures suffer various types of damage while in service (ISSC 2006b). Structural
damage reduces the ultimate strength. In severe cases, such structural damage may conceivably lead
to catastrophic failure or total loss of the structure. ALPS/ULSAP deals with structural damages such
as corrosion (either general or local corrosion), fatigue cracking and local denting as parameters of
influence on the ultimate limit state (Paik et al. 2003a, 2003b, Satish Kumar & Paik 2004, Paik et al.
2005a, Paik & Seo 2005). It is recognized that brittle fracture is still a challenging issue when vessels
are operating in cold waters (Drouin 2006). ALPS/ULSAP approximately calculates the ultimate
strength of stiffened panels with cracking damage arising from brittle fracture as well as fatigue.
Ships or offshore structures can be subjected to impact pressure actions arising from sloshing,
slamming or green water. Impact pressure loading can often give rise to severe amount of structural
damage. It is of vital importance to evaluate the structural integrity under impact pressure loads in this
regard. It is clear with a reasonable certainty that the structural behavior of impact pressure loads is
quite different from that under static or quasi-static pressure loads. The design methodologies that are
currently being utilized are mostly based upon the equivalence concept of quasi-static pressure to
reflect the impact structural behavior using a single parameter associated with equivalent value of
quasi-static pressure. However, it is well recognized that this approach is often not satisfactory in
terms of the accuracy of structural analysis since it cannot reflect the impact pressure characteristics
properly. ALPS/ULSAP (2006) employs analytical methods to predict permanent sets of stiffened
panels under impact pressure loads with two parameters, namely impact pressure value and impact
duration time known (Paik et al. 2004).
ALPS/ULSAP has also been implemented as a major module of MAESTRO (2006). While the stress
analysis of a ship structure in part or as a whole of the ship under prescribed environmental, loading
and operational conditions and is computed by MAESTRO FEA module, the ULS evaluation and the
resulting safety measure calculations of structural components (plates, stiffened panels, support
members) can be undertaken by ALPS/ULSAP module implemented in MAESTRO system.
3. ALPS/HULL for Progressive Hull Collapse Analysis of Ships and Ship-shaped Offshore
Structures
The progressive collapse analysis of ships under hull girder loads is also a mandatory work for design
and strength assessment of ships (Paik 2003, 2004, Paik et al. 2006, IACS 2005a, 2005b).
ALPS/HULL (2006) is a computer program for progressive collapse analysis of ship hulls applying
idealized structural unit method (ISUM) (Paik & Thayamballi 2003, 2006a, Paik et al. 2006). Major
features of ALPS/HULL are as follows
• Progressive collapse analysis of ships under hull girder loads can be performed quickly and
accurately until and after the ULS is reached;
• Either steel or aluminum material is dealt with;
• Any combination of various hull girder load components, namely vertical bending, horizontal
bending, section shear and torsion is applicable;
• Fabrication related initial imperfections in the form of initial deflections and welding residual
stresses are dealt with as parameters of influence;
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• Aged related structural damages such as corrosion (either general or localized corrosion), fatigue
cracking, local denting are dealt with as parameters of influence;
• Accident induced structural damages caused by collision, grounding, fire and explosion are dealt
with as parameters of influence.
Structural modeling for ALPS/HULL applications is performed using MAESTRO modeler
(MAESTRO 2006). A ship hull can be modeled as an assembly of various types of structural units
such as plate units, beam-column units, stiffened panel units or plate-stiffener combination units,
although it is realized that modeling as an assembly of plate-stiffener separation units (i.e., plate units
and beam-column units without attached plating) is a better way than an assembly of plate-stiffener
combination units to perform the progressive collapse analysis of ship hulls, see Figure 2. The
buckling and plastic collapse behavior of individual stiffened panel units used for ALPS/HULL is
analyzed by the same module of ALPS/ULSAP.
A sliced hull cross-section between two adjacent transverse frames as shown in Figure 3(a) is usually
taken as the extent of the progressive collapse analysis, when transverse frames are strong enough so
that they do not fail before stiffened panels. However, at least one cargo hold between two transverse
bulkheads as shown in Figure 3(b), or an entire ship hull must be included in the structural modeling
when transverse frames are relatively weak or when hull sectional shear forces or torsional moments
are applied so that transverse frames can deform or even fail prior to stiffened panels between
transverse frames (Paik & Thayamballi 2006b).

(a)

(b)

Figure 2: ALPS/HULL sample modeling for a stiffened plate structure as an assembly of (a) platestiffener separation units or (b) plate-stiffener combination units

(a)
(b)
Figure 3: ALPS/HULL model for progressive collapse analysis of an FPSO hull (a) between two
transverse frames; (b) between two transverse bulkheads, developed by MAESTRO modeler
4. ULS Assessment of Un-stiffened Plates
A simply supported rectangular plate under combined biaxial compression or under combined
longitudinal axial compression and edge shear is considered. The plate dimensions are a (length) =
2400mm, b (breadth) = 800mm, t (thickness) = 20mm, σ Y (yield strength) = 235 N/mm2, E (elastic
modulus) = 205.8 N/mm2 and ν (Poisson ratio) = 0.3.
Figure 4 shows a comparison of ALPS/ULSAP calculations with nonlinear FEA (ANSYS 2005) and
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class rule formulae solutions. While ALPS/ULSAP deals with the initial imperfections (initial
deflections, welding residual stresses) as parameters of influence, an average level of initial
imperfections were presumed for the present computations for all of the methods considered, where
class rule formulae implicitly consider only the average level of initial imperfections (ABS 2005,
DNV 2005, LR 2005). For the calculations of ALPS/ULSAP (version 2005.5) and PULS (version 2.05) (Steen et al. 2004), the plate initial deflection w opl /t = 0.1 β 2 ≈ 0.183 ( w opl = 3.66mm) with
buckling mode initial deflection shape was assumed where β = b / t σ Y / E , while welding residual
stresses do not exist.
1.0
DNV PULS
ALPS/ULSAP
FEA (ANSYS)

0.9
0.8
0.7

τu / τ Y

0.6
0.5
0.4
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0.0

(a)

(b)

0.0
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σxu / σ Y
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Figure 4: ULS interaction curves for a simply supported steel plate under combined biaxial
compression (a) Under biaxial compression σ x and σ y ; (b) Under longitudinal axial compression σ x
and edge shear τ

Figure 5: A computer graphic of a tanker bottom stiffened plate structure
It is seen from Figure 4 that ALPS/ULSAP gives accurate predictions of the plate ULS compared with
more refined FEA solutions. The existing class design formulae give optimistic results when
transverse axial compression is predominant, while they provide accurate solutions when longitudinal
axial compression is predominant. DNV PULS predictions (Steen et al. 2004) are quite larger than
ALPS/ULSAP solutions and more refined nonlinear FEA for biaxial compressive loading cases, while
both of them are in very good agreement with more refined nonlinear FEA for combined longitudinal
axial compression and edge shear loading cases.
A tanker bottom structure under biaxial loads and lateral pressure as shown in Figure 5 is now
considered. It is noted that plate thickness is not uniform over the structures and six different types of
plate elements appear. Therefore, the ultimate strength of each of the six different types of plate
elements under biaxial compression with a constant value of design lateral pressure loads is analyzed
by ALPS/ULSAP and nonlinear ANSYS FEA. Figure 6 shows the ultimate strength interaction curves
for each of the six plates.
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Figure 6: ULS interaction relationships for plate elements under biaxial compression with a constant
magnitude of lateral pressure loads
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Figure 7: (a) ANSYS FEA model, and (b) Distribution of deformation and von Mises stresses at ULS
for the ship bottom stiffened plate under biaxial compression and lateral pressure loads
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Figure 8: The longitudinal axial compressive stress versus strain curve for the prototype bottom
stiffened panel under biaxial compression lateral pressure loads, obtained by ANSYS nonlinear FEA
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5. ULS Assessment of Stiffened Panels
5.1 Under Quasi-Static Actions
The ship bottom plate structure with non-uniform plate thickness considered in the previous section is
now considered. The stiffened plate structure is subjected to biaxial compression and lateral pressure
loads. Figure 7(a) shows ANSYS nonlinear FEA model of the structure, and Figure 7(b) shows the
deformed shape and von Mises stress distribution of the structure at ULS. Figure 8 shows the stress
versus strain curve of the structure, obtained by ANSYS nonlinear FEA. The ALPS/ULSAP solution
is also plotted in the figure.
Another example is a stiffened panel under biaxial compression and lateral pressure loads. Figure 9
shows a comparison of ALPS/ULSAP with nonlinear FEA and DNV PULS (Steen et al. 2004)
solutions on a longitudinally stiffened panel (between transverse frames) simply supported along the
boundary and under biaxial compressive loads with or without lateral pressure loads. Following the
symbols defined in Figure 1, the dimensions of the object panel are a = 5120mm, B = 9100mm, and t
= 20mm.
160
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DNV PULS (P)
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140
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Figure 9: ULS interaction curves for a longitudinally stiffened panel under biaxial compression
and lateral pressure loads (p donotes with lateral pressure loads)
The number of stiffeners is 9 and the type is T-bar with 598.5mm × 12mm + 200mm × 20mm. The
panel material is high tensile steel with yield stress of 315MPa. An average level of initial deflection
is considered with the so-called hungry horse shape (maximum plate initial deflection = 4.55mm),
while no residual stresses do exist. The column type initial deflection of stiffeners is 5.12mm. The
lateral pressure applied is 0.2531N/ mm 2 equivalent to water head of 25m.
It is seen from Figure 9 that ALPS/ULSAP and DNV PULS give reasonably accurate predictions of
the stiffened panel ULS under biaxial compressive loads compared with more refined nonlinear FEA.
ALPS/ULSAP provides somewhat pessimistic ULS solutions (at safety side) with large lateral
pressure loads, while DNV PULS always tends to give somewhat optimistic ULS predictions.
5.2 Under Impact Pressure Actions
Impact pressure loads arising from sloshing, slamming and green waters while in service of ships can
cause severe structural damage (Paik 2006a, 2006b, Paik & Shin 2006). Therefore, avoiding structural
damage due to impact pressure is one of very important tasks for the structural designers.
ALPS/ULSAP can accurately predict the permanent set deflections of plating (between stiffeners),
interframe stiffened panels (between transverse frames) and grillages under impact pressure loads
once impact peak pressure value and its duration time are known.
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It has been realized that the impact pressure characteristics of ship structures due to sloshing,
slamming or green waters can be idealized as an impulsive type characterized by two parameters,
namely impact pressure peak value and its duration time as long as the applied impulse amount
remains the same.
A grillage (cross-stiffened panel) under impact pressure loads taken from the mid-ship section cargo
hold of a 300k dwt ultra large crude oil carrier (ULCC) is now considered. The dimensions of the
structure with the nomenclature indicated in Figure 1 are L = 15300mm, B = 3760mm and t = 16mm.
The number of longitudinal stiffeners is 3 and their type is T-bar with 520mm × 12mm (web) and
150mm × 20mm (flange). The number of transverse frames is 2 and their type is T-bar with
2730mm × 18mm (web) and 450mm × 45mm (flange). The material yield stress is σ Y = 315 N / mm 2
and the elastic modulus is E = 205.8 N / mm 2 . The mass density is ρ = 7850 kg / m 3 .
Figure 10 shows the comparisons of permanent set deflection predictions as those obtained by
ALPS/ULSAP and DYNA3D nonlinear FEA on plating (LS-DYNA3D 2005), longitudinally
stiffened panels and grillages (cross-stiffened panels) under impact pressure loads, with varying the
peak impact pressure values and the impact pressure duration time. It is evident from Figure 10 that
ALPS/ULSAP solutions are in very good agreement with nonlinear FEA in a wider range of impact
pressure and duration time.
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6. ULS Assessment of Stiffened Panel Elements in a Bulk Carrier Hull Structure
ULS assessment is now applied to stiffened panel elements in a bulk carrier structure. Figure 11
shows the three cargo hold model used for ALPS/ULSAP ULS assessment of individual stiffened
panels of a Capesize bulk carrier. The MAESTRO modeler is employed for structural modeling. The
maximum bending moments in sagging or hogging condition are then applied to the vessel hull
structure.
Figures 12(a) and 12(b) show the ULS assessment results of the hull structure in sagging and hogging,
respectively. It is found that deck panels and upper side shells have collapsed under sagging bending
moment in the storm, and bottom panels and lower side shells have collapsed under hogging bending
moment in the storm; where the wave induced bending moments were estimated by direct calculations
as previously described.
Figure 12(a) indicates that in extreme sagging condition deck stiffened panels collapsed by collapse
mode III – beam-column type collapse mode and upper side shells collapsed by collapse mode V –
tripping of stiffeners. On the other hand, Figure 12(b) indicates that in extreme hogging condition
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bottom stiffened panels collapsed by collapse mode V – tripping of stiffeners and lower side shells
collapsed by mode II – biaxial compressive type collapse.
It is evident from these ULS assessments that ‘flange’ structures of the vessel hull girder, i.e., deck
structures in sagging or bottom structures in hogging, failed under extreme bending moments in the
storm.

Figure 11: Three hold model for ALPS/ULSAP ULS assessment of individual stiffened panels of a
Capesize bulk carrier

Panel: Buckling collapse of
side shell (topside tank)
Lenght= 1625.8mm
Width= 2438.1mm
Thickness:21.0mm
Mode 1= 1.428
Mode 2= 0.6706
Mode 3 or 31 =0.6597
Mode 4= 0.6617
Mode 5= 0.6501
Panel collapsed in mode=5

Panel: Buckling collapse of
upper deck
Lenght= 8128mm
Width= 2164mm
Thickness:18.0mm
Mode 1= 1.889
Mode 2= 1.005
Mode 3 or 31 =0.9897
Mode 4= 0.9904
Mode 5= 0.9904
Panel collapsed in mode=3

Figure 12(a): ALPS/ULSAP ULS assessment results of the bulk carrier hull structure under sagging
7. Progressive Hull Collapse Analysis
7.1 Mechanical Collapse Testing on Ship-shaped Hull Models
Experimental results for two test hull models, i.e., a frigate ship hull model tested by the British Navy
under sagging moment (Dow 1991), and uni-directional double hull girder system tanker hull models
tested by the US Navy under both sagging and hogging moments (Bruchman et al. 2000) are now
analyzed using ALPS/HULL code.
Figure 13 shows the ALPS/HULL model together with axial stress and von Mises stress distribution
at ULS for the frigate test hull under sagging bending moment. The test ship hull is modeled as an
assembly of plate-stiffener separation units, i.e., plate elements for plating between stiffeners and
beam-column elements for support members (see Figure 2).
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Figure 14(a) and 14(b) respectively show the collapse modes distribution of individual plate panel
elements at ULS of the frigate test ship hull under sagging and the comparison of the progressive
collapse behavior under vertical bending moments as those obtained by ALPS/HULL and the
experiment. As would be expected, it is observed that buckling collapse took place at the deck panels
and gross yielding occurred at bottom panels until the ULS is reached, while the mid-height part of
the hull still remains intact. It is evident from Figure 14(b) that ALPS/HULL analysis is in very good
agreement with the experimental results for the frigate test ship hull.

Panel: Side shell
Lenght= 4876.8mm
Width= 5458.1mm
Thickness:29.5mm
Mode 1= 0.7081
Mode 2= 0.7071
Mode 3 or 31 = 0.7071
Mode 4= 0.7071
Mode 5= 0.7071
Panel collapsed in
mode=2

Panel: Buckling collapse of
outer bottom plate
Lenght= 1625.8mm
Width= 2438.1mm
Thickness:21.0mm
Mode 1= 1.134
Mode 2= 0.818
Mode 3 or 31 =0.8251
Mode 4= 0.8194
Mode 5= 0.8033
Panel collapsed in mode=5

Figure 12(b): ALPS/ULSAP ULS assessment results of the bulk carrier hull structure under hogging
(up-side-down)

(a)

(b)

Figure 13: (a) ALPS/HULL model together with axial stress distribution, and (b) von Mises stress
distribution at ULS of the frigate test hull under sagging moment
Figure 15 shows the ALPS/HULL model together with axial stress and von Mises stress distribution
at ULS for the double-skin tanker test hull under sagging moment, while the test was undertaken for
both hogging and sagging conditions. The test hull is composed of only plate elements so that
ALPS/HULL also models the test hull as an assembly of plate elements only.
Figure 16 shows the collapse modes distribution of individual plate panel elements at ULS of the
double-skin tanker test hull under sagging and the comparison of the progressive collapse behavior
under vertical bending moments as those obtained by ULTSTR program (Bruchman et al. 2000), the
US Navy experiment and ALPS/HULL.
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Figure 14: (a) Collapse mode distribution of individual components at ULS, and (b) Vertical
bending versus curvature curves for the frigate ship-hull test model, as those obtained by
ALPS/HULL and the experiment

Figure 15: (a) ALPS/HULL model together with axial stress distribution, and (b) von Mises stress
distribution at ULS for the double-skin tanker test hull under sagging moment
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Figure 16: (a) Collapse mode distribution of individual components at ULS, and (b) Vertical
bending versus curvature curves of the uni-directional double-skin-tanker hull test model, as those
obtained by ALPS/HULL, ULTSTR and the experiment
It is seen from Figure 16(a) that until ULS is reached under sagging condition buckling collapse took
place at almost upper-half part, while gross yielding occurred at lower-half part. And no intact
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elements remain, in contrast to the typical ship hulls which are composed of stiffened panels together
with support members. It is interesting to note that this type of unique hull girder system must be very
efficient and advantageous in terms of expecting a full contribution of all plate elements against the
hull girder collapse process. It is also seen from Figure 16(b) that ALPS/HULL and ULTSTR
analyses are in reasonably good agreement with the experimental results.
7.2 Hull Structure of an FPSO (Floating, Production, Storage and Offloading Unit)
The progressive collapse analysis of an FPSO hull under vertical bending is now performed using
ALPS/HULL. Figures 3(a) and 3(b) show ALPS/HULL models for the FPSO hull between two
transverse frames or between two transverse bulkheads, respectively, both being composed of platestiffener separation ISUM elements. If transverse frames are not sufficiently strong so that they may
fail before inter-frame stiffened panels or if combined hull load effects including shearing forces at
the vessel hull section are significant, the latter type of modeling should be desirable. For the present
example, however, the former model is taken because the transverse frames are supposed to be strong
enough under the vertical bending moment.

(a)

(b)

Figure 17: The distribution of (a) stress and (b) collapse mode over the FPSO hull cross section at
ultimate limit state under sagging, as obtained by ALPS/HULL

(a)

(b)

Figure 18: The distribution of (a) stress and (b) collapse mode over the FPSO hull cross section at
ultimate limit state under hogging, as obtained by ALPS/HULL
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Figure 19: The vertical bending versus curvature curve for the FPSO hull, as obtained by
ALPS/HULL
Figures 17 and 18 represent the axial stress distribution and the collapse mode distribution over the
hull cross section at ultimate limit state under sagging or hogging, respectively. Figure 19 shows the
resulting vertical bending moment versus curvature curve of the FPSO hull in sagging or hogging. An
average level of initial imperfections was applied for the analysis. The computing time used for the
ALPS/HULL analysis of this structure under each loading condition was 52 seconds by a PC with
Pentium M processor. It is found that the ultimate bending capacity of the object FPSO hull is 32.376
GNm for hogging and –32.359 GNm for sagging.
7. Concluding Remarks
While the offshore industry has extensively applied the limit state approach for design, the
shipbuilding industry has traditionally utilized classification society guidance based on the allowable
working stress approach for design of trading ships. Very recently, however, classification society
rules have also been reformatted by adopting limit state approach in the form of IACS Common
Structural Rules (CSR). For limit state design and assessment of a system structure which is
composed of a number of structural elements, the use of progressive collapse analysis is desirable
because it can more precisely deal with the progressive failure consequences and their interactions of
individual structural elements until and after the limit state is reached.
Although four types of limit states are relevant, namely serviceability limit states, ultimate limit
states, fatigue limit states and accidental limit states, this paper is focused on ultimate limit states of
ships and ship-shaped offshore structures. An efficient and accurate method for ultimate limit state
assessment of stiffened plate structures of ships and ship-shaped offshore structures is presented in the
present paper together with nonlinear finite element solutions. An efficient and accurate method for
progressive hull girder collapse analyses of ships and ship-shaped offshore structures is also presented
together with benchmark studies by a comparison with experimental results on ship-shaped test
structures.
In closing, it is important to adopt the ULS approach for all aspects of structural design. During the
last decade, fast advances have been achieved in the areas of the ULS design, and it is convinced that
the developments are mature enough to enter in the day-by-day design and strength assessment
approach based on ultimate limit states. In particular, it would seem that there may be a need for
requiring minimum compression strength standards for primary structure, and this should be
considered. In shipbuilding industry, this will provide more robust ships at a time when ship sizes and
speeds are increasing and the associated risks are greater.
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Global Structural Design of Hydroelastic Models
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Abstract
Ship models employed in experimental investigations of springing, whipping and related phenomena
are often constructed of nominally rigid segments joined by flexible links to ensure correct
hydroelastic scaling of the flexural natural frequencies. However weight constraints preclude
perfectly rigid segments, and this flexibility is significant enough to require accounting for in the
design of the flexible links. This paper seeks to quantify both theoretically and experimentally the
various contributions to loss of effective stiffness with particular reference to a realistic range of
design parameters, to propose a simplified model for design purposes, and to suggest design features
that minimise these losses where possible without unduly compromising weight. In doing so, a useful
guide is provided to designers of hydroelastic models.
1. Introduction
A hydroelastic model is one in which the flexural natural frequencies are scaled consistently with the
rigid body (e.g. heave and pitch) frequencies, and is used to ensure accurate modeling of whipping
and springing responses to waves. Springing is the structure’s flexural response to the underlying
wave excitation at the same frequency, while whipping is the global flexural vibration following
impulsive excitations from “slams”, severe short duration impacts, typically near the bow, resulting
from the coincidence of unusually large wave crests and plunging bow motions.
Generally models are inherently significantly stiffer than their equivalent full scale ships, and correct
scaling must be achieved by the use of a segmented model joined by flexible links. Ideally
determination of the appropriate link flexibility is greatly simplified if the hull segments are perfectly
rigid, either in their own right or by virtue of a stiff backbone. However it is not practical to have
arbitrarily stiff segments because of often stringent weight limitations, and the authors have found that
flexural stiffness may be substantially overestimated if the hull and backbone flexibility is ignored.
Although the link, backbone and hull may have bending stiffnesses that respectively increase by an
order of magnitude or so, their effective lengths also increase by similar ratios. This means that each
makes a significant contribution to the overall model flexibility, and it may sometimes be difficult to
increase a model’s stiffness without addressing all three aspects. These considerations are particularly
important for vessels such as catamarans which because of their superstructure are structurally
relatively stiffer than their monohull equivalents, but are generally less so in model form where the
superstructure is typically not included. Good numerical predictions may be obtained if all the
attachments of the backbone to the hull are accurately modeled, but to simplify this to the most basic
equivalent system requires a model with at least three equivalent springs in addition to the actual
flexible link. Other aspects considered in this paper include the influence of link geometry on its
effective length, and the rigidity of the connections between the various components.
2. Structural model
In hydroelastic modeling with segmented models it in normally assumed that the hull is divided into
nominally rigid segments joined by elastic links, as shown in Figure 1. The stiffness of the link(s) is
then adjusted until the desired scaled natural frequencies are obtained. The link must often also
provide capability to measure forces. For example the authors have used strain gauges on the link to
measure the bending moments.
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Figure 1: Model and backbone arrangement (schematic).
For a two segment monohull we have the natural frequency from Lavroff et al. (2006)
m1m2
(x1 + x2 )2 K
m1 + m2
mm
I1 I 2 + 1 2 (x12 I 2 + x22 I1 )
m1 + m2

I1 + I 2 +

ωn =

where subscripts 1 and 2 refer to the two hull segments, and mi, xi and Ii are respectively the segment
mass, centre of mass distance from the segmentation cut, and moment of inertia of the segment about
its local centre of mass. These quantities are assumed to take into account the added mass if the wet
natural frequency is desired. K is the stiffness (or effective stiffness, which we will hereafter denote
K effective ) of the flexible link joining the two segments. For a given model or full scale mass
distribution only K effective can be changed. Thus it is only through control of K effective that the desired
natural frequency may be achieved.
Suppose the flexible link consists of a narrow solid rectangular beam of width, depth and length
w × d × l . This link also serves the purpose of measuring strain, so for both strength and good strain
signal we aim for a target maximum strain of say ε max = 6 M max wd 2 E , which immediately constrains
the possible suitable cross section dimensions. For example we put w = d to give
d = 3 6M max Eε max . Then the link’s stiffness is K link = wd 3 E 12l , which must have a particular value
if the desired natural frequency is to be achieved. This defines the length. There is some limited scope
for minor adjustments to the length by modifying the cross section accordingly, but this is equivalent
to adopting different values of ε max and large variations will result in either insufficient strength or
poor strain signal to noise ratio.
In the arrangement shown schematically in Figure 1, the elastic link is connected to a stiff backbone,
which in turn is attached at several points to the hull. These features are however far from effectively
perfectly rigid. For example, although the backbone beam flexural stiffness will ideally be an order of
magnitude greater than that of the flexible link its high flexural stiffness is offset by its considerable
greater effective length. Given a finite scope to increase the structural mass of the model the
flexibility of this beam is likely to significantly alter the effective stiffness of the segmentation
connection, K effective , that we seek to control. The analysis below quantifies the contributions of the
backbone and hull to the effective stiffness.
Figure 2 shows three structural models of the aft (or forward) segment shown in Figure 1,
representing different assumed flexural behaviours. Figure 2(a) assumes that the hull and backbone
beam are perfectly rigid, so that the effective stiffness K effective is determined purely by the link
properties, as outlined above. Figure 2(b) includes the effect of the backbone, which may flex
between its support points on an assumed rigid hull. Figure 2(c) further includes the global bending of
the hull itself, thus fully accounting for all significant flexibilities in the system. The differences are
highlighted in Figure 3, which shows the corresponding deflected shapes.
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Figure 2: Structural models of aft hull segment with backbone and flexible link: (a) rigid hull and
backbone; (b) rigid hull, flexible backbone; (c) flexible hull and backbone.
In Figures 2(b) and 2(c) the points of attachment between the hull and backbone are assumed to be
hinged. This is justified on the basis that the rotations at the connection points would generally be
very small, and one would require extremely tight tolerances and high stiffness in the connection
design to provide effective rotational restraint. It would be extremely difficult in practice to achieve a
more rigid connection without adding substantially to the model weight. Therefore hinged
connections are most appropriate assumption for the purposes of analysis.
The beam modeled in Figure 2(c) can be analysed using the matrix stiffness method (Kassimali,
1999), which for a small number of spans is moderately straightforward to implement in a
spreadsheet.
At each hinged connection in Figure 3(c) there will be two unknown rotations, one in the beam and
one in the hull, and a common unknown deflection. We can write stiffness equations for the backbone
beam and hull for each span as follows:
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(s)
θ B ,i Ls
M B( s,i)
θ H( s,)i Ls
M H( s,)i
=
v (j s )
F j( s ) Ls
θ B( s, )j Ls
M B( s, )j
θ H( s,)j Ls
M H( s,)j

Here index s indicates the particular span, indices i and j indicate respectively the left and right ends
of span s, and B and H indicate respectively the backbone beam and the hull. EI is the bending
stiffness of the backbone beam or hull, and Ls is the length of span s.
These stiffness relations for each span are combined to form a global stiffness equation, where terms
corresponding to the right (j) end of span s must correspond to terms at the left end (i) of span s+1.
The deflections are global quantities, thus compatibility requires,
vi( s +1) = v (j s )

θ B( s,i+1) = θ B( s, )j
θ H( s,+i 1) = θ H( s,)j
However forces are local to members, and corresponding terms must be summed. Thus noting that
there are no external forces or moments applied to the ends of the spans
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Fi ( s +1) + F j( s ) = 0
M B( s,i+1) + M B( s, )j = 0
M H( s,+i 1) + M H( s,)j = 0
except at the right-most span ( s = s max ), where we apply a moment M L to the backbone beam via the
)
= M L (as indicated by the arrows in Figure 2).
flexible link, hence M B( s,max
j

The left end span equations simplify, due to the free rotation and restrained deflection on the left, to

(EI )B
L2s

3 −3 0
3 0 −3
(
EI )H
−3 3 0 +
0 0 0
L2s
0
0 0
−3 0 3

v R( s )
FR( s ) Ls
(s)
θ B , R Ls = M B( s, R) .
θ H( s,)R Ls
M H( s,)R

With four equal spans (as shown in Figure 2), each of length L, it can be shown after considerable
algebraic reduction that excluding the rotation in the flexible link case 3(c) is described by
M

θ

=

(EI )B .
336
−1
L
97 + 351{1 + (EI )H (EI )B }

From this expression it follows by putting K H → ∞ that case 3(b) is described by
M

θ

=

(EI )B .
336 (EI )B
≈ 3.46
97 L
L

In Figure 3(c) actual scaled deflections are shown for the case of a hull with 10 times the bending
stiffness of the backbone beam (i.e. (EI )H (EI )B = 10 , which would not be unrealistic), showing that
bending of the hull contributes significantly to the total rotation at the link due to the long effective
length. For this case we have

M

θ

≈ 2.61

(EI )B ,
L

i.e. a 33% increase in effective flexibility when the hull is allowed to flex, in spite of the hull having
10 times the stiffness of the backbone.

Figure 3: Deflections of aft hull segment with backbone and flexible link (with bending stiffness EI
of hull and backbone in the ratio of 10:1): (a) rigid hull and backbone; (b) rigid hull, flexible
backbone; (c) flexible hull and backbone.

Now adding contributions from both the aft and forward segments and combining with the flexible
link we have
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3. Significance of backbone flexibility
Lavroff et al. (2006) have conducted vibration tests on a segmented NPL hull. We will consider here
the structural models proposed in Figures 2 and 3 with properties typical of those tests. A flexible link
representative of the tests in Lavroff et al. (2006) would be of 15 mm square section and length
15 mm ( EI = 295 Nm 2 and K link = 19688 Nm/rad ). All the tests used a backbone of 40 mm
aluminium square hollow section with wall thickness 1.6 mm ( EI = 4235 Nm 2 ), supported over spans
of various lengths ranging up to slightly less than 200 mm. We have considered the cases of 4 equal
spans of 100 mm or 200 mm in each segment, and thus obtain some typical effective stiffness values
shown in Table 1, combined with a rigid hull and hulls with 10 and 5 times the bending stiffness of
the backbone.

Table 1: Effective stiffness for various configurations of backbone and hull. (See main text above for
backbone and link dimensions)
Configuration
Effective stiffness
(×103 Nm/rad)
L = 200 mm
L = 100 mm
Link only, rigid backbone and hull (Figure
19.6
19.6
2(a))
Flexible backbone (Figure 2(b))
12.8
15.5
11.5
14.5
Flexible hull: (EI )H (EI )B = 10 (Figure 2(c))
Flexible hull: (EI )H (EI )B = 5 (Figure 2(c))

10.6

13.8

It is clearly evident from these results that the effective stiffness may be significantly affected by
flexibility of the backbone and hull. This occurs because although the hull and backbone have a
significantly greater flexural stiffness than the link ( (EI )B (EI )link = 14.3 ) the effective lengths are
also greater by a similar order of magnitude. It follows therefore that the influence of the hull and
backbone on the effective stiffness is minimized by reducing the span between supports, and this is
also clearly supported by the results in Table 1 as the span is decreased from 200 mm to 100 mm.
It is less obvious from these results that for any given hull and backbone configuration there is an
upper limit to the achievable effective stiffness. For example in the case of the flexible hull with
(EI )H (EI )B = 10 and L = 200 mm the upper limit of effective stiffness is 27.6×103 Nm/rad. Even to
achieve 80% of this would require a link of stiffness of 110.4×103 Nm/rad, or four times greater than
the desired stiffness.
It is therefore advisable to make the hull and backbone combination as stiff as possible, and the most
efficient means to achieve this is by reducing the span between backbone supports.

4. Simplified structural model (equivalent spring system)
We now consider an equivalent spring model of the structural system. This allows a much simpler
description of the behaviour, and is helpful for interpreting experimental results. It also clarifies where
changes to the design may or may not be beneficial.
Figures 4 (a), (b) and (c) show the equivalent spring models corresponding to the configurations
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shown in Figures 2 (a), (b) and (c) respectively. Figures 4 (a) and (b) are self-evident, in which
springs k1 and k2 respectively represent the link and the backbone. The springs are in series because
each component contributes to greater flexibility of the system. In Figure 4(c) the hull, represented by
k3 also contributes to the system flexibility, but the hull’s stiffness is augmented by the backbone in
parallel.
It is noted in Figure 4(c) that the backbone makes two contributions to the global stiffness,
represented by k2 and k2. The factor accounts for the effect of geometry, and will generally be
significantly less than unity. The contribution k2 due to the flexure of the backbone between its
supports (Figures 3(b) and 4(b)) will be relatively high because of the short effective length, while its
contribution k2 to augmenting the stiffness of the hull in global bending will be low due to the much
larger effective length.

Figure 4: Simplified equivalent spring model of aft hull segment with backbone and flexible link: (a)
rigid hull and backbone; (b) rigid hull, flexible backbone; (c) flexible hull and backbone.
It can be shown that the equivalent stiffness of the backbone and hull (springs k2,
Figure 4 (c), i.e. ignoring the contribution from spring k1) is
M

θ

=

k2 and k3 in

−1

1
1
+
k 2 k3 + αk 2

which can be rearranged into the form
M

θ

=

αk 2

α + {1 + k3 αk 2 }

−1

.

This illustrates the equivalence between Figures 3(c) and 4(c), and, by analogy with the expression
above describing Figure 3(c),
M

θ

=

(EI )B ,
336
−1
L
97 + 351{1 + (EI )H (EI )B }

the individual spring stiffnesses for the case of four equal spans are clearly seen to be
336 (EI )B
97 L
336 (EI )H
k3 =
351 L
97
α=
.
351
k2 =
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Similar expressions could be derived for any alternative geometry. However the attractive feature of
this spring model is that one does not need to calculate the actual stiffness of the backbone and hull,
which in the case of the hull may be very difficult, and in any case is subject to assumptions about
restraints etc. Instead it is sufficient just to measure the effective stiffness, and using the calculated
link stiffness (which can be easily and reliably determined) we can deduce the combined effective hull
and backbone stiffness. This can then be used to quantify the link stiffness required to achieve a
desired effective global stiffness.
Applying this principle to the data in Lavroff et al. (2006) mentioned above we obtain the results in
Table 2. From this we can conclude that the average hull and backbone effective stiffness is
11800 Nm/rad ±11%. We see also that the third case is approaching maximum limit of effective
stiffness, and that increasing the link stiffness is unlikely to achieve any significant further gains in
global effective stiffness.

Table 2: Effective stiffnesses for NPL Hull tested in Lavroff et al (2006) with various flexible links.
Calculated
link stiffness
(Nm/rad)
12455
13750
45555

Measured effective
global stiffness
(Nm/rad)
5745
6241
10302

Deduced
hull stiffness
(Nm/rad)
10671
11428
13313

5. Some further results
We have concluded above that short spans are desirable from a stiffness point of view, but shorter
spans also require more supports which is generally undesirable as it adds significantly to the model’s
weight. One option is to reduce the number of spans, saving in both supports and in the backbone
beam itself. We therefore consider here how many spans is optimal.
Figure 5 shows the same model of Figure 2(c), but with the backbone beam extending in cases (a), (b)
and (c) for only part of the hull. The flexibility of each case is plotted in Figure 6 over a range of
possible ratios of hull to backbone stiffness ( (EI )B (EI )H ).

Figure 5: Deflections of aft hull segment with backbone and flexible link (with bending stiffness EI
of hull and backbone in the ratio of 10:1): (a), (b), (c) and (d) representing backbone
extending 1, 2, 3 and 4 spans respectively.
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Figure 6: Combined backbone and hull flexibility (inverse of stiffness) for various numbers of
backbone spans as ratio of flexibility with full length backbone (4 spans).
Looking first at the right hand end of Figure 6 we see that the hull stiffness does not influence results
above about (EI )B (EI )H = 103 , thus may be regarded as infinitely stiff, as represented by Figures
2(b) and 3(b). In this case we see that three spans gives essentially identical stiffness to four, two
spans reduces the stiffness by about 1%, and one span reduces stiffness by about 15% compared with
the full length backbone.
We thus conclude that with an effectively rigid hull a minimum of two backbone spans is desirable,
while greater than three spans is unnecessary.
Looking now at the left end of Figure 6 we see that as the hull becomes more flexible it becomes
generally beneficial to extend the backbone further, thus we recommend three spans to support the
backbone beam as being optimal.

6. Conclusions
The main conclusions of this study are as follows:

•

In order to have effective control over the global model stiffness it is desirable that the equivalent
spring stiffness of the link, backbone and hull are respectively increasing. Failure to have a
sufficiently stiff backbone and hull will result in a low upper limit for the global model stiffness.

•

However because of the large effective length of the backbone beam support spacing compared
with the flexible link it is essential that the backbone beam bending stiffness (EI) must be
substantially greater than that of the flexible link, i.e. by at least an order of magnitude.

•

Similarly the hull bending stiffness should be substantially greater than that of the backbone.

•

The effective backbone stiffness may be increased by either increasing the beam cross section, or
by reducing the distance between support points. The latter is preferred where possible because of
the effect on the model weight.

•

However, if the hull does not have significantly greater stiffness than the backbone then reducing
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the restraint spacing for the backbone has little effect. Generally reducing the restraint spacing is
desirable, but there is a point beyond which only small further gains can be made and increases in
weight become significant.

•

It is desirable to support the backbone over three spans beyond the segmentation cut (i.e. four
support points). More than four supports gives little benefit towards increasing stiffness, and may
incur a significant weight penalty. Thus the best arrangement is four closely spaced supports.

•

Increasing the stiffness of the flexible link is only effective as long as its stiffness is much less
than the effective backbone stiffness. The latter fixes an upper limit to the achievable total
effective stiffness.

•

The equivalent spring model can be used as an effective systems identification tool.

References
Kassimali, A., (1999) “Matrix Analysis of Structures” Brooks/Cole Publishing.
Lavroff, J., Davis, M.R., Holloway, D.S., Thomas, G.A. (2006) “Experimental Analysis of the Wet
Flexural Mode Response of an NPL 6A Hydroelastic Segmented Model”, HIPER ’06 (to appear)

261

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

A Computing Method for the Flow Analysis
around a Prismatic Planing-Hull
Hajime Kihara, National Defense Academy of Japan, Yokosuka/Japan, hkihara@nda.ac.jp
Abstract
This paper describes the computing method for the nonlinear free surface flow including a splash
caused by a high-speed vessel. The 2D+T method, which is a kind of slender body theory, is employed
in the present numerical studies. The idea of the domain decomposition by the boundary element
method is introduced to describe the split-off of the jet domain, which enables long time simulation in
spite of the spray or the splash ejection. Although the proposed numerical approach is based on the
potential theory, it is a powerful tool for the nonlinear interaction between the fluid and the hull
moving at very high-speed.
1. Introduction
The studies on high-speed vessels have very long history. Today the theoretical studies are still
challenging issues and the investigation on their hydrodynamic properties is continued. The higher a
vessel runs, the more the spray resistance increases, which is an inevitable fact. When the technology
of the numerical analysis and the elucidation of complex fluid phenomena make progress more, a new
tool to discuss the hull design from such a viewpoint may appear in the near future.
The numerical simulation of the flow including splashes around the planing hull is studied in the
paper. Our approach is the time-domain solution method where the moving boundary of the free
surface is followed by solving the boundary value problem (BVP) every time step. This is called the
mixed-Eulerian-Lagrangian (MEL) approach, where the use of the boundary element method (BEM)
is employed. The 2D+T method is coupled with the MEL for the computation of the wave field of a
planing hull. In the case of a prismatic hull, the problem is equivalent to the water entry problem of a
wedge, because of uniform section form. The problem of a two-dimensional section with knuckles is
analyzed by Arai et al. (1994), Zhao et al. (1996) and Song et al. (1996). Recently the hydrodynamic
properties of prismatic planing hulls are investigated using the 2D+T approach by Battistin et al.
(2003). The MPS method, which is a kind of particle method, is applied to the flow analysis by
Akimoto et al. (2004).
The present paper focuses on the numerical model of the spray or the splash due to a planing hull. For
realistic flow simulation, gravity effect is also taken into account. The computing method developed
by the BEM-based 2D+T approach enables the global flow simulation around a planing hull.
Especially, computational techniques for artificial liquid separation are introduced based on the idea
of the domain decomposition. Since this is originally developed for realizing long time simulation, the
breakup of the jet flow cannot be predicted theoretically. However, it is interesting that the artificial
liquid separation exhibits partly reasonable behavior compared with actual phenomena. We try to
track the separated fragmenting fluid computationally, though rational results are not obtained yet.
Additionally, hydrodynamic properties could be also investigated using the present method.
2. Formulation of the problem
We consider the problem of the steadily planing hull with a trim angle τ and an advanced speed U .
The deadrise angle of the wedge section is defined as β . Assuming the fluid is inviscid and
incompressible and the flow is irrotational, the steady wave-making problem of the planing hull is
described by using the velocity potential φ . According to the conventional formulation by using the
coordinate system ( X , Y , Z ) moving with a hull in constant speed U to the positive direction in the X
axis, the velocity potential are governed by the following equations:
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Figure 1: Definition of coordinate system

∂ 2φ

+

∂ 2φ

∂ 2φ
∂Z2

= 0 in fluid

∂X
−U

∂φ 1
+
∂X 2

−U

∂ζ
∂φ ∂ζ ∂φ ∂ζ ∂φ
+
+
−
= 0 on free surface
∂ X ∂ X ∂ X ∂Y ∂Y ∂ Z

∂Y

2

+

2

∂φ
∂X

2

+

∂φ
∂Y

2

+

∂φ
∂Z

2

+ g ζ = 0 on free surface

∂φ
= U n X = U sin τ cos β on hull bottom surface
∂n

where n X is the X directional component of the normal vector on the hull surface, and g and ζ are
the acceleration of gravity and the displacement of the free surface, respectively. Applying the slender
body approximation, the BVP defined above can be expressed by simpler formulations (Maruo et al.
1996). The derivatives in the longitudinal direction are of lower order than those in the transverse
direction. This means:
∂
∂
∂
<<
,
∂X
∂Y ∂ Z

Moreover, in dealing with the steady wave-making problem by the earth fixed coordinate system
( x, y, z ), the spacial derivative in the X direction can be transformed by the time derivative as
follows:
∂
∂
= −U
∂t
∂X
where the space derivative in the transverse directions has no change in the transformation of the
coordinate system.
Finally we obtain the two-dimensional problem to be solved in the yz plane, which is defined by
using the earth fixed coordinate system. Then the velocity potential is governed by the following
equations:
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∂ 2φ
∂ y2

+

∂φ 1
+
∂t 2

∂ 2φ
∂ z2

= 0 in fluid

∂φ
∂y

2

∂φ
+
∂z

2

+ g ζ = 0 on free surface

∂ ζ ∂φ ∂ζ ∂φ
+
−
= 0 on free surface
∂t ∂ y ∂ y ∂ z
∂φ
= V cos β on hull bottom surface
∂n

where V corresponds to the drop speed of the wedge section on the yz plane. The hull pierces a
control plane fixed in space at x = 0 as shown in Figure 1. Then a problem with instantaneous
boundary conditions can be sequentially solved in the control plane. This is equivalent to the twodimensional water entry problem of the wedge in the case of a prismatic hull. Thus the wave field
around the hull is formulated as the initial boundary value problem (IBVP). The angle β1 on the
control plane is slightly larger than the deadrise angle β . The keel wetted length Lk is defined as the
keel length below the undisturbed water surface. Although the change of wetted length is important
from a viewpoint of hydrodynamic property, the attitude change of the hull in running is not
considered in the present studies.
3. Numerical models
3.1. Time domain computation using BEM
The MEL approach is employed to obtain the solution of the IBVP. Numerical procedures are
described by Kihara (2004), and the same manners can be used here. That is, the BVP is solved using
the BEM by considering the necessary boundaries besides the free surface and the hull surface. The
free surface is updated by integrating the free surface condition every time step. The outlines of the
present approach are as follows:
•
•
•
•
•
•

Introducing linear isoparametric elements for the discretization of boundaries
Placing the double nodes on the corner point, such as an intersection of the free surface with
the hull surface
Excluding the bottom boundary from the computation due to introducing mirror image
Performing integration analytically for every element
Using 4thorder Runnge-Kutta scheme for the time integration
Controlling nodal density on the boundary for keeping high resolution and saving time
expense in the computation

The Lagrangian form is convenient for the computation because we continue to follow the fluid
particles on the free surface. We can rewrite the two free surface conditions as follows:
Dφ 1
=
Dt 2
Dx
= ∇φ
Dt

∂φ
∂y

2

+

∂φ
∂z

2

−gζ

on free surface

on free surface

where the operator D D t is the material derivative, and the position vector of arbitrary point on the
control plane is expressed by x = ( y, z ) . The above equations are used to obtain the velocity potential
value and the position of the free surface at a next time step.
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The pressure on the wetted surface of the hull can be computed by the following equation:
∂φ 1
p
=−
−
ρ
∂t 2

2

∂φ
∂y

∂φ
+
∂z

2

−gz

where ρ denotes the density of the fluid. For the pressure computation we need the ∂ φ ∂ t value.
Although it can be computed using the backward difference scheme, we adopt the solution procedure
based on the integral equation approach for higher accuracy. It means that we solve the following
boundary problem as for ∂ φ ∂ t ≡ φ t :
∂ 2φ t
∂ y2

+

∂ 2φ t
∂ z2

1
φt =−
2
∂φt
∂n

=

= 0 in fluid

∂φ
∂y

2

∂φ
+
∂z

2

− g ζ on free surface

∂ φ ∂ 2φ ∂ φ ∂ ∂ φ
−
∂ n ∂ s2 ∂ s ∂ s ∂ n

on hull bottom surface

where the operator ∂ ∂ s is the tangential derivative along the boundary. We can make use of the
common matrix about the boundary integral equation in two BVPs, so the computational load doesn’t
increased so much.
3.2 Domain decomposition for jet flow
The impulsive motion of a body induces very large acceleration near the intersection. Then the jet
flow arises, so that the fluid runs up along the body surface quickly. We can trace the motion of the jet
flow to some extent, but computational efforts will be added more and more because of increase of a
computational domain. Consequently, such a situation leads to the numerical instabilities bringing the
small negative pressure or the contact of the boundary due to thin fluid layer causing the
computational break. From the above-mentioned considerations, we introduced the cut-off model to
be applied only to the tip of jet flow and investigated the fluid ejection due to the gravity effect by
author (Kihara 2004). According to the results, the smaller the deadrise angle is, the longer time is
needed for the fluid ejection due to the gravity effect to start. It means that we need not to take into
account the plunging-breaker-like splash formation in the water impact problem. Additionally it is
doubtful whether the jet flow actually forms a continuous fluid domain or not, and the pressure acting
on the body in the jet domain except for the spray root is equal to atmospheric one. Therefore, from a
viewpoint of practical computation, we reach the assumption that the jet flow does not always have to
form a single domain and part of the jet flow should break up into small fluid fragments. We’d like to
emphasize that our treatment of the jet flow results from the investigation of such issues, though some
computational treatments have been already introduced in other methods by using BEM or FDM.
Now we consider how to describe the split-off of the jet domain in the computation. It can be realized
based on the idea of the domain decomposition by BEM. The shape of the jet domain and the dynamic
pressure component on the wedge are shown in Figure 2, where the points on the boundary are nodes
actually used in the computation. The computational domain is decomposed into two parts by the
interface boundary AB , that is, the jet domain as sub-domain and the rest fluid domain as maindomain. Since the BVPs of both domains are coupled to solve, the solutions are rationally obtained on
the whole boundary. The interface boundary can be discretized with some elements though only an
element is used in Figure 2. In addition, it is not always perpendicular to the body surface, and its
location can be chosen freely to some extent. When it is too close to the tip of the jet flow, we have to
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Figure 2: Domain decomposition of jet domain

Figure 3: Nodal arrangement for matching domains

deal with much jet domain for solving the main-domain. Computational efforts such as shape
description of thin jet layer and increases of nodes come out, nevertheless they may bring fruitless
results. On the other hand, when it is too close to the spray root, the significant pressure value may be
failed to capture, for the pressure computation may be influenced by removing the fluid providing
large pressure, particularly in the case of small deadrise angle. It is not easy to suppress the small
instability in pressure computation at an end-point perfectly even with the successful domain
decomposition, as shown in Figure 2. This is somewhere similar to the pressure computation in the jet
domain without special treatments. However, the split-off of the jet domain brings the advantage of
reducing the computational trouble that the jet domain causes. We execute the domain decomposition
every time the jet flow is developed too much and the criterion for the jet flow’s length is violated.
Then the decomposed sub-domain is regarded as fluid ejection into air like the spray or the splash.
For executing this domain decomposition exactly, the adequate boundary condition is necessary to be
imposed on the interface boundary. As shown in Figure 3, introducing the double nodes on the corner
(corresponding to A or B), we can make both domains matched on the interface boundary accurately.
Generally there is concern about less computational accuracy in using the domain decomposition by
BEM, than the computational accuracy in the single domain. However, the constant elements have
been introduced in such most cases. That is, the reason is mainly the matching conditions cannot be
satisfied in using the constant elements to the fullest extent, especially to the flux on the corner.
Notably the use of linear elements also brings such a merit. Matching conditions at a junction are
described as follows:
( i ) On the boundary with Neumann condition

(φ) j +1 = (φ) j

at node j + 1

(φ)m = (φ)m +1

at node m

(ii) On the boundary with Dirichlet condition

(φ) j +1 = (φ) j
∂φ
∂n

=
m

∂φ
∂n

at node j + 1
at node m
j +1
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Figure 4: Simulation of splash ejected from a knuckle ( Solid/dotted lines are computational results
with/without executing the fluid split-off. β = 25 deg , V=1.08 m/s, B=0.126m )

(iii) On the interface boundary

(φ) j = (φ)m +1
∂φ
∂n

=
j

∂φ
∂n

at node j
at node m + 1
m +1

where the index symbols such as j and m correspond to the node number in Figure 3. Although the
condition that two potential values are equal is basically imposed on the double nodes, we might have
to exchange the potential condition for another condition that two flux values are equal. This is a key
point particularly in matching on the Dirichlet boundary. In addition, there is an alternative way to the
domain decomposition for the present purpose. It’s the practical procedure by the interpolation, where
all values on the inner boundary for splitting a domain into two are predicted using computational
results. This is a more simple procedure and brings satisfactory results practically, which was called
the cut-off model and already made sure of by author (Kihara 2004). In principle, it works reasonably
in the simple flow like uniform flow. The domain decomposition by the coupling computation for two
domains is introduced only at the first time step, while the practical approach based on the
interpolation is adopted in computing afterward.
3.3. Description of generated splash
In the case of a prismatic hull with flat bottom the hard-chine becomes separation point clearly. Since
the motion of fluid particles are computed by the Lagrangian manners, that is, by using the tangential
and normal components of its velocity, the flow leaves tangentially at the knuckle in viewing from the
hull. Therefore, the additionally special condition like a Kutta condition is not necessary for the fluid
ejection from a knuckle. However, the type of the boundary condition has to be changed before and
after the ejection for sequential computation. Then the pressure condition is imposed through the
dynamic free surface condition automatically. These boundary conditions are written as follows:
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Figure 5: Comparisons between experimental results by Kikuhara (1960) and computational ones
( β = 25 deg , V=0.80 m/s, B=0.126m )

∂φ ∂φ
=
∂n ∂n

(Neumann condition) as hull bottom surface in t < t

φ=φ

(Dirichlet condition) as free surface in t ≥ t

where the symbol

eject

eject

is known quantities, and t eject is the time the fluid is ejected from a knuckle.

We can continue to track the fluid motion even after the fluid ejection, until the fluid boundaries
overlap each other somewhere. Applying our technique of the domain decomposition as described in
the section 3.2, we can avoid the difficulty by overlapping. These applications are shown in Figure 4.
The case (I) is the moment for the splash to be split at the knuckle. As the jet flow develops with time
to form a long and thin domain, there comes out a locally shrunk area in spite of such split-off at the
knuckle. The case (II) corresponds to the moment for the fourth split-off to be executed before such a
shrunk area is formed. So four droplets are described in the figure of case (II), where the farthest
droplet from the body is one by the split-off in case (I). Thus we can simulate the behavior of split
fluid as flying droplets. Assuming that the whole domain of split fluid is filled with the perfect fluid
and the flow is irrotational, this problem can be formulated as follows:
∂ 2φ ∂ 2φ
+
= 0 in Ω droplet
∂ y2 ∂ z2
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∂φ 1
+
∂t 2

∂φ
∂y

2

+

∂φ
∂z

2

+ g ζ + νκ + µφ = 0 on Γdroplet

∂ ζ ∂φ ∂ζ ∂φ
+
−
= 0 on Γdroplet
∂t ∂ y ∂ y ∂ z

where the symbol Ω and Γ are the fluid domain and the surrounding boundary of a droplet,
respectively. Moreover, ν is a coefficient of surface tension of the fluid surface, and κ is curvature

(

) (
2

)

2

of it, which is given as
, and µ is the artificial damping coefficient. The
∂2 y ∂ s2 + ∂2z ∂ s2
last term in the dynamic free surface condition is introduced to suppress the shape’s motion of the
droplet. It should be an important issue to decide the size of a sub-domain to be decomposed. We get
through the issue by setting the criteria about both thickness and length of the jet domain. The motion
of a droplet can be computed by the same procedure as the MEL approach described in section 3.1.
That is, for each fluid particle that consists of the boundary of a droplet, the motion is computed by
solving the above-formulated BVP every time step. Since we employing the 2D+T approach, the x
directional velocity is supposed to be equal to an advanced speed of a planing hull in the study.
4. Numerical results
Experimental studies using planning hulls have been studied by a lot of researchers, e.g. by Savitsky
(1988). Kikuhara (1960) also carried out extensive investigation of the mechanism on spray
generation for the performance development of a seaplane. All computational conditions are decided
assuming the comparisons with his results in the present studies.
4.1. Comparisons with experiments
We compared between experimental and computational results about the splash ejected from the
knuckle, as shown in Figure 5. Two pictures on the left side are quoted from results by Kikuhara,
from which we can observe the fluid domain is not continuous any more after the fluid ejection. Two
figures on the right side are our computations corresponding to those. The jet flow generated on the
hull bottom and the splash ejected from the knuckle are artificially decomposed in the computations.
Excluding the fragmenting fluid, the present computations capture the free surface shape well. In the
computational result at t=46.46 (msec), the result without using the fluid split-off is also shown.
Although this result captures almost perfectly the free surface shape in the experiment, the
computation breaks down due to the boundary’s overlapping after a few time steps.
4.2. Feasibility studies about flying droplets
We described how to compute the flying droplets in the latter half of section 3.3, but expected results
could not be obtained in the present stage. Generally it is known that the spray generated around a
planning hull consists of two kinds, that is, one is the whisker spray that generates from the spray root
line, and the other is the spray blister that generates from the intersection of the spray root line with
the chine line. According to the observation by Latorre (1983) and Hirano et al. (1990), after both
spray ejection, the former spreads ahead of the latter, and the former flow volume is more than the
latter’s. On the other hand, the computed droplets, corresponding to the whisker spray, don’t spread
off the hull into transverse direction as much as expected. The mean velocity in the horizontal or y
direction is damped very quickly in the computation, though the numerical damping is artificially
made in using the evolution equation of the velocity potential in the present scheme We estimate the
mean velocity of a droplet as a mean value of velocity about all nodes on the boundary in the study.
Let us consider from another viewpoint. Assuming that the drag proportional to the square of velocity
acts on the splash flying in the air, the motion equation of the splash filled with the fluid of the density
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Figure 6: Projectile paths of droplets ejected from the chine ( ρ a =1.205 kg / m 3 , ρ w =998.2 kg / m 3 )
ρ w , having mass m , is expressed as follows:
1
mv = − C D ρ a v v d + K
2

where C D is the drag coefficient of a circular cylinder, and d is its diameter. The conservative force
is expressed by K = ( 0, − mg ) on yz − plane, and ρ a denotes the density of the air. Projectile paths of
the droplets corresponding to the spray blister are shown in Figure 6. The larger a droplet is, the
farther it flies, because the Reynolds number becomes small and the drag decreases. The dotted lines
in Figure 6 are results by solving the motion equation and the solid lines are ones by solving the BVP
by the BEM. In these computations using the BEM, it was not easy to keep the droplet motion
captured without collapsing a tiny domain though the computation was carried out to conserve the
fluid volume. In some cases, we could not but give up continuing the chase. Since we employed the
smoothing positively to overcome such situations, this is considered to be another factor for causing
large numerical damping. However, it is interesting that those numerical damping is roughly modelled
by the drag proportional to the square of velocity of the droplet. For the numerical modelling of
droplets, more detailed investigation should be added forward.
4.3. Global simulation around a planing hull
Perspective views of the flow around the planning hull are shown in Figure 7. Three results on the left
side are by the idea how the splash is described as continuous fluid long as possible. If more
computational nodes are used for the numerical description of the splash, the broader sheet area of the
splash can be simulated, but we didn’t do so for the robust computation without the breakdown. The
other results on the right side are by the idea how the splash is described as fragmenting fluid. Both
approaches are valid for the nonlinear flow simulation around a planning hull, and the latter approach
is more practical in terms of avoiding the computational drawbacks due to the boundary’s overlapping.
5. Concluding remarks
The computing method for the flow analysis around a prismatic planning hull could be developed in
the present study. Constructed by the BEM-based 2D+T approach, it enables the numerical model of
the spray generation. Additionally, the computational treatment was theoretically made clear in our
introducing the idea of the domain decomposition for the splash. Although the computational
procedures of projectile droplets must be more investigated, it was recognized that the present method
was robust even to the nonlinear phenomena in the fluid motion.
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Abstract
For the further improvement of a safety, a safety level of a current regulation should be verified.
Because some requirements of the regulation had been provided empirically, it is important to verify
the safety level in terms of a freeboard, which is one of factors for the safety of a ship. In particular,
there has been a significant change in terms of ship types and its size after the provision of the current
regulation of the freeboard. It is important not only for conventional ships but also for new type of
ships to clarify the safety level and the technical background in the current regulation.
Based on this background, the safety level in terms of a freeboard and a sheer was assessed by means
of a series of model tests and an analytical study. It was confirmed that a freeboard, which is
provided by the current regulation, ensure the adequate safety level in terms of deck wetness. It was
also confirmed that there is a room for the modification of a standard sheer in the current regulation.
1. Introduction
Authors had reviewed the examination of the technical committee for the development of the
International Convention on Load Lines (ICLL) and verified the objective of the ICLL (Ogawa, 2004).
Figure 1 shows the structure of the ICLL. The assigned freeboard determined by consists of a tabular
freeboard and corrections. The ICLL is composed on the premise that an adequate stability and
structural strength of ship have been secured by the compliance with requirements relating to stability,
subdivision and ship structure. It was confirmed that the main objective of the assignment of a
freeboard is the limitation of deck wetness.
In terms of the ICLL, the safety is ensured by not only the assigned freeboard but also the condition of
assignment of the freeboard. Conditions to prevent the entry of water into the hull and to protect the
crew and deck fittings are provided under a certain probability of occurrence of deck wetness because
it is not rational to assign a freeboard not to thoroughly occur deck wetness.
To determine the assigned freeboard and such conditions, the probability of occurrence of deck
wetness must be assessed. However, it is difficult to verify the validity of the probability of
occurrence of deck wetness quantitatively. It is proper to assess the probability of the related criteria
with deck wetness.
Conditions of Assignment
of Freeboard
Prevention of the entry of
water into hull
Protection of the crew

Assignment of Freeboard
Adequate reserve buoyancy
Limitation of wetness on deck


Adequate damage stability
(Type A and reduced freeboard)

General
Adequate structural strength of the hull
Adequate stability

Assignment of Load Line

Figure 1: Structure of the ICLL
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Based on this background, authors carried out a series of free running model tests using three bulk
carrier models. To examine the effect of a freeboard and a sheer on the ship response in waves, these
three models are different only in the bow shape and loading conditions. The long-term probability of
wave loads was estimated for the verification of premise conditions of the assignment of a freeboard.
The long-term probability of an impact pressure owing to the deck wetness was also estimated for the
assessment of the safety level of the related criteria with deck wetness. It was clarified that wave loads
and the impact pressure owing to deck wetness, which occur once in 25 years, are smaller than those
assumed in the existing criteria. It was confirmed that the safety level of a freeboard, which is
provided by the ICLL, ensure the adequate safety level in terms of deck wetness. It was also
confirmed that there is a room for the modification of a standard sheer.
2. Experiments
2.1. Models and measuring instruments
A series of free running tests in waves, using models of a cape-size bulk carrier, was carried out to
measure ship responses. These tests were conducted at the Square Basin (80m by 80m) of National
Maritime Research Institute of JAPAN. Table 1 shows the principal particulars of these ships. Model
was ballasted to the correct draft, trim and its longitudinal radius of gyration /Lpp before the test. The
model’s rudder was controlled by the autopilot system to maintain a correct heading angle.
Three models of cape-size bulk carrier were used for the present study. Figure 2 shows bow profiles
of these ships. Three ships are different in only a bow shape and a freeboard as follows.
(Base): A bulk carrier with the summer freeboard (reduced freeboard), which is assigned by the
freeboard table and corrections. This is a real situation of this bulk carrier.
(Low freeboard): Draught is larger than that of “Base” bulk carrier. This means that the freeboard of
this ship is smaller than that of “Base” bulk carrier. This ship does not comply with the ICLL. In the
actual situation, the increase of draught means the increase of freight. Therefore, the different loading
condition with that of “Base” bulk carrier was assumed. As a result, block coefficient Cb and GM are
different from those of “Base” bulk carrier.
(Standard sheer): Standard sheer was equipped on the “Base” bulk carrier except the correction of the
standard sheer of the “Base” bulk carrier. Draught, block coefficient, GM and longitudinal radius of
gyration are same as those of “Base” bulk carrier.
Table1: Principal Particulars
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Base
Standard Sheer
W.L. (Low freeboard)
W.L. (Base&Standard sheer)

Figure 2: Bow profile of the present ship
Figure 3 shows a setup of measuring instruments in these model ships. Impact pressures on bow
deck at S.S. 9 were measured by means of two pressure gauges. Two pressure gauges were installed 5
meter (ship scale) right and left side from a center line. In addition, ship motions, relative water
height, vertical acceleration and wave loads were also measured. Ship motions were measured by
means of gyro and gyro accelerometer. Relative water height was measured at stem, S.S. 9 1/2, S.S. 9,
S.S. 8, S.S. 7, S.S. 5, S.S. 2 1/2 and A.P. by means of wave probes. Vertical acceleration was
measured at S.S.91/2 and S.S. 7 by means of an accelerometer. Vertical and horizontal shearing force
and bending moment were measured by means of a load cell, which is connected between the divided
ship hulls at S.S.7.

Figure 3: Setup of measuring instruments
2.2. Conditions
A series of tests in regular and irregular waves was carried out to allow a comparison with an
analytical study. The mean ship speed in waves was set at 5 knots on the premise that a ship navigates
in the rough seas with nominal and derivative speed loss.
An experiment in regular waves was carried out in head (180 deg.) and bow (135 deg.) seas. An
experiment in irregular waves was also carried out in bow seas. Experiments were carried out in
various wave heights (2.8, 5, 8, 10 and 12 m) and wave length ( /L= 0.8, 1.0 and 1.2; =wave length).
Only by means of “Base” bulk carrier, an experiment in the head seas was carried out. The ISSC
spectrum was used for a wave spectrum of irregular waves. The encounter waves numbered about
1000. This means that duration of irregular waves corresponds to about 4 hours in the ship scale.
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The mean wave period T01 and the significant wave height H1/3 in ship scale were 13.1 sec. and 10.1 m,
respectively. Based on results in regular waves, this mean wave period was set up to correspond to a
severe condition for the ship’s longitudinal motion and the water impact pressure owing to deck
wetness in bow seas.
3. Calculations
Ship motions were computed by the time domain simulation program, developed by the National
Maritime Research Institute of Japan in accordance with a nonlinear strip method (Fujino et al., 1983).
The program, NMRIW, was developed by means of the latest results of a seakeeping and
maneuvering study (Ogawa, 2005). The NMRIW’s numerical model is based on a nonlinear strip
theory approach in which forces due to the linear and nonlinear potential flow are combined with
maneuvering forces and viscous drag forces. To describe these hydrodynamic forces rationally, the
equation of motion is described in the horizontal body axes coordinate system (Hamamoto et al.,
1993). Using the horizontal body axes coordinate system, large rotational angles in severe wave and
wind conditions are retained in the equation of motion.
Ship motion components are determined from a set of 6 differential equations of motion with its
origin at the center of gravity G. With respect to rotations, a right-handed convention is always used.
The Froude-Krylov force, which has considerable effect on the nonlinearity of ship motions, is
estimated by the integration of the hydrostatic and hydrodynamic wave pressure along the
instantaneous wetted surface of the hull at each time step.
With respect to the sectional wave radiation force and potential value at each time step, the integral
equation method is used. Source and doublet are distributed at the origin of each section to avoid the
irregular frequency, in accordance with Ohmatsu’s method (Ohmatsu, 1975). The diffraction force is
estimated in accordance with the strip theory approach by means of the instantaneous wave radiation
force. The viscous effect of roll damping due to ship hull and bilge keels is estimated with various
empirical formulae. The propeller thrust is described by means of the propeller characteristic. The hull
resistance is a function of an instantaneous speed and draft. The rudder is controlled by the PID
control to keep the constant heading during the time domain simulations.
The sea surface and wave kinematics are described based on the linear wave theory. The sea surface
of irregular waves is described by the linear superposition of regular waves with random phase.
Equations of motion are solved in the time domain by means of a 4th-order Runge-Kutta scheme.
4. Experimental results and comparison with calculations
4.1. Results in regular waves
The response amplitude operator (RAO) of three bulk carriers in various wave heights was compared
to examine the effect of a bow shape on a ship response in waves. Figure 4 and Figure 5 show
respectively relative water height and vertical shearing force as a function of wave slope H/ (H:
wave height) as a typical example of this examination. Fundamental frequency component was
divided by ( : wave amplitude) and ρ gBL ( ρ : density of fluid, g: the acceleration of gravity, B:
Ship breadth, L: Ship length). It was found that response amplitude operator (RAO) decrease as wave
height becomes large. It was confirmed that there is a certain nonlinearity of a wave height on the
amplitude of ship responses. It was also found that there is no significant difference of the amplitude
between “Base” and “Standard sheer”. On the other hand, it was verified that there is a certain
difference of amplitude between “Base” and “Low freeboard”.
As a typical result of comparison with computations, Figure 6 and Figure 7 respectively show pitch
amplitude in various wave heights as a function of wave length ratio /L. Figure 8 and Figure 9
respectively show a vertical acceleration at S.S.91/2 in head and bow seas. Fundamental frequency
276

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

component was divided by k (k: wave number) and L/g . It was found that present computations in
various wave heights give good agreement with experiments although computation of vertical
acceleration in large wave height at /L=1.0 is overestimated. It was also found that wave height has
considerable effect on ship motions. It was clarified that the time-varying sectional hydrodynamic
force should be taken account of to estimate ship motions in rough seas accurately.
R.W.L.(Stem, =135, /L=1.0, Fn=0.049)
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Figure 4: The effect of wave height on relative water height (Stem, Bow seas, Fn=0.049)
Vertical Shearing Force(S.S.71/2, =135, /L=1.0, Fn=0.049)
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Figure 5: The effect of wave height on vertical shearing force (S.S.71/2, Bow seas, Fn=0.049)
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Figure 6: Response amplitude operator (RAO) of pitch (Head seas, Fn=0.049)
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Pitch ( =135°, Fn=0.049)
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Figure 7: Response amplitude operator (RAO) of pitch (Bow seas, Fn=0.049)
Vertical Acceleration (S.S.91/2, =180°, Fn=0.049)
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Figure 8: Response amplitude operator (RAO) of vertical acceleration (S.S. 91/2, Head seas,
Fn=0.049)
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Figure 9: Response amplitude operator (RAO) of vertical acceleration (S.S. 91/2, Bow seas,
Fn=0.049)
4.2. Results in irregular waves
Probabilities of exceedance of three bulk carriers were compared. Figure 10, Figure 11 and Figure
12 show respectively probabilities of exceedance of pitch, vertical bending moment and relative water
278

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

height. Plus value of a pitch and a relative water height mean respectively bow-up and upward. It was
also found that the probability of “Base” is not different from that of “Standard sheer” but different
from that of “Low freeboard”.
Based on these comparisons, it was confirmed that a standard sheer has no significant effect on ship
motions and wave loads. It was also confirmed that draught and loading conditions have considerable
effects on ship motions and wave loads.
With regard to the impact pressure owing to deck wetness, which is one of key factors to indicate the
effect of deck wetness, probability of exceedance of three bulk carriers were compared. Figure 13
shows probability of exceedance of the impact pressure owing to deck wetness. It was found that the
probability of “Base” is different not only from that of “Low freeboard” but also from that of
“Standard sheer”. Although the relative water height of “Base” is not different from that of “Standard
sheer”, the height of shipping water is quite different because of the difference of the bow height. As a
result, the probability of the impact pressure of “Base” is different from that of “Standard sheer”. It
was confirmed that bow height has considerable effect on the impact pressure owing to deck wetness,
which is one of key factors for the assignment of a freeboard.
Pitch ( =135°, Fn=0.049, H1/3=10.1m,T02=13.1sec)
1
0

0.5

1

1.5

2

2.5

3

3.5

4

4.5

5

Prob.

0.1

0.01

Base-Plus
Base-Minus
Low Freeboard-Plus
Low Freeboard-Minus
Standard Sheer-Plus
Standard Sheer-Minus

0.001
(deg.)

Figure 10: Probability of exceedance of pitch in irregular waves (Bow seas, Fn=0.049)

Vertical bending moment
(S.S.71/2, =135°, Fn=0.049, H1/3=10.1m,T02=13.1sec)
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Figure 11: Probability of exceedance of vertical bending moment in irregular waves (S.S.71/2, Bow
seas, Fn=0.049)
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R.W.L(S.S.91/2, =135°, Fn=0.049, H1/3=10.1m,T02=13.1sec)
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Figure 12: Probability of exceedance of relative water height in irregular waves (S.S.91/2, Bow seas,
Fn=0.049)
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Figure 13: Probability of exceedance of impact pressure owing to deck wetness in irregular waves
(S.S.9, Bow seas, Fn=0.049)
5. Assessment of the safety of freeboard
By means of a long-term prediction of wave loads, the safety level of structural strength of a ship hull
as a premise condition for the assignment of freeboard was assessed. In addition, by means of a longterm prediction of the impact pressure owing to the deck wetness, the degree of prevention of deck
wetness was also assessed.
In these computations, ship speed was assumed as 5 knots on the premise that a ship navigates in the
rough seas with nominal and deliberate speed loss. The diagram of IACS Recommendation No.34,
which is composed based on the wave data in winter north Atlantic, was used as a wave diagram.
Directional distribution of waves was assumed as a distribution of the cosine square. Encountering
angle with waves is assumed to be uniformly distributed.
Prior to the prediction of wave loads, a probability density function of wave loads was examined.
Figure 14 shows probability of exceedance of wave vertical bending moment. Rayleigh distributions
by means of two kinds of variance of wave vertical bending moment were also shown in Figure 14.
One is a measured variance through the present experiment; another is computed variance by means
of a linear theory (NSM: New Strip Method). It was found that the probability density function can be
approximated as a Rayleigh distribution. It was also found that Rayleigh distribution by means of the
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measured variance gives good agreement with measured distributions. It was confirmed that the effect
of nonlinearity of ship motion should be taken account of for the accurate computation of the variance.
However, the computation by means of the linear theory assesses conservative wave loads. It was
verified that the linear theory overestimates probability in all conditions of present experiments.
Therefore, variance by means of the linear theory (NSM) was used for the input of the long-term
prediction in the present study.
Figure 15 and Figure 16 show a long-term probability of wave vertical bending moment. Owing to the
linear theory, the long-term probability of wave vertical bending moment of “Base” is same as that of
“Standard sheer”. The wave vertical bending moment of each direction of wave is also shown in
Figures 15 and 16. For the assessment of the probability, the wave vertical bending moment, which is
assumed in the IACS unified requirements S11 (UR-S11), was used as a threshold value. It was found
that wave vertical bending moment, which occurs once in 25 years (Q=10-8), is smaller than that of
UR-S11 although the probability was overestimated owing to the linear theory. It was clarified that
the structural strength of ship is adequate for the draught, which corresponds to the assigned freeboard.
Vertical bending moment
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Figure 14: Probability of exceedance of vertical bending moment (Base, S.S.71/2, Head seas,
Fn=0.049)
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Figure 15: Long term prediction of wave vertical bending moment (Base & Standard sheer, Fn=0.049)
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Long term prediction
(Wave vertical bending moment, S.S.71/2, Fn=0.05, Low Freeboard)
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Figure 16: Long-term prediction of wave vertical bending moment (Low freeboard, Fn=0.049)
To assess the probability of the impact pressure owing to deck wetness, a long-term probability of the
impact pressure was estimated. Through the comparison with the current criteria in terms of the
impact pressure (Regulation 16 of the New ICLL2005), a safety level of the assigned freeboard was
assessed.
With regard to the short-term prediction of the impact pressure, authors had developed and validated
the estimation method of probability of exceedance of the impact pressure owing to deck wetness
(Ogawa,1999). Based on the relation between relative water height and the impact pressure owing to
deck wetness, a probability of exceedance of the impact pressure P0 owing to deck wetness
PS(P>P0|H,T) can be expressed as

(

PS P > P0

(f ⋅
| H , T ) = exp −

αρ gB + P0

)2

2ση2αρ gB

(1)

where H is a significant wave height, T is a mean wave period, f is a bow height, α is the coefficient
for describing an inflow breadth of shipping water, is the density of fluid, g is the acceleration of
gravity, B is the breadth of ship and σ η is standard deviation of the relative water height at stem. The
probability of exceedance of the impact pressure of present bulk carriers were computed by means of
this method. Figure 17, Figure 18, Figure 19 and Figure 20 shows respectively a computed
probability. It was found that the present method gives good agreement with measured probability
although small magnitude of the impact pressure of “Standard sheer” is slightly underestimated. It
was confirmed that present method is adequate for the short-term prediction of the impact pressure
owing to deck wetness.
By means of these probability of exceedance, the long-term probability P(P>P0) can be evaluated as
∞∞
P P > P0 =
PS P > P0 H , T ⋅ P(H , T )dHdT
(2)
0 0
where P(H, T) is a probability of occurrence of waves. In the present computation, the diagram of
IACS Recommendation No.34 was used. Standard deviation of the relative water height for the input
for the computation of the probability of exceedance of impact pressure is estimated by means of the
linear theory (NSM), which overestimates the probability in rough seas. Figure 21 shows the Longterm probability of the impact pressure owing to deck wetness. For the assessment of the probability
of the impact pressure, the impact pressure, which is assumed in the regulation 16 of the new
ICLL2005, is also shown in Figure 21. With regard to the “Base” and “Standard sheer”, it was found
that the impact pressure, which occurs once in 25 years (Q=10-8), is smaller than the pressure defined

(

)

(

)
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in the regulation 16 of the new ICLL2005. It was clarified that the current assigned freeboard provides
adequate safety for the prevention of deck wetness. It was also found that the standard sheer limits the
occurrence of deck wetness excessively. It was also clarified that there are many rooms for the
modification of a standard sheer in the ICLL.
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Figure 17: Probability of exceedance of impact pressure owing to deck wetness (Base, Head seas,
Fn=0.049)
Pressure due to Green water(Base, k 135°, Fn=0.049)
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Figure 18: Probability of exceedance of impact pressure owing to deck wetness (Base, Bow seas,
Fn=0.049)
Pressure due to Green water(Low freeboard, l 135°, Fn=0.049)
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Figure 19: Probability of exceedance of impact pressure owing to deck wetness (Low freeboard, Bow
seas, Fn=0.049)
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Pressure due to Green water(Standard sheer, l 135°, Fn=0.049)
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Figure 20: Probability of exceedance of impact pressure owing to deck wetness (Standard sheer, Bow
seas, Fn=0.049)
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Figure 21: Long-term prediction of impact pressure owing to deck wetness (Fn=0.049)

6. Conclusions
By means of a series of model tests and an analytical study, the effect of a freeboard and a standard
sheer on the ship response in waves was examined. In addition, the safety level of a bulk carrier in
terms of freeboard and a sheer was assessed. As a result, following conclusions are obtained:
1.
2.
3.
4.
5.

Draught and loading conditions have considerable effects on the ship response in waves.
Although a standard sheer has no significant effect on the ship motion and wave loads, its height
has considerable effect on the impact pressure owing to deck wetness.
Draught, which corresponds to the assigned freeboard, is defined to ensure the adequate
structural strength of a ship by the ICLL.
Probability of occurrence of the deck wetness is adequately limited by means of freeboard tables
and corrections in the ICLL66.
Deck wetness is limited adequately without a standard sheer. There are some rooms for the
modification of a standard sheer in the ICLL.
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Abstract
It is well known that composites are more and more used today for structural ends. This becomes
increasingly important and also appears recently in naval construction. The optimization of the
structures became inevitable and, in spite of the know-how of handworkers, requires a very precise
knowledge of the obtained material characteristics. Indeed, internal state obtained at the end of the
manufacturing process is strategic information for the designer. For example, during the cure of a
composite, internal stresses are generated and several imperfections (bubbles, fiber waviness...) may
appear, decreasing therefore mechanical performances of the final material. These phenomena are
taken a consequent aspect in the manufacturing of thick composites with namely long fibers subjected
to buckle instability (microbuckling phenomenon).
The paper takes the attention to the quality problems encountered during the cure of thick structural
composites for naval use. Gradients of mechanical properties are clearly established within the
composite and their dependency to the cure is demonstrated.
Numerical developments devoted to industrial software are presented and first FEM results of cure
simulation are presented and compared with experimental data of the cure. Recommendations for
thick composites cure are exposed and effects of cure on mechanical characteristics are discussed.
Introduction
The use of composites in structural applications has become increasingly important in the industry.
These trends have recently emerged in naval construction since the optimization of the structures
became inevitable. Such use requires a highly accurate knowledge of material properties and of the
internal state obtained at the end of the manufacturing process. For example, internal stresses are
generated and several imperfections (bubbles, fiber waviness…) may appear during the curing of a
composite, thus decreasing the mechanical performance of the final material. These phenomena
constitute an important aspect in the manufacturing of thick composites with long fibers. In fact, the
presence of regular corrugated fibers in the plies can be observed at the end of the cure cycle as shown
in Figure 1.

Figure 1: T300 carbon fibres undulations cured within an LY556 epoxy resin block
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In thin composites, this phenomenon also seems to be active as suggested by the study of PALUCH
(1994) into long carbon fibers. This author clearly showed that the fibers assume an undulatory form
at the end of the cure.

Figure 2: Three-dimensional view of T300 carbon fibres progress in an 914 epoxy matrix, Paluch
(1994).
Fiber waviness can fully assume a sinusoidal shape as shown in Figure 3 and the same results were
obtained for T300 carbon fibers in a Synolite 3720 I1 polyester resin. This demonstrates the systematic
character of the phenomenon. As fibers were initially straight, waviness observed at the end of cure is
the proof of an internal stress state developed during the curing.

Figure : Example of microbuckling measurements (in micrometers) done on a T300 carbon fibre
inside of an LY556 epoxy matrix, JOCHUM (2004).
Unfortunately, it has been shown in practice that fiber undulation or waviness characteristics
(wavelength and amplitude) has a negative influence on the stiffness and strength of fiber-reinforced
composites, MRSE (1990), PIGOTT (1991; 1995), ADAMS (1994), HSIAO (1996), STECENKO
(1997), DE MORAIS (1997).
Several modelling approaches were used in order to determine this loss of strength. The quality of the
predictions depends on the initial value of the wavelength and amplitude of the fiber, which results
from the cure process, WISNOM (1990), FLECK (1995), DRAPIER (1997, 1998, 2001), LIU (2004).
Currently, no study exists for the prediction of a complete microscopic stress-strain distribution inside
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a composite after its cure. Existing models only solve the macroscopic strengthening of a composite,
either by means of a parametric study of the description of fiber defects, DRAPIER (2001), kink band
approaches, FLECK (1995), or the spectral density of waviness, LIU (2004). The literature does not
take the behaviour of the matrix during the cure, fiber-matrix interaction and its consequences on the
stress state of the matrix after the return to room temperature into account. The characteristics of fiber
undulation at the end of the manufacturing process are seldom presented in the literature. The authors
only modelled the fiber waviness with a single harmonic and therefore a range of imperfection angles
are considered to determine the actual compressive strength of the material. Figure 4 displays strong
fibre waviness effects on ply failure strain that can be three times less in comparison with a theoretical
perfect straight fibres ply.
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Figure 4: T300 fibre waviness effect on ply failure strain (T300/914) laminate, DRAPIER (2001).
In order to compensate for this lack of real information about the description and understanding of
fiber waviness, it was decided to first study a single fiber composite. The single fiber approach is a
powerful tool for the simple observation and identification of the fiber instability mechanism that
appears during the cure. In particularly, quantitative measurements of fiber undulations are possible on
a single fiber composite, which shows a good correlation with the cure kinetics.
The single fiber approach is obviously questionable since the use of a single fiber involves local
stresses that are certainly much different when the fiber volume fraction changes, however, on the
other hand, the point at which the instability appears would probably not change when the fiber
volume fraction increases. Both in the case of a single fiber and a high volume fraction composite, the
instability during the curing is generated by the same chemical shrinkage mechanism. The difference
is examined from a structural point of view (single fiber or composite) but the mechanism that triggers
the instability remains the same.
The resin shrinkage effect on fiber waviness was shown in a previous paper, JOCHUM (2004). To
obtain this result two experimental cure cycles were performed on an epoxy sample containing one
single fiber. The first cure cycle was used to obtain slow cure kinetics and the second cure cycle to
obtain fast cure kinetics. Both cure cycles used the same final cooling phase. Comparisons of the
results clearly established that the instability appears during the heating phase of the cure and depends
on the parameters of the cure schedule. An instability approach, which takes the evolution of the
elastic behaviour of the matrix during the cure into account, was developed and confirms that chemical
shrinkage can generate a higher level of stress than the critical level. However, the viscoelastic
behaviour of the matrix was not taken into account and this point is critical.
Nonetheless, in a recent previous study, JOCHUM (2006), we presented the real-time monitoring of
the undulation and description of fibers during the cure cycle of a T300 carbon fiber embedded in
LY556 epoxy resin. The mass effects and the non-isothermal analysis were studied in order to gain
more insight into the real cure conditions of laminates. Correlations with cure kinetics and glass
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transition have shown that fiber undulations appear prior to the crossing of the glass transition
temperature (Tg) line during the rubbery state of the matrix.
It is then obvious that the initial imperfection of fibers is a key element of the laminate quality and
provides highly strategic information for the development of composites for structural applications.
Therefore, the aim of this paper is to take the attention of the reader to the quality problems
encountered during the cure of laminates. The second chapter of this paper presents essentials results
obtained experimentally for gradients of material properties during the curing of thick structural
composites for naval use. Cure effects on mechanical characteristics are discussed. Laminate quality
predictions are enabled today by numerical developments devoted to industrial software. First FEM
results of cure simulation are presented in the third chapter and compared with experimental data of
the cure. Some recommendations are then exposed for the curing of thick composites.
Experimental results
The curing effect on material properties for thick laminates is presented in this section. If one can
consider that the curing has no effect on thin laminates properties (less than 1 mm thickness) in regard
to the matrix quality, this is not valid as the thickness increases. The chemical thermosetting reaction
is thermoactivated on hand and, on the other hand, heat is produced as soon the reaction starts. There
is a coupling effect between the thermal and the chemistry of the matrix during the cure more and
more important as the thickness increases (mass effect). Following subsection presents results for
temperature evolution inside of an epoxy LY556 resin during the cure.
Local temperature evolution
The exothermal behaviours were quantified by the monitoring of the local temperature during the
curing of an LY556 epoxy resin. The thermal disruption induced by the thermocouple measurement
technique is assumed to be negligible according to the one mm thick thermocouple probe which was
plunged into the resin. The results shown in Figure 5 for epoxy resin curings clearly illustrate the
existence of exothermal effects, combined with mass effect.
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7,5°C/min + 21min at 150°C
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Figure 5: Monitoring of the local temperature of epoxy resin during cure and mass effects, SMAALI
(2005).
Indeed, exothermal effects are related to the local temperature peak that increases with resin thickness
and therefore demonstrates mass effects on exothermal behaviour. Moreover, exothermal behaviour
depends strongly on the used cure cycle as shown in Figure 5 for the same thickness results.
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It is then obvious to conclude that the cure cycle in addition with mass effect induce strong thermal
gradients. The development of the thermal gradients can be related to matrix colour gradients as
observed in Figure 6 after the return to room temperature. In this Figure, an axial cutting of the
obtained matrix cylinder after a 120°C isothermal cure was performed to observe the heterogeneous
colour of the matrix which developed after the heating of a 26 g epoxy matrix mass (30 mm thick).

Temperature (°C)

20 min at 120°C
10 min at 120°C

Heart temperature

300
250
200
150
100
50
0

Oven temperature
0

Thermocouple
Epoxy matrix colour gradients

500

1000 1500 2000
time (s)

Increase in local temperature of epoxy matrix

Figure 6: Mass-induced exothermal effect on matrix colour and local temperature increase, JOCHUM
(2006).
The thermosetting reaction is therefore affected by the cure cycle and the mass effect. The
heterogeneity of the temperature field generates degree of conversion gradients and therefore gradients
of chemical shrinkage. This is important information that must be taken into account to understand the
development of internal stress within the matrix.
Degree of cure gradients
The degree of cure (or degree of conversion) α was calculated by using a classical GOTRO cure
kinetics model, GOTRO (1989), established for epoxy amine systems as shown by equation (Error!
Reference source not found.)

ρ

du
dε
n
=σ :
− divJ q + r = K1 + K 2α m (1 − α )
dt
dt

(

)

(1)

with K1=a1exp (-e1/T) and K2=a2exp (-e2/T) where the corresponding coefficients for the LY556
epoxy resin blend are presented in Table (1).

Table 1: GOTRO cure kinetics coefficients for the LY556 epoxy resin system
m
n
a1
a2
e1
e2

0.75
1.25
1.41093 103
2.35865434 106
5917.89
7983.42

s-1
s-1
°K
°K

The use of the simulation for the determination of the cure kinetics was preferred to the classical
differential scanning calorimeter (DSC) analysis, as the exact temperature profile observed in the
matrix cannot be easily reproduced in a DSC setup.
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A finite difference scheme was used to solve Eq. (Error! Reference source not found.). The
temperature input for the simulation is the temperature signal measured in the resin and hence
accounts for local exothermal effects during the cure. Results are shown in Fig 7 for heart temperature
and edge temperature profile of the resin as displayed in Figure 6.
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Figure 7: Degree of cure gradient observed on a 30 mm thick epoxy sample
Figure 7 clearly demonstrates that temperature gradients, induced by mass effect as shown in Figure 6,
strongly influence the history of the cure. Indeed, degree of cure profile obtained within the matrix
block is completely different between the heart and the edge areas of the matrix. The cure profile
obtained at heart position corresponds to a fast curing whereas the profile obtained at edge position
denotes a significant slower curing. The remaining difference observed at the end of cure between
heart and edge positions is around 5%.
Shrinkage gradients
In-situ chemical shrinkage of the epoxy resins was examined by using the Li et al. method, LI (2004),
which established a bilinear relationship for cure shrinkage rates versus degree of cure. The obtained
bilinear relationship for the LY556 epoxy blend is shown in Figure 8. The total chemical shrinkage
rate of 6% is obtained by extrapolating the bilinear relation to a degree of cure of 100%.
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Figure 8: Cure shrinkage evolution versus degree of cure (LY556 epoxy resin).
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The use of the degree of conversion results for each cure condition recorded at heart and edge
positions enable a description of the corresponding cure shrinkage. As displayed in Figure 9 cure
shrinkage history is very different between heart and edge positions.
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Figure 9: Cure shrinkage evolutions at heart and edge positions during the curing (epoxy LY556
resin).
This is to be related to the corresponding cure kinetics profile as shown in Figure 7. The hardening of
the matrix starts first on the edges, whereas the heart is still liquid. However, exothermal behaviour in
addition with mass effects increase the temperature profile and, as a consequence, the degree of cure
profile applied on the resin as the blend is located more and more far from the edges, with a maximum
at the heart position. Consequently, shrinkage gradients are observed during the curing. Even if at the
end of the cure the total shrinkage tends to be the same, the history of its evolution is significantly
different within the matrix block. This out of phase evolution of cure shrinkage is one of the basis
mechanisms that must be taken into account for internal stress development and especially for thick
matrix.
Mechanical properties gradients
Even if the difference of degree of cure observed between edges and heart position as shown in Figure
7 is around 5%, mechanical properties are not the same. Indeed, as explained before, mass effects in
addition to exothermal behaviour of the curing lead to thermal gradients inside of the matrix and thus
different curing histories. The crosslinking reaction of the blend is therefore not done in the same way
throughout the block of resin and consequently the molecular branching differs. Thus, even if the
obtained degree of cure is the same, because of differences in the thermal history of the curing, the
corresponding mechanical property differs. This is clearly observed by DMA-TMA analysis,
(Dynamical Mechanical Analysis-Thermal Mechanical Analysis), of the curing as shown in Figure 10.
In this figure, the elastic shear modulus evolution versus time differs significantly between two
matrices cured with a continuous 1°C/min oven heating and a 120°C isothermal oven heating. DMATMA tests were performed on thin samples of resin poured into shear plates in order to control as best
as possible the local temperature applied on the blend for the curing. The matrix is cured inside of the
DMA oven before the start of the cooling analysis.
Elastic moduli differences observed are around 8% at the end of the final cooling step and return to
room temperature. This result highlights the importance of the thermal history of the curing. The
continuous 1°C/min ramp was performed up to 180°C whereas the 120°C isothermal cure never
exceeds 140°C for the matrix temperature. Thus, this does not lead to the same material at the end of
cure since the elastic moduli growth during the cooling and the final value reached are not equal. This
result is to be related to thick matrix cure where strong thermal gradients exist and demonstrate the
heterogeneous aspect of the mechanical properties of the matrix throughout its thickness.
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FEM cure simulation

Elastic shear modulus G'(MPa.)

As presented previously, internal stresses generating undulation defects during the curing of a
thermosetting matrix result from a complex process where thermal, physicochemical, viscosity and
mechanical phenomena are mixed. This complexity is increased by the both thermo activated and
exothermal behaviors of the thermosetting chemical reaction of the resin. Moreover throughout the
cure, mechanical characteristics are evolving with temperature and degree of conversion of the
chemical reaction. Tools using advanced finite elements made their appearance. However these tools
are established on formulations where all the couplings are not taken into account. The modeling of
these phenomena coupled with the temperature and with the mechanics seems to be never have been
approached previously. Thus, the aim of this research is to build up a simulation tool for the process of
cure, based on coupling models taking into account the mechanics, the thermal, the diffusion and the
chemistry. This is a strategic way to understand internal stress mechanism appearing during the cure.
It should lead to a better description of material characteristics gradients present at the end of cure and
namely the internal residual stress state obtained.
This section presents the methodology of a coupling model for the cure. An experimental device
devoted to cure shrinkage and matrix in-situ temperature measurements is presented. Results of the
proposed simulation tool are compared with the experimental data and are very encouraging.
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Figure 10: Cure conditions effect on matrix elastic shear modulus growth during the final cooling for
return to room temperature for an LY556 epoxy resin, 1Hz. DMA analysis.
System modelling approach
The thermosetting system is supposed to be a traditional continuous medium, made up with a blend of
resin, hardener and accelerator, BOWEN (1976). The macroscopic representative elementary volume
(REV) is considered homogeneous, open and characterized by averaged physical units defining the
mixture. Thus, only the averaged behaviour of the REV is involved here. It is an acceptable
assumption, since experiments of mechanical characterization exhibit only the macroscopic behaviour.
The diffusion of each “species” is assumed to be described by a molecular diffusion phenomenon
following a Fick law type. It is controlled by the gradients of concentration or mass ratio of the various
species. In this REV the various elements react between them in order to create the matrix. This
evolution of the mixture, governed by the equations of the diffusion and the equations of the
chemistry, is taken into account in the equations of the thermal and of the mechanics.
Mass balance.
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In order to simplify the modelling approach an unique reaction is only taken into consideration, in
spite of the fact that many reactions are evolving during the thermosetting reaction of an epoxy resin.
Moreover the accelerator mass ratio, which is very low in comparison with other current species, can
be neglected. On the other hand, its effect is reintroduced through the kinetics law of the chemical
reaction rate. These assumptions do not reduce the generality of model. The total mass conservation in
the REV leads to a relation between the mass ratio of the resin, of the hardener and of the obtained
matrix,
Mechanical balance.
In regular points of the non-polar body, the mechanical balance leads to the classical equation of
movement involving σ the Cauchy stress tensor applied onto the mixture and f the mass density of
forces applied onto the REV. Accelerations have been neglected because the cure is supposed being a
quite a slow process.
Thermodynamic balance, state laws.
The total energy conservation of the system, as described by the first principle of thermodynamics, is
expressed locally in the following traditional form:
(1)
ρ u;˙ σ : ε;˙ div Jq + r.
where ‘u’ is the specific internal energy of the mixture, ε the infinitesimal strain tensor associated with
the mixture, Jq the heat flux and r the external heat supply per unit volume. Note that ‘:’ denotes the
double contract product.
The thermodynamic system is assumed to be close to its equilibrium. The classical assumption of a
local accompanying state allows us to describe at any time the state of a given material EV by a set of
state variables. One admits first the existence of one homogeneous absolute temperature T valid for
the mixture and for all its constituents. In classical linear viscoelasticity framework, total strain is
classically separated into elastic and inelastic (non reversible) components, denoted εe and εv
respectively, like ε εe + εv .
From a constitutive law point of view, a Kelvin-Voigt model was considered and this mechanical
model assumes also a partition of the stress tensor σ as σ σan + σvr, containing an inelastic part σan
and a viscous reversible part σvr. Of course, it is a first level model to represent a viscoelastic behavior
for a polymer, but the aim of this work is to present a modelling approach. It is clear that it cannot be
used to predict exactly the complete mechanical behaviour evolution of the mixture during the cure.
However, it could be effective by taking into account the effect of temperature and degree of cure on
mechanical characteristics, while restricting the implementation work in a finite element industrial
code (F.E.M. analysis).
Thus, assumptions presented before allow the material state to be defined by following variables:
temperature T, elastic and viscous strains, εe and εv, resin and hardener mass ratios Yp and Yd. The
specific free energy potential ψ depending on all these variables ψ = ψ (T, εe, εv, Yp , Yd) and under the
assumption of a normal parameter setting, GERMAIN (1983), laws can be established. By considering
the framework of small perturbations, i.e. infinitesimal strains and few thermal and mass variations,
the second order development of the potential ψ allows the construction of coupling linear behaviour
laws.
Entropy description – second principle.
Opened systems whose evolution is in progress are considered here. Within the general framework of
opened systems, the total differential of the mass entropy checks the fundamental Gibbs generalized
relation.
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Potential of dissipation - Complementary constitutive equations.
A second potential is introduced in order to define the evolution laws, namely the pseudo-potential of
dissipation, more exactly its dual form d* is obtained by a Legendre-Fenchel transformation and can
be written as a function of σan, temperature and chemical potential gradients and degree of cure. If
dissipation phenomena are supposed to be governed by linear laws (small perturbations close to the
thermodynamic equilibrium) and by the assumption of the validity of the Curie principle, the dual
potential d* can be expressed under a quadratic form
Description of the cure to simulate
Figure 11 shows the experimental device used by SMAALI (2005) and modelled by 3D nodes meshing
by JUGLA (2005) for the cure of the LY556 epoxy resin. Liquid resin is poured into a metallic
cylinder up to the half of its capacity. The assembly is airtight and plunged into a sand mould to
assume a homogeneous heating of the cylinder by an electric plate. Internal air pressure and
temperature are monitored throughout the cure done with a 0.6°C/min ramp followed by an isothermal
step around 85°C. A special protocol taking into account gas emission during cure and based on
perfect gas rules allows the calculation of volume variations induced by the chemical reaction during
the cure cycle.

Experimental data provided are chemical shrinkage during cure, temperature elevation T2(t) produced

by exothermal effects of thermosetting reaction of epoxy cure and temperature boundary conditions
T1(t) applied by the heating.
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Figure 11: Experimental device for epoxy cure data and 3D 20 nodes meshing of the resin block
Only a quarter of the resin block was meshed due to the symmetry of problem. Outputs were selected
on indicated element. 136 located close to the center point of cylinder resin block.
FEM Simulation.
Modelling approach proposed in this paper is applied to the cure of an LY556 Ciba-Geigy epoxy resin.
Mass ratios employed are following: 15.789g of LY556 pre-polymer, 14.211g of HY917 hardener.
The very low mass of accelerator is neglected for the simulation for further mass ratios evolutions of
pre-polymer and hardener. However, effects of accelerator are taken into account by cure kinetics
simulations coefficients based on GOTRO differential equation of cure kinetics. Thus, aims of the
simulation will be the numerical determination of temperature field, displacement field, degree of
conversion of the reaction, strain field and stress field during the thermosetting reaction of the LY556
epoxy resin. Precise details for numerical implementations are provided by RAMBERT (2005).
Validity of numerical implementation was first tested with Abaqus 6.3 FEM thermoelastic solutions.
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According to long time of computation induced by viscoelastic calculations exceeding a week, only
elastic simulations without species diffusion could be done. User element library (UEL) developed
contains therefore four degrees of freedom (three axis displacement and temperature). Fortran 77
programming language was used for UEL implementation into the finite element calculation software
Abaqus 6.3. A 20 nodes isoparametric three-dimensional element with quadratic interpolation
functions was necessary to solve the coupling model.
Results.
Due to too long calculation time only couplings between chemistry, thermal and mechanics were
considered for FEM cure simulations in the field of linear elasticity. Figure 12 shows temperature
history obtained by simulation during the cure. Data are tested with several specific heat (Cp) values
in addition to degree of cure dependency. Figure 13 shows very encouraging results obtained by
simulation of displacement field on element 136. Strain was calculated assuming small perturbation
context.
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Figure 12: Local element 136 temperature history
during cure
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Figure 13: Chemical shrinkage history during
cure

Temperature evolution is quite similar in the range of Cp considered. Exothermal effect is obtained
and is in the right magnitude level. However, a significant difference of characteristic time is
observed. This denotes a strong dependency of simulation results to initial chemical potentials
introduced since they are representative of latent heat of the reaction.
Results obtained on element 136 are compared with experimental macroscopic chemical shrinkage
established by SMAALI (2005) using internal pressure and temperature evolutions recorded during
cure. Encouraging results are obtained by simulation of displacement field. Strain was calculated
within the small perturbation context.
Conclusion and Discussion
This works highlights the quality dependency of laminates with the process of curing. The main factor
is the thermal history applied during the curing within the matter. As the thickness increases (more
than 3-4 mm), the coupling effect between the thermo activated and exothermal behaviour of
thermosetting systems cannot be neglected. Strong thermal gradients appear during the curing,
inducing therefore degree of cure gradients. The matrix in progress is more and more heterogeneous
and gradients of mechanical properties are generated. Moreover, the chemical shrinkage associated to
the thermosetting reaction is able to destabilise the fibre alignment. The quality of the laminate
obtained is therefore quite different from the theoretical considerations that designers used to apply.
This is especially critical for thick laminates and must be taken into account for the design.
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Of course even if post mortem tests can be done, they are usually expensive and time consuming. On
the other hand several models exist to take into account laminate quality by either fibre waviness
parameters and/or matrix heterogeneity description in order to improve as much as possible structural
design usually done by computational mechanics. But they all require input data of the laminate
assumed quality.
The finite element simulation was therefore considered as a possible and strategic way to understand
internal stress mechanism appearing during the cure. A numerical tool coupling mechanical, physical
and chemical phenomena was developed on the basis of developments presented above and
implemented into an industrial FEM code. First results presented in this paper are very positive and
made the demonstration of the applicability of finite element modelling approach to provide local
information during the cure. Mid-term objective is to build up a predictive tool, able to grasp finely all
the process of cure, namely for thick composites.
Finally, while waiting for complete developments of such simulation tools of the curing process, the
best advice for thick laminates manufacturers in order to improve the quality is to slower the cure
cycle as the thickness increases. Thermal load is an important factor for thick thermosetting laminates
quality since the coupling effect between the thermo activated and exothermal behaviour is becoming
more and more pronounced with mass effect.
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Abstract
The addition of parabolic side bulbs at the ship’s mid body can significantly reduce the wave-making
resistance of a vessel. The parabolic bulbs are strategically placed to create a wave pattern that
interacts with the shoulder wave system of the base hull at the desired speed range. This concept was
first successfully tested on a coaster tanker and then extended to the UBC series hull, a series typical
of Canadian West Coast fishing vessels. Systematic tow tank experiments revealed that while
parabolization decreases the total resistance (due to a drop in the wave making resistance) the form
factor suffered an increase. An integral boundary method solver and a 2D RANS solver both showed
that the increase in viscous resistance was mostly due to an increase in viscous pressure drag.
The parabolization concept was subsequently extended to a high speed NPL trimaran, to determine
whether resistance reduction using parabolic side bulbs could be achieved for a slender multihull
vessel. A Rankine source panel method was used to predict the wave making characteristics of the
trimaran, and an Integral Boundary Layer solver and a RANS solver were used to calculate the
viscous drag. A parametric study, varying the size and location of bulbs, was first performed on the
centre hull to identify beneficial bulb arrangements. The study was then extended to the trimaran to
evaluate the additional wave interactions caused by the outriggers. Experimental work validated the
numerically predicted wave interactions, as well as the change in viscous drag. Based on the
numerical work, a modified NPL trimaran hull form was designed that reduced the total resistance of
the vessel by up to 6% in the design speed range.
1. Project Background & Numeric Motivation
The shape of the hull at the waterline plays an important, but often neglected, role in the wave
resistance of a ship. Hsuing (1981) developed an optimization routine for finding ships of minimum
wave resistance according to Michell’s Integral. Using this optimization procedure, three optimum
hullforms were developed; two of the hullforms had a bulbous bow, while the third had a parabolic
midship bulb. This procedure developed bulbs while holding constant both the displacement and the
beam of the vessel during optimization. Tow tank tests of these three hulls showed that for Fn > 0.28
the midship bulb reduced the residuary resistance, and in the range from 0.28 < Fn < 0.36, the midship
bulb exhibited the lowest resistance of all hull forms.
Gotman (2002) produced a new form of Michell’s Integral that was better able to account for wave
interactions at low speeds. Using this form of Michell’s Integral, Gotman produced hull forms of
minimum resistance. Each hull form reported by Gotman had lines that were continuously varying,
and the hull form exhibiting the lowest wave resistance was one with a midship side bulb.
Calisal et al. (2002) conducted a numeric investigation using thin ship theory into the differences
between parallel mid bodies and parabolic waterlines. This numeric work was supported by a case
study involving both experimental and numeric modeling of a coaster tanker. In this investigation,
two simplified hull forms are considered, as depicted in figure 1. The first vessel is a wall sided
vessel, with parallel mid body and parabolic and symmetric bow and stern sections. The second
vessel shares the same bow and stern sections, but a bulb with parabolic waterlines is added in lieu of
the parallel midbody.
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Figure 1: Simplified hull forms for analytical study
Both hulls are analysed using a form of Michell’s Integral derived by Wehausen & Laitone (1962),
that gives the wave resistance of a thin ship based on the slope of the waterline, fx:
RW =

4ρ g 2
π c2

∞
1

dλ

λ2
λ −1
2

P2 ( λ ) + Q2 ( λ )

(1)
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y
cos
x
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gλ 2
gλ 2
y sin
x
2
c
c2

(3)

and

In this formulation, c is the ship’s speed, ρ is the density of water, and g is the gravitational
acceleration. Since both hulls are symmetric about their transverse axis, the contribution from P is
zero, and we need only consider the effect of the Q term on our wave resistance.
For the hull with the parallel midbody, the function Q will see contributions from the bow and stern.
Since the parallel midbody has no curvature, it will have no contribution to the Q term. Our
expression for Q then becomes:
Q = Qbow + Q stern .

(4)

Since the bow and stern are identical, this reduces to
Q = 2Qbow .

(5)

In the second hull, where the parabolic bulb adds curvature to the vessel, there is an additional
contribution to the Q term. The equation for this hull becomes
Q = 2Qbow + Qbulb .

(6)

Expanding the Q2 term in the integral of equation 1, gives
2
2
Q 2 = 4Qbow
+ 4Qbow Qbulb + Qbulb
.

(7)

Since the curvature at the bow and stern is significantly larger than the curvature in the bulb,
Qbow > Qbulb ,

(8)

and therefore
2
2
Qbow
>> Qbulb
.

(9)
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Neglecting this contribution, we see that depending on the sign of QbowQbulb, the wave resistance can
either increase or decrease in comparison to a wall sided vessel, and the possibility for wave
resistance reduction by hullform parabolization exists.
In the numeric study on the coaster tanker, the addition of a parabolic bulb increased the beam by
20%, while holding the length and draft constant. This resulted in an increase in displacement of 7%,
but at the vessel’s design speed of Fn = 0.275, the wave resistance was reduced by more than 15%.
This numeric study was supported by experimental work conducted at the A. Nutku Ship Model
Testing Laboratory, which showed the EHP requirements of the vessel were reduced by 10% at the
same corresponding speed.
Further work done by Tan and Sireli showed that this concept applied well to a typical west coast
fishing vessel, and that hull improvements centred on an increase in beam could produce considerable
reductions in overall resistance. Tan (2004) performed a systematic study varying the location and
magnitude of the maximum beam increment. The beam of the fishing vessel was increased from 5%
to 20%. This study highlighted the balancing act of such beam increases, as increases in the hull
curvature cause both increases to the form factor, and increasing wave interactions. The improved
fishing vessel lines derived by Tan had an increase in beam of 11%, and produced a resistance drop
over a range of speeds exceeding 15%.

2. Implementing Parabolization on a High Speed Trimaran
Previous investigations into the impact of waterline shape on vessel performance have shown that a
solid theoretical motivation exists for varying the shape of the mid body. Experimental evidence has
supported the use of midship bulbs; the studies, however, have been limited to single hull
displacement vessels operating at moderate speeds. In addition, previous studies only focused on
predicting the change in wave resistance numerically while the effect of midship bulbs on viscous
resistance was quantified in the towing tank.
The focus of this work has been to determine if midship bulbs placed at the vessel’s waterlines can act
to reduce the overall resistance in high speed, slender displacement vessels, and to see how the wave
interactions caused by the midship bulbs affects wave patterns in a multihull ship. In addition, an
Integral Boundary Layer solver and a RANS solver were used to quantify the change in viscous
resistance resulting from the addition of the midship bulbs.
The trimaran form chosen for the study consists of a centre NPL hull form 160m in length, with a L/B
ratio of 13.5. The outriggers are 57.7m in length, with L/B ratios of 22.5. The speed range of interest
has been from 0.2 < Fn < 0.5. The vessel lines are depicted in figure 2.

Figure 2: Lines plan for the parent NPL trimaran
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2.1. Implementation of midship bulbs to centre hull
A parametric numerical study was initially conducted solely on the centre hull by excluding the
outriggers. The parameters changed in the study were the location and extent of the midship bulb. In
each instance the bulb increased the beam of the vessel by 11%. This beam increment was chosen as
a result of Tan’s study, and it was not varied in order to limit the scope of the work. The different hull
shapes initially tested are shown in figure 3. Reading from left to right they have been named hulls 1
- 4 respectively.
Table 1: Bulb Parameters
Hull #
1
2
3
4
6
7

x/L*
0.47
0.56
0.69
0.52
0.52
0.53

Length of bulb / LWL
15 %
15 %
15 %
25 %
55 %
28 %

* - x = centre of bulb, measured from bow
Figure 3: Hulls 1 – 4 respectively
The wave resistance of the centre hull was evaluated using a source panel method based on the
method of Dawson (Dawson, 1977). The effects of sinkage and trim have been neglected. This
implementation of Dawson’s method is suitable for multihulls with transom sterns (Goren and Atlar,
1998). Over the speed range considered, the transom is considered wetted, and the boundary
condition enforced is that first used by Maisonneuve (1989). In this approach, the velocity of the flow
is assumed equal to the ship’s speed on the boundary free surface panels at the transom. A typical
view of the free surface and hull discretization used is shown in figure 4. The wave resistance
predictions for the base hull and the four hull variants are given in figure 5.

Figure 4: Free surface and hull discretization

Figure 5: CW predictions from the panel method

Over the speed range considered, none of the initial hull shapes were successful in reducing the wave
resistance. However, a great deal of insight can be gained from these initial hull shapes by examining
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the free surface plots generated by Dawson’s method.
The wave pattern around the base hull at Fn = 0.33 is shown in figure 6 a, and the wave interactions
caused by the midship bulb can be clearly distinguished in figures 6 b and c. Figure 6 b shows the
wave interactions caused by hull 3. It is evident in this figure that the wave elements created by the
bulb occur in a location not beneficial to reducing the wave profile generated by the bare hull.
The wave elevations around hull 4 at Fn = 0.33 are shown in figure 6 c. While this bulb shape still
increases the waves generated around the hull, the waves created by the bulb are beginning to interact
with those of the base hull, and the wave resistance of the two hulls are quite comparable at this speed
(see figure 5).

(a)
(b)
(c)
Figure 6: Free surface elevations at Fn = 0.33 around (a) base hull , (b) hull 3, (c) and hull 4
This hull shape is used as a starting point for further bulb configurations. By stretching the start of the
bulb further forward, the intent is to reduce the magnitude of the ship’s primary wave trough, and by
blending the aft end of the bulb gently into the buttock lines, it is hoped that the pronounced wave
trough created by the bulb is reduced.
The new hull shape, named hull 6, is shown in comparison to the base hull in figure 7, and the results
of Dawson’s method, shown in figure 8, predict a decrease of about 5% in wave resistance near Fn =
0.33.

Figure 7: Hull 6 (top) in comparison to base hull (bottom)
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Figure 8: Wave resistance predictions for hull 6 compared to the parent hull
While the reduction in the wave resistance is modest, it is important to keep in mind that hulls with
L/B ratios above 9 are not likely to possess adequate stability on their own, so one must consider the
influence of the system of hulls created by the outriggers.

2.2. Implementation of midship bulb to Trimaran
The trimaran hull form is discretized for analysis by Dawson’s method, and the resulting mesh is
shown in figure 9. Again all five hulls are analyzed, and the results are presented in figure 10.

Figure 9: Discretization of free surface and hull for analysis
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Figure 10: RW results for hulls 1, 3, 4 and 6 compared to the parent hull
The wave resistance trends for hulls 1, 3 and 6 are similar to that seen in the monohull study. The
first three hulls increase the wave resistance over all speeds, and hull 6 creates about a 5% reduction
in the wave resistance. The outriggers create additional wave patterns that increase the overall wave
resistance, and in general these wave patterns do not interact beneficially with the centre hull.
The wave interactions in hull 4 however, are markedly different from that seen in the monohull case.
A reduction of about 15 % is seen in the wave resistance at Fn = 0.39, and a large reduction in the
wave resistance is seen from 0.34 < Fn < 0.45.
An examination of the free surface plots at Fn = 0.39 (see figure 11) shows that, as before, the bulb
used in hull 4 creates its own wave system. This wave system is not properly aligned with that of the
centre hull, and as a result, additional waves are created by this bulb. These waves act to cancel the
bow wave created by the outriggers, significantly reducing the downstream wave elevations, and
accounting for the large drop in wave resistance.

Figure 11: Wave profiles around the parent trimaran (left) and hull 4 (right).

305

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

3. Effect of midship bulbs on Viscous resistance
The addition of midship bulbs hinges on the premise that the decrease in wave making resistance will
outweigh the potential increase in viscous resistance. Therefore, the addition of parabolic side bulbs
to the NPL hull consisted of an iterative approach of using an inviscid solver to predict the wave
profile along the hull as outlined in Section 2. Once a prospective configuration was identified, the
hull was evaluated using a viscous solver. Since midship bulbs were only applied to the main hull of
the trimaran, the outriggers were omitted in the viscous drag calculations.
The viscous resistance of the NPL trimaran was computed with the IBL solver to determine the
magnitude of skin friction drag and to compare it to the ITTC 1957 line. The IBL solver was then
used to evaluate the changes in Cf and to study the changes in boundary layer parameters. A threedimensional double body (symmetry at the free surface) RANS model was subsequently created to
predict the form drag of the Parent Hull and Hull 6.
A comparison of Cf for the Parent Hull and the hull 6 are shown in figure 12 for both the RANS and
IBL calculations. In both cases, the numeric solvers predicted a lower Cf than the ITTC correlation
line. This was an expected result for such a streamlined slender vessel. More importantly, both
solvers predicted approximately a 1% increase in Cf for the parabolized hull.

4.4E-03

ITTC '57
RANSE NPL Parent

4.2E-03

IBL NPL Parent
RANS Hull 6

4.0E-03

IBL Hull 6

Cf

3.8E-03

3.6E-03

3.4E-03

3.2E-03

3.0E-03
1.6E+06

2.0E+06

2.4E+06

Re

2.8E+06

3.2E+06

3.6E+06

Figure 12: Comparison of Cf for parent hull and hull 6
The lower magnitude of skin friction calculated by the RANS solver compared to the IBL solver is
shown to be attributed to a lower Cf prediction near the bow of the vessel. The IBL solver predicts a
band of a much higher Cf at the bow as shown in figure 13. Beyond x = 0.8, the skin friction
predicted by both solvers matches very well.
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Figure 13: Skin friction distribution as calculated by IBL and RANS methods
Previous numerical and experimental work on the UBC fishing hull showed that the addition of
midship bulbs resulted in an increase in form drag due to a faster growth in boundary layer thickness
beyond the location of maximum beam. Therefore, the boundary layer thickness was computed using
the IBL solver for each candidate midship bulb applied to the centre hull. In general, all hull
configurations with midship bulbs showed an increased growth in boundary layer thickness near the
location of maximum beam compared to the parent hull. In addition, the presence of the midship
bulbs caused an increase in shape factor, H, from 1.44 for the parent hull up to 1.6 for hull 4 as well
as higher cross flow angles. While a shape factor value above 1.8 is typically associate with a the
potential onset of boundary layer separation, the increase in shape factor magnitude indicates a
penalty will be paid in viscous drag as a result of the addition of midship bulbs to the NPL hull.
As shown in previous studies, the increased form drag could be minimized by fairing the midship bulb
towards the aft end of the vessel. This technique was therefore applied to hull 4, which showed the
greatest potential for a decrease in wave drag. The redesigned hull 4 shape, identified as hull 7 is
shown in figure 14.

Figure 14: Hull 7
A comparison between the calculated values of Cf using the IBL solver and the ITTC’57 correlation
are shown in figure 15 for all considered hull forms. The computed values of Cf follow the same
trendline as the ITTC’57 correlation line but range in magnitude. The Parent Hull exhibited the
lowest skin friction followed by hull 6, hull 7 and hull 4.
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Figure 15: Comparison of skin friction between hulls
In addition to a lower skin friction, the rate of boundary layer growth decreased on hull 7 compared to
hull 4. The fairing of the midship bulb resulted in lower cross flow angles in the vicinity of the bulb,
accompanied by a smaller region of increased shape factor. This indicated that a smaller penalty
would be paid in viscous resistance for hull 7. Moreover, an analysis of hull 7 using Dawson’s
method predicted that the wave cancellation properties of hull 4 had been preserved, and the wave
resistance of the two designs is very similar.

4. Experimental Validation of Results
All of the experimental work was conducted at the Vizon Scitec towing tank facility. In total, three
different hulls were tested in both monohull and trimaran configuration: the NPL Parent, hull 6 and
hull 7. The tests were conducted to validate the numerical predictions of viscous resistance and wave
resistance and to observe the changes in wave profiles and wave interactions between the Parent Hull
and the hulls with midship bulbs.
The NPL parent model and the bulbs for hull 6 were built out of foam and fiberglass. The bulbs for
hull 6, shown in figure 16, were attached to the hull using double-sided tape for ease of removal for
future testing of other bulb configurations. On the other hand, the bulbs for hull 7 were built out of
ABS plastic using rapid prototyping (RP) technology, and were attached to the hull using wood
screws at four locations along the rib sections. The bulb shapes are shown in figure 17.

Figure 16: Hull 6 bulbs (metre stick included for comparison)
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Figure 17: Hull 7 Bulbs (metre stick included for comparison)
Turbulence pins 3mm in diameter were placed at x = 0.l L distance from the bow to stimulate a
turbulent flow and to guarantee the presence of a turbulent boundary layer. The model was free to
trim and squat. The Parent Hull was ballasted to the required design waterline. Hull 6 and hull 7
were ballasted to the same waterline, meaning the hull experienced a slight increase in displacement
from the addition of the bulb.

4.1 Experimental Results
All models were tested in the Froude number range from 0.10 ≤ 0.47. Tests conducted in the slow
speed range from 0.10 ≤ Fn ≤ 0.20 were used to determine hull form factors using the HughesProhaska method (with N=4), and the wave resistance coefficients were determined from the higher
speed tests. The calculated form factors are summarized in Table 2.
Table 2: Form Factor for NPL hulls

Monohull
Trimaran

NPL Parent
1.159
1.153
1.22
1.212

Hull 6
1.214
1.236

Hull 7
1.234
1.237

In accordance with the work done by Tan, the addition of the midship bulbs resulted in an increase in
form factor for both the monohull and trimaran configurations.
The experimental results were scaled up to full ship scale to determine the impact each hull
configuration would have on the Effective Horsepower (EHP) required as shown in figure 18. The
trimaran results are also presented in figure 19 as a percent difference from Parent Hull format to give
a better indication of potential horsepower savings. Figure 19 clearly shows a decrease up to 6% in
total resistance in the range from 0.31 < Fn < 0.44 at full ship scale. To better understand the source
of the decrease in total resistance, a breakdown in terms of resistance coefficients is given in figure
20. The 6% drop in total resistance is shown to be attributed to a decrease in wave-making resistance
of up to 20% at Fn = 0.36.
Figures 21 and 22 compare the wave elevations between the base hull and hull 7 at Fn = 0.36
respectively. In the latter figure, the same wave elements predicted by the potential theory are seen as
a result of the bulb. A careful examination of the free surface profiles around the outriggers shows
that the wave elevations are reduced in this region, and this accounts for the 6 % reduction in total
resistance at this speed.
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Figure 18: EHP vs. Fn for experimentally tested hulls
NPL Parent Trimaran

15%

Hull 6 Trimaran

Hull 7 Trimaran

10%

EHP

5%
0%
-5%
-10%
0.25

0.27

0.29

0.31

0.33

0.35

0.37

0.39

0.41

0.43

0.45

Fn

Figure 19: Percent change in EHP between tested hulls with the Parent hull serving as a control.
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Figure 20: Comparison of NPL Parent and NPL 7 Trimaran at full scale
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Figure 21: NPL Parent Hull Testing

Figure 22: Hull 7 Testing

5. Conclusions
The previous studies on monohull displacement ships showed the beneficial impacts altering the
waterline shape can have on wave resistance. Even for the slender hull shapes such as the NPL
trimaran, where the wave resistance accounts for less then half of the total resistance at high speeds,
reductions in the wave resistance were achieved by use of wave cancellation midship bulbs. The
study identified the available reduction in drag that can be obtained by strategically designing a
multihull vessel to take advantage of wave cancellations between the hulls. In the case of the NPL
trimaran, the use of a midship wave cancellation bulb reduced the total resistance by 6%.
The concept of resistance reduction by means of wave cancellation through tactical positioning of
outriggers along the main hull of a trimaran is often used during the design stage of a new vessel. The
NPL trimaran was also designed to take advantage of wave cancellations at the design speed. In
many instances, however, the outrigger positioning may be constrained by factors such as existing
docking berth geometry, required deck space and seakeeping performance. In such instances, the
addition of midship bulbs is a very suitable method of ensuring wave cancellation while adhering to
the imposed physical constrains. Moreover, the addition of midship bulbs as a retrofit to existing
vessels has the possibility to be a very effective resistance reduction technique.
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Abstract
In recent years, hybrid vessels that use a combination of lift producing devices have increasingly been
developed not only to achieve a lower resistance-weight ratio, but also to reduce the hump resistance
at an intermediate speed. This allows such vessels to operate effectively both at intermediate cruising
speeds as well as at the maximum speed. Two such hybrid concepts have been evolved and model tests
carried out on them at the High Speed Towing Tank of the Naval Science and Technological
Laboratory, Visakhapatnam. It has been found that most of the disadvantages of high performance
mono-hull vessels can be reduced by using these concepts and improved performance obtained at
intermediate speeds. The first concept evolved is an asymmetric twin hull vessel incorporating
planing lift at take-off speeds and foil generated lift at higher speeds. A 10 m prototype of this model
has been manufactured and trials conducted for evaluating its hydrodynamic performance. The
second concept is a twin hull vessel in which each hull has a planing bottom forward with a plenum
chamber amidships for generating aerostatic lift. The final design configuration of this concept is
currently under experimental investigation.
1. Introduction
Low speed mono-hull displacement vessels form the primary mode for transporting bulk commodities
due to their high transport efficiency. Such vessels have a long endurance, can withstand rough sea
conditions, and at their operating speeds require relatively small propulsion power. These vessels have
a long product life and are easy to build as their design is compatible with existing production and
support facilities and with modern shipbuilding practice. However, in recent years a need has arisen
for vessels that operate at higher speeds or more correctly at higher Froude numbers. It has been
found that due to hydrodynamic reasons increasing speed and improving seakeeping behaviour of
conventional displacement craft is possible only up to a Froude number of about 0.52. Beyond this
Froude number, the wave resistance of displacement vessels rises steeply and the required power
increases sharply with speed. The seakeeping behaviour also worsens due to high wave forces and
critical impact forces, NEJ (1985). These difficulties can be overcome either by increasing the size
and hence the displacement of the vessel (in effect reducing the Froude number) or by supporting a
large portion of the vessel’s all-up weight during motion by means other than buoyancy. The latter
approach has been adopted in the development of high performance marine vehicles, resulting in
different types of advanced marine vehicles classified according to the nature of their weight support
in motion, Goubalt and Allison (2004). In high speed marine vehicles, the all-up weight is supported
in addition to buoyancy by hydrodynamic lift generated on the hull bottom (planing craft), lift
generated by fully submerged or surface piercing foils (hydrofoil craft), aerostatic pressure (air
cushion vehicles), or aerodynamic lift generated by a body moving close to the water surface (wingin-ground effect craft). Another approach to increasing speed without a sharp increase in power and a
sharp decrease in seakeeping performance is to increase the slenderness ratio ( L ∇1 3 ) by splitting
the underwater hull into two or more narrow demi-hulls (catamaran, trimaran). A combination of the
foregoing methods to obtain high performance may also be adopted (hybrid vessels).
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2. Background
In planing craft and semi-planing craft, the all-up weight at the design speed is supported to a large
extent by the hydrodynamic lift generated by the bottom of the hull in contact with water. At low
speeds (or low Froude numbers) the all-up weight of a planing craft is supported by the buoyant force.
However, as the speed of the craft increases a larger proportion of the all-up weight is supported by
hydrodynamic lift, and this causes a vertical rise of the craft and a corresponding decrease in the
buoyant force. For a planing craft as the speed rises from zero to its design value, there is a continuous
transition from the displacement mode (weight predominantly supported by buoyancy) to the planing
mode of operation (weight predominantly supported by hydrodynamic lift). A craft designed to
operate in an intermediate mode, in which buoyancy and hydrodynamic lift support the all-up weight
in roughly equal measure, can be described as a semi-planing or semi-displacement craft. The power
required at high speeds for such vessels has limited their size. Also at high speeds, these craft suffer
from excessive slamming and high vertical accelerations resulting in passenger discomfort.
The all-up weight of a hydrofoil craft is supported at its design speed by the lift generated by water
flowing past the foils. Conventional hydrofoil craft have an aft foil and a forward foil whose
combined lift supports the all-up weight of the craft at the design speed. Two basic foil systems are
generally used in hydrofoil craft: surface piercing V-shaped or U-shaped foils and fully submerged
foils. Hydrofoil craft with conventional foils have speeds usually in the range of 35 to 50 knots.
However, higher speeds have been attained by using supercavitating and base-vented foil sections.
The size of the foils required to lift the hull completely out of water, i.e. for the craft to be fully foilborne, increases disproportionately with an increase in the weight of the craft and this limits the
weight of such craft to about 500 tonnes. However, the ability to operate at high speeds and in rough
weather make hydrofoil craft effective even in restricted waters.
Surface effect vehicles, in which the weight is supported by a self-generated air cushion, can be of
two types: the amphibious air cushion vehicle (ACV) that can operate over both land and water, and
the non-amphibious surface effect ship (SES) that operates only in water. The SES has side walls
which are immersed in water, thereby sealing the aerostatic pressure at the sides. The loss of
aerostatic pressure at the ends is minimised by providing inflated flexible skirts at the bow and the
stern of the craft. The aerostatic pressure is generated and maintained by one or more fans whose
discharge is directed into the air cushion. The all-up weight of an SES is supported primarily by the
aerostatic pressure and to a lesser extent by the buoyancy of the immersed side walls. Since there is no
leakage of air from the sides and a minimal loss from the fore and aft ends of the craft, the lift power
required by an SES is significantly less than that required by an ACV in which air can leak from all
round the periphery of the air cushion. The possibility of having a higher cushion pressure supporting
a larger payload has allowed the size of an SES to be increased more easily than that of an ACV. The
side hulls of an SES enhance stability and manoeuvrability. Also, it is possible to install conventional
propellers or waterjets which require a smaller machinery space compared to that required by air
propellers used in ACVs. Speeds in excess of 80 knots have been achieved by surface effect vehicles.
High speed and improved seakeeping make the SES and its variants ideal craft for many operations.
A wing-in-ground (WIG) craft is a vessel with foils that cruises just above the water surface. Unlike
an air cushion vessel where the all-up weight is supported by a self-generated aerostatic cushion, a
wing-in-ground effect craft operates on an air cushion that is generated by the aerodynamic
interaction of the wings moving very close to the water surface. This interaction is called ground
effect. A WIG craft floats on a cushion of relatively high pressure air between its wings and the water
surface. When a wing operates close to the surface of water there is a span dominated ground effect
which results in a reduction of induced drag and a chord dominated ground effect that causes an
increase in lift. A WIG craft is specially designed to take advantage of the ground effect. Therefore, it
always flies close to the surface. Although it is called ground effect, most WIG vehicles only operate
over water, although some are amphibious.
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In the last few decades, there has been considerable interest in the development of high speed
catamarans particularly for passenger transportation, Armstrong (2004). A catamaran can fulfil most
of the requirements for high speed passenger transportation, as its main advantages over a single hull
vessel are large deck area, box shaped superstructures, good transverse stability, good course keeping
and manoeuvrability and high speed at low powers in some speed ranges. Low draft and low
structural weight may also be obtained. The individual hulls of a catamaran may be symmetrical about
their respective centre lines or asymmetric. Asymmetric demi-hulls can be advantageous for
propulsion when placed close together to give a tunnel of uniform width. Since each demi-hull is very
narrow, wave resistance is small. High speed catamarans have demi-hulls of a semi-planing or fully
planing form with V sections and transom sterns. The wetted surface of a catamaran is always greater
than that of a mono-hull of the same displacement. The resistance of a twin hull ship at low speeds is
therefore generally greater than that of an equivalent mono-hull. However, at higher speeds where the
residuary resistance becomes increasingly important, this disadvantage is overcome and finally there
is a resistance advantage to catamarans at sufficiently high Froude numbers. This generalization does
not apply where the proportions of each demi-hull are distorted in order to obtain adequate stability or
where very shallow operating conditions require excessive beam-draft ratios. The manoeuvrability
and directional control of a catamaran is good because of the wide separation between the propellers
in each of the two demi-hulls. The seakeeping performance, however, is not very good, particularly in
bow seas when pitch and heave motions tend to be excessive. Roll amplitudes can be small because of
large metacentric heights, but frequencies and accelerations are high. A typical catamaran ferry may
have a length of 50 m with a displacement of 300 tonnes and carry 500 passengers at speeds up to 40
knots.
A number of hybrid vessels have also been built or are being developed. These vessels make use of a
combination of hydrostatic, hydrodynamic, aerostatic and aerodynamic lifts, sometimes in association
with multiple narrow hulls. Concepts of hydrofoil air cushion ships for efficient ride control and use
of submerged cylindrical hulls in hydrofoil craft to achieve a longer range are some of the hybrid
vessels under development.
3. Calm Water Performance of High Speed Vessel
Goubalt and Allison (2004) have represented the various types of high speed craft in the form of a
pyramid. However, the present authors prefer to present the same concept in the form of a cone,
Figure 1(a). The apex of the cone indicates a displacement craft where the entire weight is supported
only by buoyancy. The horizontal axis represents the buoyant force which is zero at the base of the
cone and increases to 100 (as a percentage) at the apex. The three rays along the surface of the cone
represent the three types of lift - aerodynamic lift, aerostatic lift and hydrodynamic lift - which are
100 percent at the base of the cone and indicate WIG craft, hovercraft and hydrofoil craft with fully
submerged foils respectively. As one moves from the base towards the apex, the buoyant lift
increases and one gets planing craft, surface effect ships and hydrofoil craft with surface piercing
foils. The advantage of such a representation is that one can also represent hybrid craft in this
diagram combining the various types of lift supporting the all-up weight.
As one endeavours to reduce the resistance by lifting the vessel out of water, the seakeeping
behaviour usually deteriorates till such time that the vessel is fully out of water. As the vessel comes
out of water and moves over the water surface, its seakeeping behaviour improves although it is
affected by the disturbance at the surface of water. For good seakeeping behaviour of the vessel, it is
necessary to control the lift (other than buoyancy). This may require controlling the camber of the
wings in a WIG craft, the air flow to the cushion in an SES or ACV, and the angle of attack of the
foils in a hydrofoil craft. The control mechanism becomes increasingly more complicated as the
vessel is supported to a greater extent by means other than buoyancy. Thus the vessel becomes more
expensive as one moves from the apex of the cone towards the base. This is shown in Figure 1(b).
A tabular representation of Figures 1(a) and 1(b) is given in Table 1.
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Figure 1: Representation of High Speed Craft in the Form of a Surface of a Cone

Table 1: High Speed Characteristics of Various Types of Monohull Vessels
!
"
*
,
.
.

12
3

#$$

$

$

$

$%
#&'$%
(

)

$

#$$

$

$

+%
$ '(%
$

*

+$

-$

$

$

#%
&'(%
$

*

+$

$

$

-$

$%
&'+%
$

#$

$

$

/$

#%
$ '0%
$

$

$

$

#$$

$

$

#$$

$

""

""

#%
&'(%
$

""

""

+%
$ '&%
$

""

""

Models of various high speed vessels with lengths between 2 and 4 m have been manufactured and
tested for calm water resistance in the High Speed Towing Tank of the Hydrodynamics Research
Wing of the Naval Science and Technological Laboratory (NSTL), Visakhapatnam. Figure 2 shows
these models and gives their all-up weights and lengths. The towing speed in these tests has been
constrained by the capacity of the resistance dynamometer. Figure 3 shows a comparison of the
resistance characteristics of these models of various types of high speed craft which have been
designed for a displacement Froude number of around 2.6. The following can be observed from
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Figure 3:
(i) At non-planing speeds with displacement Froude numbers less than 1.2, the round bottom craft is
better than the craft with the hard chine form. Further, the hydrofoil craft with surface piercing
foils is worse than the one with fully submerged foils.
(ii) At semi-planing speeds with displacement Froude numbers less than 2.5, both the single hull and
the twin hull round bottom craft perform much better than the other types of high speed craft.
However, the trend in the resistance curves indicates a sharp rise in the specific resistance for
displacement Froude numbers greater than 2.5. Therefore, the speeds of these round bottom
craft cannot be increased beyond this limit.
(iii) Both the single hull and the twin hull planing craft have excellent resistance characteristics for
speeds corresponding to displacement Froude numbers greater than 2.5, the twin hull craft being
slightly better. The resistance characteristics of the hydrofoil boats show that fully submerged
foils have a better performance than surface piercing foils.
(iv) The resistance of both types of hydrofoil craft reaches a minimum at the speed at which the craft
becomes fully foil-borne, a further increase in speed causing an increase in resistance. The
hydrofoil craft in the foil-borne condition has better resistance characteristics than the planing
craft.
(v) Before becoming foil-borne, the resistance curve of the hydrofoil craft has a pronounced hump
which can be reduced or shifted along the speed axis by proper design.

Planing craft
Model all-up-weight = 84 kg; Lwl = 2.17m

Semi displacement craft
Model all-up-weight = 231.5 kg; Lwl = 4.05m

Fully submerged hydrofoil
Model all-up-weight = 84 kg; Lwl = 2.17m

Surface piercing hydrofoil
Model all-up-weight = 84 kg; Lwl = 2.17m

Round bottom catamaran (s/L =0.3)
Planing Catamaran (s/L = 0.3)
Model all-up-weight = 183 kg; Lwl = 3.36m
Model all-up-weight = 122 kg; Lwl = 2.17m
Figure 2: Model tests of different conventional high speed vessels
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Figure 3: Resistance to weight curves for conventional high speed vessels
Dynamically supported craft such as planing craft and hydrofoil craft have a significant “hump” drag
at speeds just before the vessel moves from the buoyancy supported zone to the dynamically
supported zone. The dynamic lift of such craft is dependent on speed, and an increase in speed
provides a higher lift. Such vessels are very sensitive to environmental conditions, and in the absence
of a ride control mechanism, their utility as seagoing vessels is severely limited by their poor
seakeeping abilities. Catamarans offer good transverse stability and seakeeping qualities, but as their
support is primarily buoyancy, they have to be supported by dynamic means to fully optimise their
potential.
A project has been undertaken at the NSTL for the development of hybrid vessels using a
combination of lift producing devices so as to achieve a lower resistance-weight ratio and also to
reduce the hump resistance at intermediate speeds, thereby allowing these craft to operate effectively
at both intermediate speeds and the maximum speed. The hydrodynamic development of two such
hybrid vessels is described in the following sections.
4. Foil Catamaran (FOILCAT)
The aim of the investigation was to develop a 30 m long hybrid vessel of around 240 tonnes all-up
weight capable of achieving a speed in excess of 55 knots. For this purpose, a high speed wave
piercing catamaran vessel concept was investigated, in which the all-up weight is supported by the lift
generated by a pair of fixed submerged hydrofoils.
Initial designs of the demi-hulls were based on the thin hull catamaran concept, Miyata (1989), with a
flat planing deck separating the two hulls. The thin hulls were of a wave piercing form providing low
wave making drag in the non-planing zone. The variation in the buoyancy with immersion was not
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very large, thereby improving the seakeeping performance. Further, the separation of the hulls was
selected based on the required deck area and from previous experiments with planing catamarans
which had indicated that the ideal s/L ratio (i.e. ratio of the distance between the two demi-hull
centrelines to the length of catamaran) should be greater than 0.26 for minimum interference between
the demi-hull wave systems, Sha et al (2002). Based on these results, and the operational requirements
for deck area, an s/L ratio of 0.27 was selected. In the static condition, the waterline was above the
bottom of the connecting deck structure. This enabled the cross-deck to provide hydrodynamic
(planing) lift, resulting in a smooth take-off at intermediate speeds before the hydrofoils became fully
effective. Two NACA 66-215 foil sections were selected for the forward and aft foils to be fitted at
the keel line and having spans extending between the inner sides of the port and starboard demi-hulls.
The vessel was designed such that at its design speed about 80 percent of the all-up weight would be
supported by the lift generated by the two hydrofoils and the remaining 20 percent by the buoyancy of
the demi-hulls. From general arrangement considerations (engine and propulsion system being located
aft), it was decided that the aft foil would be the primary load-carrying member and the forward foil
would act as the secondary load-carrying member and also as a trim control device. The chord
lengths, angles of attack and the longitudinal locations of the aft and forward foils were determined so
as to minimise the resistance at the design speed and also the resistance at the hump speed. The
hydrodynamic (planing) lift provided by the cross-deck structure prior to take-off ensured that the
hump drag, which is very prominent in a conventional hydrofoil craft, was kept to a minimum. The
angle of attack of the foils was selected such that in the fully foil-borne mode the craft would operate
with minimum trim. This exercise ensured that the requirements of installed propulsive power would
not be dictated by the hump drag and that the vessel would operate effectively at both intermediate
and design speeds. A number of features were introduced in the hull form so at to enhance its
hydrodynamic performance. These included a 6 degree triangular stern wedge (about 6 percent of Lwl)
at the after end of the cross-deck and triangular spray rails whose length and location were chosen so
as to reduce the resistance mainly near the hump speed. Finally, the cross-deck was modified by
adding a wave-piercing form at the bow for better seakeeping performance at both intermediate and
design speeds, INCAT (1994). The optimised resistance/weight curve for the foil assisted catamaran
is shown in Figure 4. Figure 5 shows a 1:6.5 scale model of the foil assisted high speed catamaran
(FOILCAT). Figure 6 shows the same model during tests at the High Speed Towing Tank of NSTL.
Details of the development of the FOILCAT hull form may be obtained from Srinivasan et al (2006).
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Figure 4: Resistance to Weight of the proposed FOILCAT and SECAT models.
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Figure 5: FOILCAT (1:6.5 Model)
Model all-up-weight = 32 kg; Lwl = 1.5 m

Figure 6: Model test of the FOILCAT at HSTT

Although a 30 m long full-scale vessel was conceptualised from these model tests, it was decided to
build a prototype 1:3 scale 10 m vessel for technology demonstration and to correlate the model
studies with the full-scale operating conditions. The 10 m prototype has been designed and built and is
now undergoing trials. Figure 7 shows the 10 m prototype foil assisted catamaran.

Figure 7: FOILCAT 10 metres prototype being lowered in water
5. Surface Effect Catamaran (SECAT)
The objective of this exercise was to develop a viable concept for an aerostatic lift supported high
speed hybrid vessel capable of operating at speeds in excess of 55 knots and having an all-up weight
of around 180 tonnes. It was also felt that such a vessel should have good hydrodynamic performance
not only at its design speed but also over a wide range of intermediate speeds. A hybrid concept was
thought of in which the hydrodynamic characteristic of a surface effect ship (SES) were combined
with those of a high speed catamaran. The surface effect catamaran (SECAT) is such a concept that
has two air cushions in tandem and four relatively thin side-hulls.
A detailed study was carried out of the different components of the hydrodynamic drag of an SES and
an equivalent SECAT, Sha et al (2003). This study showed that in an aerostatic supported craft of
given displacement, cushion area and cushion pressure, an increase in the length-breadth ratio of the
cushion lowers wave making resistance substantially except at very high speeds, where a higher
cushion length-breadth ratio increases the wave making resistance slightly. The calculations indicated

320

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

that the SECAT has favourable hydrodynamic characteristics up to about 45 knots. However, at
higher speeds the SECAT appears to have no particular advantage over the SES. It may be noted here
that the total installed power in such a vessel will include the propulsive power as well as the lift
power to generate and maintain the air cushion. Preliminary fan power calculations (not given in this
paper) have indicated that the lift power for the SECAT will be about 10 to 15 percent lower than for
the SES.
Depending on the mission requirements there can be two modes of operations for an SES and a
SECAT: an off-cushion mode (intermediate speed) and an on-cushion mode (design speed). The SES
has a large difference in speed between the two modes: the off-cushion speed can be as low as 10 to
20 knots. However, the SECAT with its relatively thinner side hulls can operate as a high speed
catamaran in the off-cushion mode and as an SES in the on-cushion mode. The SECAT has an
advantage where the mission requirement is such that the craft has to operate largely at intermediate
speeds. The cushion height in the SECAT is normally large, resulting in an improved off-cushion (low
speed) performance as well as an improved on-cushion (high speed) performance. For a vessel that
has two modes of operation, a SECAT is therefore a more favourable design option than a
conventional SES. Finally, further improvements in the hydrodynamic performance of a SECAT can
be made by providing a short planing surface at the fore end as this will prevent the escape of
aerostatic pressure from the bow, and by fitting hydrofoils between the two hulls, ACS (2003).
A model of 1:9 scale of this concept has been tested in the High Speed Towing Tank of NSTL. A
demi-hull of the SECAT is shown in Figure 8. The SECAT model under test is shown in Figure 9.
The resistance curve of the SECAT has been shown earlier in Figure 3, along with the FOILCAT
results. Currently, efforts are being made to modify the bow shape and thereby reduce the
hydrodynamic drag beyond a displacement Froude number of 2.6. The possibility of fitting foils
between the two demi-hulls is being investigated. Efforts are also being made to design the crossstructure and the superstructure of the SECAT in a manner that additional lift can be generated using
the principle of wing-in-ground effect.

Figure 8: SECAT (Model scale 1:9)
Model all-up-weight = 92 kg; Lwl = 3.26m

Figure 9: Model test of the SECAT at HSTT

6. Conclusion
High speed mono-hull vessels, where the all-up-weight is supported by any one of the lift generating
mechanisms, have severe limitations when it has to operated at high speed and payload regimes. Most
of these vessels at high speeds have poor seakeeping ability (planing craft) or have complex operation
and control mechanism (hydrofoil vessel). Therefore, the way forward to achieve the objectives of a
modern high speed craft (high speed, range, payload and deck area, good seakeeping behaviour and
reduced operational and control complexity) is to develop hybrid vessels wherein a combination of lift
generating devices are used. The hydrodynamic design of two such vessels (FOILCAT and SECAT)
has been carried out. The designs have been model tested and the model test results are satisfactory. A
10 metre prototype of the FOILCAT has been fabricated and is currently undergoing tests to correlate
the model tests with full-scale studies. The model hull form of SECAT is also under modification to
improve its performance at high speeds. Efforts are also being made to make use of aerodynamic lift
(wing-in-ground-effect) from the cross-structure of both the FOILCAT and SEACAT
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Abstract
Vessel motion is an aspect of design that requires a high degree of consideration with regard to
passenger comfort. Within the last two decades, extensive research work has resulted in development
of numerical and analytical methods for the prediction of heave and pitch motions of catamaran hull
forms. However, in the recent past, there appears to be a strong interest in the development of
trimaran hull forms. Investigations have shown that little research has been conducted on such hull
forms to reduce their motions in heave and pitch. In this paper, we will investigate the effect of the
(longitudinal) stagger of the sidehulls on the motions in heave and pitch of a representative trimaran
hull.
In order to quantify the effects of longitudinal stagger of the sidehulls (outriggers) with respect to the
centrehull, experimental investigations were undertaken at the Australian Maritime College Ship
Hydrodynamic Centre (AMCSHC). A round-bilge high-speed hull form model of the AMECRC
systematic series was constructed and subjected to extensive experimental analysis as well as
computer simulations (HYDROS) for four different longitudinal stagger positions. The investigations
demonstrated that this variation and the resulting variation in the radius of gyration could have a
significant effect on the heave and pitch motions. The literature survey indicated that, to date,
investigations on trimaran hull forms have been confined to determining the effect of transverse and
longitudinal positions of the sidehulls only on the resistance characteristics. The investigations
undertaken within the scope of this paper provide a starting point to investigate the effect of the
trimaran’s sidehull position on the motions of the vessel.
1. Introduction
Within the marine industry, the trend towards larger high-speed vessels, in conjunction with widely
available modern production technologies, has led to increasing utilization of trimaran hull forms.
There is, however, a limited amount of research data available which focuses on the seakeeping
aspects of this relatively new concept. This paper constitutes a focus on the effect of the longitudinal
position of the sidehulls (outriggers) on the wave-induced motion characteristics of a trimaran hull
form. We also present here a comparison of the results of over four hundred experimental model test
runs with a theoretical approach using HYDROS.
The comparison between the model tests and the theoretical results has been conducted with the intent
of validating the theoretical capacity of this software to predict the motion characteristics of trimaran
hull forms over a range of wave frequencies and Froude numbers.
2. Literature Review
A comprehensive literature review spanning over three decades has been provided by Sahoo and
Doctors (2004) on motion characteristics of catamaran hull forms. They have presented results for
heave and pitch motions in head seas for typical catamaran hull forms used in the high-speed ferry
industry around the world. Theoretical results were obtained from the strip-theory method used by the
computer program SEAKEEPER (2003) and HYDROS, a program that encompasses more accurately
hull form section calculations.
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Close correlation was demonstrated for the non-dimensional heave and pitch responses between the
two methods. These results were validated by experimental work carried out at the AMCSHC on a
typical catamaran hull form. It was shown that the trends predicted by SEAKEEPER (2003) and
HYDROS are quite consistent with experimental results. However, HYDROS tended to correlate
considerably better with experimental results than SEAKEEPER (2003).
The authors acknowledge that for a practising naval architect, strip-theory predictions for motions
used by SEAKEEPER (2003) would be sufficient for initial motion predictions at Froude numbers
less than 0.5. However, predictions of the peak resonant responses were generally too high by at least
a factor of 2.0. Motions predicted by HYDROS suggested that it is better than SEAKEEPER (2003) at
both the lower and higher Froude numbers of interest.
McGoldrick (2002) attempted to develop a relationship between the main parameters of catamaran
hull forms and the resulting vessel response in heave and pitch in an irregular seaway. The
calculations used were based on slender-body theory, in which the basic assumptions of strip theory
used by the computer program SEAKEEPER (2003) were used to determine the added mass, damping
and restoring coefficients. The results obtained were validated through experimental work undertaken
at the AMCSHC. A regression analysis was performed on the results from the theoretical calculations
which could then be used for motion analysis of catamaran hull forms in the initial design stage.
Ballantyne (2005) conducted research to analyse the effects of altering the separation of the LCB and
the LCF on wave-induced motions of semi-SWATH hull forms. Furthermore, the effect of the radius
of gyration on the heave and pitch motions was also reviewed. A systematic series of three hull forms
was derived from a parent hull form using a predetermined shift in an underwater appendage to create
a range of separations between the LCB and LCF. These three hulls were then subjected to
experimental and theoretical analysis.
The models were tested against full-scale wave encounter frequencies between 0.1 Hz and 0.9 Hz and
for Froude numbers between 0.33 and 1.0. All Froude numbers and wave frequencies were tested at
two wave heights, corresponding to full-scale wave heights of 0.5 m and 1.0 m. From the study, it was
found that the response amplitude operator (RAO) curves for heave and pitch decreased as the LCBLCF separation increased at Froude numbers of 0.66 and 1.00. On the other hand, at a Froude number
of 0.33, the reverse behaviour was experienced. That is, in the latter case, the pitch magnitudes
decreased as the LCB-LCF separation decreased.
The theoretical investigations showed that any separation between the LCB and LCF, resulting in an
increased longitudinal radius of gyration, produced lower heave and pitch natural frequencies. Results
obtained from the theoretical prediction tool SEAKEEPER (2003), based on strip theory, were found
to correlate reasonably well with those obtained experimentally at lower Froude numbers. However,
at higher Froude numbers, overestimations in the predictions of the responses were noticed. This
conclusion had already been arrived at by Sahoo and Doctors (2004).
The authors note that little work has been carried out in the area of seakeeping of trimarans. The
literature on the motions of multihulls is generally confined to catamarans. Moreover, the relevance of
catamarans to the present paper on trimarans is that the hydrodynamic interference effects between
the sidehulls and the centrehull are physically similar. Consequently, the same software can be used.
3. Experimental Work
3.1 Trimaran Model
The trimaran model consists of a single hull form with scaled-down sidehulls. The centrehull is of
round-bilge design with a transom stern designed for operation as a high-speed displacement hull
form. The model was based on Model 9 of the AMECRC systematic series. The geometrically scaled
ratio between sidehull and centrehull is 0.459. The lines plan of Model 9 and relevant model
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Figure 1: Lines and Body Plan of Trimaran Model based on AMECRC Model 9
Table 1: Particulars of AMECRC Monohull Model 9
Item
Symbol
Value
Displacement mass
12.801 kg
1
Waterline length
L1
1.596 m
Waterline beam
B1
0.2002 m
Draft
T1
0.08046 m
Waterplane-area coefficient
CWP
0.7958
Maximum section coefficient
CM
0.7996
Block coefficient
CB
0.4990
Prismatic coefficient
CP
0.6240
1/3
Slenderness coefficient
6.817
L1/∇1
particulars are shown in Figure 1 and Table 1 respectively. Details of the experimental work with
various longitudinal positions of the outriggers are shown in Figure 2 and Table 2, respectively. A
pictorial view of the hull is presented in Figure 3.
It may be noted that stagger ratio r2/L1= 0.0 implies that the transom of the outrigger is in line with the
transom of the centrehull and the stagger of the outriggers is measured from the stern of the centrehull
(positive forward). While variation in the transverse separation ratio would have allowed for a more
complete analysis, time constraints limited the experimental testing. Hence, a single transverse
separation ratio s/L1 of 0.4, as shown in Figure 2, was tested. It is agreed that the model size is rather
small and this small size may play a major role in resistance determination. However, this will not be
the case for motions, where the Reynolds number plays an insignificant role.
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Figure 2: Layout of Trimaran Indicating the Stagger Positions
Table 2: Details of Model Experiments
Item
Symbol
Value
Sidehull scale
L2/L1
0.4590
Sidehull stagger
r2/L1
0.0, -0.1, -0.2, -0.3
Sidehull spacing
s/L1
0.4
Froude Number
F1
0.3, 0.4, 0.5, 0.6
Wave Amplitude
A0/L1
0.00625, 0.0125
3.2 Test Program
Each of the models was tested at Froude numbers of 0.3, 0.4, 0.5 and 0.6. The corresponding carriage
speeds were 1.189 m/s, 1.585 m/s, 1.981 m/s and 2.377 m/s, respectively. The models were also tested
in waves of height of 20 mm and 40 mm. Up to 15 wave frequencies were tested ranging from 0.4 Hz
(2.5 rad/s) to 1.2 Hz (7.5 rad/s) in increments of 0.1 Hz (0.63 rad/s), decreasing to increments of
0.025 Hz (0.16 rad/s) in the vicinity of the resonant peaks. This would provide a smooth plot and
allow for cross-checking the results.
There were altogether 32 test conditions with four stagger positions, as shown in Table 2. Only
negative sidehull stagger was considered, because it was correctly anticipated that this would reduce
motions. Additionally, it was known that the resistance would also be lower, as shown by Doctors and
Scrace (2003). However, the resistance aspect was not studied here. For comparative analysis, an
equivalent monohull configuration was also tested.
3.3 Model Setup
Due to the lack of experimental investigations with regard to seakeeping of a trimaran hull form, there
are few published suggestions governing the values for their radius of gyration. It was decided to set
up the pitch radius of gyration of Model 9, with r2/L1= 0.0, to the value widely suggested for monohulls, namely 25% of the overall length. To achieve this, the model firstly had to be weighed to
determine the amount of ballast required to represent the weight of the hull which would include the
weights and corresponding moments of inertia of the carriage instruments. Once the model was
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Figure 3: Pictorial View of AMECRC Monohull Model 9
connected to the carriage, these weights would be replaced by the appropriate measuring instruments.
After the desired pitch radius of gyration for Model 9 with r2/L1= 0.0 was achieved, it was decided to
keep the ballast mass distribution constant throughout the subsequent stagger configurations.
The result would be a pitch radius of gyration variation between configurations. This was considered
more realistic than maintaining the 25% overall length concept for monohulls. This is because, in
practice, the location of the outriggers will have an effect on the vessel radius of gyration in pitch and
yaw. Even keel was maintained throughout by using independently neutrally buoyant outriggers.
These eliminated the need to re-ballast for trim as the sidehulls were moved forward or aft.
For conventional monohulls, it is common practice to assume that the pitch radius of gyration will be
similar to the radius of gyration in yaw. Experimental work, however, indicated that this assumption
would be inaccurate for a trimaran configuration, where the pitch radius of gyration was, in fact, less
than the yaw radius of gyration. While the percentage difference was only around 3%, it was
considered important - especially at this early stage of the test procedure - that inaccuracies be
minimized. To obtain a true pitch radius of gyration, the bifilar method was employed with the model
suspended on its side such that it rotated about its transverse axis.
4. Theoretical Methodology
4.1 Multihull Strip Theory
The multihull concept is a relatively new development that has introduced additional variables in the
prediction of the behaviour of the vessel. This has become a limiting factor for some popular motionprediction computer software. Doctors (1988) has, however, overcome this limitation with HYDROS,
a program capable of handling multihull vessels. HYDROS was thus used here for the theoretical
motion prediction of the trimaran model. A comparison between the theoretical and experimental
results obtained would then provide an evaluation of the capacity of the program to accurately predict
trimaran motion characteristics.
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4.2 Numerical Implementation
The HYDROS software uses a sophisticated boundary-element method for the computation of the
added mass and damping of the ship sections. The method requires the integration of the elementary
pulsating source function over both the source elements and the field elements. The result of this is
that, as the number of elements is increased, the process rapidly converges. Additionally, an artificial
“lid” is applied to the internal free surface of the ship section. This was explained in detail by Doctors
(1988). The artificial lid will eliminate any poor behaviour of the calculation resulting from illconditioning of the equations near the irregular frequencies.
The actual ship-motion theory is based on the strip-theory method of Salvesen, Tuck and Faltinsen
(1970). Traditionally, limitations of the method include an inability to handle multihull vessels.
Enhancements of the method have alleviated this enabling analysis of multihull vessels which can be
achieved in two ways. In the first method, the hydrodynamics of the individual sub-hulls are
considered separately, ignoring any wave interactions. This method is more suitable for high-speed
applications where interference will, in practice, be small. Alternatively, for low-speed applications,
the strip theory can be applied to all of the sub-hulls at once. More details of the software were
published by Doctors (1993).
5. Results and Analysis
5.1 Presentation of Data
The data obtained from the tank testing was used to produce transfer functions for heave and pitch for
each condition tested. The transfer functions produced were non-dimensionalised with respect to the
wave amplitude for heave and the wave slope amplitude for pitch, as follows:
Heave RAO = A3/A0

and

Pitch RAO = A5/k0 A0

These were plotted against model-scale wave encounter frequency
dimensionalised with respect to g and L1.

(rad/s) which was non-

The model length used in the non-dimensionalisation of encounter frequencies was taken as the
waterline length of the centrehull only, which is 1.6 m in this case. This would enable comparative
analysis between models while keeping the Froude number constant with respect to length.
Additionally, for comparative purposes, a common reference point is required when comparing
experimental data. Typically this point is taken as the LCG of the model. However, the longitudinal
shift of the sidehulls produced a variation in the position of the LCG. Analysis about this point would
thus result in experimental data that could not be compared. To resolve this, a common reference
point was taken as the LCG of Model 9 with stagger position of -0.2. HYDROS, however, is currently
coded to calculate the transfer functions with respect to the centre of gravity of the model. Therefore,
to enable comparative analysis between the experimental and theoretical results, a reference point at
the respective LCG of each model was also required for these investigations. The difference between
the results from the two reference points was, however, found to be small, and analysis about both
reference points have, where appropriate, been compared graphically for illustrative purposes.
5.2 Data Analysis
Figures 4 through 7 display the heave and pitch transfer functions obtained for each stagger position,
respectively. Each plot includes the full range of Froude numbers and wave heights indicated earlier
in this paper. All the results pertain to the case of head seas.
As mentioned, an assumption used by linear strip theory is that above the still waterline, the geometry

328

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Figure 4(a): Influence of Froude Number on Heave for Sidehull Stagger r2/L1 = 0.0

Figure 4(b): Influence of Froude Number on Heave for Sidehull Stagger r2/L1 = 0.0

of the model is irrelevant. This assumption is known as linearity. Theoretical calculations of the
exciting and restoring forces thus neglect the effect of variations in the hull-form above the waterline such as hull flare or angled transoms. This would produce similarity in the theoretical transfer
functions of a model for different wave heights at a particular Froude number. For certain models,
such as those possessing a large degree of flare, this has been found to be inaccurate. Since these
models were experimentally tested at two wave heights, the validity of this assumption could be
examined.
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Figure 5(a): Influence of Froude Number on Heave for Sidehull Stagger r2/L1 = -0.1

Figure 5(b): Influence of Froude Number on Pitch for Sidehull Stagger r2/L1 = -0.1

Figures 4 through 7 illustrate the similarity between the heave and pitch responses of the model, for
each of the four stagger positions, at the two different non-dimensional wave amplitudes of 0.00625
and 0.0125 (corresponding to 20 mm and 40 mm wave heights, respectively). This similarity suggests
that, within the range wave heights tested, linearity is a valid assumption for the strip theory method
employed.
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Figure 6(a): Influence of Froude Number on Heave for Sidehull Stagger r2/L1 = -0.2

Figure 6(b): Influence of Froude Number on Pitch for Sidehull Stagger r2/L1 = -0.2
upper flare and the resulting hydrostatic restoring forces and hydrodynamic forces on the seakeeping
characteristics of the vessel. The subject trimaran hull form tested incorporates a moderate degree of
Therefore, the main concern centres on these minor discrepancies in the transfer functions between
wave heights, which are apparent around the resonant peaks. This is possibly due to the influence of
flare in the bow which, during immersion, will produce an increasing restoring force. In addition, the
non-linearity illustrated in the graphs could also be related to the emergence of the transom and fore
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Figure 7(a): Influence of Froude Number on Heave for Sidehull Stagger r2/L1 = -0.3

Figure 7(b): Influence of Froude Number on Pitch for Sidehull Stagger r2/L1 = -0.3
foot at the (greater) 40mm wave heights. Figure 8 depicts an instant during the motion where
geometric nonlinearities may have been experienced. Fairly close agreement for each Froude number
between the two wave heights was, however, expected due to the relatively small difference between
the wave heights under consideration.
The response for the monohull is shown in the two parts of Figure 9. In a comparison between the
transfer functions of the monohull and the trimaran, it is evident that the magnitudes of the
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Figure 8: Forefoot Emergence of Model 9 at F1 0.5 in 40 mm waves (r2/L1= - 0.2)
transfer functions for heave and pitch for any of the trimaran configurations are less than those of the
equivalent monohull. In particular, a rapid reduction of the response in pitch directly after the resonant
peak, which more rapid than for the equivalent monohull, is evident. This reduction may be attributed
to constructive interference between the outriggers of either incident or reflected waves which could
be occurring around the resonant peak. In these frequency ranges, the motion responses in both heave
and pitch become significantly less then for the monohull.
This is a significant result, suggesting that a favourable transfer function can be obtained with the
addition of sidehulls to a monohull.
Figure 10(a) and Figure 10(b) show the influence of sidehull stagger more clearly than in the earlier
figures. Except in some very small regions of the encounter-frequency range, the effect of shifting the
sidehulls aft is to dramatically reduce both the heave and pitch motions. This is demonstrated very
clearly by the theory, which has the advantage of generating very smooth and easy-to-discern curves.
The experiments demonstrate the same point. Of course, the usual scatter in the experimental data
makes it more difficult to visually observe this fact from the plots.
5.3 Comparison of Theoretical and Experimental Results
Figure 6 through Figure 10 also present a comparison between the results obtained by experimental
testing and those obtained theoretically, using HYDROS. This provided an indication of the
effectiveness of HYDROS to predict the motion characteristics of the trimaran models.
The theoretical motion characteristic predictions for heave correlate very well with the experimental
data for all Froude numbers over the entire range of wave encounter frequencies tested. The resonant
frequencies and the magnitude of the response in particular have been accurately determined. This
suggests that the calculations for the added mass, damping and restoring coefficients in heave are
valid.
The theoretical predictions made by HYDROS for pitch-motion characteristics correlate well with the
experimental data, particularly at the higher wave encounter frequencies. The frequency at which
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Figure 9(a): Influence of Froude Number on Heave for Monohull

Figure 9(b): Influence of Froude Number on Pitch for Monohull
resonance occurs has been accurately predicted by HYDROS. However, the magnitude of the
resonant response has been significantly underestimated.
6. Conclusions
The experimental analysis suggested that the position of the trimaran outriggers will have a significant
effect on vessel motion characteristics. It was found that response magnitudes for both heave and
pitch decreased with aftward shifts in the outrigger position. This trend was consistent over the range
monohull would have a reducing effect on the motion characteristics of the vessel. This effect on
seakeeping performance could be attributed to either the increase in the pitch radius of gyration
associated with longitudinal shifts of the outriggers towards the aft, or the different hydrodynamic
interference effects for each configuration of longitudinal spacings.
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Figure 10(a): Influence of Sidehull Stagger on Heave for Froude Number F1 = 0.5

Figure 10(b): Influence of Sidehull Stagger on Pitch for Froude Number F1 = 0.5

Furthermore, it is recognised that the shifts in the longitudinal position of the sidehulls produced an
increase in the overall length of the model. While a model length was not required for the nondimensionalisation of the heave or pitch RAOs, non-dimensionalisation of the wave encounter
frequency did require a value for the model length. For comparative purposes, this length was taken as
the (constant) waterline length of the centrehull (1.6 metres) for all models tested. The point here is
that the plots would appear differently if one instead used the (variable) overall model length for the
purpose of non-dimensionalisation.
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The comparison of the results obtained experimentally and theoretically has shown that there is
significant validity in using appropriate theoretical methods in order to reduce resources spent in
design. Theoretically obtained wave -induced motion characteristics were found to correlate well with
those obtained experimentally for each model over the range of Froude numbers tested. This
correlation was particularly evident for heave motions while those for pitch were generally
underestimated near resonance.
7. Nomenclature
B1
B2
CB
CM
CP

Beam of centrehull
Beam of outrigger
Block coefficient
Midship section coefficient
Prismatic coefficient

CWP

Waterplane-area coefficient

A0
g
k0
∆1
AMECRC

Wave amplitude
Gravitational constant
Wave number, 2 /LW
Displacement of centrehull
Australian Maritime
Engineering CRC

L
L1
L2
T1
s

Waterline length of vessel
Waterline length of centrehull
Waterline length of outrigger
Draft of centrehull
Separation between centreplanes
of outriggers
r2
Longitudinal stagger of
outriggers
A3
Heave amplitude
A5
Pitch amplitude in radians
Encounter radian frequency
ω
Volume
of centrehull
∇1
AMCSHC Australian Maritime College Ship
Hydrodynamic Centre
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Abstract
Marine screw propellers are the main means of ship propulsion. Propeller design aims at
achieving high propulsive efficiency at low levels of vibration and noise, usually with minimum
cavitation. Improvements in propulsion have been proposed to enhance performance and many
concepts have been implemented with varying degrees of success. Computational fluid dynamics
(CFD) has emerged as a potential versatile tool in recent years and has promising applications.
This work investigates the application of CFD to the analysis of openwater test on screw
propellers. The hubless propeller is a new concept and a propeller has been designed with a
rational pitch and chord distribution based on performance considerations, by adapting it from
conventional screw propeller blade geometry for a given application. The analysis brings out
thrust characteristics as well as dynamic aspects of flow in relation with the geometry of the
hubless propeller configuration. The performance characteristics of the hubless propeller are
brought out in terms of improved thrust delivery and torque absorption, though there is no
significant improvement of efficiency at low advance coefficients. The limited quantified data
suggest that the hubless propeller may be considered for higher thrust requirements in
constrained space conditions.
1. Introduction
The concept of the hubless propeller has been conceived in the recent decade; however technical
literature with regard to the performance characteristics of this new concept of propellers is
scanty. In principle, the propeller combines a ring rotor with the propeller blades attached on the
inner face of the rotor and the outer stator is shaped in the form of a nozzle. The rotor is ideally
supported by water lubricated bearings. This concept has many potential advantages namely,
reduced mechanical losses as compared to conventional engine and shaft combination, more
homogeneous inflow to the propeller blades due to the absence of the conventional hub, and the
possibility of higher torque absorption and thrust power delivery. The ring rotor of hubless
propeller, also described in recent literature as rim technology based drive is also projected to
exhibit lower noise levels compared with conventional drives [Odegaard and Samsoe 2006]
The motivation for analyzing the performance of the hubless propeller is primarily to obtain the
hydrodynamic characteristics, without touching upon the mechanical aspects. The first hubless
ring propeller was designed in 1994 by Harbour Branch Oceanographic Institution (HBOI) with
license of technology to ALSTOM/Schilling, research literature is not available in the public
domain. Limited commercial literature is available from website [Bohm and Jensen].
2. Design of hubless propeller
The concept has primarily evolved from the combination of a ring rotor with the propeller blades
mounted from the peripheral inner ring. Therefore the blades are supported at the conventional tip
region and extend as cantilever blades towards the hub. The stator of the motor is outside the
rotor and doubles as the nozzle such as in a Kort nozzle propeller. The ring rotor is held in the
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nozzle stator by water lubricated bearings. The device therefore combines the prime mover along
with the nozzle propeller. From general considerations, the following are the characteristics:
1. It is a direct electric drive and the losses associated with a conventional prime mover
coupled through shafting, are absent.
2. The absence of a conventional hub in the centre could relatively homogenize the inflow
as compared with a conventional propeller system.
3. Due to the nozzle effect, there could be higher torque absorption and thrust delivery by
the device compared with a conventional propeller or nozzle propeller on an equivalent
pitch distribution, diameter and area basis.
4. It may be possible to have higher efficiency when compared with a nozzle propeller on
the same basis.
5. The hubless propeller may be applicable as a low speed, high thrust device and may not
be suited for higher speed, free running condition operation. This is because the integral
motor unit namely the ring rotor and stator surfaces, while augmenting thrust at low
speed, would add to the drag at higher speeds.
The present analysis is confined to hydrodynamic aspects and not the mechanical aspects. There are
no design guidelines available for the hubless propeller, and research literature is scanty. Based
on the relative inflow velocities together with blade root strength considerations, the Wageningen
blade geometry was re-designed with an inversion of the thickness distribution of the sections,
while maintaining the same blade area ratio and pitch angle distribution. The inversion of
thickness distribution is on account of root strength requirement. The pitch angle distribution is
based on circumferential velocity at different radii and therefore modified accordingly. The blade
is attached to the inner periphery of the ring rotor surface. The outer ring forms the stator. Thus
an equivalent hubless propeller configuration was evolved. The width of the ring to which the
blade was attached was taken as half the diameter of the propeller. Figure1 shows the blade
geometry.

Figure 1: Blade geometry with one quadrant of the designed hubless propeller
3. Numerical modelling of open water tests
Numerical studies have been carried out using computational fluid dynamics [FLUENT 6.0.20] to
obtain the open water characteristics of propellers as well as the distribution of pressure on the
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blade surface. This effort involves standardization of the computational grid domain with proper
choice of the grid size and control volume around the propeller under investigation.
The flow around the propeller is complex due to its geometry and the combined rotation and
advancement into water. The availability of numerical techniques and low cost high-speed
computational capability has made a major impact on the analysis of complex flows.
Computational fluid dynamics with regard to these specific applications is still in a process of
evolution, as is evidenced from specific validation studies in current research literature.
It is required to simulate the rotating propeller advancing into undisturbed fluid (under open water
conditions) with consequent absorption of torque by propeller and delivery of thrust due to the
arising pressure difference between the face and back of the propeller blades. The above
characteristics are different for different inflow conditions namely the advance coefficient. The
advance coefficient is a combination of the input revolution of the propeller and the resulting
inward velocity VA. The advance coefficient is represented as J = V A nD , D being diameter of
the propeller. Keeping the propeller revolution constant and varying the forward velocity, the
advance coefficient and consequent performance characteristics can be obtained over a range
from low J values (near bollard pull condition and maximum thrust delivery condition) to high J
values (near high speed free running condition). Depending on the application of the propeller,
the operating condition maybe either of these. The propeller will have associated characteristics
to match the operational requirements. Therefore a low pitch to diameter ratio is characteristically
meant for low speed, high thrust conditions and a high pitch to diameter ratio is characteristically
meant for higher speed free running condition.
3.1 Governing equations
The general conservative form of the Navier – Stokes equation is given below.
Continuity equation,

∂ρ ∂
+
( ρui ) = S m
∂t ∂xi

(3.2)

where = density, ui is the velocity component in the ith direction (i =1,2,3) and
Sm = source terms.
The density is constant in case of incompressible flows. Since the propeller flow has been
considered as steady and incompressible, the continuity equation gets modified as,

∂
( ρ ui ) = 0
∂xi

(3.3)

Momentum equation,

∂ p ∂ τ ij
∂
∂
( ρ ui ) +
( ρ ui u j ) = −
+
+ ρ g i + Fi
∂t
∂ xj
∂ xi ∂ x j
∂ ui ∂ u j
2 ∂ ul
where τ ij is the Reynolds stress tensor = [ µ (
+
)] − µ
δ ij ,
∂ x j ∂ xi
3 ∂ xl
p = static pressure,
gi = gravitational acceleration in the ith direction ,
Fi = external body forces in the ith direction and
δij is the Kronecker delta and is equal to unity when i=j; and zero when i ≠ j.
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The Reynolds-Averaged form of the above momentum equation including the turbulent shear
stresses is given by

∂u
∂
(ρ u i ) + ∂ (ρ u i u j ) = ∂ µ ∂ u i + j − 2 µ ∂ u i
∂t
∂ xj
∂ xj
∂ x j ∂ xi
3 ∂ xi

−

(

∂p
∂
+
− ρ u i′ u ′j
∂ xi ∂ x j

)

(3.5)
'
i

where u is the instantaneous velocity component (i = 1,2, 3).
In order to characterise turbulence, additional conservation equations (or closure equations) for k
(kinetic turbulence energy) and ε (turbulence energy dissipation) are solved.
Rotating Reference Frame
Flow around propellers require it to be modelled in an accelerating reference frame. In such cases, the
acceleration of the coordinate system is included in the equations of motion describing the flow.
Rotating frame problems can be solved either using the absolute velocity, v or the relative velocity,

v r , as the dependent variable. The two velocities are related by the following equation:

(

vr = v − Ω × r

)

(3.6)

where Ω is the angular velocity vector and r is the position vector in the rotating frame.
The continuity equation for both the absolute and relative velocity formulations is given by:

∂ρ ∂
+
( ρ vr ) = S m
∂ t ∂ xi

(3.7)

The left hand side of the momentum equation in rotating reference frame in terms of absolute
velocities become

(

∂
(ρ v ) + ∇ ⋅ (ρ vr v ) + ρ Ω × v
∂t

)

(3.8)

In terms of relative velocities, the left hand side of the momentum equation is given by

(

∂
( ρ v r ) + ∇ ⋅ ( ρ v r v r ) + ρ 2Ω × v r + Ω × Ω × r
∂t

(

)

)

(3.9)

where ρ 2Ω × v r is the Coriolis force.
Absolute reference velocity formulation has been used here.
For closing the above set of equations Standard k - ε model has been used since it is well established
and the most validated turbulence model.
Standard k-ε Model
The standard k-ε model requires the solution of two separate transport equations (kinetic energy
and dissipation) to independently determine the turbulent velocity and length scales.
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3.2 Modelling and meshing geometry
Unstructured tetrahedral cells were generated using the FLUENT pre-processor GAMBIT, to
define the control volume. Since the flow to the propeller is steady in the case of open water
conditions and the four blades are periodically placed at an angular interval of 90 degrees, the
control volume need be modelled around only one blade. The effect of other blades will be taken
care of by imposing periodic boundary condition on the two sides as shown in Figure 2.

Outer Boundary – Wall with slip

D

A
Periodic

Outflow

Velocity
F
inlet
B
E

G

Periodic

Shaft – Wall with no-slip

C

Blade – Wall with no-slip

Z

Y

X

Figure 2: Domain and boundary conditions
A quarter of a cylindrical volume is used to simulate the physical domain. The inlet (ABEF) is at
2.5D upstream, the exit (DCG) at 3.5D downstream; solid surfaces on the blade and hub are
centered at the coordinate system origin and aligned with uniform inflow. The outer boundary
(ADGF) is at 2D from the hub axis and two rotationally periodic boundaries (ABCD and FECG)
at right angles to each other are also used. The domain was chosen depending on literature
(Watanabe et al., 2003) and domain dependence study, the results of which are shown in Table 1.
Table 1: Domain dependence studies

Inlet
boundary

Outlet
boundary

Radial
boundary

Thrust
coefficient at
peak
efficiency

1

1.5D

2.5D

1.5D

0.159

2

2.5D

3.5D

2D

0.145

3

3.0D

3.5D

2D

0.143

Distance from Propeller to

3.3 Grid dependency study
A primary factor in the accuracy of a CFD simulation is the grid or mesh used to discretize the
space around the body geometry. Grid dependent solutions are usually caused by poorly
constructed meshes or by meshes with insufficient resolution. Finding the optimum mesh to make
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the solution independent of grid size is therefore an important step when performing CFD
simulations. Table 2 shows the summary of grid data from the grid dependence studies.
The domain consists of a fine mesh zone near the blade and a coarser one towards the region
away from the blade. For a blade with approximately 1.4m diameter, the mesh generated provides
a spatial resolution of 12mm near the blades surface to 20mm with a growth rate of 10% from the
inner volume surrounding the propeller and building up to a maximum of 60mm at the outer
region of the domain. The grid size and growth rates were fixed based on grid dependence
studies.
Table 2: Grid dependence studies
Mesh size at
propeller blade
surface

Mesh size far from
propeller blade

Total no. of
cells

Thrust coefficient
at peak efficiency

25mm

80mm

17,91,726

0.150

12mm

80mm

26,19,238

0.145

8mm

80mm

54,17,703

0.146

From published data, thrust coefficient at peak efficiency for the investigated propeller is 0.13.
The surface mesh on the propeller was examined for three resolutions. The size function used for
element size in inner volume started with 25mm at the blade and increased at a growth rate of
10% up to 80mm at the outer surfaces of the flow domain. The element size near the propeller
surface is varied for the values of 12mm and 8mm. The maximum mesh size was chosen based on
literature (Watanabe et al., 2003) where maximum mesh size is mentioned as 0.1D. In the present
case, 0.1D = 140mm. Hence 80mm size will provide a finer mesh. The results from the grid
dependence study indicate that a close to optimum mesh for this type of simulation requires a grid
size of 12mm on the propeller surface.
3.4 Boundary conditions
The flow in the given problem is controlled by the boundary conditions pertaining to the wall,
velocity inlet, periodic and outflow imposed on the domain as shown in Figure 1. The velocity
inlet boundary condition is used to define the flow velocity along with all relevant scalar
properties of the flow at the inlet. Velocity magnitude normal to the boundary is incorporated at
the inlet. The outflow boundary condition is used for the outlet. Outflow boundary conditions are
used to model flow exits where the details of the flow velocity and pressure are not known prior
to solving the flow problem. Conditions at outflow boundaries are not defined but extrapolated
from the interior and hence have no impact on the upstream flow. The outflow velocity and
pressure are updated in a manner that is consistent with a fully-developed flow assumption.
Rotationally periodic boundary condition is applied to the orthogonal planes. The application
code treats the flow at a periodic boundary as though the opposing periodic plane is a direct
neighbor to the cells adjacent to the first periodic boundary. Thus, when calculating the flow
through the periodic boundary adjacent to a fluid cell, the flow conditions at the fluid cell
adjacent to the opposite periodic plane are used. This therefore adequately simulates the
interference effects on a propeller blade due to the preceding one.
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In any flow near the walls, the Reynolds number of the flow becomes very low and turbulent
fluctuations are considerably damped. The laminar viscosity starts to play a significant role. In the
present case no slip condition is assumed at the blade surface and allows slip near the top surface.
Standard wall functions are used to calculate the variables at the near wall-cells and the
corresponding quantities on the wall.
3.5 Solver Parameters
Solver parameter settings for the propeller open water simulations including physical constants
are shown in Table 3.
Table 3: Solver Parameters
Parameter

Setting

Solver

3D Segregated, Steady, Implicit

Velocity formulation

Absolute

Viscous model

Standard k-ε Turbulent model

Water density

998.2kg/m3

Water viscosity

0.001003kg/m-s

Pressure discretization

Standard

Momentum discretization

First Order Upwind

Turbulent kinetic energy discretization

First Order Upwind

Turbulence dissipation rate

First Order Upwind

Pressure-velocity coupling

SIMPLE

Blade surface boundary condition

Wall (no slip)

Periodic boundary condition

Symmetry

Outer surface boundary condition

Wall (allows slip)

Water inlet boundary condition

Velocity Inlet : Water at advance speed

Outflow boundary condition

Outflow

The computations were performed on a 64 bit processor SGI Origin 3800 Server (32 GB RAM).
The processing time for a run containing about 2 million tetrahedral cells in the domain, using a
parallel processor (4 cpu) was around 36 to 48 hours for achieving residual convergence
requirement of 1x10-6 in the higher range of advance coefficients, J. In the lower range of J, the
processing time was around 96 to 120 hours.
4. Validation of numerical procedure based on the series data of propeller
A propeller belonging to the B.4. Wageningen screw series was modelled for validation purpose.
The propeller data are given below. The projected view of the 4 bladed propeller is shown in
Figure 3. The fine mesh on the surface of the blade as seen through the outer mesh is shown in
Figure 4 also it incidentally contrasts the extreme sizes of mesh on the fluid domain.
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Table 4: Wageningen propeller design data summary
Number of blades, Z

4

Diameter, D, (m)

1.397

Pitch, P

1.118

Disk Area Ratio, AE/AO

0.6

RPM

467

ηo at free running condition

0.66

Power delivered, PD (kW)

232.5

Thrust, T (kN)

20.7

Figure 3: Projected view of the four-bladed Wageningen propeller
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Figure 4: Blade surface descretization for Wageningen propeller, as viewed through outer mesh
A RANS model was used for analysis. The model was solved for different inlet velocity
conditions VA values. The thrust and torque were obtained for each case. They were nondimensionalized as usual,

KQ =
KT =

Q
n2D5

o

=

KT J
KQ 2

T
n2D4

The obtained open water data were compared with regression analysis based screw series
performance data. See Figure 5

0.7

K T , 10 K Q , ηο

0.6
0.5
0.4
0.3
0.2
0.1
0
0

0.2

0.4

0.6

0.8

1

J
KT - Series based
KT - Numerical

10 KQ - Series based
10 KQ - Numerical

ηο - Series based
ηο - Numerical

Figure 5: Open water characteristics of Wageningen B 4.60 – Comparison of numerical analysis
results with regression data [Lewis 1988]
The pressure contours obtained for the face and back are shown in Figure 6. Some leading
cavitation on the back is in evidence for low value of J (J=0.2).
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Leading edge cavitation zone

(a) Face

(b) Back

Figure 6: Contours of pressure (Pa) on the Wageningen propeller blade at J = 0.2
5. Analysis of hubless propeller
After the above standardization effort, the hubless propeller, designed as equivalent to the
Wageningen B.4.60 propeller was numerically modelled. The coarse outer mesh and the
minimized surface mesh on the blade model (one quadrant) are shown in Figure 7.

Figure 7: Blade surface descretization for hubless propeller, viewed through outer mesh
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The open water results of the hubless propeller have been compared with that of the equivalent
Wageningen propeller. The non-dimensionalized values of thrust, torque and efficiency namely
KT, KQ and ηo and are shown in Figure 8 a,b,c.
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(a) Thrust comparison
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Figure 8: Non-dimensional thrust, torque and efficiency curves
The hubless propeller in its present configuration has exhibited capability of absorbing larger
power and delivering higher thrust when compared with a conventional equivalent screw
propeller. There is an obvious advantage due o the ring rotor doubling as a nozzle and therefore
augmenting the performance characteristics. The characteristic pressure distributions at different
radii are given in Figure 9. Pressure coefficient (Cp) is defined as p 12 ρ VA2 . The analysis has
shown significant augmentation of thrust due to the nozzle. Therefore the main advantage of the
hubless propeller is its capacity to operate in a confined space in the hull aft underwater space.
The hubless propeller therefore has potential hydrodynamic operating advantages.

(

348

)

1

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

200

140
Back 0.2
Back 0.6
Face 0.2
Face 0.6

120

Back 0.3
Back 0.7
Face 0.3
Face 0.7

Back 0.4
Back 0.8
Face 0.4
Face 0.8

Back 0.5
Back 0.9
Face 0.5
Face 0.9

Back 0.2
Back 0.6
Face 0.2
Face 0.6

150

Back 0.3
Back 0.7
Face 0.3
Face 0.7

Back 0.4
Back 0.8
Face 0.4
Face 0.8

Back 0.5
Back 0.9
Face 0.5
Face 0.9

100
100

80

Cp

Cp

60
50

40
0

20

0

0

0

0.1

0.2

0.3

0.4

0.5

0.6

0.7

-20

0.8

0.9

1

0.1

-50

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.9

cavitation line

Cavitation line

-40

-100

x/c

J

a) Wageningen B 4.60 propeller

b) hubless propeller

Figure 9: Non-dimensional pressure distribution at different sections
along the blade at J = 0.2
6. Influence of blade area ratio
Three blade area ratios namely AE/AO = 0.5, 0.6 and 0.7 have been investigated for performance.
The thrust and torque characteristics do show improvement with increased blade area ratio up to
0.6. Further increase of blade area results in negligible increase of thrust and significant drop of
efficiency. The above blade area ratios are well above the Keller criterion minimum value on the
basis of cavitation condition in free running condition operation. The results are shown in Figure
10 a, b and c. The drop of efficiency is explained on account of higher drag due to increased
blade surface.
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Figure 10: Open water characteristics of hubless propellers having different blade area ratios
7. Conclusion
The hubless propeller is capable of absorbing larger power and delivering higher thrust when
compared with a conventional equivalent screw propeller. The efficiency is marginally higher at
low advance coefficient. In the hubless propeller the stator which is also designed as part of the
prime mover motor, contributes significantly to the thrust. Therefore the main advantage of the
hubless propeller is its capacity to operate in a confined space in the hull aft underwater space.
The hubless propeller therefore has potential hydrodynamic operating advantages. Further
increase of blade area results in negligible increase of thrust and significant drop of efficiency
which is explained on account of higher drag due to increased blade surface. In the cases studied,
there is improvement of efficiency for blade area ratio upto 0.6.
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Abstract
In order to support United States Department of Defense investigations into the utility of High-speed
Vessels (HSVs) in various roles, Naval Architects and Marine Engineers at government laboratories
have reviewed hundreds of technical papers, experimentation reports and regulatory documents, have
conducted full and model scale testing of HSVs and investigated the capabilities and efficacy of
existing and developed software programs. This paper aims to lend the reader the benefit of
thousands of man hours of experience by recommending useful sources and outlining design methods
proven suitable for concept and initial design of fast ferries and other HSVs.
1. Introduction
In the past six years the United States Department of Defense has investigated the utility of
commercial High-speed Vessels (HSVs) in logistical maneuver, humanitarian aid and disaster relief
and sea base support. Initially, these efforts were spearheaded by the Naval Warfare Development
Center, the Army Watercraft Division, the Navy’s Mine Warfare Command and the Marine Corps
Combat Development Command. Most recently, the Army and USMC Projects have merged into the
Navy’s Joint High-speed Vessel Program headed by the Navy’s Program Executive Office Ships,
Program Management Ships 325. These efforts by the Army, Navy and Marines to acquire and
expand knowledge on operational utility of HSVs have been necessarily paralleled by the Naval
Surface Warfare Center Carderock Division’s efforts to expand knowledge in the design and analysis
of these vessels. Though experience with high-speed, high performance vessels is not without
precedent at Naval Surface Warfare Center Carderock Division, the majority of the developments in
high-speed vessels on par with what the military has been pursuing have occurred in the commercial
fast ferry industry. Fortunately, there is a significant and growing library on technical analysis of
HSVs, particularly Fast Ferries, from technical societies, private industry and academia.
Review of this library and generation of required reports in support of DoD HSV efforts has laid the
foundation of government knowledge on vessels of this type. The need to respond to customers and
programs that have moved as fast as their intended HSV products has resulted in that knowledge
being distilled into simplified, robust and reliable design tools and methods that are suitable for
generating low risk engineering estimates. This paper is meant as a general discussion of methods
suitable for concept and preliminary design of HSVs and Fast Ferries that have been created,
discovered in open literature and/or refined during the course of the authors’ support to HSV
programs. The paper also presents data and trends on HSVs. A more detailed review of recent US
DoD testing of large HSVs and specific analytical tools developed, modified and reviewed under our
HSV efforts is presented in Almeter (2005).
Figure 1 is a simplified depiction of a symbol familiar to all vessel designers typically referred to as
the design spiral. While this spiral is certainly not all-inclusive, it does contain the major categories
investigated by or on behalf of the Army, Navy and Marines and will serve as a template for the
organization of the rest of this paper.
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Figure 1: Typical Design Spiral
2. Mission
The starting point of any design is defining the mission and business case. A clearly defined mission
will answer “What, Why and Where.” “What will the vessel be doing?” “Why is the vessel needed?”
“Where will the vessel be operating?” Peaking ahead at the other points on the design spiral it is seen
that the answer to those questions will shape the approach and methods used to address the rest of the
points on the spiral.
One “where” issue that is particular to HSVs and that has been an issue of some study and debate in
the past few years concerns wake and the effects of wash created by HSVs. It is important from the
onset for the designers of an HSV to consider the vessel’s intended route(s) from a wake wash
perspective. It is very likely that there will be areas sensitive to wake wash near and between
load/discharge points which could include private property, public access beaches and waterways and
marine environments like coral reefs, estuaries and nesting/breeding areas of rare or protected species.
Even if there is no actual wake wash issue, the mere perception or possibility has been enough to slow
or stop proposed ferries in recent years due to the fear of costly litigation.
The presence of wake wash sensitive areas does not necessarily preclude operation of an HSV.
Addressing and planning early can save an intended vessel that might later be rendered uneconomical
by litigation or excessive operational restrictions that are imposed by local authorities or courts. Such
restrictions usually take the form of speed limits over some portion of - or the entire - ferry route.
While such restrictions have proven to be effective when imposed, it is possible that other options
exist that do not so drastically impact the operations and business plan of the ferry.
A simple Froude depth calculation along the intended or possible routes may determine an initial
“limiting speed” from a wake wash perspective. The Froude depth is defined as vessel speed divided
by the square root of the product of water depth and the gravitational constant, as shown in Equation
1, where V is vessel speed, d is water depth and g is the gravitational constant.

Fd =

V
dg

(1)

Model and full scale testing in shallow water tend to show an onset of increase in vessel wave
resistance near a Froude depth number of 0.6 (the exact onset and the amount of resistance increase
are heavily influenced by relative water depth which is often calculated as water depth divided by
vessel length or vessel draft). Not only is operation at speeds corresponding to Froude depth numbers
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between 0.6 and slightly beyond 1.0 (known as the critical depth) uneconomical, this range also
includes the speeds and depths where wake wash has been noted to be most severe. This is illustrated
in the figure below, generated using data from testing of a high-speed catamaran in shallow water.
Beyond speeds and depths corresponding to critical depth, testing and calculation have shown a
benefit to speed versus power for short Froude depth number intervals where vessel speed in shallow
water for a given power is higher than the speed achieved at the same power level in deep water. This
somewhat counterintuitive benefit of select shallow water speed depth combinations is further
discussed in Lewis (1988).
Effect of Depth on Resistance

Shallow water

Resistance

Deep Water
Froude depth
number = 0.6

Speed

Figure 2: Effect of Shallow Water on Resistance
While HSVs may have enough reserve power to push through the extra resistance at the upper end of
subcritical and critical speed/depth combinations to reach speeds where the shallowness of the water
yields a speed benefit, calculation and testing have shown that wake wash waves created at
supercritical speeds have very low energy dissipation rates, resulting in waves that can travel for great
distances without significant reduction in energy. This poses danger to life and property over large
distances when water depth quickly reduces to zero near shore. Under these conditions large waves
build up without warning and, reportedly, seemingly from nowhere and have been noted to cause
danger to bathers and small craft near shore.
Given the risks and dangers of wake wash it may be advisable to use the Froude depth equation to
determine a maximum speed by setting the left hand side of the equation to 0.8 or lower and
calculating speed as a function of measured depth along the route, as illustrated below in Equation 2.
It is likely that some portions of the route may need to be navigated at a reduced speed, but some of
this distance will overlap with approach maneuvers that would be undertaken at reduced speed
regardless of depth.

Vmax (kts) = 4.85 d (m)

(2)

Though the Froude depth calculation can be a good indicator of wake wash problems, water depth is
not the only factor. Relative vessel size (including vessel displacement, the energy imparted to the
water by the vessel and the ratio of length or draft to water depth), length based Froude number,
waterline boundary type, waterline usage, environmental sensitivities and weather will all influence
the wake wash issue. However, this simple analysis of the route will aid in mission and business case
development.
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3. Preliminary Size and Powering Estimates
The initiation of HSV designs must be treated differently than the design of other vessels. Weight is
an issue for all ships, but for HSVs weight is everything. This means that while the mathematics and
physics involved are the same, the mindset of the designer must be drastically different. Risks should
be managed, not avoided, as a vessel that is over designed in one area will lead to a failing in another.
It is critical to have data as near to correct as possible at an HSV’s design inception.
Extracting useful data from trends observed in empirical data from successful, relevant existing
vessels is a good method for early HSV design stages, but had been difficult in the past due to
unavailability of data. Presently, however, the proliferation and availability of useful data readily
allows for such analysis to be performed quickly. Trends based on well defined and often reported
characteristics are the most useful. Length, beam, speed, total deadweight, gross tonnage and number
of passengers or vehicles are usually attainable for any design.
For design initiation, preliminary sizing should be based on the intended amount of cargo. Analysis
of dimensions and installed power of vessels with similar payload capabilities and trends for vessels
slightly smaller and larger will yield good starting points. It is important to keep in mind any
differences in mission that the new HSV design may have from the vessels in the dataset. Vessels
with long-range transits at high-speed or that carry many passengers for an extended period-of-time
may have fuel or potable water volumes and weights that drive the design with equal or more
insistence than primary cargo requirements.
There are many sources for information on individual vessels and data can be amassed through
internet searches, trade journal research or oftentimes purchased directly. In the case of HSVs the
authors have found that the ShipPax Database by ShipPax of Halmstad, Sweden to be a very useable
and useful reference. Information for particular vessels is also often available directly from the
builder or designer on websites and in public releases. Papers on HSVs and Fast Ferries are also good
sources of empirical data, some of which have already gone to the trouble of sorting empirical data
into useful relationships and equations.
For initial powering estimates empirical data can again be useful when combined with hull dimension
estimates – an existing vessel with similar speed, deadweight capacity and dimensions being a good
indication that the design thus far is heading to convergence. Analysis of installed power as a
function of displacement and design speed can allow for accurate initial estimates of required power.
Figures 3 shows a trend for installed power of a series of vessels with similar design speeds that are a
mix of large and small, mono and multihull vessels.
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Installed Power vs Full Load Displacement
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Figure 3: Installed Power as a Function of Displacement for a Given Design Speed
While it is often not possible to have a reliable estimate of displacement early in the design phase,
other trends in empirical data can provide estimates. From published literature a trend for deadweight
fraction, total deadweight divided by full load displacement, of high-speed ferries tends to follow a
trend similar to that in Figure 4 below. This type of information can be used to get a very rough first
estimate of full load displacement that could be used with design speed to derive preliminary power
requirements.
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Figure 4: Deadweight Fraction Trend for High-speed Ferries
Another method for preliminary powering estimates compares vessel weight, speed and installed
power to yield a transport efficiency, specific tractive force or transport factor that can be compared to
trends for existing vessels. The general form of a transport factor or efficiency equation is weight
multiplied by constant velocity divided by power, shown below in Equation 3.
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T =

W *V
P

(3)

All values in equation three will vary depending on desired units and vessel conditions that may
include design values, as built data or data achieved during testing. For this reason, care must be
taken to ensure consistency when assembling such data. However, once done correctly plotting
assembled transport data can yield trend lines based on averages or best performers that can facilitate
preliminary powering estimates and hull form selection. To further collapse data for comparative and
trend analysis it is helpful to plot the transport factor or transport efficiency on a basis of volumetric
Froude number on a log-log scale chart. Analysis of this type is well illustrated by Blount (1994).
4. Hull form and Arrangement
The investigation into the design thus far has begun to provide some insight into hull type and shape.
The next stops on the design spiral focus on further refining and defining the hull. The first step is
outlining any restrictions on vessel size and shape imposed by route, berthing and shore side
infrastructure. Limits on length, beam, draft and air draft (depth) will provide designers with absolute
limits on vessel dimensions and requirements imposed by any shore side infrastructure will begin to
drive vessel layout in gross terms such as ramp placement and deck heights.
Seakeeping concerns or desires may also influence hull dimensions and type. If the prevailing sea and
weather conditions along an intended route are typically adverse a hull known for better seakeeping is
probably desirable, though advances in ride control systems may ease seakeeping concerns to some
degree for every hull form. A concern pertaining primarily to catamarans and trimarans is slamming
of the area known as the wet deck, tunnel or cross deck. It is important both for structural reasons and
passenger safety and comfort that wet deck height be checked relative to expected operating
conditions to ensure that it is a rare occurrence for the wet deck to come in contact with waves. The
period (or length) of the waves and the vessel’s heading has to be considered in addition to the wave
height.
5. Structures
The structural design of HSVs is a topic of potentially intense debate. On the one hand, the size and
speeds of commercial HSVs suggest that large dynamic loads can be expected which tends to promote
conservative structural approaches. Opposed to this approach is the need for judicious structure
design aimed at reducing weight in order to achieve greater speeds and economy. What is clear is that
it is critical to properly determine the required structure of an HSV. Too little structure results in
excessive maintenance at a minimum and might result in the loss of life. Too much structure could
mean that the vessel fails to achieve speed, range or payload and the owner’s successful business case
requirements.
Given the potential for error on both ends of the spectrum it is evident that structure for HSVs should
be determined from direct analysis or from first principal calculations. In some cases enough design
work has been performed by individual builders and classification societies for regressions and rule
based equations to be developed, but such methods provide no guarantee of being adequate both
structurally and in terms of total weight, so direct calculation of expected loads and minimum
required structure is advised as early in the design as possible.
For dynamic loads, the concept of a limiting speed and wave height/wave period profile has proven to
be useful. This approach aims to limit dynamic loads to a particular design limit by slowing the
vessel’s speed as the operating environment becomes more inhospitable. While it may be undesirable
to have operations at the mercy of prevailing weather conditions, an appropriate operating profile will
allow for both safe and high-speed operations intended over the majority of the operating time.
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Attempting to design for unrealistic speed in excessive seas or low probability, worst case sea loads is
not likely to result in a high-speed vessel.
6. Weight Estimating
For initial estimates of lightship weight of fast ferry type HSVs, the authors found the method
presented by Karayannis et al (1999) to be useful. These equations for vessel lightship weight are
adapted from methods presented by Watson (1976) and use a variant of the Lloyd’s Equipment
Numeral: a rough approximation of vessel surface area derived from often known vessel principles
dimensions. It is important to note that the methods presented in Karayannis et al (1999) were found
to be generally within 10% of actual lightship weight for a range of commercial fast ferries and should
not be used for other types of vessels or used where greater accuracy is required. It is believed that
the accuracy of these equations is a direct result of being based on high-speed ferries using very
similar design standards and methodologies. Hulls that are therefore well outside the bounds of
“normal” ferries or those that benefit from extraordinary efforts aimed at reducing weight will likely
be more than 10% away from the method of prediction offered by Karayannis et al (1999).
The equations used by Karayannis et al (1999) for Equipment Numeral are as follows:

Em = L * (B + T ) + 0.85 * L * (D − T )
Ec = L * (b + T ) + 0.85 * L * (D − T ) + 1.6 * L * (B − 2 * b )

(4)
(5)

where:
Em = Equipment Numeral, monohulls
Ec = Equipment Numeral, catamarans
L = vessel length, overall
B = vessel beam, overall
T = vessel draft
D = vessel depth including superstructure
b = demihull beam
While Karayannis et al (1999) intended the Equipment Numeral to be the basis of hull structure only,
Figure 5 illustrates the utility of the method as a basis for total lightship displacement estimates.
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Figure 5: Equipment Numeral as a Basis for Lightship Estimate
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The authors collected weight data and reviewed and refined weight estimating methodologies from
many sources. A significant number of references on high-speed vessel weight estimating are listed at
the end of this paper. Many of these references are contained on two CDs offered by the International
Hydrofoil Society (www.foils.org).
For the purpose of this discussion, the term “military high-speed vessel” refers to military vessels
where high-speed and lightweight construction is a high-priority. The term “high-speed aluminum
vehicle ferries” refers to existing commercial fast ferries and the terms “high-speed combatants” and
“steel combatants” refer to vessels like frigates, cruisers and destroyers.
Figure 6 depicts the lightship density of different types of vessels against total enclosed volume (m3).
The lightship density is the lightship weight divided by the total enclosed volume (mton / m3),
including superstructure. Lightship is defined here as the full load displacement minus the
deadweight or variable loads. Full load densities are obviously greater. Numerous papers have
similar plots with variables such as full load density, gross tonnage, etc. Figure 7 is the same as
Figure 6 with the exception that the density is based on the lightship weight minus the propulsion
system weight. This modified density allows a better lightship comparison of craft with different
propulsion systems (gas turbines versus diesels) and installed power.
Figures 6 and 7 are very useful as rough initial estimates for lightship weights and as a sanity check
for a variety of different high-speed vessels. The spread in density within each vessel type is
surprisingly small. In the case of the high-speed aluminum vehicle ferries data, the trend line in
Figure 6 has the following equation:

Density = (3.72 * 10 −12 * Volume 2 ) - (3.59 * 10 -7 * Volume) + 0.0456

(6)
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Figure 6: Lightship Density versus Volume for Different Craft Types
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Figure 7: Lightship Excluding Propulsion Weight Density versus Volume for Different Craft Types
The densities tend to increase at the low end of the enclosed volume range. This is due to the ratios of
surface area to volume and machinery density to volume being lower for larger ships and helps to
explain the lower deadweight fraction at the smaller vessel size observed in Figure 4. The military
high-speed vessel and high-speed vehicle ferry data cover a wide range of high-speed hull forms.
However, amphibious air cushion vehicles (full skirt) and hydrofoils have not been included in the
analysis. Hydrofoils tend to be denser due to the additional weight of foils and transmission systems.
This is illustrated by the USN Patrol Hydrofoil Missile, PHM, in figures 7 and 8. The PHM is
significantly denser than the other aluminum high-speed military vessels.
As expected, the density of the military high-speed vessels is greater than the high-speed vehicle
ferries. Military vessels have weapons, electronics, support systems and outfit not found on
commercial vessels. Military vessels often have larger generators, structure for weapons, additional
auxiliary systems, denser accommodations, etc., that further increase their density. Every ton added
has a secondary weight impact that further increases weight and density. It was surprising to find that
the densities of the military and commercial vessels were so close over the limited range where
volume data overlapped. We have found that when the differences between the commercial and
military vessels are considered, the structural weights can be very similar. This is consistent with the
low volume data presented by Guarino (1993).
The authors have found vessel density to be independent of hull form. A cubic meter of a multi-hull
was found to be very similar in weight to that of a monohull of the same volume, installed power, etc.
The densities of high-speed combatants are significantly greater than that of high-speed military
vessels. The greater density is due to more than just differences in hull structure and military
equipment. Several references in this paper have documented that the density and component weights
of high-speed combatants are much greater in almost every area. A kilowatt of propulsion weighs
more on a high-speed military vessel than on a high-speed combatant, as does a kilowatt of electricity
and cubic meter of outfit. This is due to fundamental differences in the design practices of high-speed
combatants and high-speed military and commercial vessels. This is readily apparent to those who
have walked on all three types of vessels. The designers of combatants such as carriers and destroyers
can legitimately argue that their vessels have characteristics and features sacrificed or never
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considered for high-speed military vessels. However, it is often impossible to design high-speed
military vessels using combatant standards and meet the often-higher performance requirements of
high-speed military vessels.
The authors use the same basic algorithms that accurately predict the weight of military high-speed
vessels and patrol boats to also accurately predict the weight of commercial high-speed vessels. The
modeling accounts for basic differences, such as weapons and support systems. However, these
algorithms significantly underestimate the weights of high-speed combatants such as frigates. The
authors have also found that the weight algorithms that accurately estimate the weight of combatants
significantly over estimate the weight of high-speed vessels, commercial or military. This fact
highlights that the proper selection and use of weight estimating tools requires an understanding of the
tools and the vessel. There is an art to the successful early stage prediction of weights.
7. Powering
For speed, powering and range estimates to made with some confidence, previous empirical based
methods must often be put aside or used only as a check against a more sophisticated approach. For
the utmost confidence in powering estimates, well executed model testing is still unparalleled in its
reliability and accuracy. Testing is rarely an option in preliminary design; however, there is a
growing library of published reports that have been found to be very helpful. Almeter (2005)
provides a detailed review of prediction methods for a wide range of HSV hull forms. For large
monohull ferries, the work on double chine hulls, Grigoropoulos (1997) has been found useful.
For multihulls, computer programs making use of the Michell Integral for wave resistance of a thin
ship (Thin Ship Theory) have been found to be very accurate when the theory is modified to account
for transom sterns and other minor adjustments. Various codes for the Michell Integral have been
available for quite some time, but more recent and more complete efforts by Doctors (1995) and
Tuck, Scullen and Lazauskas (2002) have produced very capable programs with excellent results.
It is important to account for all components of resistance and fully understand what values are
covered by model testing series and software programs. Frictional and wave making resistance are
primary components of resistance, but air and appendage drag and other residual resistance
components can be a significant percentage of total resistance for HSVs. Vessel squat (dynamic trim
and sinkage) has also been noted to have a significant impact on resistance and needs to be
considered.
8. Seakeeping
There are many seakeeping programs available, making use of many different means of analysis.
While there are perhaps more accurate methods obtainable the availability, ease of use and cost of
strip theory based programs make them desirable. For HSVs, high-speed strip theory is often needed,
though the exact speed where high-speed strip theory is used rather than normal strip theory is a
matter of some debate. From our experience, the authors have found VERES (2005) to be an accurate
and capable program for most high-speed vessel applications.
It is important to keep in mind that strip theory is not without limitations. Strip theory does not
analyze non-linear events, such as slamming of wet deck structure. At most, the theory simply allows
for a count of the number of times a specified point crosses the free surface at a particular threshold
speed. There are time domain CFD programs available that can theoretically analyze slamming
incidences, but the actual accuracy and adequacy of these programs – while becoming increasingly
better every year – is a matter of debate. This means that the ability to reliably and accurately predict
slamming loads to structure and the resultant accelerations experienced by passengers is questionable
without model testing. It is therefore best to design wet deck height with sufficient clearance above
the waterline and to rely on classification society rules based calculations for preliminary slam loads.
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9. Cost
Estimating costs of commercial vessels can be straightforward when pursuing an acquisition in the
global market. Cost estimates for military vessels or for vessel required to be built in a particular
country/province due to Cabotage laws are more complicated and often require a much more rigorous
process. For a detailed discussion of cost estimates for a US built HSV for military use see Almeter
(2005).
Commercial vessel costs break down into two major categories of material costs and labor costs.
Material costs are generally consistent world wide, with steel and aluminum prices more or less
consistent when subsidies and other government protections and economies of scale are accounted for
and major components and machinery reliably priced as a function of power. Labor costs are a
function of cost per man-hour and man hours per Corrected Gross Ton. Both labor components will
vary from country to country, with typical values available in relevant literature.
For initial estimates, however, empirical data can again be used by plotting vessel contract price as a
function of registered gross tonnage. This is done in Figure 8.
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Figure 8: Fast Ferry Cost Trend
As can be seen in Figure 8, once the rough size of the vessel is known a calculation of gross tonnage
and comparison with a figure similar to that above can yield a rough initial estimate of vessel cost.
Knowledge of the potential amount of labor and level of outfit will help to refine this simple estimate
by suggesting what side of the trend line a particular design should be on and to what degree it will
deviate from the trend.
10. Conclusion
It is hoped that novice and expert alike are able to find this paper and identified references of use.
With so much data available in ever growing technical libraries it can be a daunting task to cull the
most useful and relevant information. If this paper serves as no more than a map through a labyrinth
of information overload then the authors will deem it a success.
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In closing the authors wish to issue a word of caution. Even with many good papers available and so
much information ready for analysis it is useless if not used properly. Data should be divided into the
most relevant groupings possible (which requires a thorough understanding of each vessel in the
database) before any confidence can be had in the trends derived from empirical sources. The simple
calculation methods presented or referenced in this paper do not relieve designers from the
responsibility of careful thought and due diligence in preparing a mature design.
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Quo Vadis, Navy – Trends for Future High-Performance Naval Platforms
Benjamin Beauchamps, Volker Bertram, ENSIETA, Brest/France, volker.bertram@ensieta.fr

Abstract
The survey discusses trends like high-speed vessels including new hybrid concepts, unmanned drones,
reduction of crews, all-electric ship, podded drives, and stealth. The literature survey focuses on
developments of the past three years and was developed within the framework of a recent and
continuing study for French Navy.
1. Introduction
This survey formed part of a study for the French DGA (Délégation Générale pour l’Armement) to
support decision making for future French navy ships. The study excludes weapon and sensor
technology. It focuses on the platforms and those trends in equipment that have direct impact on the
global ship design.
There seems to be an increased interest in fast ships to protect the homeland shores. Speed allows here
to reach venue of crisis rapidly, both to intercept and to deter. In addition, there is a trend towards
rapid transport of material, most notably increasingly drones. The fast carrier returns quickly after a
specific mission to get recharged and redeployed. Converted ferries often seem to offer economic and
sensible solutions to this demand.
Nevertheless, not all proposals for high speed marine vehicles convince. There seems to be a tendency
towards ever higher speeds in proposed projects, but few such projects see realization in prototypes,
and virtually none in ships being ordered. Many seem just to follow a fashion without proper
engineering and economic analyses. With increased speed, the transport efficiency of a ship decreases,
Bertram and Seif (2004). Building and operation costs increase nonlinearly and concepts become
quickly economically unrealistic, even if still technological possible. While combatants features
speeds in excess of 40 knots, today’s frigates operate rather in the range of 30 knots. Why suddenly a
brute force approach to achieve extremely high speeds by ships? It simply does not to make sense for
combatants like frigates being deployed for long periods and far from friendly ports. The higher the
speed, the more “artist” remains the vision!
2. Advanced hull concepts
This section updates the extensive survey of Bertram and Seif (2004), focusing on the more recent
developments. The USA remains a major technology driver in the field. The homeland protection
iniatives have resulted in among other in the Littoral Combat Ship (LCS) programme striving for fast
ships (50+ knots in calm water, 40 knots in seastate 3, range 3500 nautical miles at 18 knots, equipped
for 1 helicopter, 3 air drones, one rigid inflatable boat of 11 m, crew of 50 persons) and limited draft
allowing near-coastal operation, Sweetman (2005). The initial study phase has been finished and the
US Ministry of Defense has signed contracts for the building of two prototypes, a trimaran built by
General Dynamics, Figure 8, and a monohull built by Lockheed Martin, Figure 1.
2.1 Monohulls
Lockheed Martin won a contract for one of the two LCS demonstrators. The USA also plans to replace
decommissioned combatants by a new generation of wave-piercing monohull frigates/destroyers
designated for the moment as DD(X), Figure 2, N.N. (2004a, 2005f). These shall have at least 30
knots speed and the first prototype shall be built in 2007. By 2012, a fleet of perhaps 10 of these ships
shall be operated by the US Navy. Perhaps another 10 similar ships designated as CG(X) shall focus
on anti-aircraft warfare, using essentially the same platform. These ships shall have crews of 150
persons, which is relatively few by present US standards.
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Figure 1: Lockheed Martin LCS monohull

Figure 2: DD(X) project

2.2 Catamarans
Wave-piercing catamarans have become an attractive option for several navies seeking affordable fast
transport for troups and material with proven technology. The US Navy operates two such vessels,
under the name of High Speed Vessel (HSV), Figure 3. China has also built a wave piercing
catamaran for its navy, Figure 4. The PLA Navy is expected to produce at least 30 of a new stealthy
wave-piercing catamaran design.

Figure 3: HSV of US Navy

Figure 4: Chinese wave-piercing catamaran

In October 2005, a $50 million demonstrator prototype of the X-Craft, now under the name of FSF 1
(Fast Sea Frame) was launched in the USA, Figure 5, NN (2005a, g). The waterjets installed in this
ship do not offer enough maneuverability necessitating additional rudders. The characteristics of the
ship are: 50 knots speed (45 knots in seastate 4), range 4000 nm at 20 knots, equipped for two
helicopters, 3 air drones, one boat of 11m, crew 30 persons, 1700t displacement incl. 700 t payload.

Figure 5: Fast Sea Frame FSF 1
2.3 Trimarans and other multihulls
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Trimarans have been widely discussed after the Triton project of the Royal Navy and the civilian fast
ferry project of the Benchijigua built by Austal. Trimarans reduce the wave resistance by having very
slender hulls with sharp waterline entrance angles. This requires then outriggers to supply the
necessary stability, which in turn increase wetted surface and thus frictional resistance. Trimarans do
not make sense at low speeds. They have some advantage in some higher speed regions. On the downside, they have higher structural weight than monohulls of same displacement. At certain speeds, wave
interference increases the resistance significantly. Loading and unloading of the main central hull
requires large-span cranes or a ro-ro approach. The trimaran hype in the press is not followed by
navies and civilian ship operators. Austal presented in 2005 a new series of military support vessel
designs including a trimaran, Figure 6, NN (2005e). BGV International proposes also military highspeed trimarans in various sizes, ranging in speed between 40 and 70 knots, in size between 4 m and
188 m, Figure 7, N.N. (2004b), but no concrete project. General Dynamics builds a trimaran prototype
within the LCS programme, Figure 8.

Figure 6: Austal trimaran design

Figure 7: BGV N133

Figure 8: Trimaran LCS project of General Dynamics
2.4. ‘Exotic’ concepts
One of the most interesting new entries in the ever growing family of unconventional hull shapes is
the M Stiletto, with a demonstrator presented in March 2006, N.N. (2005e,2006a). This innovative
hull shape aims for low resistance and low wash. The carbon-fiber hull captures the bow wave
redirecting it to create dynamic lift. The air trapped under the raised hull at speed creates additional
lift, leaving only little wetted surface in the water. The vessel attains speeds of 50 knots. The hull
consists of three major parts: the central part giving most of the buoyancy, two tunnels to each side of
the central hull placed above the water surface, and then outriggers that contain the dynamic aircushion formed in the tunnels. The first demonstrator priced at 6 millions Euro after 12 month of
construction has a length of 25 m and a crew of 3, transporting 12 men (commandos) and a rigid hull
inflatable boat. Good maneuvering, seakeeping and resistance are advertised for the ship. The
information on this new concept are still limited largely to the publicity furnished by the inventor and
that has to be kept in mind in reading the reports which have so far appeared.
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Figure 9: M Stiletto
The “Sea Flyer” features a large hydrofoil giving 70% of the buoyancy at design speed of
approximately 30 knots, Figure 10, N.N. (2005b). The foil, made of aluminum and composites, is
controlled by an advanced ride control system. As all hydrofoil vessels, the “Sea Flyer” suffers from
payload limitations and relatively large draft. As navies have been reluctant for more than 30 years to
embrace hydrofoil technology, it remains to be seen whether this concept will see sustained
acceptance.
Air-cushion vehicles (ACVs) are employed by few navies, Friedman (2004). Their main advantage is
that they are truly amphibious. Recent vehicles feature typically 2 m high skirts. ACVs are also less
vulnerable to mine threats than other marine vehicles. But they are sensitive to wind, seakeeping, and
have limited payload at high cost. Surface effect ships (SES) overcome some of the disadvantages of
ACVs, but are no longer amphibious. A major drawback is that the attainable speed decays rapidly
with sea state. The French navy does not see SES as a viable option for its mission profiles. The US
Navy, however, has two projects, the Air Supported Vessel, and more notably the 31 m long prototype
of the SeaCoaster, Figure 11, NN (2005d).

Figure 10: Seaflyer with Rim Driven Propulsor

Figure 11: SeaCoaster

3. Equipment & Outfit
3.1 Reduced crews and drones
The ultimate in ship automation would be the unmanned ship. Unmanned ships have been envisioned
for at least three decades now, Bertram (2003), but realistic discussions focus on cyberships that have
extensive computer support for a drastically reduced crew rather than completely unmanned ships. The
DD(X) project targets for exemple for a crew of 150, while current frigates have crews of 320, N.N.
(2005f). French frigates of the 1960s have crews of 250, the modern Lafayette frigates 150, and the
future multi-mission frigates target for approximately 100 men on board. The reduction becomes in
part possible due to the progress in information technologies, most notably expert systems for various
applications including collision avoidance, target identification, combat guidance, and damage control.
The American PMS (Platform Management System) allows a flexible control of the machinery for the
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operator. The DD(X) project envisions the development of a single system to manage all the machinery on-board under the name IPS (Integrated Platform System), the navigational systems, the damage
control systems and the maintenance. All information shall be available in real-time on a network accessible for all the crew. The development is based to a large part on commercial-off-the-shelf (COTS)
software like Windows NT. Besides the USA, the navies of Poland, the Netherlands and South Korea
shall integrate this system in their frigates.
The motivation for these crew reductions is twofold. There is the financial aspect as training and maintaining large crews at sea has become a major cost factor for Western navies. In addition, there is the
political aspect driving to minimize the number of those being sent in harm’s way. Ships with smaller
crews can often be downsized with benefits for power requirements and stealth, or increase space and
payload for other equipment (weapon systems). However, smaller crews often mean more versatile
crews and less time for maintenance at sea. This in turn requires early consideration both in the design
of the ships (design for maintenance) and the training programmes of the Navy. The bottleneck in
crew reduction seems at present damage control in combat situations. Here better automatic fire fighting systems employing in part robotics technology may support the quest for crew reduction.
Unmanned drones with limited autonomy are already reality. Port security has became an issue after
the September 11 attack on the USA fuelling the development of unmanned surface vessels (USVs)
further, envisioning diverse applications. The developments benefit from technology developed for
related purposes, namely for remotely operated vehicles (ROVs) in offshore and oceanographic applications, unmanned airplanes (drones) and unmanned surface vehicles. While USVs date back at least
to World War II, it is only in the 1990s that a large proliferation of projects appears. This is in part due
to the technological progress, but also driven by a paradigm shift of the US Navy with a much stronger
focus on littoral warfare and anti-terrorism missions. Successful missions of USVs in the second Gulf
war have increased interest within the US Navy in USVs and several modern navies followed suit.
Veers and Bertram (2006) give an extensive USV survey. Among the best known USVs, the SPARTAN demonstrator, Figure 12, http://www.dtic.mil/ndia/2005umv_auv/tuesday/mons.pdf, is developed
by the USA, with contributions from France and Singapore. This rigud hull inflatable boat is typical in
size and capability for the majority of the many USVs developed or proposed by now. Tasks include
often reconnaissance/patrol and mine/diver countermeasures. USVs have far greater autonomy than
unmanned underwater vehicles (UUVs), since a classical and efficient diesel propulsion can be used.
Progress for drones is tied to progress in computers. The British target to have by 2015 a fleet of
drones capable of realizing 54 mission profiles, Hooton (2005), Janssen Lok (2005). A major obstacle
for UUVs at present is battery autonomy. There are estimates that in ten years, progress in batteries
may allow 30 hours of autonomy for UUVs. Launching and retrieving of drones in advanced seastates
is another problem to be solved satisfactorily, although some good solutions exist, e.g. for the German
SWATH developed by Abeking&Rasmussen, Figure 13.

Figure 12: USV ‘SPARTAN’

Figure 13: Launching of drone from SWATH
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3.2 Stealth
Combatants continue to strive for low signatures (radar, thermic, wave pattern, acoustic), Friedman
(2002), Nitschke (2005). Stealth designs are frequently found in future combatant designs, involving
geometries with large flat areas arranged at inclined angles, Figure 14. On the other hand, radars get
better and more intelligent in filtering weak, but constant signals from ambient random radar signals
caused by seaway. New radar absorbent materials are tested, which try to eliminate the reflected signal
by interference of the reflection at the actual ship surface and the surface of the radar absorbent
coating. This only works for a narrow range of frequencies, and can be counter-acted by advanced
multi-frequency radars. There seems to be a constant race between better stealth technologies and
better detection technologies, quite similar to what can be observed for naval submarines. Therefore, a
frigates now on the drawing board must include advanced stealth features to ‘stay in the game’ during
their intended life cycle. While equipment is relatively easily upgraded, general hull features for
stealth are not.

Figure 14: US Sea Shadow – Stealth
ship par excellence

Figure 15: French FREMM frigate in with integrated mast
for better stealth

Figure 16: Integrated mast of DD(X)

Figure 17: French integrated mast design

One of the features to improve stealth and reduce complexity in the ship arrangement at the same time,
are integrated masts, Neele et al. (2005),N.N. (2005f), Figures 15 to 17. The mast combines several
sensors under one cover, usually made of composite material. The composite material does not
interfere with the operation of the equipment and may actually add to the stealthiness of the ship. The
continuing miniaturization of the equipment has supported the development, allowing to group more
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systems together in relatively small space, but interference between systems is a problem still not
completely solved, www.thales-naval.com/naval/activities/int-top-des/integrated-mast-module.pdf.
3.3. All-electric ship
Intelligent energy management on navy ships is an issue under particularly active discussion, Peterson
(2004). Most noteworthy, the American project of an all-electric ship, with the 40m Advanced Electric
Ship Demonstrator (AESD) delivered in 2005 and undergoing extensives trials in 2006, Figure 18, NN
(2005h,2006b). The DD(X) projects also plans to have an all-eletric concept, where distributed
generators supply electricity into a ship-wide network supplying all systems including propulsion,
Peterson (2004). A staggering 110 MW electric supply is foreseen, ten times what is now installed in a
frigate and approximately the same as on the Queen Mary II, the world’s largest cruise liner which has
also electric pod propulsion. France and England teamed up to advance the all electric ship
technology, building a land-based mock-up of a prototype system, involving gas turbines, electric
propulsion and other systems, Filliau (2005). This installation will allow to simulate various
operational and combat situations of a ship at sea.

Figure 18: AESD demonstrator

Figure 19: German frigate project SAWS

The basic idea is to base all energy requirements on-board the ship on electricity. One single network
is then supplied by distributed generators and furnishes energy to different ‘consumers’, very similar
to the operation of land-based electric power companies. Taking out one or several of the redundant
generators just diminishes the total energy available, keeping the ship functional and capable to fight
back. Intelligent energy management then allows for example using energy not used for dormant
weapon and bord systems to increase the speed of the ship, or to shut down all other systems and have
a maximum energy available for new weapon systems requiring a lot of energy for a short time (laser
weapons, micro-wave weapons, etc.). The concept allows also for more design freedom in arranging
machinery, as experienced for cruise vessels.
The disadvantage is that at present electric motors and transmission cables for the high powers
involved are bulky and heavy. The transmission is less efficient than mechanical transmission for
propulsion and the induced vibrations in the ship structure due to the cables at high power
transmission are a problem yet to be solved for navy ships. The higher initial costs may be more than
compensated by the overall lower requirements for installed power when using intelligent power
management systems.
Podded drives have seen a rapid acceptance in the 1990s and have become by now virtually the
standard propulsion option for cruise vessels. Pods have also been discussed for navy ships, but no
actual installation in a combatant has been realized yet. The French large warship BPC (Bâtiment de
Projection et de Commandement) has pods, but its mission as a floating headquarter does not envision
significant risks of being in combat situation where the larger vulnerability of a pod compared to
classical propulsion matters. A German frigate project envisions having pods as auxiliary drives,
Figure 19, Sadler (2004), but the design is just a preliminary study. While remaining at present limited
largely to concept studies, pods are expected to play an increasing role for combatants in the
framework of the all-electric ship.
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3.4. Modular design, modular operation
The general trend to fewer warships having to fulfill a greater variety of mission in their life time
motivates modular ship design and operation. Naval procurement programmes around the globe take
advantage of the modular design and operation philosophy, Jundquist (2005). The advantage of the
modular approach is fewer platforms and crews are needed. This means lower initial costs and lower
operational costs, but a larger effort in initial design and some restructuring of operations and training.
Limiting operations to ‘either A or B’ (but not both at the same time) allows smaller ships. Modular
operation requires consideration already in early concept design to have interchangeable modules. It
also requires more flexibility of reduced crews, operating different equipment on different missions.
Probably the best example of the approach is the Standard Flex 300, also known as the “Flyvefisken
Class”, a multi-role vessel based on a standard hull with containerized systems and equipment, which
allows the vessel to change role quickly for surveillance, surface combat, anti-submarine warfare,
countermeasures/mine hunting, or pollution control tasks, Figure 20, Jacobi (2003). This fiberreinforced plastic vessel is designed by the Danish Navy and Navalteam Denmark (project group of
Danyard and the Nordic Defense industry). Between 1987 and 1996 a total of 14 of these vessels was
built by Danyard A/S. The principle of the STANFLEX 300 concept was adapted for the three (much
larger) fishery protection / offshore patrol vessels of the ‘Thetis’ class, and the flexible support ships
of the Absalon class. Another good example of the trend toward modular design and operation is the
MOPCO design of Abeking & Rasmussen, Figure 21, Jacobi (2003). The Modular Platform Concept
(MOPCO) of the German shipyard Abeking & Rasmussen (A & R) is based on experience since the
1980s when a replacement programme of German mine-counter measure vessels started. The concept
is based on strict modularization of all systems and equipments which are integrated in an improved
design of the common platform. There are standard interface connections for the various mission
containers and equipment like winches and cranes.

Figure 20: STANFLEX modular design

Figure 21: MOPCO system

4. Conclusion
Navies face generally a pressure to do more (diverse tasks) with less (budget). Both changing
operational profiles and progress in technology (electronics, material, equipment) drive the changes
reviewed in this paper. Flexibility and cost reduction motivate Navies to re-use material and
knowledge, employing increasingly civilian technology and modular approaches.
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Abstract
The paper deals with the numerical modeling of sway, roll and yaw motions of a ship for flared-up
conditions with zero or nonzero forward speeds in sinusoidal waterway. To compute hydrodynamic
forces, we employ nonlinear roll restoring characteristics and speed dependent strip theory that are
obtained from the Frank’s close-fit method. The governing equations are solved numerically by using
Runge-Kutta-Gill method with adaptive step size adjustment algorithm. In order to investigate the
effect of nonlinear restoring in roll, numerical experiments have been carried out for a Panamax
Container ship under the action of sinusoidal wave of periodicity 11.2 sec with varying wave height
and speed. To emulate the soft spring behaviour, nonlinear restoring moment is represented by an
odd order polynomial of roll angle where the corresponding coefficients are obtained by analyzing
the results of numerical experiments. This modeling approach provides an important guideline to
understand the role of various parameters while flared up conditions occurs, emphasizing the need
for its controlling mechanisms.
Keywords
Sway, Roll, Yaw, Numerical modeling, Flared-up motions, Froude-Krylov force.
1. Introduction
In ship motion studies, the analysis of large amplitude nonlinear rolling is important to understand
capsizes dynamics. Quite often, the motion responses are flared-up to an extent when roll-restoring
moment poses serious stability problem while the ship moves with forward speed. For such roll
analysis, linear approximation is no longer valid (Bhattacharyya, 1978) and as a result, obtaining
closed form solution becomes difficult.
In the past, several researchers Haddara (1973), Roberts (1984), Cardo et al., (1984), Nayfeh and
Khdeir (1986), and Virgin (1987) have analyzed the effects of nonlinear restoring moments of a
rolling ship. Haddara (1973) developed an analytical method to obtain an approximate solution
corresponding to nonlinear rolling equation of a ship in random waves. Virgin (1987) and Cardo et al.
(1984) have examined the influence of nonlinear ship rolling in regular seas by applying Poincare
mapping techniques to include chaotic motion and perturbation analysis respectively. Nayfeh and
Khdeir (1986) obtained a second order approximate solution for nonlinear harmonic roll motion using
perturbation analysis as well as numerical method to obtain limit cycles. Roberts (1984) estimated the
roll response process by making comparison between simulation results and theoretical predictions.
However, most of the earlier analyses were restricted to study of uncoupled rolling in beam waves.
In this paper, we examine the behaviour of nonlinear roll restoring for coupled system (sway-rollyaw) of a ship, moving with constant forward speed in sinusoidal waves. To simulate the soft spring
action, linear, cubic and quintuple dependence of roll angle is considered on extending the
mathematical modeling approach given by Das and Das (2004) for a stationary ship. Using the strip
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theory approach of Salvesen et al., (1970) the sectional coefficients are integrated along the
longitudinal axis of the ship by applying Frank and Salvesen’s close fit method (1970) based on the
experimental results of Vugts (1968). To obtain the realization of roll responses in coupled conditions,
governing equations are solved numerically with the various ship speed. This enables us to examine
the sensitivity of initial conditions and flared-up conditions for a container ship.
2. Problem formulation
A cartesian co-ordinate system (x,y,z) fixed with respect to the mean position of the ship is
considered with z-axis acting in the vertical upward direction and the origin O lies in the undisturbed
free surface. It is assumed that the ship is a rigid and slender body symmetric about x-z plane, and the
centre of gravity G is located at (z0 , o, zc), where z0 = OO’ and zc = O’G (Fig. 1).

Figure 1: Motion and Coordinate System definition of a floating body

The ship is excited by monochromatic waves of frequency ω , and the force components generated by
the propeller and wind are neglected. The translatory displacements along the x, y and z directions can
be described kinematically in terms of surge (η1 ), sway ( η 2 ) and heave (η 3 ), and the angular
displacements of the rotational motion about the same set of axes are roll ( η 4 ), pitch (η 5 ) and yaw
( η 6 ). In ship motion studies, frequency response analysis corresponding to a Fourier approach can be
conveniently applied, Tick (1959). Owing to complex interactions between the hull and ship generated
waves; the governing equations can be written in the form of integro-differential equations, which
poses enormous difficulty in solving, Cummins (1962). Such difficulty can be conveniently avoided
by considering the occurrence of ship motion under the action of regular waves. This reduces the
integro-differential equation into ordinary differential equation (ODE). Following the approach of
Tick (1959) for coupled system in three-degrees of freedom, sway-roll-yaw motions can be written as:

k =2,4,6

−ω2 M

jk

(ω ) Χ (ω ) e iω t + iω B (ω ) Χ (ω ) e iω t + C (ω ) Χ (ω ) e iω t
k
jk
k
jk
k

= D j (ω ) F j (ω )e iω t
j = 2,4,6

(1)

where Χ (ω ) is the displacement, F j (ω ) is the wave force with amplitude D j (ω ) ; M (ω ) ,
k
jk

375

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

(ω ) are the virtual mass, damping and restoring moments corresponding to the
jk
wave frequency ω respectively. Now, defining
(2)
η k = Χ k (ω )e iω t , f k (t ) = Fk (ω )e iω t , k = 2,4,6
B

jk

(ω ) and C

one can obtain

M

k =2,4,6

jk

(ω ) η + B (ω )η + C (ω )η
k
jk
k
jk
k

= D j (ω ) f j (t ) , j = 2,4,6

(3)

It is apparent that the motion variables ( η i ), exciting force f j (t ) and wave frequency ( ω ) described
in equation (3) are complex quantities, and these can be expressed as algebraic sum of real and
imaginary parts. Accordingly, the forcing function f j (t ) becomes

f j (t ) = F j (ω )e

i (ω R + iω I )t

= F j (ω )e

iω R t −ω I t
e

(4)

For simplicity, we assume the imaginary part of wave frequency ( ω I ) to be equal to zero, yielding

f j (t ) = F j (ω )e

iω R t

(5)

The motion responses and forcing functions can also considered as sum of real and imaginary parts:

η j = η jR + iη jI and F j = F jR + iF jI ,

j = 2,4,6

(6)

Considering only the real part of motion response and exciting moment for a given wave frequency,
the equation of motion for coupled sway-roll-yaw can be described in the following matrix form:

{ [M ij ] + [ Aij ] } [ηi ] + [Bij ] [ηi ] + [Cij ] [ηi ] = [F j (t)] ,

i,j = 2,4,6

(7)

The coefficient matrices can be expressed as

[Mij ]

M
=

− Mz c
0

0
0
r
Cij = 0 C 44
0
0

[ ]

− Mz c

I4
− I 64

0

[ ]

− I 46 , Aij
I6

=

A22

A24

A26

A42
A62

A44
A64

A46 ,
A66

B22

[Bij ]= B

42

B62

0
η2
η2
η2
F2 (t )
0 , [η i ] = η 4 , [η i ] = η 4 , [η i ] = η 4 , [ F j (t )] = F4 (t )
0
η6
η6
η6
F6 (t )

B24

B26

B44
B64

B46 ,
B66
(8)

where M is the mass of the ship, and the components in the matrices [η i ] and [η i ] indicate time
derivatives. F2 (t ) , F4 (t ) and F6 (t ) are the wave forces or moments for sway, roll and yaw. I j is
the moment of inertia in the j th mode, and I

jk

is the product of inertia. In this formulation, the

added mass and damping coefficients are frequency dependent, however, can account speeddependent variations. These are computed by integrating two-dimensional sectional coefficients
corresponding to known wave frequency along the length of the body, Salvesen et al., (1970). In the
present study, we investigate flared up conditions when the restoring moment is nonlinear. Here, we
r is having functional dependence on roll angle η , and can be
consider the restoring moment C 44

4

376

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

expressed as an odd order polynomial of η 4 , [(Dalzell (1978), Bhattacharryya (1978), Cardo et al.,
(1980) and Nayfeh and Khdeir (1986)].

r = ∆G Z (η ) = C 1 η + C 3 η 3 + C 5 η 5
C 44
4
44 4
44 4
44 4

(9)

1
3
5
where ∆ is the displacement in weight, G Z (η 4 ) is the righting arm, C 44
, C 44
and C 44
are
coefficients. The equation (9) represents nonlinear restoring, and can emulate the behaviour of soft
3
5
spring action. To represent linear roll restoring, one may consider C 44
and C 44
as zero, yielding

r = ∆G Z (η ) = C 1 η
C 44
4
44 4
where C

1
44

(10)
(11)

= ρ g∇ G M

Here ∇ is the displaced volume, GM is the metacentric height, ρ is the density of water and g is the
acceleration due to gravity.
The wave exciting forces and moments are expressed in sinusoidal form as

Fi (t ) = Fi A sin(ω t + θ ) , i = 2, 4, 6

(12)

where F2A , F4A and F6A are the amplitudes of the sway exciting force, roll exciting moment and yaw

exciting moment respectively, θ is the phase angle, and ω is the encountering wave frequency. The
amplitudes of the sway exciting force, roll exciting moment and yaw exciting moment can be
obtained as per Salvesen et al., (1970),

F2A = α ρ ( f 2 + h2 )dξ

(13)

F = α ρ ( f 4 + h4 )dξ
F = α ρ ξ ( f 6 + h6 )dξ

(14)

A
4
A
6

(15)

where α is the amplitude of the incident wave, f i and hi represent the 2D sectional Froude-Krylov
force and diffraction force respectively.
3. Modelling for nonlinear restoring and experiment
The governing equation (7) comprised of sway, roll and yaw equations is analytically intractable
r
owing to the presence of nonlinear roll restoring term C 44
. In the absence of nonlinear term, the
governing equations can be solved analytically. The detailed description of the analytical method by

considering linear damping and linear restoring moment for two and three degrees of freedom

and without considering speed dependent sectional coefficients can be obtained from the
investigations of Das and Das (2005 ,2004, 2006a). However, for uncoupled roll with nonlinear
added mass and damping, Das et al., (2006b) have obtained numerical solution when the ship is either
stationary or moving with a forward speed of 10 knots. In the present study, the coupled sway-rollyaw governing equations are solved numerically to get the effect of nonlinear roll restoring on other
motions. In order to solve these equations, numerical integration based on Runge-Kutta method has
been adopted, Press et al., (1992). In this case, three-second order ordinary differential equations
given by (7) are transformed into six first order ordinary differential equations, assigning appropriate
initial conditions:
(16)
η 2 = φ2
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η 4 = φ4
η 6 = φ6

(17)
(18)

φ2 = η 2 =

F2 (t ) − B22 φ 2 − ( A24 - M z c )φ 4 − B24φ 4
− A26φ 6 − B26φ 6

/( A22 + M )

(19)

1
φ 4 = η 4 = [ F4 (t ) − ( A42 − Mz c )φ 2 − B42φ 2 − B44φ 4 − C 44
η 4 − C 443 η 43 − C 445 η 45

- ( A46 − I 46 )φ 6 − B46φ 6 ] / ( A44 + I 4 )

(20)

φ6 = η 6 =

F6 (t ) − A62φ 2 − B62φ 2 − ( A64 − I 46 )φ 4
− B64φ 4 − B66φ 6

/ ( A66 + I 6 )

(21)

The system of equations (16) to (21) with prescribed conditions poses well-defined initial value
problem, which are being solved through step-by-step integration procedure. As the roll motion is
coupled with sway and yaw, implicit dependence of these motions on nonlinear restoring is explored
with the variation of initial condition, wave height and ship’s speed. The variation of ship’s speed is
also accounted in the formulation to examine the rolling behaviour. Applying Runge-Kutta-Gill
method with step-size adjustment algorithm, desired accuracy is achieved. The righting-arm curve or
the GZ curve is represented here by a fifth order polynomial;

G Z (η 4 ) = C 441 η 4 + C 443 η 43 + C 445 η 45

(22)

where

C 441 η 4 =

1
3
5
C 44
C 44
C 44
, C 443 η 4 =
and C 445 η 4 =
A44 + I 4
A44 + I 4
A44 + I 4

(23)

Bhattacharryya (1978) discussed nonlinear restoring moment by expressing it as an odd order
polynomial of roll angle. Considering third order polynomial in roll, nonlinear restoring was
1
simulated where the coefficients C 44
and C 443 were obtained from the approximation of the righting
moment curve from an equation of the form:
3
G Z (η 4 ) = (C 441 η 4 + C 443 η 44
)

(24)

In general, the stability curve or the GZ curve can be obtained from the physical experiment. On
fitting this curve with the polynomial described in (24), one can determine the corresponding
coefficients. In the absence of such physical experiment, the representation of restoring moment
becomes difficult. Nevertheless, attempts have been made for such representation through a series of
numerical experiment to supplement experimental result. To emulate the spring action, one can assign
1
suitable values of C 44
and C 443 corresponding to particular type of vessel, based on two primary
i
i
characteristics: (i) hard spring C 44
> 0, and (ii) soft spring C 44
< 0, i = 3, 5, Hooft (1982). The
coefficients of restoring moment may be obtained from the approximation of righting-moment curve
using the polynomial approximation suggested by Bhattacharryya (1978). Wright and Marsfield
(1980), Feat and Jones (1981) and Bass (1982) included all the terms in the polynomial of the
restoring moment where as Cardo et al. (1980-1984) considered only the linear and cubic terms. An
important aspect of studying nonlinear restoring is to determine the influence of the initial conditions.
Often such nonlinearity may lead to flare-up condition owing to the inputs and interactions between
different motion components in higher degree of freedom.
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Figure 2: Body plan of a Panamax Container ship
For numerical experiment, computations are performed in time-domain for a Panamax Container ship
under the action of sinusoidal wave of periodicity 11.2 sec with varying wave heights acting beam to
the ship hull, when the ship is either stationary or having constant forward speed (U). The main
particulars of the Container ship and body plan (Wang, 2000) are given in Fig. 2. The sectional
coefficients for added mass, damping, Froude-Krylov force and diffraction force corresponding to the
wave period 11.2 sec are computed from the experimental results of Vugts (1968) and Frank’s closefit method (1970). This has been shown in Table 1. To start computation, the initial time step for
numerical integration is specified as 0.1 sec.
Table 1: 2D-sectional values
Wave

Sectional coefficients

Frequency Period Sway
Rad/sec
sec
added
mass
ω
t
0.56

11.2

Roll
added
mass

a 22

a 44

1.6

0.07

SwaySway
Roll
Swayroll
damping damping
roll
added
damping
b22
b44
mass
b24

a 24

-.25

0.6

0.01

-0.07

Sway
exciting
force

Roll
exciting
moment

f 2 + h2

f 4 + h4

2.25

1.9

4. Model Results and Discussion
From the review of the earlier literatures, it is observed that most of the researchers dealt with the
uncoupled roll motion with linear or nonlinear damping, and cubic or quintic representation of
nonlinear restoring. These investgators obtained the restoring moment coefficients for cubic and
quintic terms from the approximation technique of the righting moment curve.
Wright and Marshfield (1980) obtained the restoring coefficients for cubic ( C 443 ) and quintic ( C 445 )
terms as –0.3265 and 0.0114 respectively for high freeboard. In the computation of nonlinear ship roll
damping, Bass and Haddara (1988) assumed the value of C 443 as –1.45. Cardo et al. (1980) examined
the influences of damping effects on the ship rolling motion in regular beam seas. He expressed the
righting moment up to third order polynomial and obtained the value of C 443 as –0.5495, which gives
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best fit for righting arm curve when the ship is fully loaded. Cardo et al. (1981) examined the
nonlinear resonance for rolling of a ship in beam seas where the encounter frequency is an integer
multiple or a sub-multiple of the natural frequency of the system. They solved the governing equation
for two different situations, where C 443 = -1.75 and C 443 = 4, and found that for C 443 < 0, the
corresponding righting arm curve at first reaches a relative maximum and then goes to zero, where as
for C 443 >0, the curve increases monotonically in the whole range. This indicates that for C 443 >0, the
system is not stable.
Table 2: Initial values corresponding to wave heights
Wave
Height
(m)
1
2
3
4

Initial conditions at t = t0 sec
Sway

η2

2.0
2.0
2.0
2.0

η2

0.0
0.0
0.0
0.0

Roll

η4

1.222
0.8
0.1
0.001

Remarks
Yaw

η4

0.0
0.0
0.0
0.0

η6

0.15
0.15
0.15
0.15

η6

0.0
0.0
0.0
0.0

U=0
knots

U=10
knots

FU
FU
FU
FU

MC
MC
MC
FU

To model the flared up conditions, the values of C 443 and C 445 must be assigned properly. After
having numerical simulation for various initial conditions as mentioned in Table 2, the numerical
values for C 443 and C 445 are obtained as ± -0.238 and -0.09 respectively. This corresponds to the
behaviour of a soft spring. The performance of the ship with and without forward speed, and increase
of wave height are shown in Table 2. In this table, ‘FU’ and ‘MC’ represent the abbreviated form for
‘Flared-Up’ and ‘Motion Continue’ respectively. If the motion is flared-up, this indicates that the
system is unstable. Since the roll motion is having restoring property, the initial values pertaining to
sway and yaw have no influence in the coupled condition. Hence, the roll initial conditions and the
values of C 443 and C 445 are having great influence on motion time-histories.
To illustrate non-linear roll restoring while coupled motions are considered, several runs were taken
by varying environmental conditions, ship speed and initial conditions (IC). The results shown in
these figures were obtained from simulation studies for wave heights 1m, 2m, 3m and 4m with initial
roll angles η 4 t = 0 = 0.001, 0.1, 0.8 and 1.222 degrees. We specify the initial conditions of sway and

yaw corresponding to Das and Das (2006a). Figures 3(a)-3(c) exhibit the comparison of harmonic
behaviour of sway, roll and yaw while initial roll angle is set to 0.1 degree. With the increase of wave
height from 1m to 2m, motion amplitudes increase, preserving their periodicities. However, further
increase of wave height beyond the regime of small amplitude harmonic response ( ≥ 3m), oscillations
become unstable. Such flaring up of harmonic response is caused due to the propagation of non-zero
initial condition. The corresponding roll angle is found to be ± 1 degree without attenuation (Fig. 3b).

The sway and yaw response also show the divergence in numerical solution obtained in Figs. 3(a) and
3(c). To understand relative contribution of initial disturbance and wave height, simulations were
carried for various combinations of wave height and initial condition and three typical cases are
illustrated here for comparison; (i) 1m wave height and IC = ± 1.222 degree (ii) 2 m wave height and
IC = ± 0.8 degree and (iii) 3 m wave height and IC= ± 0.1 degree when forward speed is absent (Fig.
4). These critical parameters form wave height-IC-speed matrix from which motion stability can be
obtained for a particular wave frequency. The attenuation of roll amplitude and thereby control of roll
motion for all time is noticed as the speed of the ship is increased from 0 knots to 10 knots (Fig. 5).
r as
We analyze relative contribution of linear, cubic and fifth order terms of roll restoring moment C 44
specified in equation (9), and these are exhibited in Figs. 6(a)-6(c) for wave height, IC and speed
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variations. In the case of zero forward speed, ship fails to restore and the order of roll restoring
moment increases from O(105) Newton-meter to higher order indicating oscillatory divergence.
However, this oscillation is controlled due to constant forward speed (10 knots) or equivalently higher
values for Froude number (within sub-critical range). Figure 7 shows the total roll restoring for three
typical cases for comparison where the combined effect of linear, cubic and fifth order term behaves
like a soft spring. Further increase of wave height, the roll motion is unbounded leading to capsize of
ship even with small initial disturbance, IC= 0.001 deg, wave height is 4m and forward speed is 10
knots (Fig. 8).
Comparison of Sway responses when Roll IC = 0.1 deg and U = 0 knots
10
Wave ht: 1m

Sway response (m)

8

Wave ht: 2m

6

Wave ht: 3m

4
2
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20
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60

80

100

Time (sec)

Figure 3: (a) Sway Response

Comparison of Roll responses when Roll IC = 0.1 deg and U = 0 knots
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Figure 3: (b) Roll Response
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0.22

Comparison of Yaw responses when Roll IC = 0.1 deg and U =
0 knots
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Figure 3: (c) Yaw Response
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Figure 4: Comparison of roll responses due to different wave heights and initial conditions
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Wave ht = 1 m, Roll IC = 1.222 deg
3

U = 0 knots
U = 10 knots

Roll response (deg)
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Figure 5: Comparison of roll responses when the ship is
either stationary or having 10 knots speed

Linear Roll restoring: wave ht = 1 m, Roll IC = 1.222 deg
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Figure 6: (a) Comparison of roll restoring: Linear order of roll for wave heights and IC

Roll restoring moment (N-m)

Cubic Roll restoring: wave ht = 2 m, Roll IC = 0.8 deg
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Figure 6: (b) Comparison of roll restoring: Cubic order of roll for wave heights and IC

383

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Fifth order Roll restoring:wave ht = 3 m, Roll IC = 0.1 deg
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Figure 6: (c) Comparison of roll restoring: Fifth order of roll for wave heights and IC
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Figure 7: Comparison of total roll restoring
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Figure 8: Comparison of roll responses for 4 m wave height and IC = 0.001 deg
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5. Conclusion
This modelling approach described in this paper provides an important guideline to understand the
role of parameters for stabilizing undesired roll oscillations and restoring mechanism. The damping
moment considered in this paper is linear in form, however can be expressed as nonlinear to account
viscous damping and variations in the mass moment of inertia. The important findings of this study
elucidate that forward speed controls the motion oscillation and dampens the initial disturbance.
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Abstract
Scarcity of fossil fuels and a worldwide development of metropolises in coastal areas and estuaries
lead to an increasing demand for fast ferries with economical fuel consumption. The Airfoil Assisted
Catamaran (AAC) should fulfil these requirements. An AAC is a catamaran assisted by wings above
the water surface, it combines the beneficial properties of both the catamaran (manoeuvrability, large
deck area) and the Wing in Ground vehicle (good lift to drag ratio). To undertake research after the
AAC concept a Design Tool has been developed in which hydrodynamics, aerodynamics, a weight
calculation, strength calculation and cost estimation are integrated. Finally an AAC has been
designed as an alternative for an existing catamaran.
1. Introduction
A worldwide development of metropolises in coastal areas and estuaries leads to increasing problems
for passenger transport. For instance, in the Netherlands huge traffic jams, with large delays as a
result, are common. Also the awareness of the finiteness of natural resources grows. This leads to an
increasing demand for economical fast ferries.
J.W. Frouws came up with the idea to investigate catamarans of which the construction between the
hulls is shaped as a wing and should contain passengers. Such a vessel will be called an ‘Airfoil
Assisted Catamaran’ [AAC] in this report. The basic idea is that the displacement of the vessel, and
thereby the hydrodynamic resistance, decreases when sailing fast due to the lift force of the wings. The
AAC combines the positive aspects of a Wing in Ground vehicle (WIG) and a catamaran. A WIG
makes use of the ground effect which is beneficial for the lift to drag ratio. A catamaran has a large
deck area, good manoeuvrability and a low wave making resistance.
Fuel consumption is not the only factor that determines the feasibility of an AAC. Costs, strength,
workability and sustainability have to be taken into account as well. A wide range of velocities at
which the AAC might operate has been studied in order to obtain a good impression of the feasibility.
The main question that can be deduced from the former is: Is there an environment and a speed
range in which an AAC is feasible compared to a regular catamaran in particular and other
means of passenger transport in general?
To be able to investigate the AAC a Design Tool2 has been developed. Using this Design Tool it is
possible to judge the design of a catamaran or AAC in a very short time. It includes hydrodynamic
calculations, aerodynamic calculations, a weight estimation2, strength calculations and a calculation of
the costs2. All the aspects are integrated so it becomes possible to go through the process of a design
spiral in a couple of minutes.
The theory that is used in the design tool is explained in Chapter 2. In Chapter 3 the results of the
research on the AAC are shown. Finally Chapter 4 compares the AAC with a regular catamaran, (the
River Runner that sails between Rotterdam and Dordrecht), and other means of transport.

1
2

Presently working as Hull Surveyor at Bureau Veritas
Newly developed for the purpose of this research

387

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

2. Theoretical background of the design tool
2.1. The Design Tool
In order to make a realistic estimation of the possibilities of an AAC compared to regular catamarans
and other means of passenger transport the resistance curve has to be calculated. The novelty of the
Design Tool (Homma, N. and Frouws, J.W., 2005) is the fact that aerodynamic, hydrodynamic and
weight calculations are integrated in one tool, allowing calculations of the resistance at varying
velocities. All these calculations of course already existed, but they are now combined.
i1

i1, i2, i3, i4,
i6, i7

i1, i2, i3,
i4, i5

i2, i3, i5

Calculation of
the stability

Estimation of the
ship weight

Calculation of
Aerodynamic
drag and lift

o1
i1, i2, i3
Change of:
-Plate thickness
-n.o. struts
-n.o. stiffners

Calculation of
the strength of
the wings
o2

Calculation of
displacement
Calculation of
draft
Resistance prediction

Estimation of propulsion efficiency

Estimation of propulsion power
Prediction of the
price of the vessel

o4

i6

o3

Estimation of the fuel consumption
per passenger per kilometre

Calculation of the break-even
price per passenger per kilometre

o6

o5
i7

Estimation of the
costs of the crew

Figure 1: Information flow within the design tool
Not only the resistance but also other aspects determine the feasibility of a concept. Therefore also
stability and strength calculations at different extreme situations are executed in the design tool.
Finally wharfs and shipping companies will decide whether to take the risk of building a new concept
or trust the proven designs mainly based on costs and benefits. An estimation of building costs of an
AAC or regular catamaran and eventually the break-even price per passenger are also integrated in the
design tool in order to obtain a good comparison between several designs.
Because the Design Tool is used in the preliminary design stage, many estimations have to be carried
out while little information is available. Though most calculations are straight forward, a lot of data
corresponds with each other. In fact the design tool contains a rough version of the design spiral.
Using the design tool it is possible to complete a design in about 5 minutes.
Figure 1 shows the information flow within the design tool. Five symbols are used:
1. Blue oval containing i1 to i7: Input information.
2. Square green area: A calculation.
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3. Arrow: Flow of data.
4. Purple circle: a design spiral must be carried out.
5. Yellow oval containing o1 to o6: Output information.
If, for example, the velocity is increased this will influence among others the lift and drag. In its turn
the lift influences the displacement and thus the draft. The wing in ground effect depends on the height
of the wings above the water surface and therefore the change of draft causes a change of the lift force
and so on. This is only one design spiral that has to be executed to derive the right output of an
arbitrary AAC at an arbitrary velocity.
The following subchapters explain which theorems are integrated in the Design Tool. Each theory has
been validated using data obtained from experiments to increase the reliability of the calculations and
to verify the accuracy of the output.
2.2. Hydrodynamic resistance prediction for catamarans
To predict the hydrodynamic resistance two calculation methods have been compared: Müller-Graf
and Insel&Molland, the research of Snediker and Telfer on the interference between the two hulls has
also been taken into account. Both methods are validated using data obtained from experiments carried
out in the Hydromechanics Laboratory of the Technical University of Delft. Based on the results of
this validation (see Figure 2) the Müller-Graf method has been used for further research.

Rt
80,0
70,0
Model372, s/L=0.153
60,0

Muller-Graf, s/L=0.25
Insel&Molland, s/L=0.2

Rt (kN)

50,0

Insel&Molland, s/L=0,5
40,0

Poly. (Insel&Molland,
s/L=0.2)
Poly. (Muller-Graf,
s/L=0.25)
Poly. (Model372,
s/L=0.153)
Poly. (Insel&Molland,
s/L=0,5)
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20,0
10,0
0,0
0,4

0,45

0,5

0,55

0,6

0,65

0,7

0,75

0,8
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Figure 2: Comparison of calculations and experiments
The Müller-Graf method is based on model experiments. The residuary resistance is obtained from the
results of these experiments and the frictional resistance is calculated using the ITTC’57 regulations.
The method is thoroughly explained in ‘Widerstand und Propulsion’. Results from calculations are
sufficiently accurate for the study on the feasibility of an AAC.
2.3. Aerodynamic calculations
2.3.1. Lift and drag
The aerodynamic calculations together with hydromechanics form the backbone of the Design Tool.
Anderson describes in ‘Fundamentals of Aerodynamics’ basically all the theory that is used. To
include the ground effect ‘Fluid-dynamic lift’ and ‘Fluid-dynamic drag’ of Hoerner have been used as
well.
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The lift force is approximated using a vortex in a free flow. Due to the difference in pressure a tip
vortex around the tip of the wings occurs (depended of the lift). The tip vortex causes a force vector
parallel to the free airflow; the induced drag.
Besides induced drag there is also the frictional drag and form drag, (together parasite drag). The form
drag is due to the turbulence aft of a wing and is also lift depended. The parasite drag is obtained from
experiments carried out on NACA profiles.
2.3.2. Ground effect
The lift coefficient of a wing flying close to the ground can be derived from a vortex and a mirror
vortex in a free flow. The mirror vortex satisfies the boundary condition that the vertical velocity
component of the flow should be zero. The equation can be solved assuming that the velocity
component perpendicular to a point at ¾ of the chord line of the wing is also zero.
Wieselberger calculated the induced drag due to the ground effect in the same way. Measurements
carried out by Hoerner showed that the calculations are sufficiently accurate for the goal of the Design
Tool.
2.3.3. Configurations with more than 1 wing
Various configurations of wings between the hulls of a catamaran have been investigated to get a clear
idea of the feasibility of the AAC concept. Using the Design Tool it is possible to choose an arbitrary
configuration with 1 up to 8 wings between the hulls. This has been integrated as explained in
subchapter 2.3.2. In the case of 8 wings this yields 8 equations of a control point where the velocity
must be zero and 8 unknown vortexes. This yields an 8x8 matrix that can easily be solved.
2.3.4. Influence of the hulls on the wing
The most important influence of the hulls on the wing is that the tip vortex cannot fully develop. In
fact the hulls act as end plates that decrease the induced drag.
To determine the exact quantity of the effect of the hulls experiments have been carried out by E.
Moreno and P. van der Heijden. The lift and drag force of a wing with and without end plates at
varying heights above the ground were compared. Due to anomalies the results could not be used.
Eventually it is assumed that the induced drag may be multiplied with 0,5 because the wing-hull
configuration is exactly in the middle of a 2 dimensional and 3 dimensional situation.
2.3.5. Accuracy of aerodynamic calculations
Validations of aerodynamic calculations show that the calculations are sufficiently accurate for wings
with a thickness up to 15%. These validations are also valid for the ground effect (Hoerner, 5) but the
effect of the endplates (hull) is not included.
2.4. Weight estimation & Strength
The displacement of a vessel is the most important factor for the resistance of the ship, but also the
most insecure factor in the calculation. To be able to make an accurate approximation of the ship
weight in the preliminary design stage the following method has been developed.
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Figure 3: Measured and calculated lift of wing with aspect ratio 2
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Figure 4: Measured and calculated drag of wing with aspect ratio 2
2.4.1. Calculation ship weight
For the weight of the hull, accommodation and wings the surface of these parts is calculated in the
Design Tool. Based on the weight of several catamarans the thickness of the plating of the hull and
accommodation/wings are assumed to be respectively 8 and 6 mm. A factor for stiffeners and finishing
has also been derived by comparing results obtained from calculations with other catamarans, these are
1,18 and 1,12. Furthermore the main engine and other machinery, like air-conditioning and heaters, are
based on the installed engine power. The masses are respectively:
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Force exerted by the upper
wing: F3
Force exerted by the lower
wing: F2
Force exerted by the waves:
F1

Figure 5: Equilibrium of forces due to splitting force
M engine =

P (W )
(ton ) and M machinery = P (WW) (ton ) The
W
)
120 ,5( ton
342 ( ton )

factors that are used have been determined using a

database of catamarans and data known of high speed diesel engines. The deadweight exists of fuel,
water, passengers & luggage and bicycles or cars.
2.4.2. Calculation of strength of wings or accommodation between wings
The strength of the connection between the hulls is critical when drawing a conclusion about the
feasibility of an AAC. It is also the most unknown part of the weight of the catamaran. Five critical
situations have been analysed. The Design Tool calculates the stresses in the connection between the
hulls for these situations. If a configuration with thin wings between the hulls is chosen, the risk that
the first wing gets damaged is thought to be considerable; therefore the strength of the wings is also
calculated for the ‘damaged’ situation in which the first wing is not cooperating in the strength.
The critical situations are:
(1) Splitting force, sailing in beam seas.
The force is obtained from the ‘High Speed Craft Rules’ of Bureau Veritas. It is derived from
integrating the pressure difference between two sides of 1 hull over the length of the ship. Figure 5
shows how forces are calculated in case of a configuration with thin wings.
(2) Horizontal splitting moment, sailing in the diverging waves of a ship in front.
M hs = 12 ⋅ ρ ⋅ g ⋅ 0,5 ⋅ 0,5 ⋅

Lwl
L
⋅ 2 ⋅ wl ⋅ 2 [ N ⋅ m]
2
4

in which:

Horizontal splitting moment
Length waterline
Lwl [m]
The moment is derived by integrating the pressure of the wave along the hull, (crest at bow, trough at
stern).
(3) Torsion, sailing in seas 45 degrees relative to the longitudinal axis of the ship.
This moment is also obtained from the Rules and Regulations of Bureau Veritas. It has been derived
by assuming a situation where the longitudinal bending moments on each hull act in opposite
directions. The torsion is assumed to be equally divided over the wings between the hulls.
(4) Bending moment due to ascending
M hs [ N ⋅ m]

M bending = 18 ⋅ q ⋅ l 2 [N .m ]

q=

L N
[ ]
l m

in which:
l [m]

Span wings
Lift force acting on wings
L [N ]
The end of the wings is simply supported because the hulls cannot resist the angle due to bending.
From this assumption follows the formula above. The lift force is taken for the AAC sailing into a
wind gust. The lift force is assumed to be equally divided over the wings.
(5) Bending moment due to turning at full speed
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M t = 12 ⋅ Fcf ⋅ (KG − 12 ⋅ T )[ N ⋅ m]
Fcf =

ρ ⋅ g ⋅ ∇ ⋅ vs2
[N ]
4 ⋅ Lwl

in which:
M t [ N ⋅ m]
Fcf [N ]

Bending moment due to turning
Centrifugal force

Vertical centre of gravity
Draft
T [m]
The radius of the turn is assumed to be 4 times the length of the ship when it is sailing at full speed.
KG [m ]

The material that is to be used is rolled aluminium with a yield stress of 150 Newton per squared
millimetre. The Design Tool shows that the construction is correct if the following requirements are
complied with:
(1) Shear stress due to a force perpendicular to the wing and torsion allowable.
(2) Compression or tensional stress allowable.
(3) Compression force on wing below critical buckling force.
(4) Compression in plating below critical buckling stress.
Eventually the weight of the wing that complies with the requirements for strength is calculated and
integrated in the weight estimation.
2.5. Stability and propulsion
For the propulsion efficiency a waterjet and a screw have been compared. The efficiency of a waterjet
is extensively explained in ‘A Parametric Propulsion Prediction for Waterjet Driven Craft’ by T.J.C.
Terwisga. The efficiency of the screw can be approximated using the B-series of MARIN
Wageningen. Calculations showed slightly better results for the waterjet (propulsion efficiency about
60 %). This result is integrated in the Design Tool.
Stability calculations are carried out for 2 cases:
(1) The ship sails into a wind gust
(2) The AAC makes an emergency turn
The second case speaks for itself and is usually not critical. The first case, however, can be critical
when wings with a relatively long chord line are used. In a wind gust the AAC ascends and the ground
effect decreases. This causes the pressure point of the wing to move forward and a moment backward
appears. In the past several WIG vehicles crashed due to this effect.
2.6. Economy
The ship should have a satisfactory overall performance (fuel consumption, workability, stability and
strength), but finances are mostly the main argument. Therefore the costs have been investigated and
integrated in the Design Tool.
The results of the economical calculation are the costs per year for a company to keep the ship sailing.
From these costs can be derived what the prize per ticket should be to reach a break even point
between costs and income. The several factors that determine the costs are discussed here.
(A) The total ship price is translated to an amortization per year over 15 years. The price of the ship is
approximated as follows:
(1) Material costs (1850 euro per ton for Aluminium).
(2) Engine costs (300 euro per kW).
(3) Machinery (20 percent of engine costs).
(4) Personnel costs including overhead (350 hours per ton).
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(5) Design, engineering, trials, profits of the shipyard (5 percent of total costs).
(B) Reparations (5,5 hours per ton per year).
(C) Personnel costs of crew including overhead (40 euro per hour).
(D) Fuel costs (0,50 euro per litre). This factor is a variable input factor.
Adding all the costs that have just been described yields the total expense per year. The price per ticket
can be estimated for the occupation (number of persons) per trip. Assuming a certain occupation the
calculation produces the break-even price.
2.7. Accuracy and boundary conditions of the Design Tool
Until now the subchapters treated the background of the Design Tool. For users, however, the main
questions are:
(1) How accurate are the calculations when applied to an arbitrary AAC or catamaran?
(2) What are the boundary conditions for the calculation?
All the theorems that are in the Design Tool are validated and the accuracies of each part are known.
The absolute accuracy of the break even price is believed to be about 10 %. However for comparing
concepts it produces consistent and reliable results.
The design tool has to be applied with the following limitations in mind:
(1) The AAC is larger than 15 metres or shorter than 65 metres.
(2) The length to beam ratio of the vessel should be between 5 and 17.
(3) The length to displacement ratio should be between 5 and 11.
(4) The Froude number should be not more than 1,3.
(5) The maximum heeling angle may not exceed 6 degrees.
In certain cases, especially when analysing trends, it is possible to achieve reliable results for a vessel
that is not within the boundary conditions, but generally they have to be satisfied.
3. Research on the feasibility of an AAC
When it comes to the transition between catamarans and WIG vehicles there appears to be a gap in the
maritime or aerodynamic knowledge. What actually happens with the resistance of a vessel in this
area? This has been investigated with the Design Tool.
To be able to draw conclusions on the feasibility of the AAC concept one must be capable of
designing an AAC with a relatively good performance. For this reason the following research has been
undertaken after the influence of wings on the resistance:
(1)
Shape of the wing (Subchapter 3.1.)
(2)
High-lift devices (Subchapter 3.2.)
(3)
Different hull-wing configurations (Subchapter 3.3.)
3.1. Influence of wing shape on the resistance of an AAC
3.1.1. Influence of wing on resistance curve
Applying wings a lift and drag force will be generated. Due to the lift force the wetted area and
displacement decrease. The total resistance of a catamaran decreases linearly with the displacement
(and thus lift force). The resistance of a catamaran consists of an aerodynamic and hydrodynamic part.
Figure 6 shows the two parts of the total resistance and Figure 7 shows how this relates to a catamaran
that does not experience a lift force. No conclusions on the quantities may yet be drawn from these
graphs.
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3.1.2. Wing shape
To determine the influence of the shape of the wing on the resistance an AAC with one large wing
between the hulls has been designed. For reasons of comparing consistently a concept with the River
Runner, the concepts should comply with the following:
(1) The area that is fit for passengers must be equal for each design (200 square metres).
(2) The gap between the wing and the water must be larger than 0,80 metres (because of the danger of
slamming against the wing)
(3) The hulls must be equal to the approximation of the River Runner, that is used as a benchmark.
Total resistance of an AAC
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Figure 6: Aerodynamic (blue) and hydrodynamic (purple) resistance
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Figure 7: Resistance of an AAC with the effect of lift (red) and with constant displacement (blue)
The results of calculations are:
(1) More camber increases the resistance at lower velocities. At higher velocities the hydrodynamic
resistance decreases more than the aerodynamic drag increases. (Figure 8)
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(2) A greater angle has the same effect on the resistance curve as more camber.
(3) Increasing the aspect ratio results in a higher resistance in the low speed range and a decreasing
resistance at higher velocities. (Figure 9)
(4) The parasite drag of a wing increases with the thickness. An advantage for an AAC with one thick
wing between the hulls is that sufficient space for passengers can be achieved using less materials and
thus decreasing the weight. Above 15 percent thickness the parasite drag increases dramatically and
the calculations of the Design Tool are less accurate.
Calculations have been carried out up to the velocity of each AAC where it looses contact with the
water and starts flying. Results in the graphs at higher velocities are only reliable from a qualitative
point of view. To be able to sail at high speeds sufficient power has to be installed to overcome the
resistance hump.
3.2. High lift devices
To derive the influence of lift maximization the influence of a combination of three parameters, (angle
of attack, camber and flap), has been calculated and plotted in Figure 10:
A
Without flap, angle of attack is 3 degrees, normal camber.
B
With flap, 3 degrees, normal camber.
C
With flap, 10 degrees, normal camber
D
With flap, 10 degrees, extreme camber
E
Conventional catamaran
In case C and D most probably separation will occur. The results are thus not realistic. Therefore only
the trend should be analyzed.
The graph shows how the resistance increases dramatically for wings with high lift devices, although it
is possible to start flying at lower velocities and the resistance at that point of the curve is sometimes
favourable. However, to reach that point of the curve the vessel first has to pass a resistance hump.
Cousteau did measurements on thick wings with air suction at the suction side of the foil to prevent
separation of the flow. Lift coefficients of these wings reached up to 5. This will also lead to a large
drag force and the high lift device is therefore not suitable for an AAC.
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Figure 8: Influence of camber on resistance of AAC
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Figure 9: Total resistance at varying aspect ratios
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Figure 10: Influence of lift maximization on resistance of the AAC
3.3. Different hull wing configurations
A lot of concepts for an AAC are possible. Various designs have been analysed for five criteria;
resistance, strength, safety, price of the vessel and workability. Among the designs was also a hydro
and airfoil assisted catamaran.
Finally the concept with one or more thick wings between the hulls that also function as
accommodation (Figure 11) and the concept with thin wings between the hulls and an accommodation
on top of the hulls (Figure 12) have been subject of further research. Mainly because, based on a
theoretical analysis, their aerodynamic behaviour is thought to be preferable. Due to simplicity of the
designs they will also have lower costs. Other designs might be interesting for further research, but in
that case the design tool has got to be adjusted.
Different circumstances and requirement may lead to various optimized designs but choosing one
situation can result in a clear answer to the question which design is best. An AAC has been designed
as an alternative for the River Runner. The hulls were kept the same but the wing configuration was
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optimized; One concept with a thick wing and one with the accommodation on top of the hulls and 2
up to 8 wings between the hulls.
The AAC with 8 thin wings between the hulls turned out to be favourable from the perspective of
resistance (see Table 1). This was due to a very high lift to drag ratio and the possibility of a relatively
light construction between the hulls. The resistance of the configuration with 8 wings is 2,6 percent
lower than the concept with one thick wing. It is likely that this result is conservative because the
accommodation on top of the hulls can be designed much lighter than assumed in the calculations.
Table 1: Calculated resistance of various alternatives for the River Runner
River Runner
1 thick wing
4 thin wings
6 thin wings
8 thin wings

Velocity [kts]
35
35
35
35
35

Resistance [N]
93600
91320
90560
89240
89000

Figure 11: Configuration with one thick wing between the hulls
4. Comparison of AAC with competitors
4.1. AAC and regular catamaran
As is already mentioned before, a design of an AAC has been optimized (Figure 12) as an alternative
for the River Runner. The AAC fulfils the same requirements while the hulls have not been changed,
this way the effect of applying wings in the air is separated and a fair comparison of the regular
catamaran and an AAC becomes possible.

Figure 12: Impression of AAC
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The fuel consumption of the AAC is 5,2 percent better but the break-even price of a ticket is 11 cents
higher at design speed than the River Runner. This difference is due to the building costs, it is to be
expected that the costs will decrease when more ships have been built. If the fuel price increases, (0,50
euro is assumed), the AAC will rapidly become favourable from the economic point of view. The
AAC also performs increasingly better at higher velocities (Figure 13).
Although the wings seem extremely slender they provide sufficient strength for the connection
between the hulls. Struts between the lower and upper wing are a possibility to increase the strength
without significant changes of the concept. Calculations have been carried out on the height and length
of the waves generated by the wings. In the area of Rotterdam, where the water is assumed shallow,
this results in a wave height of about 3 centimetres and a wave frequency (depended of water depth) of
1 radian per second. The added wave resistance of the AAC due to this is 0,05 percent. It should be
noted that some rough assumptions have been made in these calculations.
A critical aspect of the reliability is the turbulence of the wings. The configuration of the wings should
be chosen such that they are not in each others wake; otherwise the aerodynamic calculations are not
valid.
Break-even price of a ticket
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Figure 13: Influence of velocity on break-even price (River Runner: black, AAC: red)
Table 2: Comparison AAC and River Runner at 35 [kts], 50% of seats occupied
River Runner
AAC

Fuel consumption [litres/passenger]
0,154
0,146

Price [euro]
2235000
2802000

Break-even price ticket [euro/passenger]
6,82
6,93

4.2. AAC and other competition
Besides the catamaran there are other competitors that eventually determine if the AAC is a feasible
concept. Presently mainly cars, trains and busses are used for travelling to and from work. The AAC
that sails between Rotterdam and Dordrecht ( like the River Runner) can easily be compared with
other means of transport on the same trajectory.
Table 3 shows that from a sustainable and economic point of view the AAC is competitive to the bus
and train. However, at the moment only about 50 percent of the capacity of the River Runner is used
while these calculations assume that 90 percent of the seats are occupied (equal to train and bus). Due
to the available space the ferries are favourable for people who prefer to bring their bicycle with them.
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The estimation for the car is somewhat conservative because the calculations are carried out for only 1
user, (which is usually true).
Table 3: Comparison between different means of transport
Price per one
way trip [euro]

Including
bicycle

Fuel
consumption
[litre/passenger]

Hyundai Lantra
station car

8,26

8,26

0,091

Bus
Train
AAC

3,65
3,70
3,85

X
9,70
3,85

0,033
0,054
0,081

Until now the possibilities of an AAC for inland water at regular velocities has been analysed. Several
graphs from the research already showed that the higher velocity range is interesting from the
perspective of fuel consumption and thus also costs. For each set of requirements, velocity and sailing
area a different optimized AAC exists.

Figure 14: Von Karman diagram
When plotting the results of the AAC and the River Runner in the Von Karman diagram this result in
Figure 14. It can be seen that the AAC fills the gap between cars, airplanes and fast ferries when
ascending from the water.
5. Conclusion and Recommendations
According to the theorems that have been used for the research the AAC is a feasible and promising
concept. Especially at large and relatively quiet inland waterways, like sounds and fjords, concepts are
possible that are an improvement from the perspective of fuel consumption relative to regular
catamarans. An interesting speed range is where the AAC nearly starts flying; this can be from about
70 up to 250 knots which is a speed range that is, except for some trains, barely covered by any way of
passenger transport. The resistance then becomes relatively low, but before this is reached there is a
resistance hump which requires sufficient installed power. Some aspects of the AAC have not yet
been taken into account. Further research is necessary before the AAC can be introduced, especially
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measurements on various wing configurations to determine the influence of the wings on each other
and the influence of the hull on the aerodynamic behaviour.
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Abstract
The paper presents a computational method developed for the design of contra rotating propellers of
high speed craft propulsors. The method is based on Lerbs(1952)’ lifting line theory, but with some
new peculiarities introduced to adapt the method, originally devised by Morgan (1960) for slow speed
propellers. The differences introduced in the method regard mainly the interaction effects between the
two propeller and the criteria used to select the thickness/chord distribution to match the cavitation
and strength constraints. In fact, a new fully numerical method, based on the exact lifting line model
of the propellers is used to recalculate the mutual induction factors used by Morgan(1960) to take
into consideration the interference of flow induced by each propeller to the other.
After the description of the theoretical and numerical method, an example of practical application of
the design method to the case a stern podded drive for a fast planing boat is presented and critically
discussed through the analysis of the propeller geometries obtained with different design options and
by comparing them with commercial propellers sets suitable for the same application example. The
applicability of the method to the investigated case has been successfully verified with some
outstanding points to be verified in future research activities.

1. Introduction
In these last years a general interest has been developed in Contra-Rotating Propellers (CRP), in their
use in outboard propulsors for fast planing craft or in podded drives for fast ships or mega-yachts, as
the two examples of commercial units. It is quite clear that the advantage of having contra-rotating
propellers can be better exploited for these types of vessels usually characterized by shallow drafts
and high specific power loads on propellers. The advantages mainly derive from dividing the
delivered power (and thrust) on two propellers instead of just one, to contain the diameter and
increasing the cavitation margin. However, there are application for larger powers, such as in
conventional shaft line arrangements or podded propulsors for large displacement ships. So the
potential applications of a CRP design method are rather general and widely applicable.

Figure 1: Commercial podded (left) and stern (right) drives that use CR propellers
Despite this wide existing interest, few articles have appeared in the literature recently about design
methods of CR propellers, hence the early method proposed by Morgan (1960) remains still a valid
option to design their optimum wake adapted geometries. On this basis the authors re-considered this
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classical design method and developed it, taking advantage of modern computational techniques, with
the specific aim of the design of stern propulsors for high speed planning craft.
The paper will present the details of the theoretical and numerical aspects used for developing the
computer assisted design method. Today digital computers capacity of calculus made possible, for
instance, to introduce in the method the exact numerical evaluation of the interaction effects between
the two propellers, by a coherent lifting line model. In particular, to calculate the entire velocity field
in the wake of the first propeller a full numerical lifting line model with slipstream contraction effect
has been included in the design methodology. The expression for induced velocities obtained by
Lerbs(1952), in fact, holds only at the propeller disc and make it impossible to calculated exactly the
induced velocities in the wake of the forward propellers. Morgan (1960) made use of Tachmindji
(1959) infinitely bladed propeller model to calculate the axial velocity component induced by each
propeller on the other. In the present method the authors have introduced more accurate model,
consistent with the lifting line method used for the design of the wake adapted propellers. In addition,
special attention has been paid, within the method, to model the effects of cavitation and to take
correctly into account the presence of the relatively large hub typical of these types of propulsors.
After the theoretical and numerical details, an example of a practical application to the case of a fast
planing boat with stern drives propulsors is presented and critically discussed through the analysis of
the results obtained with the new method and the original method. The influence of some design
tuning parameters such as the tolerance coefficients is used to ensure an adequate margins for
cavitation avoidance and an adequate strength requirements, as well as the fraction of lift generated by
angle of attack and camber of each blade section. The main characteristics of both propellers designed
by the present method are compared with those of an existing commercial CRP sets suitable for the
same design point. A critical discussion about the applicability of this method to fast boat propulsors
with CRP are finally drawn in the conclusions, together with a proposal for future developments.
2. Outline of the Computational Procedure
The design approach developed is based on the procedure presented by Morgan (1960) , based on
Lerbs' lifting line theory (1952), for the study of contrarotating propellers (CR). The theoretical
method is based on a series of simplifying assumptions. First of all is the assumption about the
operating conditions, that impose that each propeller operates at the same rotational speed (same rpm)
and the same torque. This assumption is true for most application and it is verified in the case of stern
podded drives for fast planing craft.
In the numerical model the hydrodynamic action of each blade is represented by a lifting line with
trailing vortex sheet. Lifting-surface effects are added later as a correction. The variable bound
circulation on the lifting line is represented by a Fourier sine series. The induced-velocity components
due to the action of each vortex element may be considered as time average, i.e. at each radius the
mean value of the induced velocities on the circumferential direction is considered.
The shape of the free vortex sheets released by both propellers is aligned with the hydrodynamic pitch
(that including induced components) at each radial position. Thus the self and mutual interference of
the free vortex sheets may are actually neglected and no contraction and/or pitch variation is
considered in the wake.
For the design method a series of input data need to be known or supposed to be verified at with a trial
and error procedure. The main input data to the method are:
–
propellers thrust (T)
- number of propeller blades, (Z)
–
maximum propeller diameter (D)
- propeller revolutions (equal on both props) (n)
–
expanded area ratio (AE/AO)
- local and effective wake fraction (wx,wo)
–
ship speed (Vs)
- maximum blade thickness at root (tmin)
–
rake angle (θrk)
- radial distribution of skew angle (θsk)
–
hub diameter (Dh)
- axial distance between fore-and-aft propellers, (d)
The strategy followed to find the optimum geometry of a CR propeller set is similar to what is used
for a single propeller with a lifting line method and can be summarized in four main higher level
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steps, whose main scope is summarized in the following, with the relative theoretical details in the
following sub-paragraphs.
Block A: the procedure define the so-called “Equivalent propeller” (EqP): a virtual optimum
propeller whose hydrodynamic pitch angle is the mean hydrodynamic angle of the two CR
propellers, modeled by two systems of lifting lines collapsed at the same axial position.
Under the hypothesis of an optimum propeller the ideal hydrodynamic pitch angle
distribution is calculated for the EqP, as for a single propeller for instance with the Kramer
method. Then the optimum circulation distribution G* on the EqP is found through an
iterative scheme to achieve the imposed thrust and the consistency on the hydrodynamic
pitch angles, calculated through the induced velocities. At this time the hydrodynamic
characteristic of the EqP are known.
Block B: This part of the method is dedicated to the definition of both fore and aft single propellers,
on the base of the previously defined EqP. From input data of the CR set as axial distance
between props (d), influence of slipstream on decrease of diameter (δ),wake fraction wx1
and wx2, interference factors fa, ft, ga, gt could be evaluated. This data contains information
about axial and tangential interference between single propellers in self and mutual
induced velocity. fa and ft are factors for obtaining circumferential average interference
velocities, as ga and gt are factors to correct the circumferentially mean axial and tangential
induced velocities for the axial distance between propellers. Once these values are
calculated, it is possible to find the distribution along the radius of induced velocities ua, ut
for both fore and aft propeller (where index 1 means fore prop and 2 means aft prop) and
therefore also the two distribution of circulation.
Block C: In this third part, the actual geometry of the CR propellers is found by imposing strength
and cavitation constraints. It has been decided to follow the approach of Grossi (1980) , in
which it is shown how to impose maximum stress and minimum pressure coefficient on
each blade section. Use is made of an iterative procedure, which considers cavitation
inception criteria and local stress evaluation, to converge to a final chord-length (c) and
thickness (t) distribution of each blade. On this basis, the actual pitch angle and camber
distribution are then calculated.
Block D: Finally lifting surface corrections are applied to the pitch and chamber distribution
previsouly determined, according the method devised by VanOssanen (1968) and valid
rigorously for single (isolated) propellers with moderate skew. As is well known, the
correction arises from the effect of the flow curvature induced by propeller finite chord
lengths and reduces to the determination of a set of multiplying factors for the camber and
pitch distributions found with the lifting line model. The mutual interference effects
bewteen the two CR propellers are neglected for these corrections.

Figure 2: Velocity diagram of inviscid velocities at each blade section of the two CR propeller
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2.1. The Equivalent Propeller (Block A)
Scope of this block is to define the characteristics of the optimum Equivalent Propeller, i.e. the
optimum propeller producing half of the total thrust and absorbing half of the total torque which is
designed as a wake-adapted propeller using Lerbs’(1955) induction factors. The general diagram of
figure 2 is valid for the mutual and self induced velocities generated by the two CR propellers.
The key point in the hydrodynamic design of CR propellers is the calculation of the mutually induced
velocity components, interference velocities, indicated in the diagram of figure 2 with the subscript i.
The self induced velocity components, indicated in the diagram with subscript s, can be evaluated
with the traditional lifting line method, valid for each single propeller. In his work Morgan (1960)
under a number of simplifying assumptions and using classical momentum theory, obtains the
following expressions between the interference velocities and the self-induced velocities:

(u ai )1 = (u as ) 2 ( f a )2 [1 − (g a )2 ]
(u ti )1 = 0

(u ai )2 = (u as )1 ( f a )1 [1 + (g a )1 ]
(u ti )2 = 2(uts )1 ( f t )1 [1 + (g t )1 ]

(1)
in which fa and ft factors have the meaning of making a circumferential average of the interference
velocities, while ga and gt factors are representative of the effect of the contraction of the streamlines
forward and aft of each propeller, and in fact are in general dependent from the distance between the
two CR propellers. The subscript 1 and 2 refers to the forward and aft propeller, respectively.
In his method Morgan (1960), on the basis of a work of Lerbs (1955), further assumes that the both
circumferential average coefficient are equal ( f a ≅ f t ) and that they follow the following law with
respect to the non-dimensional circulation G* along the blade radius:
ft =

G*
u
2x t
Vs

≅ fa

(2)
This relation has been verified by the authors by a complete numerical lifting line model which is
presented in chapter 3.
The other assumption of Morgan (1960) are that g a1 ≅ g a 2 and the value of ga is calculated on the
basis of results obtained by Tachmindji (1959) in his work with an infinitely bladed propeller model
without hub, an approximate method. The authors have indeed, verified the values assumed by this
factor by computing them with an alternative more exact lifting line model which is described in
chapter 3.
From this velocity diagram, valid for the two CR propellers, it is possible to derive the virtual velocity
diagram valid for the EqP, by assuming that the axial distance (d) between the two props is zero. Then
the velocity diagram at each blade section becomes independent from relative fore-and-aft position,
and the hydrodynamic pitch angle is assumed equal to the average of the hydrodynamic pitch angles
of the two actual propellers. Moreover the effect of streamline contraction obviously disappears and in
fact the definitions of the velocity components expressed below, only the two coefficients fa and ft
appear to calculate the average contribution of the axial and tangential induced velocities of the
equivalent propeller.
From this assumptions it follows that the inviscid velocity components and consequently the
hydrodynamic pitch angle βi for fore propeller are:
Axial component = Va + u a (1 + f a )

(3)

Tangential component = ω r − ut

(4)
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tan(β i )1 =

Va + u a (1 + f a )
ωr − u t

(5)

and for the aft propeller:
Axial component = V a + u a (1 + f a )

(6)

Tangential component = ω r − ut (1 − 2 f t )

(7)

V a + u a (1 + f a )
ω r − u t (1 − 2 f t )

(8)

tan( β i ) 2 =

Thus for the equivalent propeller, tan(βi)eq is calculated as the average of the values found at the same
section on forward and aft propellers and, neglecting second order terms, results:
tan( β i ) eq ≅

Va
u (1 − f t )
ωr t
ω r − 2 u t (1 − f t )

V a + u a (1 + f a ) −

(9)
the initial value of the hydrodynamic pitch angle is calculated with the classic formula proposed by
Morgan (1960), in which ideal efficiency ηi that is determined from the and the usual procedure, for
istance Kramer relation:
1/ 2
tan( β ) eq (1 − w o )
tan( β i ) eq ≅
ηi
(1 − w x )
(10)
in which tan (β )eq = V a ω r is the advance pitch angle.
The non dimensional circulation distribution over the lifting lines of the EqP, which is an unknown
function in our design problem, is expressed as a sum of odd sinusoidal function, in order to reduce
the problem to the solution for a given number of unknowns, i.e. the n coefficient of the sinusoidal
finite series G m* . The number n of terms in the series is usually taken around 20 for a good resolution
of the function over the radius. Thus from the above the following relation for G* has been used:
G* =

n
m =1

(11)

G m * sin m ϕ

in which ϕ is the free variable, which is related to the non dimensional radial position x of each blade
section through the following formula:
x=

1
1
(1 + x h ) − (1 − x h ) cos ϕ
2
2

(12)

In the framework of Lerbs’ (1952) lifting line theory, the induced velocity components are related to
the non-dimensional circulation G* on the blades, through the following discretized expressions
which approximate the integral definitions:
n
ua
1
a
(13)
≅
mG m * h m
Vs
Z (1 − x h ) m =1
n
ut
1
t
(14)
≅
mG m * h m
Vs
Z (1 − x h ) m =1
In which hma and hmt are the Lerbs’ improper integrals (1952) which represent the induction factors
and depend in general from the coordinate of the collocation point on the lifting line and from the
hydrodynamic pitch angle (β i )eq which is given to the free vortex lines in the wakes.
Expressing the induced velocities in terms of the circulation distribution with relations (13) and (14),
and the circumferential averaging factors (f) in terms of circulation distribution using (2) and the sine
series expansion for the circulation distribution (11) the kinematic condition (9) becomes:
(1 − x h )(1 − w x ) 1 −

tan β i
tan β

m
t
a
[(tan β − tan β i ) eq h m − h m ] −
Z
=
Gm *
u
sin m ϕ
m =1
− (1 − x h )
(tan β − 2 tan β i ) eq + a
2x
ut
n

eq
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This equation involves the unknown Gm* terms and it is non-linear in nature, because of the
contribution of last term ua/ut which in turns depends on the circulation distribution. The equation (14)
is written n times, one for each selected point on the lifting line through the equation. (13), forms non
linear system of equation which is solved for the unknowns Gm* terms.
Once the system is solved, and the circulation of the EqP is found it is possible to calculate the ideal
inviscid thrust of the equivalent propeller by the usual formula (valid for a single propeller):
1
u
1
*
C Tsi
=8 G*
− t (1 − f t ) dx
xh
(tan β )eq V s
(16)
The calculation procedure up to this point is iterated in order to achieve the convergence of the thrust
estimated for the EqP and the requested one. The equivalence, though, must consider a correction that
takes into account viscous effects and another, as suggested by Morgan (1960) , that allows for the
crude simplifying assumption of the dynamic equivalence between the EqP and the actual two CR
propellers. All the above computational procedure is then iterated by multiplying tan(β i)eq at all
sections by a scalar factor to reach the convergence on the requested total given thrust, amended for
the two corrections above stated.
2.2. The Optimum Load Distribution for the Actual two CR Propellers (Block B)
This part of the method (Block B) is dedicated to the definition of the hydrodynamic characteristics of
the two actual CR propelles on the base of the EqP just solved.
The following expressions, derived by Lerbs (1955), are used to relate the induced velocities on each
propeller to the one calculated for the EqP:
( u as ) 1 = u a
( u ts ) 1 = u t
( u as ) 2 = (1 + δ )(1 + ζ ) u a
( u ts ) 2 = (1 + δ )(1 + ζ ) u t

(17)
Substituting these values into equations (1) for the axial and the tangential relative velocities, the
following expressions are obtained for the hydrodynamic pitch angles of the two propellers tan(βi)1
and tan(βi)2.
u
u
(1 − w x ) 1 + a + (1 + δ )(1 + ζ ) a f a (1 − g a )
VS
VS
(18)
tan( β i ) 1 =
ut
x1
−
λs VS
tan( β i ) 2 =

ua
u
+ a f a (1 + g a )
VS VS
u
u
− (1 + δ )(1 + ζ ) t + 2 t f a (1 + g t )
VS
VS

(1 − w x ) 2 + (1 + δ )(1 + ζ )
x 2 (1 − δ ) x =1

λs
in which it is assumed that:
gt ≅ δ

(19)

(20)

x 2 = x 1 (1 − δ ) /(1 − δ ) x =1

and:
δ = contraction factor
ζ = circulation factor used to give equal torque on each prop (see (1952))
δ , ζ = average values of δ, ζ on the blade
Both this factor are computed using the following relations :
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ua
u
) 1 ( f a ) 1 + (1 + δ )(1 + ζ )( a ) 2 ( f a ) 2 (1 − g a )
Vs
Vs
F =1−
u
u
(1 − w x ) 2 + (1 + δ )(1 + ζ )( a ) 2 ( f a ) 2 + ( a ) 1 ( f a ) 1 (1 + g a )
V
V
s
s
, with
(1 − w x ) 1 + (

δ =

x1

1
x1

2

x1 Fdx 1

(22)
ua
ua
(1 − w x ) 1 + ( ) + (1 + δ )(1 + ζ )( )( f a )(1 − g a )
Vs
Vs
(23)
ζ =
ua
ua
(1 − w x ) 2 + (1 + δ )(1 + ζ )( ) + ( )( f a )(1 + g a )
Vs
Vs
The equations for both δ, ζ are dependent and iterative-type solution must be used. Both δ and ζ are
small in absolute value, thus for a first approximation they may be assumed to be zero; hence δ and
ζ are zero. This process is repeated with the new calculated value of δ and ζ until the values of δ
and ζ reach the convergence on the final solution.
( x h )1

The final value of δ and ζ, is used in equations (18) and (19) to determine the hydrodynamic pitch
angle βi of each section of both CR propellers. With this angles, knowing the optimum circulation of
the EqP, it is possible determine the circulation of the forward and aft props and hence the load
distribution along the blade, with the following relations:
2π
Z

G*
sin (β i )1
ua
u
(1 − w x ) 1 +
+ (1 + δ )(1 + ζ ) a f a (1 − g a )
VS
VS
2π
G*
1
(1 + ζ ) sin (β i )1
(C L c D ) 2 =
ua
ua
(
1 − δ ) x =1
Z
(1 − w x ) 2 + (1 + δ )(1 + ζ )
+
f a (1 + g a )
VS
VS
(C L c D ) 1 =

(24)

(25)

2.3. Definition of the Geometry of the Actual Propellers with Lifting-Surface Correction (Block
C and BlockD)
When the hydrodynamic characteristics of two actual propellers have been defined, it is possible
continue with the geometric definition of the blade, i.e. with the determination of chords, thickness,
camber and pitch radial distribution. The geometric details of the blades are chosen to match the
optimum load distribution previously determined, while ensuring a sufficient blade strength and an
adequate cavitation avoidance to each blade section.
Different approaches are possible at this level. The authors chose the method devised by Grossi
(1980) for the design of single wake adapted propellers, which has been proven very effective in
many different design cases and still widely used in the design of high performance propellers. This
part of the method relies on the early works of Castagneto and Maioli (1968) to define the minimum
pressure coefficient on a blade section with standard profile and on the work of Conolly (1961) for
the determination of the total stress values on each blade section. Another possible approach is that
proposed for instance by Morgan (1960) which is less readily incorporated into an automatic
computational procedure.
Conolly (1961) devised semi-empirical formulations for the determination of the radial stress values
on propeller blades with a rather conventional (not skewed) distribution of chords, due to mass
centrifugal forces and hydrodynamic forces. In general, in fact, the total radial stress can be thought as
a sum of the component due to centrifugal and pressure forces acting on the blade, and its value must
be sufficiently below the maximum admissible stress value, i.e.:
(26)
σ rTOT = σ c + σ r ≤ σ amm = σ Y (K S ⋅ K rob )
The safety factor KS is normally taken around 9 for taking into account the uncertainties of the
fluctuating load on the propeller and to allow for the fatigue cycles during propeller life. The other
safety factor Krob is a parameter introduced by authors to calibrate the relative weight of the strength
criteria over cavitation criteria. For usual propeller nickel aluminum bronze alloys the value of yield
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stress σ Y is around 550 Mpa.
Using the work of Conolly (1961), it is possible to impose the strength criteria by the formula:
ct

2

=

RK
Z

A1

2π R
Q
T + A2
P
R

1
(σ

amm

(27)

−σc)

which involves the product of the chord length c and the square of the thickness t of each blade
section. T and Q are the thrust and torque of the propeller and the coefficients A1 and A2 are tabulated
(Conolly, 1961) as a function of non dimensional radial position, for a given propeller pitch P, which
being unknown is assumed equal to the hydrodynamic pitch ratio.
The centrifugal stress is defined by the following Formula devised by Conolly (1961):
σc =

n2R 2
iRC
C1 +
10 10
t

2

(28)

cos φ [ tons / in 2 ]

and clearly depends from the propeller revolution n, the section pitch angle φ and thickness t.
An iterative approach is required for the correct evaluation ct2 using (27), since at the beginning the
thickness t is unknown. So at first iteration the contribution of centrifugal stress in (27) is ignored and
then from the second iteration until convergence the thickness distribution found at the previous
iteration is used.
As regards cavitation constraint, a simplified cavitation inception criteria on each blade section is
imposed, i.e. pressure coefficient must be higher than the cavitation number on each section:
(29)
K P σ 0l = C Pmin
in (29) KP is a coefficient chosen by the user to impose a certain safety margin on the cavitation
inception criteria (normally KP <1). The minimum pressure coefficient is evaluated by use of the thin
profile theory corrected with empirical results as proposed by Castagneto and Maioli (1968) , valid for
standard propeller foil sections and mean lines, so that the following formula can be used:
C Pmin = (1 + h1 C Lf + h 2 t

c

(30)

+ h3 C Lα ) 2 − 1

where h1, h2, h3 are tabulated coefficient in Castagneto and Maioli (1968) depending only on profile
and camber line shapes and CLf, CLα are the lift coefficient which the designed blade section generates
by camber and angle of attack, respectively.
The equation (30) can be manipulated to eliminate the terms involving the yet unknown thickness t,
introducing already known terms, as for instance ct2, with the following result:
x 3 (h2

ct 2 ) + x 2 (( h1 p + h 3 (1 − p )) C L c ) + (1 −

(31)

1 + K P σ 0l ) = 0

in which the factor p is selected by the designer a priori to set the proportion of lift coefficient
developed by camber on the total lift coefficient, i.e.: p = C Lf C L = C Lf C Lf + C L α
TOT

The equation obtained (31) is a third order equation in the unknown x = 1 c , and its coefficients are
known constants by previous calculation steps. By solving (31) it is possible to find the chord
distribution and consequently the thickness distribution. Some additional assumptions are made on the
minimum thickness at tip, usually set to 0.03%R and the maximum thickness ratio of the blade root
profile, usually set to 0.15 or less.
Once the first guess of thickness distribution is known the procedure is iterated few times (usually 3 is
sufficient), while in (27) the effect of centrifugal forces are estimated with the current thickness
distribution.
The forward and aft propellers can be designed with differentiated cavitation and strength margins, by
setting non equal values for KP and Krob in input to the design procedure.
Block D is dedicated to the calculation of the angle of attack and maximum camber of each blade
profile with lifting surface correction. In fact it is well know that lifting line theory is only satisfactory
for dealing with three dimensional effects in the direction of span. In most practical design method,
use is made of correction factors derived from lifting surface theory. Correction has been made by
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using polynomial representation of lifting surface correction factors presented by Van Oossanen
(1968), which is straightforward to be included in a computation method.
These polynomials can be written as:
kc , k α , kt =

ci Z

si

(tan θ sx ) t i

i

AE
AO

ui

(32)

(λ i ) vi

Where Ci, and powers Si, ti, ui, vi are tabled value and θsk is local skew angle.
For this approach there are four limit conditions and they have to be verified for each blade section,
these are:
(33)
3≤ Z ≤7
2
(34)
0 ≤ tan θ sk ≤ 1 . 02556 − 1 . 05177 − ( x − 0 . 2 )
(35)
0.35 ≤ AE AO ≤ 1.15
(36)
0.4 π ≤ λi ≤ 2 π
It is thus possible to integrate the lifting surface correction in the final calculation of maximum
camber and angle of attack of each blade profile, using following equations:
f max = k c ⋅ C L c ⋅ f l ⋅ p = maximum camber

(37)
(38)
(39)

φ i = β i + α = pitch angle

α = α 1 + α 2 + α 3 = angle of attack (a.o.a.)
α 1 = k α ⋅ α id ⋅

CL
⋅ p = a.o.a. due to the ideal incidence angle of the mean line used
C L id

α 2 = (1 − p ) C L

2 π (1 − µ ⋅

t
)
c

= a.o.a. due to symmetric profile

α 3 = k t ⋅ BTFi = correction of the a.o.a due to thickness effects

(40)
(41)
(42)

In the above formulae:
f l is the proportional factor which defines the linearised dependence of lift coefficient from the
maximum camber of the selected mean line, known for standard shapes and tabulated in Castagneto
and Maioli (1968) for NACA a=0.8, a=01.0 and NACA 65.

µ is a correction coefficient to the theoretical lift coefficient slope, 2π, valid for profiles in inviscid
flow, that depends on the actual thickness distribution chosen to define the blade profiles. It is known
from experiments on standard symmetrical profile shapes and tabulated in Castagneto and Maioli
(1968) for NACA16 and original/modified NACA66.
CLid is the lift coefficient produced by the adopted mean line at its ideal angle of attack, usually 1.

At this stage, the last computational block of the method is terminated and the design
program continues with post-processing features like the generation of the drawings of the propellers
(expanded outline, section shapes, etc.) or the diagrams showing the pitch, camber, chords, thickness
distribution along the blade.
3. The Numerical Lifting Line Method to Evaluate the Mutually Induced Velocities

As anticipated in the introduction, a completely numerical lifting line method has been developed to
calculate the effects of the mutual induction between the two propellers. The lifting line model is
similar to that of Lerbs (1952), but differently it has been changed from a continuous formulation into
a discrete one by employing vortex lines composed by constant length parts. So induced velocities are
not evaluated by the well known analytical formulations presented by Lerbs (1952), but simply by
application of the Biot-Savart law to the discrete bound vortex elements and to the free trailing
vortices.
Hence the velocity field induced on a point P (identified by vector r =P-P0) by a three-dimensional
vortex dl =(P1-P0) of strength Γ is obtained by the law of Biot-Savart:
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dV =

Γ dl × r
4π | r | 3

(43)

This more useful equation can be alternatively employed from a numerical point of view:
r1 × r 2
Γ
4 π r1 × r 2 2

dV =

dl •

r1
r
− 2
r1
r2

(44)

where:
(45)
r1 = ( P − P0 ) and r2 = ( P − P1 )
Hence a straight lifting line of length R may be discretized by N parts of length ∆=R/N so obtaining
N+1 point. The induced velocity vector in a point P in the fluid domain is given by:
N

V =

n =1

Γ rn × rn + 1
4 π rn × rn + 1 2

( Pn + 1 − Pn ) •

rn
r
− n +1
rn
rn + 1

(46)

Figure 3: Reference systems used for the lifting line numerical model
To model a trailing helical vortex line shed in the wake by the lifting line, it is useful to define
cylindrical coordinate system (r,ψ,z) fixed on the propeller, as represented in Figure 3. The main
geometrical characteristics of the helical vortex line are:
r0= radius,

β i0= pitch angle,

r0*M = longitudinal extension

These parameters are linked together by the equation: z = r0 tan(βi0) ψ
In the cylindrical reference system of figure 3, the induced velocity V has 3 components as follow:
wr radial component directed along r
wt tangential component orthogonal to r , positive as ψ
wa axial component directed along z , positive downstream
It is assumed that the first point of the vortex line has coordinates (r0,0,0).
The vortex line is then divided into N regular intervals, so obtaining N+1 singularity elements located
at points:
zn =

(47)

Mr 0
( n − 1)
N

rn = r0
ψ

n

(48)

zn
M
=
=
( n − 1)
r 0 tan β i 0
N tan β i 0

(49)
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n=1,2,….N+1
An extensive investigation about the dependency of the convergence and stability of the induced
velocities predicted by the numerical method on the discretisation parameters M, N has been
performed. From this sensitivity study it was found that to obtain a good convergence the two
parameters M, N must change in relation with the pitch angle of the trailed vortex line β i0 , the number
of blades g and the ratio r/r0, which defines the relative position between the trailing vortex line and
the radial position of the point in which the velocities are evaluated.
Once the appropriate M,N are chosen for each trailing helical vortex line, it is possible to superimpose
several horseshoe lifting lines composed by a bound vortex lying on the blade and two trailing
vortices directed downstream, so modelling the whole effect of a propeller blade.
Following Lerbs’(1952) model it is possible to relate lifting line circulation to free vortex circulation:
the lifting line is divided into S equal intervals so obtaining S+1 trailing vortex (including hub and tip
vortex) of strength:
(50)

Γ i f = Γ is−1 − Γ is+ 1
f

- Γ > 0 counter-clockwise when viewed in the direction of positive z
- Γs > 0 counter-clockwise when viewed in the direction of positive r
So once having defined in input the bound circulation distribution Γs(r), the pitch angle distribution βi0
(r) (both obtained by Lerbs’(1955) method for an optimum propeller), the number of blades g, the
propeller and hub radius R and rh the developed program computes the induced velocity on a selected
point P having cylindrical coordinates (r,ψ,z), with the pure numerical lifting line model.
3.1 Validation of the Numerical Method by Analytical Formulation

An important check of the consistency of the computational program is obtained by comparing the
velocity field obtained by the numerical method to what is obtained with Lerbs’(1955) formulae,
which are defined rigorously only on lifting lines and on bisector lines of the propeller disc between
them. As an example the following propeller characteristics have been used for validation:
High speed propeller
D = 0.373 m; diameter
g=3;
Va = 25.63 m/s advance velocity
xh = 0.3 ;
λ= Va/πnD= 0.5474 advance coefficient
PD = 122 kW; delivered power
power coefficient
PD
= 0.129657
CP =
n= 39.954 rps; propeller speed
1
2 3
2

ρπR V A

The comparison of the induced velocity predicted by Lerbs’(1955) analytical formulation and the
numerical method is resumed in the graph of figure 4, where ut , ua mean the tangential and axial
components respectively.
u/V

0,1

0,08

ua/V num
ut/V num
ua/V Lerbs
ut/V Lerbs

0,06

0,04

0,02
0,2

0,4

0,6

0,8

x

1

Figure 4: Comparison between prediction of induced velocity components using Lerbs (1955)
analytical formulation and developed purely numerical lifting line model

412

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

As clearly visible, there is a good agreement between the two methods except in the limited region
near the hub and the tip, where the purely numerical method inherently suffers from truncation errors.
3.2 Calculation of Average Factor and Interference Factor

It is possible to employ the numerical method to compute an averaged velocity referred to an axial
and radial position. Such components are defined as follows:
2π
g

u a ( x, z ) =

0

2π
g

u a ( x , z ,ψ ) d ψ

(51)

2π
g

u t ( x, z ) =

0

u t ( x , z ,ψ ) d ψ

(52)

2π
g

Integrals in equations (51) and (52) can be numerically computed by evaluating N+1 velocity
components at equally spaced angular positions from ψ = δ to ψ = 2π/Ζ− δ :the necessity to avoid
computation at ψ=0 and ψ=2π/Z arises from the numerical instability near the lifting line (except on
the propeller disc).
Average factors are defined as follows:
u
u
(53)
(54)
ft = t
fa = a
ut
ua
Lerbs (1955) expressed these factors by the already reported analytical formula (2).
For validation purposes, in the following figure 5, the numerical and analytical results obtained for a
propeller having the characteristics of the previous example are compared.
Again also for this coefficient, the purely numerical method shows good agreement with the analytical
formulation of Lerbs’ (1955) confirming the validity of its use in the design method developed

by authors. Moreover from the comparison the identity between the tangential and axial
averaging factor is also verified, i.e.: ft=fa.
f

0,8

faftlerbs

0,7

fa num

0,6

ft num

0,5
0,4
0,3
0,2
0,1
0
0,2

0,4

0,6

0,8

X 1

Figure 5: Comparison of the predicted average factor by the numerical method against Lerbs (1955)
analytical formulation
The numerical method devised permits the calculation of the interference factor ga , which is defined
as the ratio between the circumferential mean axial component induced by a given propeller at a
certain radial position on its disc and the induced components at a different axial position z. It is
needed to evaluate the mutually induced axial components of a propeller to the other in the design the
CRP set.
Only by a numerical method like the one developed by the authors and described in the previous
paragraph these components can be evaluated. The analytical formulation of Lerbs’ (1955) in fact,
does not permit the calculation of the induced velocities in the wake of the lifting lines.
g a ( x, z ) =

w a ( x, z )
−1
w a ( x, z = 0)

for z>0 ;

g a ( x, z ) =

413

w a ( x, z )
+ 1 for z<0;
w a ( x, z = 0)

(55)
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It is interesting to compare the values of this factor predicted by numerical method with those
evaluated by Tachmindji (1959) who derived expressions with an optimum infinitely bladed propeller
model without hub effect. Tachmindji (1959) relates ga to x, z/R and λi where:
λ
hydrodynamic advance coefficient
(56)
λi =
ηi
The comparison is made for the reference propeller previously defined, which has a λi= 0.6116.
Figure 6 presents the interference factors at the axial position z=R versus the radial position as
predicted by numerical method and as evaluated by Tachmindji (1959) method.
The difference at the tip and at the hub are evident and were in some extent expected. In fact,
Tachmindji (1959) model does not consider any hub in its model, so the circulation distribution only
goes on the axis, where at x=0, while the simulated propeller has the hub at x=0.3.
Moreover Tachmindji (1959) model does not take into account of finite blade number and spread the
radial circulation distribution uniformly in the circumferential direction. It is believed that this last
main difference can be responsible of the large deviation between the ga values from x=0.6 up to the
tip (x=1).
Differences at the tip of the interference factors predicted with the two methods cause a distinct
change on the optimum pitch predicted by the design program near the tip region, as will be
demonstrated in the application example of the following chapter.
In particular it is believed that the use of the more consistent lifting line model to evaluate the
interference factor ga instead of the Tachmindji (1959) method, originally proposed by Morgan (1960)
in its paper, can bring1to better prediction of the pitch in the outer blade region.
ga
0,8
0,6
ga num z=0.1865

0,4

ga Tachmindji
z=0.1865

0,2
0
0,2

0,4

0,6

0,8

1

X

1,2

-0,2 between the interference factor predicted with purely numerical lifting line
Figure 6: Comparison
model and the model of Tachmindji (1959)

4. Application to a Fast Propellers Design Case

In the following a test case for the application of the design method to a CR propeller sets is
presented. The target application is for a stern drive unit of an existing high speed planing craft having
the following main characteristics:
Vs = 53 [kn]
T = 7934 [N]
N = 2397 [rpm]
Z=3
D = 0.373 [m]
xh = 0.3
Wx =[0.12 0.07 0.05 0.05 0.05]

ship velocity;
estimated required thrust;
propeller revolution speed, same for both propellers;
number of blades of both propellers;
forward propeller diameter;
non-dimensional hub ratio;
estimated radial distribution of wave fraction;
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Xw = [0.3 0.5 0.7 0.9 1]
λ= Va/πnD= 0.5474;

non-dimensional radii for wave fraction distribution;
advance coefficient

The values above were used as main input data to the design program, selecting NACA16 foil with
NACA a=0.8 meanline for the base blade profile and assigning to both propellers an arbitrary skew
angle distribution.
Starting from a reference CRP set design obtained with the method, the influence of different design
parameters has been analysed in the validation study. In the following three effects are discussed: the
use of the numerical lifting line model to evaluated the interference factor ga, the change in the ratio
between the lift achieved for camber and for a.o.a of the blade profiles for the aft propellers, the axial
distance between fore and aft propellers (d).
The reference propellers design, named case-1-ref, was obtained by using the following additional
design parameters:
P1 = 0.9, P2 = 0.8, percentage of lift produced for camber on the forward (1) and aft (2) propeller
KP1=0.7, KP2=1.0, safety margins on cavitation criteria for fwd(1) and aft (2) propellers
Krob=1.1 safety margin on strength criteria, equal for both propellers
d = 0.15 m axial distance between the two CR propellers
interference factor ga calculated with Tachmindji (1959) method
Some of the main characteristics of the CR propellers set, obtained with the proposed method are
presented in the graphs of the following figures 7 and figure 8.

Figure 7: Case-1-ref Expanded outline and thickness distribution (left) of forward (AV) and aft (AD)
propellers

Figure 8: Case 1-ref. (right): Hydrodynamic pitch P/D distribution along the radius for the equivalent
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propeller (black solid line) and geometric pitch distribution of the fwd (1) and aft (2) propellers with
(solid lines) and without (dots) lifting surface corrections. (left): radial non-dimensional camber
distribution
The smaller expanded area ratio of the aft propeller with respect to the forward has been obtained by
reducing on it the margin on cavitation criteria, in fact KP2=1.0 is higher than KP1.
In figure 7 it is also possible to note how in practice the chord and thickness distribution is controlled
near the blade root in the method. Theoretically, in fact, at the hub the circulation and the load both go
to zero and with them, consequently, the chord length. This would lead, in turn to almost infinite
thickness at blade root, to respect the strength constraint. This unphysical solution is avoided by
imposing a certain minimum thickness-chord ratio at root and fairing the thickness distribution by
keeping the given value at root to the value predicted by the method at outer blade sections.
An unusual pitch distribution is predicted by the method in the forward propeller near the hub. In
particular for this propeller the highest pitch ratio occurs at x=0.4. The aft propeller, instead, shows a
more standard pitch distribution with maximum value at about 0.7R. The relative change in pitch
along the blade is small, and the difference is substantially due to the combined effects of the
interference and averaging factors predicted with Morgan (1960) method (that uses Lerbs (1955) and
Tachmindji (1959) results) and used in the evaluation of the hydrodynamic pitch of the two propellers
(block B).
In this respect the authors have developed the numerical method described in chapter 3 and used the
more theoretically exact ga predicted with it into the design method for the previous reference test
case. The difference in pitch distribution obtained is presented in the graph of figure 9.
A correction is noted on the pitch in the blade section from about x=0.6 to the tip, with the highest
corrections just closer to the tip.
1

r/R
0.9

0.8

P1/D1num
P2/D2num
P1/D1par
P2/D2par

0.7

0.6

0.5

0.4

0.3
1.85

1.9

1.95

2

P/D

2.05

Figure 9: case-1-ref: pitch distribution predicted for the two CR propellers using the interference
coefficient calculated by Tachmindji (1959) model and with the exact numerical lifting line method
described in chapter 3.
It is interesting to compare the CR set designs obtained with the proposed method to the real
propellers installed in the stern drive of the reference vessel. The main characteristics measured for
these two CR commercial propellers are reported in Table 1.
A first difference with respect to the design run case-1-ref is noted on the diameter of the aft
propeller: the design method, in fact, does not have the possibility to arbitrarily change this value,
which derives directly from the predicted slipstream contraction at the position of the aft propeller.
The other sensible difference is in the predicted pitch for the second propeller which result lower than
that of the commercial set. It is supposed that the difference, here, may be due a particular design of
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the commercial aft propeller which may be very much unloaded at tip and hub, while the designed set
is always respecting the condition of maximum pitch distribution.
A very large difference in the expanded area ratio exists between the design propeller in case-1-ref,
and the commercial ones, the designed propeller having nearly half of the expanded area.
For this reason another design run, named case-2-ae was performed, with the only difference of
change in the following input factors:
P1 = 0.8, P2 = 0.6, percentage of lift produced for camber on the forward (1) and aft (2) propeller
KP1=0.4, KP2=0.55, safety margins on cavitation criteria for fwd(1) and aft (2) propellers
By enlarging the margin against cavitation (nearly by a factor two with respect to the case-1-ref run)
the chord lengths calculated in Block C of the method become sensibly higher and the expanded area
ratio of both propellers is increased. The change in the percentage of lift generated by camber
especially lowered on the second propeller, factor P2, bring to a generally higher pitch angle assigned
to all blade sections.

Figure 10: Case-2-ae Expanded outline and thickness distribution (left) of forward and aft propellers

Figure 11: Case-2-ae. (right): Hydrodynamic pitch P/D distribution along the radius for the equivalent
propeller (black solid line) and geometric pitch distribution of the fwd (1) and aft (2) propellers with
(solid lines) and without (dots) lifting surface corrections. (left): radial non-dimensional camber
distribution
Same results as for previous case are presented in the following figures 10 and figure 11. The general
increase of the chord length is noted as expected, as well as a general reduction in the camber-chord
ratio. The pitch distribution, instead, remain quite unvaried, showing the general trend already
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discussed before.
For the sake of a qualitative final comparison, Table 1 summarises the main characteristics of the
commercial CR propeller set with the corresponding characteristics obtained in the last design run
named case-2-ae.
It is noted that for this last design run the expanded area ratio of both propellers come very close to
the real propeller set. This may perhaps indicate that a rather large safety margin on cavitation is
needed when designing propellers for high speed boat applications. An distinct difference on the pitch
ratio predicted by the method for the aft propeller is noted against the commercial set. It is believed
that this may be due to the peculiar design of this real propeller, probably with blade pitch highly
unloaded at tip and root, and obviously higher in the intermediate radial positions.
Table 1: Main characteristics of commercial CR propellers used in the stern drive of the reference
boat. Values between brackets indicate the characteristics of the CR propellers design case C-2
obtained with the proposed method.
Forward propeller

Aft Propeller

Profile type

unknown (NACA16)

Unknown (NACA16)

Mean line

unknown (a=0.8)

unknown (a=0.8)

Diameter D

0.373 m

(0.373m)

0.348 m

(0.367m)

Expanded area ratio EAR

0.68

(0.62)

0.43

(0.43)

Pitch ratio at 0.7R, P/D0.7

2.0

(1.96)

2.2

(2.00)

Skew at tip, sk°

18 deg

(6 deg)

12 deg

(11 deg)

5. Conclusions

An integrated computational method for the design of counter-rotating propellers, based on lifting line
model, has been presented in the paper in its main theoretical and numerical aspects. The method is
based on an early work of Morgan (1960) , but some distinct features have been added/modified in the
presented method, in order to better exploit the modern computer capacity and to render the design
method almost automatic.
The main difference with the original Morgan (1960) method are in the calculation of the interference
velocities between the forward and aft propellers: present method uses an ad hoc fully numerical
lifting line model, instead of the original Tachmindji (1959)’s infinitely bladed propeller model. It has
been verified in the paper that the evaluation of interference velocities with this new method can bring
to substantial difference in the pitch distribution assigned to both propellers in the outer blade region
(form x=0.6 to the tip).
Another relevant difference is in the method used to define the propellers geometry once the optimum
circulations are found. In particular the chord and thickness distributions are found using a very robust
method developed some 20 years ago in Italy and validated with success on many single propeller
design cases.
Finally the method has been applied and results has been discussed in reference case of a stern drive
of a fast planing craft. Different designs have been generated for the same application by varying
some input tuning parameters, such as the margin on cavitation inception and the percentage of lift
generated by camber distribution of the blades.
The critical analysis of the results obtained with the proposed method highlights some peculiar
aspects in its application to the design of fast CR propeller sets. In particular the optimum pitch
distribution of the forward propeller results with a maximum value close to the hub region.
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The comparison of the generated propeller geometries against existing real propellers of a stern drive
mounted in the reference fast planing craft, showed that the method is able to capture the global
characteristics of a real propeller set in terms of mean pitch and expanded area ratio, when properly
tuned. A difference is noted though, in the predicted effective pitch for the aft propeller, which results
quite lower than the real one, and on the aft propeller diameter which for the commercial propeller set
results considerably lower. It is believed that the first difference could be overcome by the
modification of the method to cope with the design of CR propellers with unloaded circulation
distribution with respect to the optimum one.
Future developments regard mainly: the calculation of lifting surface effect with an exactly numerical
model and the possibility to perform the design of CR propellers with unloaded optimum circulation
distributions. A future verification of the design by model tests is deemed to help the validation of the
design method. Hopefully it will be soon performed.
6. Nomenclature

AE = blade expanded area
p =
AO = propeller disk area
A1,A2 = non dimensional function by Conolly (1961)
BTF = blade-thickness fraction
Q =
r =
C L = lift coefficient of blade section
CLf = coefficient of lift force generated by
T =
camber
t =
CLα = coefficient of lift force generated by
ua =

factor to set the proportion of lift
coefficient developed by camber on the
total lift coefficient. p = CLf/ CL
propeller torque
radius of any propeller-blade section
propeller thrust
maximum blade section thickness
axial-induced velocity

uai =

interference-induced axial velocity

CLid = lift coefficient at ideal angle of attack

uas =

self-induced axial velocity

CR =

ut =

tangential-induced velocity

uti =

interference-induced tangential velocity

uts =

self-induced tangential velocity

angle of attack
CounterRotating

*
CTsi
= total non viscous thrust coefficient based

on ship speed

C1,C2 =centrifugal stress coefficients by Conolly (1961) Va =

speed of advance

c =

chord length

Vs =

D =

maximum propeller diameter

w0 , wx =effective and local wake fraction

d =

axial between fore-and-aft propeller

xh =
x =

EqP = Equivalent Propeller
f
, f =factors for obtaining circumferential
averages of axial and tangential velocities
interference velocities
a

t

Z =
α =
β =

ship speed
non dimensional hub radius
non dimensional radius (r/R)
number of propeller blades
angle of attack
advance angle

G =

non-dimensional circulation per blade

G =

total non-dimensional circulation at each

β i = hydrodynamic pitch angle
δ = slipstream contraction factor
δ = average contraction ratio of slipstream

Gm* =

radius of one propeller
Fourier coefficient of non dimensional

ζ =

at aft propeller
circulation factor

circulation, G

ζ =

average circulation factor

φ =
ηi =
ϕ =

section pitch angle

f max = maximum section camber
*

g a , g t =factors for obtaining effect of axial distance

between propellers on axial and tangential
interference velocities
hm

t

ideal propeller efficiency
parameter at radius x

, h m = functions of induction factors and radius σ rTOT = total stress acting on each blade
a
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h1, h2, h3= characteristic foil factor by Castagneto
and Maioli (1968)
i

=

tangent of rake angle

K rob , K S = safety factors for strength stress
K

p

= safety margin on cavitation inception

kc =
kt =

kα =

n =
P =

camber correction
angle-of-attack correction for thickness
ideal angle-of-attack correction
speed of rotation (rpm)
blade section pitch

σ Y = yield stress section
σ r = radial section stress
σ amm = maximum accepted section stress
σ c = centrifugal section stress
θ sk = skew angle
ω = tangential angular velocity
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Abstract
In this paper, a new method is proposed to detect the damage of pipelines. According to this method, the
pipeline is discretized based on the finite element analysis. The natural frequencies and modal vectors
can be obtained by vibration modal test, so as the displacement modes and strain modes by using modal
analysis. If the strain sensitivity ratio is defined as the ratio of the strain of one node to the root-meansquare of the strain of all the nodes, the damage of the pipeline can be detected by comparing its strain
sensitivity ratio with the intact pipelines. The criterion to identify the damage location in pipelines is
established in this paper. By using this method, the damage area of the pipeline can be detected precisely
with the measurement of some necessary low-order modal vectors, which is verified by a number of
experimental tests and numerical analysis. This method is proved to be simple and efficient.
1. Introduction
Due to tremendous growth of pipeline accidents, damage detection in pipeline is an important issue from
the point of view of safety. It is essential to carry out periodical inspection in pipelines to detect any
damage. The cost of repair is obviously lesser than that of reconstruction of the whole pipeline system.
Nondestructive technique such as visual inspection, radiograph, ultrasonic testing, acoustic emission, etc.,
may be used to detect damage in the pipelines. However, most of these nondestructive techniques used to
evaluate the damage in pipeline require much time and money to be applied. Therefore, the development
of damage identification methods that are cheaper and faster to perform is very important. The problems
can be avoided through the use of vibration monitoring such as modal analysis.
In recent years, the use of modal-analysis techniques as non-destructive methods is a current field of
interest for various researches. Hearn and Testa (1991) used the "ratios of frequency changes have
attempted to detect and localize damage". Maeck and Abdel (2000) identified the damage location in
reinforced concrete structures using dynamic stiffness determination. Pandey et al (1991) detected
location of cracks by observing changes in curvature mode shape. Q. Lu, G. Ren and Y. Zhao (2002) used
flexibility curvature in simulated experiments on the reinforced concrete beam. Sampaio (1999) described
a frequency response function curvature method based on Pandey’s work. Dutta and Talukdar (2003)
considered using curvature mode shapes for better localization of damage in bridges. Kim (1995, 2002)
presented a newly derived algorithm to predict locations of damage in structures using changes in modal
characteristics. Gao Fang qing (1998, 1999) presented that the changes in the mode of vibration were
sensitive to the damage degree of elements and proposed a new method for weighted the changes in
modes during the structural damage and element damages can be oriented effectively with this method.
Yu Dejie, (1998) Shi Zhi yu (1998) and Dong cong (1999) also studied the damage detection method
using the dynamic test data. These researches all have made active progresses and contributions. In this
paper, the concept of strain sensitivity ratio and the detection method of strain sensitivity ratio based on
vibration modal theory which the detection and assessment of damage pipeline can be carried out are
proposed. This method is proved to be simple and efficient by detecting various damage pipelines.
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2. Brief Theoretical Basis
2.1 The displacement modes
Intercept a segment of pipeline, suppose that it is N d. o. f. beam. Response of N degrees-of-freedom
system for beam with excitation, the differential Equation of motion for a linear system as
..

.

[M ]{ y } + [C ]{ y } + [K ]{ y } = {f (t )}

(1)

where [M ] , [C ] and [K ] are respectively the mass, the damping and the stiffness matrix of the system.
{f (t )} is the vector of external forces, and { y } the vector of unknown displacements at the modal
coordinates.
Introducing into Equation (1) the linear transformation of coordinates
{ y} = [φ ]{q}
in which [φ ] is the modal matrix of the system, yields
..

(2)

.

[M ]{φ }{q } + [C ][φ ]{q } + [K ]{φ }{q } = [φ ]{f (t )} = { p(t )}

(3)

By means of the modal superposition method, hence the solution of Equation (3) is assumed to be of the
form
{ y } = [Φ ]{q } = [φ ]{ A} cos θ t + [φ ]{B } sin θ t

(4)

where { A} and {B } are given by
Ar =

Br =

2ξr θ

Pr
Mr ωr

2

Pr
Mr ωr

2

ω j [(1 −
(1 −

θ

θ

2

) + 4ξr
2

2

ωr

2

ωr

2

θ

2

ωr

2

]

(5)

1

)

θ

2

θ

2

) + 4ξr 2
2
ωr
ωr
Neglecting the effects of damping, Equation (4) may also be expressed as:
{ y } r = {φ } r Br sin θ t
(1 −

2

(6)

where {φ } r is the displacement modal for the rth mode.

2.2 Strain modes
Equation (6) gives displacement modes when it is neglecting the effects of damping. One can compute
strain modes using above results. Suppose pipeline is pin support beam. When the excitation was
introduced at some place, pipeline occurs bending deform. Pipeline is discretized with n nodes and m
elements. It is shown in Figure1
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Figure1: Schematic of Pipeline Model
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The general form of beam static bending Equation is

d 2y(x)
2

d x

=

2

1

=

ρ

M( x )

(7)

EI

Where M ( x ) is bending moment, EI is the flexural rigidity, ρ the radius of curvature. Equation (7)
belongs to the second linear Equation of No.1 edge condition. Using the central difference approximation,
Equation (7) can be written as

d 2y(x)
dx

=

2

1

( y i +1 − 2 y i + y i −1 )

∆2

(8)

Where ∆ is step distance, yi is total displacement with respect to ith node.
Applying Hook’s law yields:

εi =

σi
E

=

M ( xi )D

=

2EI

D
2∆ 2

( y i +1 − 2 y i + y i −1 )

= Ay i
A=

Where

D

(9)

y i = y i +1 − 2 y i + y i −1

2∆ 2

Thus rth order strain modal is given by:

ε ri =

D
2∆ 2

( y i +1 − 2y i + y i −1 )r = Ay ri

(10)

y ri = ( y i +1 − 2 y i + y i −1 )r

in which

2.3 Strain modal sensitivity and strain modal sensitivity ratio
For undamaged pipeline, one defined strain sensitivity as Fi , as follows:
Fi =

Where

n

εi =

εi

(11)

εi

n

( ε i ) = A[
2

i =1

2

( y i + 1 − 2 y i + y i −1 ) ]

1/ 2

= Ay i

(12)

i =1

Substituting Equation (9) and Equation (12) into Equation (11) yields
Fi =

εi
εi

=

Ay i
Ay i

=

yi
yi

(13)

In the same way, for corrosion damage pipeline, its strain sensitivity Fi * , is given by
Fi * =
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y

*
i
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y i* = ( y i*+1 − 2 y i* + y i*−1 ) , y i* = [

In which

n

i =1

( y i*+1 − 2 y i* + y i*−1 )2 ]1/ 2

Strain sensitivity ratio β i is defined as the ratios between strain sensitivity of intact pipeline and one of
damaged pipeline.
F*
βi = i
(15)
Fi
As jth element of pipeline has corrosion damage, its displacement and strain all change and contribute to
its adjacent node’s and ratio between its adjacent node’s strain sensitivity and others no corrosion damage
node will evident increase, namely strain sensitivity ratio of corrosion damage element is more than that
of no corrosion damage, so one present corrosion criterion(1),(2):

β i > β i +1 , β i −1

Criterion (1):

(16)

If β i +1 > β i −1 , then the element between node i and node (i+1) has damage, if β ( i −1) > β i +1 ,then the element
between node i and node (i-1) has damage.

β i > 1, β( i +1) > 1

Criterion (2):

(17)

If β i > 1, β ( i +1) > 1 element between node i and (i+1) occurs corrosion damage.

3. Experimental set up and analysis of results
3.1 Experimental set up
The experimental set up of the corrosion damage is shown in Figure2. (a), (b), (c). Three same properties
pipelines No1, No 2, No 3 with area of A = 0.0023m 2 and length of L=3m were prepared. The
corresponding material properties are Young’s modulus are E = 210Gpa Poisson’s ratios υ = 0.3 , and
density ρ = 7.8 × 103 kg / m 3 . Each pipeline was discretized 10 element with 11 node. Among these
pipelines, No1 is undamaged one and the others are all damage in No.7 element.
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(a) Schematic of No1 pipeline
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(b) Schematic of No 2 pipeline
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(c) Schematic of No 3 pipeline
Figure 2: No1, No 2, No 3 schematic of two-span continuous pipeline

No1 ~ No3 modal frequency and modal vector of pipeline through experimental test are listed in Table1
and in Figure 3.
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Table 1: Resonant Frequency of Model Pipeline

Resonant Frequency (Hz)
Mode 1
Mode 2
32.432
71.631
29.635
61.321
26.253
94.822

Damage case
No1 pipeline
No 2 pipeline
No 3 pipeline

Modal application φ

Modal application φ

Mode 5
688.950
685.335
684.717

2

2
0
-2

0

1

2

0
-2
-4
-6

3

0

0.5

1

1.5

2

(a) No1 pipeline 1-5 displacement modal

1st mode

0

1

-0.5

0.5

2st mode

-1

0

3st mode

-1.5

-0.5

-2

4st mode

-1
0

0.5

1

1.5

3

(b) No 2 pipeline 1-5 displacement modal

0.5

-2.5

2.5

location x(m)

location x(m)

Modal application φ

Mode 4
436.149
434.882
431.334

4

4

-4

Mode 3
240.930
237.778
231.238

2

2.5

5st mode

3

location x(m)

(c) No 3 pipeline 1-5 displacement modal
Figure 3: (a), (b), (c) The first Five Mode Shapes of No1, No 2, No 3 pipeline
Using test data, the results of the first five order total displacement strain strain sensitivity and strain
sensitivity ratio that are computed by test data are listed in Table 2. Table 2 shows that node 7 strain
sensitivity ratio for No 2 and No 3 corrosion damage is more than others, and that β 8 > β 6 , which is
accord with criterion (1) (Equation (16)). So No 7 element between node 7 and node 8 has corrosion
damage. This situation is accord with practicality.




Damage sensitivity index β of No 2 and No 3 pipeline was shown in Figure 4(a), (b). It is evident shown
that node 7 sensitivity ratio is more than others nodes, In the same way one can determine that element 7
occurs damage.
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(a) No 2 pipeline

(b) No 3 pipeline

Figure 4: Damage index : Strain Sensitivity Ratio β

3.2. Results and discussion
As can be observed from Table 2, summation of one and two order displacement is nearly equal to the
first five order total displacement, thus there are no significance of 3 4 5 order displacement to total
displacement. It means that total displacement is composed of one and two order displacement, at the
same time, the value of one order displacement is far more than that of 2 order displacement, considering
one calculate sensitivity and sensitivity ratio by one order displacement or summation of one two order
displacement to locate corrosion damage, so the strain strain sensitivity and strain sensitivity ratio of
No.2 and No.3 pipeline can be obtained by applying Equation (4) to one order displacement and the first
two three and four order displacement, which is shown in Table 3, and is plotted in Figure5. In Table 3,
β1i , β 2 i , β 3 i , β 4 i represent one order and the first two three four order strain sensitivity ratio. It can be
calculate from results in Table 3 that element 6 between node 6 and node 7 occurs corrosion damage
applying criterion(1) to one or the first two order strain sensitivity ratio in the No 2 pipeline, which don’t
correspond to the practicality damage location.














However, for the first three, four order strain sensitivity ratio of No 2 pipeline, using criterion(1) the
element 7 between node 7 and node 8 is located, which correspond with practical damage. For No 3
pipeline, all results which are calculated by one order the first two, three, four and five order strain
sensitivity ratio are in accord with each other, namely element 7 between node 7 and node 8 occurs
damage, which is consistent with practical corrosion.
From the above described results, one can conclude that the damage in pipeline may efficiently detect
using the first three, four and five order strain sensitivity ratio, at the same time, they can verify each
other. In some situation, even though one or the first two strain sensitivity ratio can also locate damage. It
can be seen from Table 3 that node one and node 11 have more value of strain sensitivity ratio, but the
result is inaccurate, because these two node are support point of pipeline and one suppose that the value
imaginary support point is zero when computing these point. On account of those above, the 1 and 11
may be neglected.
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Table 2: r=1 5 order strain sensitivity and sensitivity ratio


Pipeline

node

Displacement r=(1







5)

5

Fi ( Fi * )

1.469
3.979
6.008
8.561
10.398
11.124
10.620
9.930
8.311
5.873
2.826

1.041
-0.489
0.524
-0.716
-1.111
-1.230
-0.186
-0.929
-0.819
-0.609
0.211

0.398
-0.187
0.200
-0.274
-0.425
-0.470
-0.071
-0.355
-0.313
-0.233
0.085

-0.0044
-0.0015
0.0038
-0.0005
-0.0038
0.0004
0.0047
0.0013
-0.0038
-0.0016
-0.0052

1.366
3.978
6.193
8.555
10.949
11.618
11.339
10.766
8.411
5.538
2.626

1.246
-0.397
0.147
0.032
-1.725
-0.948
-0.794
-0.780
-0.782
-0.039
0.286

0.453
-0.145
0.053
0.012
-0.628
-0.345
-0.286
-0.284
-0.285
-0.014
0.104

1.138
0.775
0.245
-0.044
0.447
0.734
4.028
0.800
0.911
0.060
1.223

0.001
-0.0001
-0.001
0.0001
0.002
0.0001
-0.002
-0.0001
0.002
0.001
-0.002

1.574
4.255
6.853
9.191
11.059
11.272
11.697
10.319
8.508
6.050
2.612

1.107
-0.083
-0.260
-0.470
-1.655
0.212
-1.767
-0.433
-0.647
-0.980
0.876

0.358
-0.027
-0.084
-0.151
-0.532
0.068
-0.568
-0.139
-0.208
-0.315
0.266

0.899
0.144
-0.420
0.551
-1.252
-0.144
8.00
0.391
0.664
1.352
3.192

y2

y3

y4

y5

No1

1
2
3
4
5
6
7
8
9
10
11

1.720
4.238
6.222
8.727
10.495
11.144
10.377
9.559
7.917
5.509
2.559

-0.244
-0.264
-0.229
-0.167
-0.103
-0.031
0.235
0.371
0.400
0.368
0.247

0.009
0.005
-0.003
-0.005
-0.004
-0.001
0.004
0.006
0.004
-0.003
-0.009

-0.019
0.001
0.015
0.008
0.007
0.019
0.007
-0.004
-0.013
-0.002
0.033

0.003
-0.001
0.003
-0.0004
0.0026
0.0001
-0.0031
-0.0016
0.0033
0.0015
-0.0038

No 2

1
2
3
4
5
6
7
8
9
10
11

1.600
4.267
6.502
8.774
10.993
11.640
11.046
9.830
7.947
5.146
2.362

-0.215
-0.284
-0.314
-0.223
-0.051
-0.032
0.293
0.445
0.476
0.388
0.268

-0.0096
-0.0051
0.0038
0.0069
0.0059
0.0009
-0.0059
-0.0074
-0.0041
0.0059
0.0121

-0.0048
-0.0016
-0.0028
-0.0019
0.0046
0.0085
0.0013
-0.0026
-0.0041
-0.0009
-0.0104

No 3

1
2
3
4
5
6
7
8
9
10
11

1.787
4.439
6.984
9.268
10.983
11.391
11.582
10.077
8.243
5.813
2.439

-0.200
-0.189
-0.155
-0.085
0.071
-0.136
0.103
0.237
0.273
0.242
0.157

0.007
0.004
-0.003
-0.005
-0.005
-0.001
0.004
0.006
0.004
-0.003
-0.008

-0.021
0.001
0.027
0.013
0.008
0.018
0.010
-0.001
-0.014
-0.003
0.026
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Table 3: One or the first two, three, four order strain sensitivity ratio
N 02

Node
1
2
3
4
5
6
7
8
9
10
11

No 3

β1i

β 2i

β 3i

β 4i

β1i

β 2i

β 3i

β 4i

1.305
0.778
0.065
0.067
1.346
0.858
11.600
0.742
1.220
0.028
1.058

1.283
0.866
0.307
-0.045
1.501
0.959
4.564
0.921
1.313
0.016
0.236

1.112
0.865
-0.336
-0.018
1.452
0.727
3.794
0.739
1.164
0.030
0.847

1.159
0.936
0.355
0.050
1.459
0.756
3.575
0.757
0.778
0.052
1.234

1.003
0.184
-0.062
0.705
1.057
0.139
29.900
0.355
0.747
1.588
2.210

1.021
0.172
-0.402
0.659
1.298
0.195
9.225
0.446
0.751
0.859
0.667

0.841
0.145
-0.341
0.558
1.265
0.162
7.849
0.371
0.682
1.303
2.647

0.881
0.144
-0.479
0.545
1.223
0.149
7.212
0.380
0.662
1.345
3.234

If data in Table 3 are plotted in Figure5(a) (b), it also appears that the value of node 7 strain sensitivity
ratio is far more than the others. From the calculated results above, it is undoubtedly clear that the damage
was correctly located.
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(a) No.2. pipeline
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(b) No3. pipeline
Figure 5: (a), (b) one and the first two, three, four order index β of No2 and No.3. pipeline respectively
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4. Numerical example
A pipeline shown in Fig (6)(a) is used to verify the damage identification methods described above. Total
numbers of elements and nodes are 10 and 11, respectively. the pipeline is a theoretical model of a twospan continuous beam, whose material constants are listed as follows:
E = 210GPa, Rout = 100mm, Rin = 92mm, ρ = 9.438 × 103 kg / m 3 , A = 0.0012m 2 , l = 2m

Where E is the Young’s modulus, Rout and Rin is outer radius and inner radius respectively, l length of
pipeline, A the section area of pipeline member and ρ the mass density. The structure has two supports: a
fixed support at the left edge, a pin support at the right.

d D
l
(a) pipeline

1

2
1

3
2

4
3

4

5

6
5

8

7
6

7

9
8

1

1
10

9

(b). discretized element
Figure6: (a),(b) Pipeline and Model of Discretized Element
The dynamic analysis is carried out to simulate and calculate pipeline before and after damage. Damage
cases shown in Table 4 are investigated.
Table 4: Damage case for the pipeline
Damage case
A

Damaged element
4

Damage extent
10% area reduction

Case A denotes the single damage location problems. For the intact and damaged pipeline, the first modal
and strain sensitivity ratio of all node are shown in Table 5.
Table 5: Strain sensitivity and sensitivity ratio before and after corrosion damage

Node
1
2
3
4
5
6
7
8
9
10
11

no corrosion damage
−

corrosion damage
−

ε

Fi

ε*

Fi *

βi

0.255
0.251
0.242
0.227
0.206
0.180
0.150
0.116
0.079
0.039
0.020

0.427
0.420
0.405
0.380
0.345
0.302
0.259
0.200
0.136
0.069
0.035

0.250
0.247
0.238
0.235
0.215
0.177
0.147
0.114
0.077
0.039
0.020

0.419
0.414
0.399
0.394
0.361
0.296
0.246
0.191
0.129
0.065
0.032

0.981
0.986
0.985
1.037
1.046
0.980
0.950
0.955
0.948
0.942
0.914
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From this Table, it can be found that β 4 and β5 are more than 1 respectively, but others is nearly equal to
1, so the damaged element 4 can be detected very clearly when using criterion (2).

5. Conclusions
In this paper, based on structural modal analysis theory, the efficient and simple damage identification
technique for corrosion damage pipeline is proposed, which defines modal strain sensitivity and modal
strain sensitivity ratio and presents basic modal sensitivity ratio method criterion. The basic idea of modal
strain sensitivity ratio method can effectively detect the corrosion pipeline locations. This method has
three merits: (a). the experimental data can easily be obtained; (b). the lower-order modal shape is only
required; (c). this method has good advantage at practical engineering applications.
From experimental analysis and numerical example, it can be found that the presented method is very
efficient for locating damage in corrosion pipeline. Furthermore, the damage can be efficient detected by
using the first five modal parameter, even in some situation by using one or the first two order modal
parameter. At the same time, this method can avoid the effect of test error and noise error and enhance
precision and veracity.
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Hydrodynamic Resistance Assessment of Non-monohedric Planing Hull
Forms based on Savitsky’s Methodology
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Abstract
Planing hard chine hull forms are widely used for high speed small craft. While monohedric* deep
vee forms have been commonly used for more than 25 years the recent trends are toward non
monohedric** forms in which the most of hydrodynamic lift is produced by low deadrise area in the
after part of the hull. Then the deadrise gradually increases in the center and in the forebody allowing
higher angles of incidence that are beneficial to reduce wave impact forces and ship motions. Also
wetted surface is reduced in comparison to the standard monohedric form resulting in smaller
frictional resistance. The origin of this trend is in the search of better seakeeping performances and
has been possible through a general reduction in ship weight due to main engines higher
power/weight ratio and lower structural weight.
Resistance predictions based on Savitsky’s method are commonly used although this procedure had
been developed on the hypothesis of monohedric geometry for the wetted part of the hull.
The results are consequently affected by errors due to wrong assessment of both hydrodynamic lift
and center of pressure.
In this paper two procedures for the application of Savitsky method to non monohedric hulls are
proposed. The results relative to a recently developed non monohedric hullform are compared to
those ones obtained by standard Savitsky method and by towing tank tests. Furthermore a study for
the analysis of error propagation in Savitsky’s long form procedure is proposed.
*monohedric is a V bottom hull form with deadrise angle constant at least from transom to midsection
** non monohedric is a V bottom hull form with deadrise angle variable along the hull length
1. Introduction
Hard chine V bottom hull form has been widely used for small and medium size HSC since early
sixties. The hydrodynamic lift achievable through such hull form is the main factor for the reduction
of the wave resistance component at Fn higher than 0.8.
The semi-empirical method for resistance assessment of such hull form proposed by Savitsky (1964)
although based on a simplified geometry, has proven effective and has been widely used till
nowadays. Lacks of the method as the neglect of the spray resistance component and of some parts of
the wetted surface have proven of small relative importance (6-10%) through the comparison with
experimental results. Differences became smaller as Fn increases.
The hypothesis of monohedricity has proven not too much restrictive for a long period when deep Vee
hulls with strictly monohedric afterbody were commonly used.In the last years the search for better
seakeeping performances for planing hulls combined with the availability of higher power/weight
ratios of main engines and with lower structural weight has led to prefer non-monohedric hull forms.
These ones concentrate the hydrodynamic lift in the very after part of the hull where the bottom has
low deadrise angles generally ranging from 9 to 12 degrees. Then the deadrise gradually increases in
the center part and in the forebody allowing higher angles of incidence beneficial to reduce wave
impact forces and ship motions.
Although this geometry is noticeably different from the V plate on which has been developed the
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Savitsky’s method, this one is still widely used, sometimes referring to a conventional value of the
deadrise angle as suggested by Savitsky (2006). The application of Savitsky method to more realistic
hull forms with deadrise angles varying according to the hull length and to hull forms with multi Vee
transversal sections is considered in this paper. Furthermore the error propagation is analyzed and
assessed.
2. Application of Savitsky’s method to non monohedric hull forms
Non monohedric hull forms for planing craft are generally hard chine and V bottom. Several aspects
can characterize their differences from the monohedric v plate used as geometric model for the
Savitsky’s procedure. In this paper we will consider only two of them that are the most common.
They are the presence of double or multiple Vee in transversal sections of the bottom and the
progressive variation of the deadrise angle from stern to the bow.
2.1. Multi Vee hull forms
Double or multi Vee bottom has been tested and in case of very high relative speed successfully
applied. The part of the bottom closer to the center line that is always immersed has a lower β in
respect to the outer part. This last with higher deadrise angle, has a better behaviour when water
impacts.
2.1.1. Equivalent Deadrise Angle
A method to assess the equivalent deadrise angle β* can be obtained through the constance of the
main section form coefficient.

T

AM
BT

T

CM =

Figure 1: Double Vee main section and modified equivalent section
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With reference to Figure1 if we call A* the area not comprised inside the main section, the problem is
to determine the right angle triangle with the larger cathetus equal to B/2 of area equal to A*. β* will
be the angle between the hypothenusas a* an the largest cathetus B/2
With reference to a polyhedral section composed by n sides:
n

tgβ =
*

1

i

B−

j

1

i

(b

j −1

− b j ) ⋅ bi tgβ i
2

i

bi

This transformation does not modify the areas as they are constant in respect to the form coefficients
but modifies the perimeter of the sections and consequently the wetted surface.
2.1.2. Wetted surface variation
In the hypothesis of prismatic hull form the variation of hull surface is proportional to the variation of
perimeter consequent to the transformation.
If “a” is the wetted perimeter of the true section and “a’ ” the wetted perimeter of the transformed
section, it follows:

∆a = 1 −

a = av +

n
i

n

ai = T −

i

1

bi tgβ i +

n
i
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1
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(

n
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1

(
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SW
a
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'
SW a

SW = SW'

)

1
2

bi 1 + tg 2 β i

In the hypothesis of prismatic hull, it follows:

SW = L ⋅ a

[

bi 1 + tg 2 β i

B
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Wetted surface of the equivalent hull
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These consideration allow to evaluate the increase in frictional drag due to the effective wetted
surface. As a reference from some investigated cases of multi Vee hull forms, the wetted surface
variation is in the order of few percentages.
2.2. Variable deadrise hull forms
The Savitsky’s method in the long form or in the “short” simplified versions is applied also to non
monohedric hull form in the general professional practice. The difference of such hull form from the
constant deadrise V plate for which the method has been originally developed is considered using an
“average” value of the deadrise angle. This value is suggested by individual practice or considering
the deadrise variation along the hull length. Savitsky (2006) suggests to use the deadrise value
measured at ¼ L from the stern.
This type of simplified assumption can be effective for hydrodynamic lift assessment, provided an
appropriate “average” deadrise value had been chosen, but does not result in the true value of the
center of pressure longitudinal position that is strictly connected to the deadrise trend along the ship
length. With the “average” value, typically, the result gives a position of the center of pressure much
more forward than it really is. The consequent longitudinal trim is higher then that observed in the
reality. The total resistance evaluation is not correct and approximate in excess.
In this paper the possibility of a more rigorous and effective application of Savitsky method to non
monohedric hull forms is presented.
2.2.1. Physical model and base hypothesis
The considered physical model is the typical one for a planing Vee plate. While the plate presents a
rectilinear motion the streamlines below the bottom have a divergence toward the after part of the
plate. It is common practice to divide the flow field around the plate into two components: the
longitudinal aligned with the motion direction and the vertical with direction opposite to the gravity
force. With these assumptions the motion longitudinal field can be considered as relative to a plane
plate with angle of incidence different from zero. The transversal field is considered as the field
around a wedge with zero lift angle.
Gravitational effects can be considered negligible in respect to inertial ones. Furthermore the
following hypothesis have to be taken into account:
•
•
•
•

Ideal non compressile non viscous fluid.
Twodimensional flow field
Uniform transversal pressure distribution
Longitudinal position of hydrodynamic center of pressure connected only to longitudinal
pressure distribution.

2.2.2. Procedure

a)

The hull is divided into N transversal sections.
With reference to a standard system of coordinates with x axis aligned with the keel and oriented
toward the bow, the generic i-th section is defined by the transversal plans Π i , with abscissa xi, and

Π i +1 , with abscissa xi+1.
the generic i-th section will be characterized by an average abscissa xi* =
deadrise angle β i = β ( xi ) .
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b) ∀i = 1, ..., n − 1, n ≤ N Long Form Savitsky’s Method is applied in the hypothesis of
monohedric hull with constant deadrise angle β i .
The sections with index Lws ,n +1 > x n*+1 are discharged as they do not contribute to
hydrodynamic lift .
c) ∀i = 1, ..., n − 1, n ≤ N the following quantities are known:

βi
xi*

→

from hull geometric characteristics

τi
Lws ,i →

by Savitsky’s Method

LCp ,i
d) ∀i = 1, ..., n − 1, n we consider a planing plate with incidence angle τ i .
Applying the conformal mapping based on Schwarz-Christoffel differential equations we can
determine the function:

x

Cp i = Cp i

Lws ,i

that is:
p

Cpi =
x

≅

Lws , i
xπ

δ i

=

x mπ

δ

1 ρV 2
2

x
x m, i

= 1−
=

xπ

2

ξ − cosτ i
1 − ξ cosτ i + senτ i 1 − ξ 2

δ

δ x m, i π

1
(1 + ξ )cosτ i − (1 − cosτ i )lg 1 − ξ − 1 − ξ 2 senτ i − senτ i arccos ξ + πsenτ i
1 − cosτ i
2
=

i

1 + cos τ i
1 − cosτ i
π senτ i
− lg
+
2 cos τ i
1 − cosτ i
1 − cosτ i

ξ ∈ [− 1,1]
where δ is a motion field characteristic dimension and ξ is an arbitrary variable in conformal
mapping.
e) ∀i = 1, ..., n − 1, n , when the functions

Cp i = Cp i

xi*
Lws ,i

and their maximum values Cp i ,max ,have been calculated

their non dimensional values in correspondence of xi* , can be determined and the function:
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Cpi
Cpi* =

x i*
Lws ,i

can be obtained.

Cpi,max

The value of this function in the way of i-th section represents the “weight” of the contribute of this
section to the hydrodynamic lift for a hull with constant deadrise β i .
f) The value

LCP
of the examined hull has been obtained as averaged weight of the determined
Lws

values Cpi* ∀ i = 1,..., n as shown in the following formula:
n

LCP
=
Lws

i
1

LCP
Cpi*
Lws i

n
i

Cpi*

1

g) When determined

LCP
through Bc (Projected beam at chine that is considered constant), the
Lws

factor e and the wetted length Lws can be calculated according to Savitsky’s method:

LCP
= 0.75 −
Lws

1
5.21

Cv

λ

2

+ 2.39

and
Lws =

Bc

from that:
LCP =

LCP
λ Bc
Lws

and
C LO

τ

1.1

= 0.012λ0.5 + 0.055

λ2,5
Cv2

h) Savitsky’s procedure is applied again. A first tentative value for the longitudinal trim angle is
fixed and CLO is obtained by C LO / τ 1.1 .
When CLO e CLβ are known the deadrise angle β of the equivalent hull can be determined and by the
Sottorf formula the bare hull total resistance RH can be evaluated. In fact when and are known it is
possible to evaluate , and then F, Rn, SWL, DF and RH.
The equilibrium condition on which Savitsky’s procedure is based can be verified. If the values of the
determined forces do not verify the equilibrium a new value for τ is fixed and the process is continued
to convergence.

i) The first tentative value for can be obtained by the position: C LO =1.1 C Lβ and then by
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2.2.3. Wetted Surface
It is necessary to consider the wetted surface of non monohedric hull form. In the Savitsky’s
procedure for a monohedric hull form the following formula is used

S ws

λ BC2
=
cos β

In the case of non monohedric hull form we can write:

S ws =

Lws

0

BC
dx
cos β ( x )

integrating, we obtain:

S ws =

BC Lws
1 + sen β 1 cos β 0
lg
β1 − β 0
1 + sen β 0 cos β 1

Where:

β 0 = β (x = 0)
β1 = β ( x = Lws )

3. Comparison with experimental results
An experimental test to validate the proposed procedure has been prepared. The differences in the
bare hull resistance values for monohedric hull forms obtained by Savitsky’s method and by
experimental tests had been already investigated at Naples University towing tank. Bare hull
resistance of strictly monohedric (80% of the length) hull forms with different deadrise angles had
been experimentally assessed. The difference from the Savitsky’s procedure result can be divided into
two parts. The first is due to known components that it is possible to asses, essentially the model
aerodynamic resistance. The second part is due to known and unknown factors that anyway are almost
impossible to assess directly. The most important are the spray and the vortex resistance components.
In the case of non monohedric hull form, the difference between experiment and theory is larger due
to the further error consequent to the inappropriate Savitsky’s procedure application.
The comparison of Savitsky’s and experimental results can be synthesized in the following:
for monohedric hull forms
R(experimental)= R(Savitsky’s) + R (aerod) + R(unknown)
for non monohedric hull forms:
R(experimental)= R(Savitsky’s) + R* + R (aerod) + R(unknown)
where R* is the component due to inappropriate Savitsky’s application.
3.1. Experimental set up
The resistance tests were conducted in the Naples University towing tank (130 m x 9 m x 4.20 m).
The towing carriage is able of speed up to 7 m/s. The models have been tested without turbulence
stimulators. The considered not-monohedric hull form has the following main characteristics as
shown in Table 1 below:
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Table 1: Non-monohedric Hull Form Parameters
Loa
(m)
2.36

Lwl
(m)
2.22

Bmax
(m)
0.614

Bwl
(m)
0.513

T
(m)
0.104

Displacement
(kg)
103.7

Static Wetted Surf.
(m2)
1.11

This model refers to a 100’ Loa high speed motor-yacht. The investigated Fn values range from 0.46
to 1.23.

Figure 2 Towing tests of non monohedric (left) and monohedric (right) hull forms.
3.2. Comparison
In the Table 2 and in the diagrams reported in Figure 3 the assessment of the R* component relative to
the model described in the previous paragraph is presented.
In Table 2 the RH values obtained by experimental tests and by three different application of
Savitsky’s method are reported:
•

“betaTransom “values are relative to Savitsky’s long form application when using the deadrise
angle measured at transom;

•

“betaLpp/4 “ values are relative to Savitsky’s long form application when using the deadrise
angle measured at 1/4 L from the stern;

•

“NON MONOHEDRIC” values are relative to the application of the presented procedure. In
this case βeffective is the deadrise angle of a fictitious monohedric hull equivalent to the real
one according to Savitsky’s procedure.

The difference of the results obtained in the first two cases is negligible due to marginal variation of
the deadrise angle in the after part of the hull. The result obtained through the application of the
proposed procedure is remarkably different. It highlights the R* component previously identified and
allows its evaluation.
From the diagrams it is appreciable at first sight how the results of “Savitsky NON MONOHEDRIC”
proposed procedure have a better and closer fit to the experimental ones. The residual gap between the
two curves is given by aerodynamic and sprays components.
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Table 2: RH values obtained by experimental tests and by three different application of Savitsky’s
method
Savitsky
betaTransom

EXPERIMENTAL
RH
4
5
6

V
[m/sec]

[N]

73
92
103

RH

τ
[deg]

[N]

3.15
4.22
5.31

61
77
92

τ
[deg]

2.26
2.55
2.68

Savitsky
betaLpp/4

Savitsky NON
MONOHEDRIC

β

RH

τ

β

RH

τ

[deg]

[N]

[deg]

[deg]

[N]

[deg]

βeffective

8.40 61 2.28 8.70 68 2.93
8.40 77 2.57 8.70 86 3.42
8.40 92 2.70 8.70 98 3.33

[deg]

18.5
19.4
16.3

RH = RH ( V )
110

100

90

RH
[N]
80

EXPERIMENTAL
Savitsky betaTransom
70

Savitsky betaLpp/4
Savitsky NOT MONOHEDRIC

60
4

5

6

V [m/sec]

Figure 3 Diagrams of RH curves obtained by experimental tests and by three different application of
Savitsky’s method.
4. Analysis of error propagation in Savitsky’s long form procedure
The aim of this analysis is to evaluate the sensitivity of Savitsky’s procedure in regard to the unitary
variation of input data meaningful figures. The sensitivity is assessed as relative error on the output
data that is bare hull resistance ε RH .
For the constants and for the input data the relative error will be the ratio between the unit variation of
the smallest significant figure and the value of the considered characteristic. As an example is
reported the relative error for the speed value of 25.7 m/s that will be used in the following:

V = 25.7

m
sec

Smallest significant value: 0.7
Unitary variation: 0.1

(25.65 < V < 25.75)

Relative error:

εV =

0.1
= 3.89 ⋅ 10 −3
25.7
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4.1. Procedure Development

1- CV =

V

dCV =

gBC

1
gBC

(gBC ) (± dV ) − V (gBC )− (BC (± dg ) + g (± dBC ))
1

1

2

± ∂CV ± ∂V 1 ± ∂g ± ∂BC
=
−
+
CV
V
2 g
BC

(

1
ε g + ε BC
2

V

C Lβ =

dC Lβ =

[

(± d∆ ) 1 ρV 2 BC2

(

1
± ε g + ±ε BC
2

± ε CV = ±ε V −

ε C = εV +
2-

2

2

)

∆
1
ρV 2 BC2
2

]

1
− ∆ (± dρ )V 2 BC2 + ρ 2V (± dV )BC2 + ρV 2 2 BC (± dBC )
2

2

1
ρV 2 BC2
2
± ∂C Lβ

2

± ∂BC
± ∂∆ ± ∂ρ
± ∂V
−
−2
−2
∆
ρ
V
BC

=

C Lβ

(

± ε CLβ = ±ε ∆ − (± ε ρ ) − 2(± ε V ) − 2 ± ε BC

)

ε C β = ε ∆ + ε ρ + 2ε V + 2ε B
L

C

C Lβ = C L 0 − 0.0065βC L0.06

3-

(± dC ) = (± dC ) − 0.0039βC (± dC ) − 0.0065C (± dβ )
Lβ

−0.4
L0

L0

0.6
L0

L0

(± dC ) = (1 ± 0.0039βC )(± dC ) − 0.0065C (± dβ )
−0.4
L0

Lβ

(± dC L 0

0.6
L0

L0

(± dC ) + 0.0065C (± dβ )
)=
0.6
L0

Lβ

1 ± 0.0039 β C L−00.4

C Lβ
± ∂C Lβ
± ∂C L 0
0.0065β C L−00.4
± ∂β
=
+
0.6
− 0.4
C L0
C Lβ
β
C L 0 ± 0.0039 βC L 0
1 ± 0.0039 β C L 0
± ε CL 0 =

C Lβ
C L 0 ± 0.0039 βC L0.06

εC =
L0

)

C Lβ

(± ε ) +

0.0065βC L−00.4
(± ε β )
1 ± 0.0039β C L−00.4

ε +
0 .6 C β

0.0065βC L−00.4
εβ
1 − 0.0039 βC L−00.4

Lβ

C L 0 − 0.0039 β C L 0
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C L 0 = τ 1.1 0.0120λ 2 + 0.0095

λ2

1

4-

± dC L 0 = 1.1τ 0.1 (± dτ ) 0.012λ 2 + 0.0095
1

+ τ 1.1 0.006λ−

1

2

λ2
CV

CV2

+

2

(± dλ ) + 0.0095
(2λCV2 (± dλ ) − 2λ2 CV (± dCV ))
4
CV

± ∂C L 0
1
± ∂τ
1 1.1
0.0190λ2
= 1. 1
+
τ
0.006λ 2 ±
C L0
τ
C L0
CV2

± ∂λ

λ

=

± ∂C L 0
± ∂τ
− 1.1
C L0
τ

C L0

τ 1 .1

0.006λ 2 ±
1

ελ =

(ε

CL 0

± ∂λ F

λF

=

LWS = λF BC

7-

Vm =

Vm
V
V

dRn =

ν2

0.0190λ2
CV2

) Cτ

L0
1.1

+

dλ F = dλ + d∆λ

ελ =
F

εL = ελ + εB

Vm
V
+ m (± dV )
V
V

εV = ε V + εV

dVm = V ± d

WS

m

F

m

V

Vm BC λ F

ν

{[BC λ F (± dVm ) + Vm λ F (± dBC ) + Vm BC (± dλ F )]ν − Vm BC λ F (± dν )}
ε R = ε V + ε B + εν + ε λ
n

9-

λ
∆λ
εF +
ε ∆λ
λF
λF

dL WS = ± dλ F BC + λ F (± dBC )

Rn =

8-

0.0190λ2 ± ∂CV
CV
CV2

0.0190λ2 ± ∂CV
CV
CV2

λ ± ∂λ
∆λ ± ∂∆λ
+
λF λ
λF
∆λ

6-

1

λ

−

0.0190λ2
ε CV
CV2
1
0.0190λ2
0.06λ 2 −
CV2

+ 1.1ε τ

λ F = λ + ∆λ

5-

+

± ∂λ

0.242
= Log (Rn C F )
1
C F2

m

C

−

F

0.242 ± ∂C F
1 ± ∂Rn
1 ± ∂C F
=
+
1
2
lg 10 Rn
lg 10 C F
2C F C F
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1

εC =
F

10-

1

C F2 + 0.121lg 10

εC =

C F' = C F + ∆C F

'
F

εR

n

CF
∆C
ε + 'F ε ∆CF
' CF
CF
CF

λ B2
1
ρVm2 F C C F'
2
cos β

DF =

11-

dD F =

C F2

± dλ F
± dV m
± dBC ± dC F'
1
2 2
' ± dρ
2
cos
+
+
2
+
2
+
β
ρλ
V
B
C
F m C F
ρ
λF
Vm
BC
4 cos 2 β
C F'

(

+

)

[

(

)

+

]

1
2 cos β ρλ F Vm2 BC2 C F' tgβ (± dβ )
4 cos 2 β

ε D = ε ρ + ε λ + 2ε V + 2ε B + ε C + (βtgβ )ε β
F

F

RH =

12-

dRH =

∂RH
=
RH

DF

m

C

'
F

DF
+ ∆tgτ
cos β

± dDF cos β + D F senβ (± dβ )
∆
(± dτ )
+ (± d∆ )tgτ +
2
cos β
cos 2 τ

± ∂β
∆
± ∂∆
τ ± ∂τ
cos β ± ∂DF
+ βtgβ
+
tgτ
+
RH
DF
β
RH
∆
cos 2 τ τ
DF

εR =
H

∆
τ
cos β
ε DF + βtgβ ⋅ ε β +
tgτ ⋅ ε ∆ +
εt
RH
RH
cos 2 τ

(

)

4.2. Application Example
To give an example the previous formulas have been applied to the resistance assessment for the hull
considered in paragraph 2 at a speed of 50 kn.
Table 3 reports the uncertainties due to the various factors involved and the global error assessment. It
can be noticed that the total uncertainty value is about 12%. Similar tables have been developed for
the errors due to the uncertainty margin of deadrise angle, speed value, displacement ∆, longitudinal
trim τ, projected chine beam BC It can be noticed that speed values and longitudinal trim are the most
influencing factors on the global error. For space reasons the tables relative to deadrise angle and
speed values are reported only.
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Table 3: Global error assessment
DATA
Symbol

Value

BC

Input data

Relative error

Unit
2.600

Value

Unit

Symbol

Value

εBC

m
2

Formula

3.85E-04

0.04%

= 0.001 / BC

g

9.81

m/sec

εg

1.02E-03

0.10%

= 0.01 / g

V

25.7

m/sec2

εV

3.89E-03

0.39%

= 0.1 / V

∆

46598

N

ε∆

2.15E-05

0.00%

=1/∆

τ

2.99

deg

0.052

rad

ετ

3.34E-04

0.03%

= 0.001 / τ

β

20.0

deg

0.349

rad

εβ

5.00E-03

0.50%

= 0.1 / β

ν

1.1883E-06

m2/s

εν

8.42E-05

0.01%

= 1e-10 / ν

ερ

9.75E-04

0.10%

=1/ρ

3

1026

∆λF

0.501

ε∆λF

2.00E-03

0.20%

= 0.001 / ∆λF

(Vm/V)

0.99

ε(Vm/V)

1.02E-02

1.02%

= 0.01 / (Vm/V)
= 0.0001 / ∆CF

Output data

ρ

Kg/m

∆CF

0.0004

ε∆CF

2.50E-01

25.00%

CV

5.09

εCV

4.59E-03

0.46%

CLβ

0.020

εCLβ

9.55E-03

0.95%

CL0

0.039

εCL0

5.06E-03

0.51%

λ

0.908

ελ

9.62E-02

9.62%

λF

1.409

ελF

6.27E-02

6.27%

LWS

3.66

m

εLWS

6.31E-02

6.31%

Vm

25.4

m/s

εVm

1.41E-02

1.41%

Rn

7.84E+07

εRn

7.72E-02

7.72%

CF

2.1E-03

εCF

1.10E-02

1.10%

CF'

2.5E-03

εCF'

4.86E-02

4.86%

DF

8533

N

εDF

1.42E-01

14.19%

RH

10979

N

εRH

1.18E-01

11.80%

∆ RH

1295

N

RHmin

9684

N

RHmax

12274

N

Table 4: Error due to the uncertainty margin of deadrise angle
DATA
Formula Unit

Symbol Value Formula Symbol

Value

εBC

0.00E+00 0.00%

g

9.81 m/sec2

εg

0.00E+00 0.00%

V

2

εV

0.00E+00 0.00%

ε∆

0.00E+00 0.00%

BC

Input data

Relative error

2.600

m

25.7 m/sec

Formula

∆

46598

τ

2.99

deg

0.052

rad

ετ

0.00E+00 0.00%

β

20.0

deg

0.349

rad

εβ

2.50E-02 2.50% = 0.5° / β

ν

1.1883E-06

ρ

1026

∆λF

N

2

m /s

εν

0.00E+00 0.00%

Kg/m3

ερ

0.00E+00 0.00%

ε∆λF

0.00E+00 0.00%

0.5011889

(Vm/V)

0.98905

∆CF

0.0004

ε(Vm/V) 0.00E+00 0.00%
ε∆CF
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CV

5.09

εCV

0.00E+00 0.00%

CLβ

0.020

εCLβ

0.00E+00 0.00%

CL0

0.039

εCL0

1.59E-02 1.59%

λ

0.908

ελ

3.28E-03 0.33%

λF

1.409

ελF

2.11E-03 0.21%

LWS

3.66

m

εLWS

2.11E-03 0.21%

Vm

25.4

m/s

εVm

0.00E+00 0.00%

Rn

7.84E+07

εRn

2.11E-03 0.21%

CF

2.1E-03

εCF

3.01E-04 0.03%

CF'

2.5E-03

εCF'

2.53E-04 0.03%

DF

8533

N

εDF

5.54E-03 0.55%

RH
∆ RH
RHmin
RHmax

10979
79
10900
11058

N
N
N
N

εR H

7.21E-03 0.72%

Table 5: Error due to the uncertainty margin of speed value
DATA
Formula Unit

Input data

Value

Formula

εBC

0.00E+00 0.00%

g

9.81 m/sec

2

εg

0.00E+00 0.00%

V

25.7 m/sec2

εV

3.89E-03 0.39% = 0.1 / V

ε∆

0.00E+00 0.00%

BC

2.600

∆

46598

m

N

τ

2.99

deg

0.052

rad

ετ

0.00E+00 0.00%

β

20.0

deg

0.349

rad

εβ

0.00E+00 0.00%

ν

1.1883E-06

m2/s

εν

0.00E+00 0.00%

ερ

0.00E+00 0.00%

ε∆λF

0.00E+00 0.00%

ρ
∆λF

Output data

Relative error

Symbol Value Formula Symbol

1026

3

Kg/m

0.5011889

ε(Vm/V) 0.00E+00 0.00%

(Vm/V)

0.98905

∆CF

0.0004

ε∆CF

0.00E+00 0.00%

CV

5.09

εCV

3.89E-03 0.39%

CLβ

0.020

εCLβ

7.78E-03 0.78%

CL0

0.039

εCL0

4.09E-03 0.41%

λ

0.908

ελ

7.25E-02 7.25%

λF

1.409

ελF

4.67E-02 4.67%

LWS

3.66

m

εLWS

4.67E-02 4.67%

Vm

25.4

m/s

εVm

3.89E-03 0.39%

Rn

7.84E+07

εRn

5.06E-02 5.06%

CF

2.1E-03

εCF

7.21E-03 0.72%

CF'

2.5E-03

εCF'

6.07E-03 0.61%

DF

8533

N

εDF

6.06E-02 6.06%

RH
∆ RH
RHmin

10979
550
10429
11529

N
N
N
N

εR H

5.01E-02 5.01%

RHmax
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5. Conclusions
The paper presents a mathematical model to treat non monohedric hull geometries in the frame of
Savitsky’s procedure for planning hull resistance assessment. To consider multi Vee transversal
sections suitable formulas for the evaluation of an equivalent deadrise angle and for the assessment of
the relative wetted surface have been proposed. Equivalent deadrise angle can be used instead of the
standard average angle generally adopted in professional practice.
The proposed model for the variable deadrise hull form has been validated through experimental tests.
The results of the proposed procedure have a better and closer fit to the experimental values than
those obtained by Savitsky’s standard long form method.
The analysis of the propagation of the errors highlights the relative importance of the different factors
in relation to the uncertainty of the final result and gives the designer a clear picture of the matter.
This work is one step in the development of a design modulus relative to the powering performances
of high speed small craft to be implemented within a Multi Attribute Decision Making procedure.
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Abstract
Exhaust from conventional internal combustion engines (ICE)’s burning diesel or biofuels is
discussed in relation to emissions at the wharf and the associated human health effects. This
paper will for the first time discuss the absolute advantage of commercial hybrid electric vessels
over conventional ICE burning diesel or biofuels. This is that commercial hybrid vessels either in
‘series’ or ‘parallel’ configurations including the option of use of renewable energy enable zero
particulate and toxic gas emissions at the wharf.
1. Introduction
The impact on both human health and our global environment from the effects of air pollution is
at an all time high.1 The transport sector’s steady growth has not only contributed but is one of
the major contributors to air pollution and associated health risks2. As such, more efficient vessels
and ‘greener’ solutions are emerging. These include ‘cleaner diesels’, use of alternative fuels and
the development of hybrid power systems.
This paper will discuss the absolute advantage of commercial hybrid electric vessels over
conventional internal combustion engines (ICE)’s diesels and ICE’s powered by biofuels.
Relative advantages of hybrid electric drives compared to conventional internal combustion
engine (ICE) systems are well known. These include reliability, fuel savings, passenger comfort,
and lower environmental impacts.
The Water Transit Authority (WTA) in San Francisco recently found emissions from diesel
ferries were most significant at the wharf where the ICE is not operating at its optimum
efficiency. Further this is exactly where the diesel emissions (DE) have least chance to dissipate
or blow away. In particular catamarans, venting the fumes at the rear or between the hulls, cause
increases in localized exposure to exhaust fumes. In order to meet standards it recommended
reducing dockside idling to a minimum3.
Also in California, Proposition 65 legislation4 lists chemicals that are known to cause human
cancers. All the chemicals in diesel emissions (DE) and biodiesel emissions discussed in this
paper are listed in Proposition 65. The implication for the marine industry from proposition 65 is
that the correct concentration of diesel exhaust (DE) at a wharf where the particles and gases can
accumulate should be zero.
A commercial hybrid electric vessel has the unique ability compared to ICE powered vessels
burning diesel or any hydrocarbon fuel, to switch off the ICE diesel engines and operate as an
electric vessel at and near the wharf –i.e. offering zero emissions at the wharf.
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2. Hybrid Electric Vessels
Electric and diesel/electric vessels are not new. The first electric vessels date back to the 19th
century5. Diesel-electric submarines were developed prior to World War 1 with internal
combustion engines for surface cruising and charging of the batteries, and electric motors for
underwater operation. Pure electric commercial vehicles are not possible with current energy
storage technology as the energy in a battery is one tenth the energy of the same weight of fossil
fuel6. Hybrids have evolved by combining the efficiency and advantages of electric drive (high
reliability, efficiency, lifespan and torque characteristics and low noise and vibration) with the
power and range of conventional vessels.
Today, series hybrid diesel/electric systems are used in luxury cruise ships and military vessels
for a number of reasons including facilitation of ship design and building, passenger comfort,
vibration, noise, stealth capability, redundancy and reliability. Since 2000, a commercial hybrid
electric ferry has been operating in Sydney also incorporating the use of solar and wind power.
Recent oil price rises have raised the general public’s awareness and the automotive industry’s
interest in hybrid electric cars that offer conventional performance combined with significant fuel
savings.
Hybrid marine vessels can use at least two and in some cases multiple sources of power from
which propulsion is obtained. These multiple sources of energy permit reliability through the
redundancy of power and systems. Redundancy means the vessel can function in an emergency
when one fuel source is unobtainable, or if one power generating component of the vessel fails.
The operation and optimisation of the system is controlled by programmable software.
The design of a hybrid diesel-electric system is dependant on a variety of factors, including the
duty of the vessel, energy storage devices used and the use of renewable energy sources.
Different applications require different types of hybrid systems. The main classes of hybrids are
‘series hybrids’ and ‘parallel hybrids’.
Both have the ability to be pure electric vehicles at the wharf.
a. Parallel Hybrids
A parallel hybrid is where both the electric motor and the engine can provide propulsion power.
The two systems are in ‘parallel’ i.e. completely separate with their own separate propeller/jet or
joined at the propeller/jet via a gearbox or mechanical system. At low speeds the propellers/jets
run on the electric motors and at high speed the vessel is driven as a conventional internal
combustion engine (ICE) vessel.
In a series hybrid the internal combustion engine (ICE) does not power the vessel. The ICE
engine turns a generator and the generator charges the batteries or powers the electric motor that
drives the propeller.
All hybrid variations are able to switch off their diesel ICE and run in full electric mode at
slow speed, while docking and manoeuvring.
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Figure 1-1: Example for catamaran with dual input driving single propeller

Figure 1-2: Full separation of electric and diesel system. In this case there is complete physical
separation of systems in separate hulls of a trimaran
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b. Series Hybrid

Figure 1-3: Hybrid power systems of series hybrid – in this case the Sydney Solar Sailor
3. Diesel Emissions (DE) from Conventional Internal Combustion Engines (ICE)
Conventional diesel internal combustion engines (ICE)’s emit exhaust after burning or oxidising
diesel, a hydrocarbon fuel. The diesel exhaust (DE) consists of fine particles and gas. Fine
particles which are mostly carbon irritate human lungs and over time are known to cause
emphysema, asthma and lung cancer. The gases, carbon monoxide, carbon dioxide, oxides of
Nitrogen, Nitrogen compounds, Sulphur compounds, Hydrocarbons, Aldehydes, Benzene,
1,3,butadiene, Aromatic Hydrocarbons, arsenic and Nitro-PAH'
s
(polycyclic aromatic
hydrocarbons - Nitropyrene, nitrofluorene and dinitropyrene). All are known to cause lung cancer
and other cancers.789
4. Fine Particles in DE
Diesel ICE’s are a major source of fine-particle pollution. The particles are fine and highly
respirable and constitute a large surface area to carry compounds into lungs. The elderly and
people with emphysema, asthma, and chronic heart and lung disease are especially sensitive to
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fine-particle pollution. Numerous studies have linked elevated particle levels in the air to
increased hospital emissions, emergency room visits, asthma attacks and premature deaths among
those suffering from respiratory problems. Because children’s lungs and respiratory systems are
still developing, they are also more susceptible than healthy adults to fine particles. Exposure to
fine particles is associated with increased frequency of childhood illnesses and can also reduce
lung function in children10. Airborne particulates consist of discrete particles and are often
described variously as dusts, fumes, smokes or mists depending on the nature of the particle and
its size. Factors which determine the degree of hazard associated with a specific airborne
particulate, namely:
the type of particulate involved and its biological effect;
the concentration of airborne particulates in the breathing zone of the passenger;
the size of particles present in the breathing zone; and
the duration of the exposure.11
The World Health Organisation estimated that exposure to fine PM in outdoor air leads to about
100 000 deaths and 725 000 years of life lost each year in Europe.12
5. Noxious Gases and Human Cancers from DE
Diesel exhaust contains many known or suspected cancer-causing substances.
A study in the US showed that diesel exhaust is responsible for more than 70 percent of the
cancer risk in the South Coast Air Basin in California from breathing polluted air. The
contribution to risk is dominated by mobile sources (e.g., cars, trucks, trains, ships, aircraft,
etc.).13
Twice as many people died in Sydney in 2000 from air pollution than from road accidents.14
Diesel exhaust poses a cancer risk that is 7.5 times higher than the combined risk from all other
air toxins while the risk of lung cancer for people living in urban areas is three times that for
those living in rural area.
Adverse effects of exhaust pollutants now include increased infant mortality15 chronic deficits in
lung development of children aged 10-18 years16 acute heart attacks17 and an association between
ovarian cancer and exposure to diesel exhaust fumes.18
Diesel exhaust is around 40 times more carcinogenic than cigarette smoke on a weight/volume
basis.19
A study conducted by the Water Transit Authority (WTA) in San Francisco9 found that an
expansion of ferry services in San Francisco will potentially lead to concentrations of nitrogen
dioxide above state and federal ambient air quality standards at the San Francisco terminal.
Particulate matter already exceeds the California annual PM10 and PM2.5 standards. The Air
District staff’s analysis indicates that the potential for localized increases in exposure to
particulate matter at the San Francisco terminal could lead to a significant increase in cancer risk.
The estimated existing incremental cancer risk from ferry operations at the San Francisco
terminal currently exceeds the Air District’s threshold for risk from exposure to diesel particulate
matter. Incremental cancer risk is estimated to increase significantly in the future under both IOP
idling scenarios because of the increase in ferry operations that is proposed by the WTA. It is
estimated that there is not currently nor under IOP scenarios significant risk for non-cancer health
problems due to exposure to diesel particulate matter. Although the WTA has already committed
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to very-low-emission engines in future vessels, the health risk assessment suggests that additional
actions and emissions controls to reduce diesel particulate may be warranted.
In particular catamarans, venting the fumes at the rear or between the hulls, cause increases in
localized exposure to exhaust fumes. In order to meet standards it is recommend reducing
dockside idling to a minimum.
Proposition 65 legislation in California20 puts the legal onus of proof on the ‘emitter'to prove a
chemical did not cause cancer in an individual as opposed to other way round. The assumption
from proposition 65 is that the correct dose of diesel exhaust (DE) at a wharf where the particles
and gases can accumulate should be zero.
6. Biofuel Emissions from Internal Combustion Engines (ICE) s
Biodiesel is the name for a variety of ester-based oxygenated fuels made from vegetable oils or
animal fats. The concept of using vegetable oil as a fuel dates back to 1895 when Dr. Rudolf
Diesel developed the first diesel engine to run on vegetable oil. Dr Diesel demonstrated his
engine at the World Exhibition in Paris in 1900 using peanut oil as fuel. The use of biodiesel in a
conventional ICE diesel engine results in substantial reduction of unburned hydrocarbons, carbon
monoxide, and particulate matter compared to emissions from diesel fuel but does not drop to
zero.
Table 3.1 Biodiesel Emissions Compared To Conventional Diesel21
Biodiesel Emissions Compared To Conventional Diesel

Emission Type
Regulated
Total Unburned Hydrocarbons
Carbon Monoxide
Particulate Matter
NOx
Non-Regulated
Sulfates
PAH (Polycyclic Aromatic Hydrocarbons)**
nPAH (nitrated PAH’s)**
Ozone potential of speciated HC
* Estimated from B100 result
** Average reduction across all compounds
measured

B100

B20

-93%
-50%
-30%
13%

-30%
-20%
-22%
2%

-100%
-80%
-90%
-50%

-20%*
-13%
-50%***
-10%

*** 2-nitroflourine results were within test
As can be seen from this table from the Australian Biodiesel Association 100% biodiesel reduces
particulates, PAH Carbon Monoxide significantly but not to zero. However, it is suggested that
biodiesel emissions from ICEs have the same level or more NOx or oxides of Nitrogen in
emissions than diesel.
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7. Conclusion
Hybrid marine technology offers relative advantages of reliability, reduced fuel costs, increased
passenger comfort, and reduced impact on the environment in terms of noise and pollution and
greenhouse gas emissions. Uniquely hybrid marine technology offers the ability to reduce
emissions at the wharf to zero.
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Abstract
The general development towards simulation-based design has been supported and in some cases
even driven by modern classification society work. Advanced finite-element analysis has long been
part of the services of classification societies. However, more recently the scope and depth of
simulations at Germanischer Lloyd have developed rapidly and a survey of the techniques used as
well as typical applications is given. The article focuses on basics of the techniques, pointing out
progress achieved and current research activities, giving references which describe in more detail the
individual applications and simulation techniques.
Introduction
The word simulation is derived from the Latin word “simulare” which can be translated as “to
reproduce”. The VDI (Society of German Engineers) defines the technical term “simulation” as
follows: “Simulation is the reproduction of a system with its dynamic processes in a running model to
achieve cognition which can be referred to reality”. According to the Oxford dictionary “to simulate”
means “to imitate conditions of a situation or process”, specifically “to produce a computer model of a
process”. In this sense virtually all computer models used in the design and construction of ships
would qualify as simulations. Indeed, we see an ever increasing scope and importance of simulations
in our work. The trend in modern classification society work is also towards simulation-based
decisions, both for design and operation of ships.
Stability analyses were among the first applications of computers in naval architecture. Today, the
naval architect can perform stability analyses in intact and damaged conditions quasi at the push of a
button. Two other “classical” applications of computer simulations for ships are CFD (computational
fluid dynamics) and FEA (finite-element analyses). Both have been used for several decades now to
support ship design, but today’s applications are far more sophisticated than 20 years ago. The
following will review different simulation fields as found in the work of Germanischer Lloyd,
showing how advanced engineering simulations drift from research to frontier applications.
1. Computational fluid dynamics (CFD)
1.1 Seakeeping
For many sea keeping issues, sea keeping is determined as follows:
1. Representation of the natural seaway as superposition of many regular (harmonic) waves
2. Computation of the ship reactions of interest in these harmonic waves
3. Addition of the reactions in all these harmonic waves to a total reaction (superposition)
This simplified linear approach is appropriate for many questions in ship’s seakeeping and frequently
applied. The corresponding tool at Germanischer Lloyd is a 3-d Green function method (GFM). The
advantage of this approach is that it is very fast and allows thus the investigation of many parameters
(frequency, wave direction, ship speed, metacentric height, etc.). Computations become considerably
more expensive if this simplification is not made. Non-linear computations are usually necessary for
the treatment of extreme motions; here simulation in the time domain is the proper tool. These
simulations require massive computer resources and allow only the simulation of relative short
periods (seconds to minutes). Combining intelligently linear frequency-domain methods with
nonlinear time-domain simulations allows exploiting the respective strengths of each approach, El
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Moctar et al. (2004a,b). The approach starts with a linear analysis to identify the most critical
parameter combination for a ship response. Then a non-linear strip method determines the global
motions of the ship, Figure 1, which are then in a final step prescribed in a RANSE simulation which
captures the complex free-surface deformation and local pressures better than any other approach. We
employ the commercial RANSE solver Comet for our free-surface analyses involving complex free
surfaces. Comet is based on a finite-volume method and allows unstructured grids with cell-wise
refinements. The equations for conservation of mass and momentum are solved in integral form. The
free surface is captured by the high-resolution interface capturing (HRIC) scheme. Most recently, the
intermediate step (nonlinear strip method) has been omitted and RANSE simulations for ships free to
move as a result of the hydrodynamic forces have been realised for a variety of ships, El Moctar
(2005), Figure 2.

Figure 1: Non-linear strip method SIMBEL

Figure 2: CFD simulation of fast ship in waves

1.2 Sloshing
Sloshing is a strongly non-linear phenomenon featuring often spray formation and plunging breakers.
Only surface-capturing methods can reproduce these features. El Moctar (2002), Bertram et al. (2003)
applied Comet to sloshing problems, employing the RNG-k-ε turbulence model. The test cases were
the simple rectangular Ship Research Institute (SRI) tank and the Euroslosh tank of Sirehna, which
includes one internal stiffener. The tanks were investigated in pure sinusoidal horizontal respectively
roll motion. Figure 3 shows a typical time instant of the sloshing motion with wave breaking and air
entrapment. Foam formation observed in the experiments can only be approximated by the present
method in employing a rather coarse grid with a smearing between air and water phase. This results
also in a larger discretisation errors. Figure 4 compares measured and computed pressures at one
point, indicating the high quality of the simulations. The computed sloshing motion agreed also well
with videos of the experiments.

Figure 3: CFD simulation of sloshing for
validation test case Euroslosh tank

Figure 4: Measured and computed pressures for
validation test case SRI tank
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Extensive experience gathered over the last 5 years allows today the numerical prediction of sloshing
loads in ships with great confidence. While the validation cases are de facto two-dimensional and
simple in geometry, complex three-dimensional tanks as found e.g. in the bow have been modelled
and pose no principal problems for the simulation tools.
1.3 Rudder flows
Diagrams to estimate rudder forces have been popular in classical rudder design. These diagrams
extrapolate model test results from wind tunnels or are based on potential-flow computations.
However, the maximum lift is determined by viscous flow phenomena, namely flow separation (stall).
Potential flow models are generally not capable of predicting stall and model tests predict stall at too
small angles. CFD is by now the most appropriate tool to support practical rudder design, El Moctar
(2001), Bertram et al. (2003). The propeller is typically modelled in these computation in a simplified
way using axial and tangential body forces. These are external forces distributed over the cells which
cover the location where the propeller would be in reality. The sum of all axial body forces is the
thrust. The body forces are assumed to vary in radial direction of the propeller only. This procedure is
much faster than geometrical modelling of the propeller (by two orders of magnitude) at a negligible
penalty in accuracy (about 1%). The procedure has been extensively validated for rudder flows both
with and with-out propeller modelling, Figure 5. The same approach for propeller and rudder
interaction can be applied for podded drives, Figure 6, Junglewitz and El Moctar (2004). Comet
allows also the treatment of cavitating flows, Lindenau and Bertram (2003). For the numerical
simulation of cavitating flows with the RANSE solver, the basic treatment for the two-phase flow is
similar to the treatment of free-surface flows, i.e. an additional transport equation is solved for the
volume percentage of air (or vapour) in each cell. For the modelling of cavitation the transport
equation is adapted adding a source term based on classical bubble dynamics models the growth and
collapse of vapour bubbles. The extensive experience gathered in the last 5 years has resulted in a GL
guideline for rudder design procedures, GL (2005).

Figure 5: Prediction of cavitation endangered
zones on rudder

Figure 6: Pressure distribution at pod

1.4 HVAC simulations
HVAC (heat, ventilation, air condition) simulations involve the simultaneous solution of fluid
mechanics equations and thermodynamic balances, often involving concentrations of different gases.
The increasing use of refrigerated containers on ships has motivated advanced CFD simulations using
the commercial CFD solver CFX, Brehm and El Moctar (2004), replacing to some extent simple,
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analytical methods and model tests. Local effects of heat transport cannot be resolved with the
typically employed rather coarse grids, but global effects as the difference between pressure and
suction ventilation and the influence of natural thermal buoyancy can be reproduced.

Figure 7: Cargo hold with cooled
containers

Figure 8: Temperature distribution in cargo hold

1.5 Fire and smoke simulations
The general paradigm shift from prescriptive rules towards risk-based rules in relevant regulations for
ship design has motivated increased research into assorted simulation tools to support ship design.
This is particularly so for high-performance vessels where the additional design freedom is
particularly welcome to explore new, unconventional design solutions. SOLAS regulation II-2
Chapter 17, in force since July 2002, allows designers alternative designs and alternative
arrangements concerning fire safety. This applies for systems, arrangements and complete designs.
The requirement is to prove the safety level of the alternative design to be equal to that based on
prescriptive rules. The equivalent safety level is to be proven by engineering analysis. The main
benefit of these regulations is expected for cruise vessels and ferries, as the alternative design
approach allows large passenger and car deck spaces beyond what is possible with the prescriptive
rules. New constructions and new materials are also feasible.
Efficient and reliable tools are needed to support the alternative design approach. ‘Engineering
analysis’ could be in principle also mean fire experiments, but these are too costly and time
consuming to support ship design. This leaves computer simulations as most suitable option. At
present, zone models and CFD tools are considered for fire simulations in ships. Zone models are
suitable for examining more complex, time-dependent scenarios involving multiple compartments and
levels, but numerical stability can be a problem for multi-level scenarios, scenarios with Heating,
Ventilation and Air Conditioning (HVAC) systems and for post-flashover conditions. CFD models
can yield detailed information about temperatures, heat fluxes, and species concentrations; however,
the time penalty of this approach currently makes CFD unfeasible for long periods of real time or for
large computational domains.
FDS (Fire Dynamics Simulator) solves a low-mach number form of the Navier-Stokes equations
using a fast Fourier transform solver for pressure, a LES turbulence model and a mixture fraction
combustion model. After validating the CFD code FDS against classical theory for a simple singleroom, single-fire case, Figure 9, and against the well-established zone-model code MRFC (Multi
Room Fire Code) for a crew cabin, Junalik et al. (2003), we tackled more complex applications of fire
simulations, Figure 10, Bertram et al. (2004). Applications included the simulation of
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-

the engine room of a passenger vessel to investigate the influence of the air intake over the
development of fire and smoke,
the atrium of a cruise vessel to investigate the efficiency of the smoke extraction system
fighting against the development of fire and smoke,
a wood fire in a scaled model of car ferry deck for detailed validation.

Figure 9: Detailed CFD simulation for singleroom, Single-fire case

Figure 10: Fire and smoke simulation in engine
room

The simulations reproduced several typical fire characteristics to our satisfaction:
-

The flame size (along with plume and its turbulence) complies well with reality.
The way the smoke fills the room is coherent as well as the way it moves horizontally under
the ceiling (phenomenon of ceiling jet flow, observed in the engine room and in the atrium
fire simulations).
The way the fire dies when it smoulders
The influence of the ventilation rate. The more the room is ventilated, the higher the heat
release rate.
Observation of air stratification, in the atrium for example.

Nevertheless, fire simulations are not yet mature and a lot more progress can be envisioned in the next
decade. Cell size influences the results more in the case of fire simulation than for simple ventilation
flows. Coarse cells lead to higher predicted temperatures. Results are thus not grid-independent with
the currently employed typical grid resolutions, but finer grids appear out of reach for present
computer power and algorithms. Both the computational model and the grid resolution could be
improved, e.g. by merging zone models and CFD models in hybrid simulations and by employing
adaptive mesh techniques to increase resolution where needed, while keeping computational times
reasonable. Despite this apparent potential for further improvement, fire simulations appear already
suitable to give some general support both for fire containment strategies and for design alternatives.
2. Evacuation simulation
Simulation is particularly difficult when it involves also humans. This is for example the case in ship
evacuation simulation. The trend is here to equip each simulated human with a certain perception and
reasoning capability. Such multi-agent systems are subject to research and likely to become
increasingly important for a variety of simulations with relevance to ship design.
Evacuation assessment became a major topic at the International Maritime Organization (IMO) after
the loss of the ‘Estonia’, resulting in new requirements for evacuation analyses in an early stage of the
design process, IMO (2002). Germanischer Lloyd and TraffGo developed the software tool AENEAS
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to simulate pedestrian traffic on ships. Evacuation analyses focus on safety, but the tool can be used
also for the optimization of boarding and de-boarding processes, Petersen et al. (2003), or space
requirements for promenades on cruise ships and large RoPax ferries. Since its introduction,
AENEAS has been well accepted by shipyards like Flensburger Schiffbau Gesellschaft (FSG),
Kvaerner Masa-Yards and Meyer Werft, encouraging TraffGo and Germanischer Lloyd to develop
the capabilities further. Like all simulations, pedestrian traffic simulations are a simplified model of a
more complex reality. They can help to estimate durations and queue formation, giving insight into
how to modify designs or procedures.

Figure 12: Steps to AENEAS model from CAD
model to cells with assigned information

Figure 11: Agents with different abilities following
different routes to their destinations

For an AENEAS simulation, the floor plan of the investigated vessel is discretized into a regular grid
of square cells, each representing the average space a person occupies (typically 40 cm × 40 cm),
Figure 11. The grid results in an extreme computational rate which allows AENEAS to perform a high
number of simulation runs, typically in the order of 500 within one hour, to gain a broad basis for
statistical evaluation. By using various cell types like accessible floor, doors and stairs as well as nonaccessible cells representing obstacles and walls the general arrangement of a ship can be represented
in detail. Passengers and crew are represented by intelligent agents. These model individual persons
with properties ranging from walking speed to stochastically distributed characteristics like dawdling
and swaying. By varying the parameters, the composition of the population can be adjusted to the
scenarios under consideration. Commuters, daily using a ferry will move in a very straight forward
kind of way, while tourists often have plenty of time, thus tend to dawdle while moving. Similar to a
chessboard, the agents move across the accessible cells towards their assigned destination interacting
with others, avoiding obstacles (non accessible cells) and being influenced by their individual
parameters. Since the number of cells an agent occupies depends on his speed of movement, the
relation between flow and density is derived through self-organization. The user defines the routes
that the agents will follow, Figure 12. According to his input, a so-called guided potential is
distributed through the geometry by which the agents assigned to this route determine their direction
of movement.
In most cases, a hazard changes in time, often affecting passengers and crew in a variety of ways
during different stages of development. Then we should simulate both the development of the hazard
and its effects on the evacuation. Examples are progressive flooding leading to heel angles and
progressive fire and smoke development. Results of fire modelling can be considered in the
evacuation simulation. The numerical fire simulation provides time lines for the development of
critical conditions (e;g. smoke, temperature) at predefined escape points, such as escape doors at the
ends of corridors. Because of the extensive engineering effort necessary for fire simulation, the
interaction with AENEAS is arranged in a simplified manner, in which escape routes are blocked
sequentially due to smoke or fire. For the process of analyzing fire designs, Germanischer Lloyd has
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developed an integrated methodology called NESTOR, Petersen and Voelker (2003), combining fire
simulations with the Multi Room Fire Code, evacuation simulation with AENEAS and a Event Tree
Analysis for risk assessment.
Since the evacuation on ships is simulated, the most often raised question concerns the influence of
the ship motion on the movement of the pedestrians onboard. Meyer-König et al. (2005) coupled sea
keeping simulations and evacuation simulations in a semi-empirical approach to find the influence of
ship motions on evacuation times. Since trim and pitch angles are usually relatively small, their effect
is mostly negligible. Roll motions were found to be less critical than static heel for evacuation time.
3. Structural analyses
3.1 Finite-element analysis (FEA)
Until 1998, the SOLAS regulations on subdivision and damage stability specified damage stability
requirements only for cargo ships longer than 100 m. Since 1998, this limit has been lowered to 80 m
for new cargo ships. Additional transverse bulkheads to fulfil damage stability requirements are costly
and restrict operations. However, the new SOLAS regulations permit for some ships alternative
arrangements, provided that at least the “same degree of safety” is achieved. This notation allows
some flexibility of structural designs supported by advanced simulations. E.g. a structural design
having increased collision resistance thus reducing the probability of penetration of the inner hull
could eliminate the need for additional bulkheads. Based on extensive FEA simulations for ship
collisions, Lehmann et al. (2001), Germanischer Lloyd developed an approval procedure which
provides the first such standard for evaluation and approval of alternative solutions for design and
construction of these ships, Zhang et al. (2004). The basic philosophy of the approval procedure is to
compare the critical deformation energy in case of side collision of a strengthened structural design to
that of a reference design complying with the damage stability requirement described in the SOLAS
regulation.
With GL.ShipLoad, Cabos et al. (2006), Germanischer Lloyd provides a user-friendly computer
application for the efficient load generation for global FEA of ship structures. The graphical user
interface facilitates the convenient application of ship and cargo masses to the FEA model.
Hydrostatic and hydrodynamic computations are integrated into the program. GL.ShipLoad supports
the generation of loads from first principles (realistic inertia and wave loads for user supplied wave
parameters), but the program also aids in the selection of relevant wave situations for the global
strength assessment based on bending moments and shear forces according to Germanischer Lloyd’s
rules. The result is a small number of balanced load cases that are sufficient for the dimensioning of
the hull structure.

Figure 13: FEA for collision of two ships

Figure 14: Detailed FEA model of hatch corner
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3.2 Vibration analyses
Ship vibrations are increasingly important due to several design trends: light-weight construction
(with low stiffness and mass), arranging living and working quarters near the propeller to optimize
stowage space, high propulsion power, small tip clearance of the propeller (to increase propeller
efficiency), and fuel-efficient, slow-running main engines. It has become standard practice to regulate
vibration aspects for a new building on a contractual basis. Therefore, vibration analyses are
performed already during the preliminary or structural design stage for many ship types. Advances in
computer methods have made 3-d FEA today standard tools, Asmussen et al. (2000), Asmussen and
Mumm (2001).
For global vibration analyses, strong coupling of torsion and bending (as for containerships) make
FEA the only reasonable choice, Figure 15. The computations require longitudinal mass and stiffness
distribution as input. The mass distribution considers the ship, the cargo and the hydrodynamic '
added'
mass. The added mass reflects the effect of the surrounding water and depends on the frequency. Its
determination is problematic. One can either use estimates based on experience or employ
sophisticated hydrodynamic simulations. Determination of the stiffness is also not trivial. Stress
distributions in the stiffened bottom and deck plates depend on vibration modes. Again either
estimates based on experience or complex FEAs are employed.
Resonance problems appear often for local ship structures. This can affect human comfort, but also
induce fatigue problems of structures. The vibration analysis of these local structures is similar as for
the ship hull and often based on FEA, Figure 16. Because of the high natural frequencies of local
structures, FEA models must be detailed including also the bending stiffness of structural elements.
The amount of work required for the creation of such models is considerable despite modern preprocessors with parameterized input possibilities and graphic support. Beam grillage models suffice
usually for the lowest vibration modes. For higher vibration modes, 3-d models of higher precision are
needed.

Figure 15: Global FEA of vibrations of
containership

Figure 16: Local FEA of vibrations of ship
aftbody and deckhouse

3.3 Acoustics
The prediction of structure-borne sound propagation in ships is difficult for a number of reasons. The
large number of modes participating in any state of high frequency vibration makes it impossible to
treat the global sound propagation problem as a vibration problem today. For a typical passenger
vessel for a frequency of 1000 Hz, a FEA vibration model would lead to several million degrees of
freedom. Since predictions for the mean propagation of structure-borne noise are usually required in a
particular frequency band, vibration computations would have to be repeated for many frequencies.
However, the very fact that information is required only averaged over a frequency band allows an
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alternative, far more efficient approach based on statistical energy analysis. The Noise Finite Element
Method (NoiseFEM) of Germanischer Lloyd, Cabos and Jokat (1998), Cabos et al. (2001), is based
on a related approach. NoiseFEM predicts the propagation of noise by analyzing the exchange of
energy between weakly coupled subsystems.
The practical application to complex ship structures requires efficient grid generation procedures.
Compared to existing software for noise prediction, FEA pre-processors support the generation of
complex structural models much better. Nevertheless, even with leading commercial FEA preprocessors, the assembly of a ship model is very time-consuming. Therefore, Germanischer Lloyd has
cooperated with the software vendor MSC to adapt their product Patran for optimal support of FEA
model generation for ships. Using this tool, FEA models are then built such that thay can be used for
global strength analysis, global vibration analysis and the prediction of structure-borne noise with
NoiseFEM. In particular, structural attributes are stored together with the FEA model which needs to
be handled differently depending on the type of analysis.
Validation with measurements on full-scale mock-ups show that the accuracy of NoiseFEM is
sufficient for typical structure-borne sound predictions for the frequency range between 80 Hz and
2000 Hz, Wilken et al. (2004). Typical ‘coarse’ FEA models as used by Germanischer Lloyd for
global vibration analysis of ships have been proven as well suited for NoiseFEM simulations.

Figure 17: Prediction of structure-borne noise in Blohm&Voss cruise vessel
4. Final remarks
The technological progress is rapid, both for hardware and software. Simulations for numerous
applications now often aid decisions, sometimes ‘just’ for qualitative ranking of solutions, sometimes
for quantitative ‘optimization’ of advanced engineering solutions. Continues validation feedback
serves to improve simulation tools as well as it serves to build confidence.
Personally, I am convinced that several expensive failures in ship design could have been avoided by
simulations. However, advanced simulation software alone is not enough. Engineering is more than
ever the art of modelling, finding the delicate balance between level of detail and resources (time,
man-power). This modelling often requires intelligence and considerable (collective) experience. The
true value offered by advanced engineering service providers lies thus not in software licenses or
hardware, but in the symbiosis of highly skilled staff and these resources.
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Abstract
Pumpjets have become a preferred propulsion system of submerged bodies. The major advantage of a
pumpjet propulsion system is that the propeller inflow to the rotor working inside a cowl is more uniform
than that of a conventional propulsion system and this can often improve the propeller blade cavitation
and powering performance. Since the working principles of the pumpjet and the traditional propulsion
system are different, their design methodologies and consequently the hydrodynamic characteristics are
also vastly different. A pumpjet propulsor(PJP) is designed using the axial flow turbo-machinery design
concepts. In the absence of published data and established methods for pumpjet design in literature, the
designers rely on the experiments and empirical methods used in turbo-machinery design and
innovatively apply them for marine propulsor design. The object of this paper is to demonstrate the
capability of the CFD codes to analyze complex 3D flows to aid the design process of such pumpjet
propulsors.
1. Introduction
The PJP consists of a rotating vane system (rotor) operating within an axisymmetric diverging duct (cowl)
and followed by a stationary vane system (stator). The stator blades are so designed to enable
straightening of the flow by neutralizing the swirl introduced by the rotor blades to the fluid. Thus the
resultant flow coming out of the propulsor is practically swirl free. This particular configuration is known
as the R-S configuration. Other configurations such as S-R etc. are possible and are also used in pumpjet
design. The entire system being housed inside the cowl placed within the boundary layer of the body, the
pumpjet is ingested with a retarded flow thereby minimizing the possibility of propulsor cavitation
considerably. Thus pumpjet has many vital advantages making it suitable for underwater weapon platform
applications. As there is only a single rotor, the need for a complex coaxial shafting system as in the case
of conventional contra-rotating propellers does not arise. This reduces the mechanical complexities and
enhances reliability of the propulsor system. The presence of the cowl further suppresses cavitation at the
root and tip of the blade sections. The uniform slipstream behind the propulsor improves the control
effectiveness of the aft rudders and hence manoeuvrability of the vehicle.
The absence of swirl in the wake, suppression of cavitation and attenuated rotor stator interactions make
the pumpjet an ideal choice from the flow noise consideration. A geometric model of a pumpjet is shown
in Figures 1 to 4. The cowl is an axisymmetric body of revolution with a hydrofoil cross section
enshrouding both rotor and stator. The flow around the rotor interacts with the stator and generates a
complex flow pattern, the dynamics of the flow interaction between the rotor and stator has a significant
influence in the performance of the propulsor. Apart from the sections shapes of the rotors and stator
blades, the flow pattern is influenced by the spacing between the rotor and the stator, the departure angle
of flow from the rotor spacing between the blade tip and the cowl. All the above-mentioned influencing
factors lead to a need for a reliable visualization technique of the flow and its interaction within the
pumpjet propulsor. Experimental data is scarce as pumpjets are used mainly in military applications. A
computational procedure of analysing the flow would therefore be a very useful tool for pumpjet
designers in the absence of any reliable series data.
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CFD Analysis of two high speed underwater bodies fitted with a Pump Jet Propulsor was carried out to
examine the flow phenomenon around the body as well as within the propulsor including the flow
through the stator and rotor blades and within the cowl.
Case I
The rotor and stator blades are shown in Figures 1 to 4. A cowl of airfoil shaped cross section shrouds the
stator and rotor. Five different rotors speeds (0, 200, 500, 1000 and 2200 RPM) were considered for a
body speed of 35 Knots. As no experimental results are available for the body propulsor combination, the
computational results could be compared with design values only. A validation may be carried out as and
when experimental are carried out on the configuration. CATIA V5® was used for solid modelling, ICEM
CFD® was employed for grid generation and Fluent 6.2® was the flow solver used for computation. All
computations were carried out on SGI Altix 350® parallel processing machine with 8 parallel processors.
All processors have been engaged for the computation.
2. Solid Modelling
The body fitted with the PJP was modelled using CATIA V5®. Figures 1 to 4 show the solid model of the
high speed underwater bare body, high speed underwater with propulsor and various aspects of the solid
model of the rotor and stator. A suitable domain size was considered around the body to simulate ambient
condition. A circular cylindrical domain of diameter ~10D and ~30D of length was used for flow
solution.
3. Grid Generation
The solid model was imported from CATIA to ICEM CFD using the inbuilt translators. A multi-block
structured grid was generated for the full domain using ICEM CFD Hexa module. The grid generated by
the Hexa preprocessor was exported to Fluent solver. Mesh over the body, rotor and stator is shown in
Figures 5 to 7. The flow domain was divided into three volumes and meshed separately. A unified mesh
was exported from ICEMCFD to FLUENT. A total of 5.7 million cells were employed to represent the
flow field.
4. Flow Solver and Solution
The segregated solver of Fluent 6.2 was used for the solution. The detailed description of the solver code
is available in Fluent Users Guide. In brief the code uses a finite volume method for discretization of the
flow domain. The Reynolds Time Averaged Navier-Stokes (RANS) Equations were framed for each
control volume in the discretised form. The STANDARD scheme is used for pressure and a SIMPLE
(Strongly Implicit Pressure Link Equations) procedure is used for calculation of pressure field from the
continuity equation. The segregated solver was used. The computations were carried out on an 8
processor SGI Altix (64bit Itanium II Processor @1.4 GHz, 16GB RAM, 3MB cache memory and 64 Bit
Propack Linux OS) using a eight processors. FLUENT code uses a control-volume based technique to
convert the governing equations to algebraic equations that can be solved numerically. This control
volume technique consists of integrating the governing equations about each control volume yielding
discrete equations that conserve each quantity on a control-volume basis.
In the mixing plane approach, each fluid zone is treated as a steady-state problem. The flow-field data
from adjacent zones are considered as boundary conditions, which are then spatially averaged or “mixed”
along the mixing plane interface. In a numerical simulation, each domain will be represented by a
separate mesh. The flow of information between these domains will be coupled at the mixing plane
interface using the mixing plane model.
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Figure 1: High-Speed Underwater Body with
PJP

Figure 4: Rotor & Stator Blades behind the
high-speed underwater

Figure 2: Rotor Blades

Figure 3: Stator Blades

Figure 5: Grid on the high-speed underwater body

Figure 6: Grid on Nose of the high- speed underwater body
The essential idea behind the mixing plane concept is that each fluid zone is solved as a steady-state
problem. At some prescribed iteration interval, the flow data at the mixing plane interface are averaged in
the circumferential direction on both the stator outlet and the rotor inlet boundaries. By performing
circumferential averages at specified radial or axial stations, “profiles'' of flow properties can be defined.
These profiles--which will be functions of either the axial or the radial coordinate, depending on the
orientation of the mixing plane--are then used to update boundary conditions along the two zones of the
mixing plane interface. Passing profiles in the manner described above assumes specific boundary
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condition types have been defined at the mixing plane interface. Figure 10(a) shows the mixings plane
definitions for this solution.

Figure 7: Two Views of Grid on Rotor & Stator Blades
Table 1: Problem Definition and Solver settings
Object
Principal Dimensions

Domain size
Mesh

Solver
Boundary Conditions

Pressure Link
Pressure
Convective Fluxes
Diffusive fluxes
Near Wall treatment
Turbulent KE
Turbulent dissipation rate
Turbulence Model
Fluid Density
Viscosity

Body with pumpjet propulsor
Length of Body = 9D
Diameter = D
PJP diameter = .68D
Cylindrical Domain of length 30D
Diameter 10D
~ 5.7 Million cells
Outer Domain 4.56 Million
Stator ~ .53 million
Rotor ~ .6 million
Implicit, Segregated 3D
Velocity Inlet
Pressure Outlet
Stationary and Moving Wall
SIMPLE
Standard
Quadratic Upwind (QUICK)
Central Difference
Standard wall functions
Quadratic Upwind (QUICK)
QUICK
Standard k998.2 kg/m3
0.001003kg/m-s
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Figure 10 (a) Location of Mixing Planes

Figure 10 (b) Boundary conditions

The following boundary conditions are used in this analysis [Figure 10(b)]:
(i) Velocity Inlet
(ii) Pressure Outlet
(iii) Stationary and Moving Wall
At the inlet plane the known boundary values are prescribed in terms of velocity, k and ε. At outlet, zero
gauge pressure is set so that it remains at operating pressure. Reference pressure is set as 101325 Pa.
Solution is obtained for five different RPMs viz 0, 200, 500, 1000 and 2200. Figures 11, 12 & 15 show
the pattern of flow lines on and behind the high speed underwater body for design RPM 2200. The flow
within the PJP can be visualized through these plots. The thrust and torque generated by the PJP are
plotted in Figures 16 and 17. It may be noted from Figure 13 &14 that the pressure patterns on the blades
of the rotor and stator have been captured. The path lines behind the high speed underwater coloured by
turbulent kinetic energy illustrate the flow pattern behind the high speed underwater and conform to
expected patterns of flow.
As may be seen from the path lines behind the flow, the swirl introduced into the flow by the rotor is
practically completely neutralized by the stator and therefore the flow behind the propulsor is straightened
out. However stronger vorticity is observed within the core region of the flow close to the hub of the
propulsor signifying the loss of kinetic energy into the wake.
Figure 16 show that the computational drag prediction is very close to the experimental value. The design
values of thrust come very close to the predicted value in this computation. As no experimental results are
available for comparison, the computational results have been compared with the design values and they
are found to be quite close to the design prediction. However validation of the results may be carried out
as and when the experimental data are available.
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Figure 11: Flow through Rotor and Stator Blades

Figure 12: Flow Behind the high-speed underwater

Figure 13: Pressure Contours on the high-speed
underwater body

Figure 14: Pressure Contours on Rotor and Stator
Blades

Figure 15: Pathlines of flow behind the High speed underwater
Table 2: Computed Thrust and Torque Values
RPM
0
200
500
1000
2200

Drag Bare Hull (N)
1247.7674
1585.25509
1570.84628
1560.32046
1500.77083
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Thrust (N)
-762
-217
72
359
1991

Torque (Nm)
-51.525312
-16.246261
-1.082626
26.70408
174.9909
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Figure 16: Computed Thrust and Drag compared with Design values

Figure 17: Computed Torque on Rotor Blades

Case II

A separate vehicle has also been analysed as shown in Figure. 18. Three different conditions were
examined as shown in Table3.
Table 3: Three conditions for computation
Condition
1
2
3

Body Speed
(mps)
1.097
2.5
25.72

RPM
76.85
192.6
1800
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5. Solid Modelling and Grid Generation
The body fitted with the PJP was modeled using Unigraphics. Figure 18 shows the solid model of the
body, high speed underwater with propulsor and various aspects of the solid model of the rotor and stator.
A suitable domain size was considered around the body to simulate ambient condition. A circular
cylindrical domain of diameter ~10D and ~30D of length was used for flow solution.

6. Grid Generation

Figure 18: Solid Model

A multi-block structured grid was generated for the full domain using ICEM CFD Hexa module. The grid
generated by the Hexa preprocessor was exported to Fluent solver. Mesh over the body, rotor and stator is
shown in Figures 19. A total of 2.5 million cells were employed to represent the flow field.

Figure 19: Mesh in the computational
domain
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Table 4: Problem Definition and Solver settings
Object
Principal Dimensions

Domain size
Mesh

Solver
Boundary Conditions

Pressure Link
Pressure
Convective Fluxes
Diffusive fluxes
Near Wall treatment
Turbulent KE
Turbulent dissipation rate
Turbulence Model
Fluid Density
Viscosity

Body with pumpjet propulsor
Length of Body = 11.5D
Diameter = D
PJP diameter = .64D
Cylindrical Domain of length 31D
Diameter 10D
~ 5.7 Million cells
Outer Domain 1.4 Million
Stator ~ .5 million
Rotor ~ .5 million
Implicit, Segregated 3D
Velocity Inlet
Pressure Outlet
Stationary and Moving Wall
SIMPLE
Standard
Quadratic Upwind (QUICK)
Central Difference
Standard wall functions
Quadratic Upwind (QUICK)
QUICK
Standard K998.2 kg/m3
0.001003kg/m-s

D = Diameter of Underwater Body

10D

5D

15D

Figure 20: Limits of the computational domain
7. Flow Solver and Solution
The segregated solver of Fluent 6.2 was used for the solution. The detailed description of the solver code
is available in Fluent Users Guide. In brief the code uses a finite volume method for discretization of the
flow domain. The Reynolds Time Averaged Navier-Stokes (RANS) Equations were framed for each
control volume in the discretised form. The STANDARD scheme is used for pressure and a SIMPLE
(Strongly Implicit Pressure Link Equations) procedure is used for calculation of pressure field from the
continuity equation. The segregated solver was used.
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The following boundary conditions are used in this analysis [Figure. 10(b)]:
(i) Velocity Inlet
(ii) Pressure Outlet
(iii) Stationary and Moving Wall
(iv) Symmetry
For case no 3, multiple reference frame with Stator Rotor Interaction is used for simulating steady state
rotation effect. Mixing Plane approach is used to simulate circumferential average at interfaces. Reference
pressure used is 101325 Pa.
Condition 1
Velocity contours close to the blotted are plotted in Figures 21 and 22 shows the static pressure
distribution on the body for different Inlet velocities. It is observed that the static pressure is Maximum at
the nose of the underwater body due to stagnation of flow. Pressure coefficient (CP) distribution over the
underwater body remains almost unchanged for different inlet velocities (Refer Figure 25).
The total drag forces from computation are having good correlation with experimental data (Refer Figure
23). Drag coefficients are shown Figure 24 for three different inlet velocities.
The definitions of coefficients are as follows
CD = Drag Force / (0.5* *A*V2)
CP = (p – pref) / (0.5* *V2)
Where,
= Density, kg/m3
A = Frontal Area (m2)
V = Free stream velocity, m/s
p = Pressure, N/m2
pref = Reference Pressure, N/m2
Similar plots for condition 2 are also plotted from Figures 26 to 31.
Condition 3
The Velocity contours at Rotor Inlet, Rotor Exit and Stator Exit are shown in Figure. 32. The trend looks
same for all the cases with increased inlet velocity and Rotor speed. The pressure coefficient (CP)
distribution on nose of the underwater body is shown in Figure. 33. It is observed that the Cp is maximum
at the nose of the underwater body due to stagnation of flow. Cp distribution on COWL surface is shown
in Figure. 34 and it is observed the maximum value at the leading edge. Cp distribution on rotor blade
surfaces is shown in Figure. 35 and it is observed the maximum value at the leading edge of the rotor
blade.
The comparison of CFD results with experimental data is shown in Table 5. CFD results are having good
correlation with experimental data.
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8. Conclusion
A CFD simulation of two underwater bodies equipped with PJP has been carried out using the RANS
methods in the finite volume formulation. A k-ε model has been employed for modelling turbulence in
conjunction with standard wall function. The simulation has given a quite accurate results as much as can
be evaluated with available data. The flow solution obtains conforms to standard expected patterns and
ratifies the design. The CFD solution to the complex flows through PJP and has established CFD as a
valuable tool for such simulations. The mixing plane model used for modelling the rotor-stator interaction
and body-rotor interaction has yielded good results particularly the matter of averaged thrust and torque
values and may therefore be considered a suitable model for such simulations.
The authors propose to model the problem using moving mesh models as step forward and it is expected
that there would be considerable improvement in the solution as the moving mesh model would eliminate
the averaging of flow in the mixing plane and hence would be expected to capture the rotor stator
interaction more accurately.
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Figure 21: Velocity (m/s) Contours at Inlet Plane
of Pumpjet Propulsor (Condition 1)

Figure 22: Absolute Static Pressure (Pa) Contours
on Underwater Body (Condition 1)
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Figure. 23: Drag Forces Comparison (Condition 1)

Figure. 24 Drag Coefficient with Velocity
(Condition 1)

Figure 25: Pressure Coefficient (Cp) on Underwater Body (Condition 1)

Figure 26: Velocity (m/s) Contours at Inlet Plane
(Condition 2)

Figure 27: Absolute Static Pressure (Pa) Contours
on Underwater Body (Condition 2)

477

5th International Conference
on High Performance Marine Vehicles,
8-10 November, 2006, Australia

Figure 28: Absolute Static Pressure distribution on COWL Surface (Condition2)

Figure 29: Drag Forces (Condition 2)

Figure 30: Drag Coefficient (Condition 2)

Figure 31: Pressure Coefficient (Cp) on Underwater Body (Condition 2)
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Stator
Exit

Rotor Exit

Rotor Inlet

Figure 32: Velocity Contours (Condition 3)

Figure 33: Cp Distribution on Nose of
Underwater Body (condition 3)

Figure 34: Cp Distribution on
COWL (condition 3)

Figure 35: Cp Distribution on rotor
blades (condition 3)

Table 5: Comparison with Experimental Data
Condition
Total Drag, N
Rotor Thrust, N
Rotor Torque, N-m
Flow Rate through rotor kg/s
Rotor Thrust, N
Rotor Torque, N-m

1
33
18
2.53
51.6

2
157
122
16.67
128
Experimental Data
132
18.05

-
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3
14668
9948
1338
1285
10108
1603

